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A recuperated solar-dish Brayton cycle using an off-the-shelf turbocharger as a micro-turbine and a
rectangular cavity receiver with integrated thermal storage was considered for this study. Due to the
high temperatures that these solar receivers reach, a considerable amount of heat is lost to the
environment through the aperture, decreasing the efficiency of the cycle. In this research, the heat
losses from the solar receiver with integrated thermal storage had to be reduced by utilising a glass
channel on the inside of the cavity receiver, which ran parallel to the receiver walls and was cooled
by the working fluid (air) flowing from the compressor. The objective of this conceptual study was
to investigate the impact of the air-cooled window on the performance of the cycle and to provide
insight into the feasibility of the implementation of the cooling window. An entropy generation
minimisation technique combined with a SolTrace analysis was used to analyse the impact of the
cooling window on the performance of the cycle at steady state. Results showed that the maximum
solar-to-mechanical efficiencies were on average between 41% and 45% lower than for the cycle
without the window. The results also indicated that a smaller cooling channel width increased the
pressure drop and cooling effectiveness but further decreased the solar-to-mechanical efficiency of
the cycle. However, a smaller cooling channel width also produced lower glass surface temperatures,
which was very important for the structural integrity of the glass. Furthermore, it was found that the
cooling window increased the exhaust temperature of the optimised cycle. The exhaust temperature
of the cycle with the window was higher than the exhaust temperature of the cycle without the
window, which led to a higher energy utilisation factor of between 9% and 11% if the exhaust was
used for cogeneration such as water heating or thermal energy storage. Therefore, this conceptual
study indicated that it might not be feasible to implement the cooling window, except where a higher

cycle exhaust temperature was preferred for cogeneration.
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Chapter 1

Concentrating solar power (CSP) technologies use mirrors to focus the energy of the sun onto
a receiver and convert it into heat. The heat can then be used to drive a power cycle to generate
electricity. Solar receivers reach very high temperatures, which lead to significant heat losses
to the environment, consequently reducing a power cycle’s thermal efficiency. The research
investigated the performance impact of a cooling window on the inside of the solar receiver of
a solar-dish Brayton cycle. This chapter introduces the research by briefly discussing the
background and context. Further, the research problem, objectives, significance and limitations

of the study are presented.

1.1 Background and previous work

The closed Brayton cycle was first developed in the early 1930s to generate electricity for
which the cycle showed high reliability and long-term operation (Pietsch & Brandes, 1989).
Extensive testing with the open Brayton cycle in aircraft gas turbines provided a base for the
development of closed Brayton cycle engines in the 1960s to be used in space power
applications where the sun is the only source of energy (Pietsch & Brandes, 1989). Small-scale
solar thermal systems can provide renewable energy solutions to areas where grid access and
space are very limited. For the Brayton cycle, off-the-shelf turbochargers have been
investigated to reduce overall cycle costs (Le Roux et al., 2014a, Le Roux et al., 2014b). Le
Roux and Sciacovelli (2019) studied a recuperated solar-dish Brayton cycle using off-the-shelf
turbochargers and short-term thermal storage. Le Roux and Sciacovelli (2019) showed that
maximum solar-to-mechanical efficiencies of 10% to 15% could be achieved at receiver
temperatures of between 900 K and 1200 K (when the dish reflectivity and intercept factor
were both assumed to be 85%). The current study used the methodology and code from Le

Roux and Sciacovelli (2019) as a base to which the developed code was added.

1.2 Problem formulation
Heat losses are a big concern to the designer of an open-cavity solar receiver due to the high
temperatures that can be achieved with CSP. The heat losses from a solar receiver negatively

impact the solar-to-mechanical efficiency of a power cycle. The thermal losses of an open-



cavity solar receiver include the convective and radiative losses from the cavity to the
surroundings as well as the conductive heat losses through the insulation. The radiative losses
depend on the cavity wall temperature, the shape factors as well as the emissivity of the receiver
walls (Prakash et al., 2009). The radiative and conductive heat losses are reported to be
independent of the inclination angle of the cavity (Prakash et al., 2009). The convective heat
losses depend on the air temperature on the inside of the cavity, the inclination angle of the
cavity as well as the environmental wind conditions (Clausing, 1983). Therefore, these

dependencies lead to complex convection heat transfer correlations.

By using computational fluid dynamics (CFD) and ray tracing on an open-cavity tubular solar
receiver, Craig et al. (2020) found that the receiver had a total heat loss rate of 6.8 kW at a 0°
inclination angle (for a 4.8 m diameter parabolic dish) and a maximum receiver temperature of
921 K. Le Roux and Sciacovelli (2019) also found that the maximum total heat losses from the
same solar receiver were about 12 kKW at a receiver temperature of 1200 K. Some research has
been done to minimise heat losses from rectangular solar receivers by using glass covers (Cui
et al., 2013, Fischer & Hahne, 2000, Fugiang et al., 2014, Subedi et al., 2019). However,
keeping the glass covers cool under highly concentrated solar irradiation has proved to be a
difficult task. Too et al. (2017) tested the difference in thermal performance of a tubular solar
receiver with and without a quartz window. They found that the glass cracked after an hour of
steady-state operation at an outlet gas temperature of 750 °C. Uhlig and Roger (2004) mention
that when quartz glass is subject to high temperatures, the recrystallisation of the glass will be
accelerated. High receiver temperatures also increase the heat loss by infrared radiation to the
ambient environment. For these reasons, Uhlig and Réger (2004) suggest that it is necessary to

develop a cooling system to keep the quartz glass temperature below 800 °C.

1.3 System description

The open and direct solar-dish Brayton cycle under consideration was investigated by Le Roux
(2015). The solar-dish Brayton cycle is envisaged to be implemented on a small scale with a
parabolic dish concentrator and an open-cavity tubular solar receiver, as shown in Figure 1.1.
The cycle can be paired with commercial turbochargers to lower the system’s overall cost. The
results from an analytical model showed that maximum thermal efficiencies of 20.2% to 34.2%
could be reached at receiver phase-change temperatures of between 900 K and 1200 K (Le
Roux & Sciacovelli, 2019). The receiver was made of stainless steel 316 pipes, which were

coiled to form a rectangular receiver. The receiver was also encapsulated with thermal storage,



which contained a phase-change material, thus keeping a constant temperature around the coil
during phase change. A case study was done by Le Roux and Sciacovelli (2019), who found
that molten aluminium was notable for further investigation as phase-change material in a

simple and low-cost solar-gas hybrid Brayton cycle configuration with cogeneration.

. 11
Ailr out

Wncr . W/ - Wc<_

Receiver

Air in at
compressor

Turbine i

Solar dish

Figure 1.1 Solar-dish Brayton cycle without window cover (Le Roux & Sciacovelli,
2019)

The reflected rays (Q* in Figure 1.1) heat the inside of the receiver walls, after which the heat
is transferred to the working fluid (air). The compressor increases the pressure of the air before
it enters the recuperator and receiver (State 2 in Figure 1.1). Once the air has passed through
the receiver, it expands in the turbine, which provides rotational power for the compressor and
electrical load (States 7 and 8 in Figure 1.1) (Le Roux et al., 2014a). In the recuperator, hot
exhaust air from the turbine preheats the colder air before it enters the receiver (States 3, 4, 9
and 10 in Figure 1.1). High recuperator effectiveness is often used in Brayton cycles to

maximise cycle efficiency (Pietsch & Brandes, 1989). The recuperator also allows for a lower



operating pressure in the receiver due to the preheating of the ambient air before it enters the
receiver (Le Roux & Sciacovelli, 2019). The receiver considered in this study was a low-
pressure receiver because it was to be paired with a low-pressure turbocharger. The operating
pressure of the turbomachinery is between 1.3 and 2.5 times the ambient pressure (Le Roux et
al., 2011, Le Roux et al., 20123, Le Roux et al., 2012b, Le Roux et al., 2013). For the solar-
dish Brayton cycle, the maximum receiver phase-change temperature is of great importance. A
higher receiver temperature leads to a better-performing Brayton cycle (Le Roux et al., 2012a),

but this also means an increased heat loss rate to the environment.

A proposed solution was to place two glass panes parallel to each of the four receiver walls as
well as parallel to the top wall, specifically to minimise radiation and convection heat losses.
A 3D section view was created with ANSYS and is shown in Figure 1.2. Glass is transparent to
solar radiation and opaque to infrared radiation, making it an excellent candidate to curb the
radiation heat losses from the cavity. The idea is to allow air from the compressor (between
States 2 and 3 in Figure 1.1) to flow through the channel that is created by the two glass panes
to cool it down. This is done to prevent it from shattering due to the very high temperatures
that are reached with the concentrated solar irradiation on the inside of the cavity. Figure 1.3

shows the cycle with the included cooling window.

Ansys

2022 R1
STUDENT

|_— Insulation

b Glass Window|
‘\ /—Coiled Tube

Phase-change
Material

/— Air Inlet

’// ?» Insulation

Figure 1.2 3D section view of receiver with window (not drawn to scale)
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Figure 1.3 Solar-dish Brayton cycle with window cover, adapted from Le Roux and
Sciacovelli (2019).

1.4 Purpose of the study

To minimise heat losses from the solar receiver, a cooling channel made up of glass was placed
on the inside of a rectangular solar receiver, parallel to the receiver walls. The research
investigated the impact of this cooling window on the performance of the solar-dish Brayton

cycle.

1.5  Obijectives

The research objectives included analysing the impact of the cooling window on the solar-to-
mechanical efficiency and energy utilisation factor using numerical methods. The glass surface
temperature was another important property by which the impact of the cooling window would
be measured. The different performance parameters for this novel cooling window and the solar
receiver without the cooling window were compared. This study’s results were compared to
Le Roux and Sciacovelli (2019) to further analyse the cooling window's impact. This
comparison would provide a clear understanding of the impact of the cooling window on the

performance of the solar-dish Brayton cycle.



1.6  Scope of the work

Essentially, the conceptual study investigated whether the cooling window was feasible to
reduce the heat losses of the solar receiver while maintaining acceptable solar-to-mechanical
efficiencies. The results of this study are limited to open solar-dish Brayton cycles that use a
parabolic solar dish to concentrate the solar irradiation on an open-cavity coiled tube
rectangular receiver with thermal storage. For this study, only one glass thickness was
considered and the conduction heat losses from the glass were assumed to be negligible. The
solar receiver dimensions remained fixed throughout the study and were based on a previous
optimisation study (Le Roux et al., 2014a). The rectangular receiver aperture had dimensions
of 0.25 m x 0.25 m with a cavity depth of 0.5 m. The coiled tubes embedded in the receiver
were made of stainless steel 316 and the tube diameter was 0.0833 m. It was assumed that the
phase-change material, as well as the inner-cavity walls and the tube surface, was at a constant
temperature (the melting temperature of the phase-change material), as proposed by Le Roux
and Sciacovelli (2019).

1.7 Layout of dissertation

Chapter 2 provides a review of the existing literature on the different heat loss mechanisms
from solar receivers and solar receivers with glass covers. Different types of glass that are
suitable for high-temperature applications were also reviewed. Chapter 3 provides the
methodology, which includes the numerical model and code structure that were used. The
methodology that was used by Le Roux and Sciacovelli (2019) was updated and modified to
include the window concept. Chapter 4 provides the results. The optimum recuperator
geometries and operating points for the different micro-turbines are given for different receiver
temperatures. Concluding remarks and recommendations for future work are given in Chapter
5.



Chapter 2

2.1 Introduction

This chapter briefly introduces the basic operation principles and historical background of CSP
systems and the basic operation principles thereof. A review of the current literature on the heat
loss mechanisms from solar receivers and the methods of reducing heat losses from solar
receivers follows. The chapter also compares different solar receivers with and without glass
covers. The type of glass and its thickness were important considerations in the study; the

literature provides an overview of the properties and types of high-temperature glass.

2.2 Historical background

A systematic layout of a CSP system is shown in Figure 2.1. All the CSP systems in existence
begin with a concentrator, which is intercepted by a receiver that converts the solar power to
another form, usually thermal energy (Lovegrove & Pye, 2012). After the receiver, the energy
can either be converted into its final desired form (such as electricity), or it is conveyed to
another location for final conversion. In some instances, the power generation is carried out a
distance away from the receiver and the collected thermal energy is transported away in a heat
transfer fluid (HTF). The final stage of the CSP system is electricity generation, which usually
occurs with a Stirling engine, organic Rankine cycle, Brayton cycle or photovoltaics
(Lovegrove & Pye, 2012).

Solar
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Direct connection -
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Energy
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Losses environment
\ Energy

storage

Figure 2.1 Representation of the components of a solar power system (Lovegrove & Pye,
2012)

The most notable solar concentrators are trough, linear Fresnel, dish and tower concentrators.

Line-focusing systems (trough and linear Fresnel) concentrate the solar radiation by 50 to 100,



whereas point-focusing systems (dish and tower) concentrate the solar radiation by 500 to
several thousand (Schiel & Keck, 2012). Point-focusing systems have the highest optical
efficiencies, the highest concentration ratios, and the highest overall solar-to-mechanical
efficiencies. Dish CSP systems use paraboloidal mirrors, which track the sun and focus solar
radiation on a receiver where heat is absorbed and transported to a heat engine or in some cases
to an HTF, which moves the thermal energy to a remote ground-based plant (Schiel & Keck,
2012).

Schiel and Keck (2012) provide numerous examples of the development of parabolic dish CSP
systems, most of which used Stirling engines for power generation. The research and
development of dish-mounted air Brayton engines were funded by the US dish programme in
the 1980s because the Brayton engine was considered a lower risk than using the Stirling
engines (Coventry & Andraka, 2017). According to Mills (2004), the Brayton cycle micro-
turbines had the potential to replace Stirling engines in the two-axis solar-dish tracking market
due to their much lower cost. Experimental testing by NASA of a 10 kWe closed Brayton cycle
intended for a solar dish showed that the cycle had high reliability and efficiencies of above
30% at turbine inlet temperatures of between 1033 K and 1144 K (Pietsch & Brandes, 1989).
A successful on-sun dish-mounted Brayton cycle demonstration was led by Sanders Associates
in 1984 using a micro-turbine designed by Allied Signal (Torrance, CA) (Coventry & Andraka,
2017). Brayton Energy and Southwest Solar Technologies tested their dish-mounted Brayton
system (Coventry & Andraka, 2017). Gavagnin et al. (2018) report that one of the most recent
demonstrations of a dish-mounted Brayton cycle is the OMSoP project (Lanchi et al., 2015).

23 Heat loss mechanisms from solar receivers

When solar radiation falls on the solar receiver’s surface, it increases the temperature of the
absorber to above ambient temperature. This starts a process of heat loss from the receiver
(Stine & Harrigan, 1985). Heat losses from open-cavity receivers consist mainly of radiation,
convection and conduction heat losses. The conduction and radiation heat losses can easily be
calculated from standard equations, as presented in McDonald (1995). However, the convection
heat losses are a function of the wind speed, the angle of the receiver relative to the wind as
well as the type of receiver, to name a few. Various convection heat loss models have been
developed over the years, with each one applying to a specific type of receiver or receiver

conditions.



2.3.1 Convection

2.3.1.1 Natural convection

Samanes et al. (2015) reviewed the available natural convection heat loss correlations of solar

cavity receivers; some of the important correlations are shown in this section.

Le Quere et al. (1981) presented a correlation for the Nusselt number as a function of the
Grashof number. However, their study used a cubical cavity, which is often used in central
receiver cycles, and the cavity used in testing was modular by design so that each panel could
be heated independently by an electrical source (McDonald, 1995). The total heat loss was
calculated from the total electrical power consumed by each of the panels. The convection heat
loss was then calculated by subtracting the conductive and radiative heat losses from the total
heat loss. Le Quere et al. (1981) did not investigate the effect of the receiver dimensions on the
heat losses. McDonald (1995) used the model of Le Quere et al. (1981) and investigated the
impact of different receiver angles, aperture sizes and operating temperatures on convective
heat losses. The operating temperature varied from about 150 °C to 315 °C, the aperture size
varied from 15 cm to 66 cm, the angle of the receiver varied from -90° to 90°, and the
convection heat losses varied from 0 kW to about 4 kW (maximum) for the entire range of the
variables (McDonald, 1995). The Nusselt number of the Le Quere et al. (1981) model is given
by equation (2.1):

u= Qconvectionl (2.]_)
Ak(Tpanel - Tambient)
The Grashof number was calculated with the standard equation:

_ g.B (Tpanel - Tambient)L3 (2.2)
= —
All the fluid properties were evaluated at the ambient temperature and an experimental Nusselt

Gr

number correlation based on empirically derived constants, which were a function of the

receiver angle, was derived (see equation (2.3)).

hL (2.3)
k
It must be noted that equation (2.3) is valid for a Grashof number of between 107 and 5 x 10°

Nu, = aGr? =

(Le Quere et al., 1981). The convective heat transfer coefficient could then be calculated by the

standard Nusselt number equation, as shown in equation (2.3).



The Koenig and Marvin model was presented by Harris and Lenz (1985) and was based on
operating temperatures of between 550 °C and 900 °C, whereas the Le Quere et al. (1981)
model had an operating temperature range of between 150 °C to 315 °C. The standard
convection heat loss and Nusselt number equations were used to calculate the heat loss and
convection heat transfer coefficient. The Koenig and Marvin model was numerically
investigated by McDonald (1995) for the same temperature and aperture size ranges used with
the previous model. The convective heat losses ranged from about 0.1 kKW to 2.2 kW for
receiver angles of 0° to 90°. The Koenig and Marvin model was also used by Le Roux et al.
(20144a).

The Clausing model was developed by A.M. Clausing in 1981 to enable the estimation of
convective heat losses from cavity receivers. The model provided a good correlation with solar
experiments and also indicated that the influence of wind on the convective losses was minimal
under normal operating conditions (Clausing, 1981). The convective heat loss of the Clausing
model was based on an energy balance between the convective energy loss within the cavity
and the energy transported through the aperture of the cavity. It must be noted that the model
was developed for large central receivers. The model divided the receiver into stagnation and
convective zones and the two zones were analysed separately (McDonald, 1995). The equations
of the Clausing (1981) model consisted of a fair number of empirical correlations, which were

derived from experimental testing.

Another natural convection model for the inside of a receiver was developed by Paitoonsurikarn
and Lovegrove (2006). This model was based on results from numerical simulations of three
different cavity receiver geometries, one of which was a small-scale experimental model
receiver, while the other two were full-scale receivers (Paitoonsurikarn & Lovegrove, 2006).
The proposed correlation could predict approximately 50% of the data to within £20% and 90%
of the data within £50%. This was much better and simpler to use than the previously discussed
models. The three cavity receivers that were considered in the study by Paitoonsurikarn and
Lovegrove (2003) are shown in Figure 2.2. The first three geometries (Figure 2.2a-c) are the
same geometries that were considered in another study by Paitoonsurikarn and Lovegrove
(2003), in which they developed the free convection heat loss correlation (Paitoonsurikarn &
Lovegrove, 2003, Paitoonsurikarn et al., 2004). Figure 2.2d shows a model that was used by
McDonald (1995) in experimental work and is included for additional validation of the
numerical results (Paitoonsurikarn & Lovegrove, 2006). For each receiver geometry, a set of

simulations was undertaken to calculate the heat loss at different receiver inclinations, 6,
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ranging from 0° (cavity aperture is parallel with the horizon) to 90° (cavity aperture plane is
vertical). Figure 2.2 shows the receivers used in the study of Paitoonsurikarn and Lovegrove
(2006) in a 0° configuration, where a 90° inclination angle would be a rotation of the receiver
90° clockwise from the 0° inclination angle. Details of the numerical procedure and
computational grids can be found in previous works by Paitoonsurikarn and Lovegrove (2003).
A rectangular cavity model receiver was used to derive the new correlation. This correlation
can be used for geometries with different dimensions due to a parameter used by
Paitoonsurikarn and Lovegrove (2006) called the ensemble length. This ensemble length
accounts for the effect of cavity geometric parameters in combination with the inclination of
the receiver. It has been shown that the correlation compares well with a modified version of

the Clausing model.
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Figure 2.2 Different receiver models used in the study by Paitoonsurikarn and
Lovegrove (2006)

Natural convection heat transfer is induced by the buoyancy forces created by a difference in
the density of the fluid (Pendyala et al., 2015). The Rayleigh number is described as the ratio
of buoyancy forces and thermal and momentum diffusivities and is defined as the product of
the Grashof (equation (2.2)) and the Prandtl numbers. The characteristic length is the distance
between the two plates and T; and T, are the temperatures of the hot and cold surfaces
respectively. The fluid properties are often evaluated at the average fluid temperature (T, =

(T, + T,)/2). Various authors have proposed relations for predicting the Nusselt number (and
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thus the heat transfer coefficient) of natural convection inside an enclosure. However, these
relations are subject to strict parameters of validity, especially in terms of aspect ratio (H/L,),
Prandtl and Rayleigh numbers. Existing correlations for large aspect ratios are given in the work
of MacGregor and Emery (1969) and two different Nusselt number correlations are given by
equation (2.4) and equation (2.5):

1 H\™%? 2.4
Nu = 0.42Ra;4Pr0012 (I) 24)

with conditions:

H
10<f<40

1< Pr<2x10*

10* < Ra; < 10°
Nu = 0.046Ra, /3 (2:5)
with conditions:

1<H<40
L

1< Pr<20
10° < Ra; < 10°

CFD simulations provide significant insight into three-dimensional vertical rectangular
enclosures. CFD experiments were done by Pendyala et al. (2015) for three-dimensional
enclosures with varying aspect ratios and different fluid types. The aspect ratios vary from 0.125
to about 150 with the Prandtl number ranging from 0.01 to 4500. The proposed correlation for
air is given by equation (2.6):
Nu = 1.46 x 1075(AR)**°(In(Ra))?3% (2.6)

Equation (2.6) exhibits an average absolute deviation of about 11.3% and the sum of squared
errors is about 0.015 (Pendyala et al., 2015), which is an acceptable error range considering the
assumptions that are made when deriving the proposed correlations. The correlation of
Pendyala et al. (2015) was used to model the natural convection in the enclosure between the

receiver wall and the glass.
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2.3.1.2 Forced convection

Forced internal convection occurs on the inside of the circular tubes, on the inside of the
recuperator channels and on the inside of the glass channels. For the coiled tube, Le Roux and
Sciacovelli (2019) used the Dittus-Boelter equation (Dittus & Boelter, 1930) to determine the

Nusselt number and convection heat transfer coefficient.

Forced convection heat transfer depends on the Reynolds number of the flow. For internal
forced convection, most flows are laminar for a Reynolds number smaller than 2300 and fully
turbulent for a Reynolds number larger than 10* (Ghiaasiaan, 2011). It is however suggested by
Cengel and Ghajar (2015) that a conservative approach be used when designing piping
networks and flows with a Reynolds number greater than 4000 are considered to be turbulent.
The Reynolds number depends on the velocity and characteristic length. Since this work mostly
deals with rectangular channels, the Reynolds number had to be altered by using the hydraulic

diameter, which is given by equation (2.7):

_ 20cnnbcnn (2.7)
" Qenn + benn
For laminar flow (Reynolds number smaller than 4000), the Nusselt numbers and friction
factors for a rectangular duct are shown in Table 2.1 (Cengel & Ghajar, 2015), assuming
constant heat flux. The heat transfer coefficient was calculated by rearranging the Nusselt

number given in equation (2.8):

hconth (2.8)
k
Table 2.1 Nusselt numbers and friction factors for laminar flow in a rectangular section

(Cengel & Ghajar, 2015)

Nu =

Achn/bchn Nu f
1 3.61 56.92/Re
2 4.12 62.20/Re
_ 3 4.79 68.36/Re
| 4 5.33 72.92/Re
) 6 6.05 78.80/Re
. > 8 6.49 82.32/Re
© 8.24 96.00/Re
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For turbulent flow (Reynolds number greater than 4000), the Nusselt number for the glass

channels and the recuperator channels are given by equation (2.9) (Gnielinski, 1976):

(f/8)(Re — 1000)Pr (2.9)
Nu =
1+ 12.7(f/8)%5(Pr2/3 — 1)

Note that the friction factor, f, in equation (2.9) was derived from the Petukhov equation for

turbulent flow in smooth tubes, as shown in equation (2.10) (Petukhov, 1970):

f = (0.790 In(Re) — 1.64)~? (2.10)
2.3.2 Radiation
For receivers operating at temperatures marginally above ambient, radiation heat loss is
important. However, for collectors operating at higher temperatures, radiation heat loss
becomes dominant (Stine & Harrigan, 1985). The radiation heat loss is proportional to the
emittance and the temperature difference of the surface under consideration. This is given by
equation (2.11) (Stine & Harrigan, 1985):

Quossraa = €0Ar (T = Tiiy) (211
The designer of the solar receiver has some control over the terms in equation (2.11). These
include the emittance of the surface of the receiver and the receiver's surface area. Surfaces that
have low emittance generally have a low absorptance as well, thus reducing the absorbed solar
energy. However, in recent years, a class of surface coatings has been developed, which is
called selective coatings. These coatings have low values of emittance when the surface is at a
low temperature but high values of absorptance for solar energy (Stine & Harrigan, 1985). To
maximise the useful heat collected by a solar receiver, the receiver should have a high
absorptance and a low emittance. However, radiation heat transfer theory states that the
absorptance and emittance are equal — at least in an enclosure. However, for all surfaces,
Kirchoff’s law states that they are equal only for radiation at a specific wavelength, not as an
average property integrated over a spectrum (Stine & Harrigan, 1985). Kirchoff’s law is given
by equation (2.12):
4 = & (2.12)
The subscripts in equation (2.12) indicate that this law only applies to properties in the same

wavelength spectrum. Solar collectors absorb energy from a spectrum of a 6050 K blackbody
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emitter with its peak intensity at a wavelength of about 0.48 um. The spectrum of the energy
emitted by the receiver is governed by the receiver's surface temperature, which is much less
than the 6050 K of the blackbody emitter. As an example, for a receiver temperature of 80 °C,
the peak intensity is at a wavelength of 8.21 um (Stine & Harrigan, 1985). Thus, for a cavity
receiver with a large aperture, Kirchoff’s law is not applicable, because the radiation that is

absorbed is at a different wavelength from that of the emitted radiation from the cavity receiver.

View factors are an important quantity when calculating the temperature profile of the glass
surface. Some standard equations for view factors between two aligned parallel rectangles or
between perpendicular rectangles with a common edge can be used from the textbook of
Lienhard IV and Liendhard V (2020). The glass can be divided into smaller “cells’ to be able
to obtain a temperature profile of the glass surface from the bottom to the top. Thus, each cell
in the cavity will have a specific view factor to each of the other cells in the cavity. The view
factors can be calculated by making use of the reciprocity, summation, symmetry and
superposition rules as set out in Lienhard 1V and Liendhard V (2020). However, when using a
program such as Octave to calculate the view factors, it is much easier to code a single equation
as a function of the specific rectangle’s dimension to find the view factor. The relevant view

factor correlations are presented in Appendix A.

2.3.3 Conduction

Conduction heat loss is often described in terms of a material constant, the thickness of the
material and its cross-sectional area. The conduction heat loss equation is given by Stine and
Harrigan (1985) as follows:

0 kAT, —T,) (2.13)
loss,cond — Ax

It is of great importance to ensure that the conduction heat loss is a minimum in solar receiver
design. Flat-plate collectors are designed to have good insulation material (a low thermal
conductivity) on the sides and the back and material that is thick enough (Stine & Harrigan,
1985). Rectangular receivers, such as the one considered in this work, have four sides as well
as the top side of the receiver through which heat is conducted. According to Le Roux et al.
(2014a), high-temperature ceramic fibre insulation can be used to insulate the receiver
considered in this work. Equation (2.13) was modified by using the electrical analogy to find
equation (2.14):
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2.4  Solar receivers with glass covers

A standard solar receiver, whether it is a flat-plate, parabolic through or tubular solar receiver,
is subject to convective, conductive and radiative heat transfer due to the high temperature of
the receiver relative to the environment. A solution for minimising the heat losses from the
receiver to the environment is to cover the aperture with a selective spectral material that is
transparent to certain bands of light and opaque to infrared radiation. Glass is an excellent

example of such a material.

2.4.1 Glass covers without cooling

Experiments by Too et al. (2017), in which a 250 kWi tubular cavity receiver was used with a
window covering the receiver’s aperture, showed an increase of about 17% in the receiver’s
thermal efficiency. The receiver reached maximum steady-state temperatures of about 900 °C
(Too et al., 2017). Uhlig et al. (2014) investigated the performance impact of a window cover
on the receiver of a hybrid combined cycle solar power plant. The cycle included a heliostat
field, a tower receiver and a gas turbine, which was combined with a conventional steam
Rankine cycle. The receiver was a cylindrical-shaped tubular cavity receiver, where the window
was placed over the receiver aperture (Uhlig et al., 2014). The receiver saw temperatures of
between 335 °C and 800 °C and it was found that the window cover did not only increase the
efficiency of the cycle but also reduced the overall cost of electricity generation (Uhlig et al.,
2014).

Cui et al. (2013) investigated the heat loss of a dish receiver with and without a quartz glass
cover on the aperture. The receiver geometry is shown in Figure 2.3 where a 5 mm thick high-
temperature quartz glass cover with a selective coating layer was installed over the aperture of
the cavity. The receiver had copper tube coils that absorbed the solar radiation, with 20 mm
thick opaque insulation on the outside of the receiver (Cui et al., 2013). The model that was
considered by Cui et al. (2013) was a combination of natural laminar convection and radiation.
The receiver was simulated using FLUENT 6.3 CFD software. Cui et al. (2013) found that,
compared with an uncovered receiver, the glass cover largely reduced the convection and

radiation heat losses.
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Figure 2.3 Schematic of cavity receiver with and without quartz glass cover (Cui et al.,
2013)

The reduced losses are shown in Figure 2.4, which indicates the temperature contours for the
uncovered and covered receivers. The covered receiver had a much higher temperature on the
inside of the cavity than for the uncovered receiver, especially for inclination angles from 0° to
60°. The covered receiver’s heat losses were about 36% less than those of the uncovered
receiver (Cui et al., 2013). The results indicated that the orientation of the receiver had a great
influence on the convection heat transfer. The radiation heat loss, which was the dominant heat
loss component, was relatively constant at different receiver inclination angles. Cui et al. (2013)
found that the radiation heat transfer from the receiver to the environment was significantly

affected by the temperature and emissivity of the inner surface.
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Figure 2.4 Temperature contours for different inclination angles of an uncovered and a

covered receiver (Cui et al., 2013)
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1200 =

1100 R
, :
1000 Y : 1
y 90 /

Twin /K
1070
1060
1035
1010
985
960
935
910
885
860
835
£10
785
760

$B

S
‘Q
N
N
N
N
N
N
N
N
N
N
N
N
N
N

\
N
N

: N\
&x\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\\‘

Figure 2.6 Comparison between temperature distribution of double-glazing and single-

glazing receivers (Li et al., 2019)

A double-glazing solar receiver was investigated by Li et al. (2019). The authors employed a
combination of the Monte Carlo ray-tracing and finite volume methods to evaluate the
temperature profile, heat losses and efficiencies of the double-glazing solar receiver. A
simplified model of the receiver is shown in Figure 2.5. Figure 2.6 shows a comparison of
temperature distributions between the single-glazing and double-glazing concepts, as well as
the cavity wall temperatures (Li et al., 2019). Due to a large proportion of re-radiative energy

that was reflected from the inner window and absorbed by the outer window, the temperature

18



of the outer window was much lower in the double-glazing configuration than in the single-
glazing configuration. The results showed that the total efficiency increased by increasing the
cavity size, inner-window thickness, emissivity of the inner surface and distance between the
windows (Li et al., 2019). Compared with a single-glazing receiver, the double-glazing receiver
can have higher thermal efficiencies only for very specific cases. It is also shown that for the
double-glazing receiver, the outer-window peak temperature is about 39 K to 83 K lower than
that of the receiver with only one window. Therefore, there is some merit in designing a solar

receiver with a double-glazing configuration.

It is thus clear that the efficiency of a typical tubular solar cavity receiver can benefit from a
window-covered aperture. However, a glass cover can provide significant complications
because the glass must withstand reradiation emitted by the high temperature of the receiver’s
walls. The glass must also endure highly concentrated solar irradiation, and therefore extreme
temperatures, as well as high-pressure loads (Li et al., 2019). Various strategies have been put
forward to ensure that the glass does not shatter or deform. These strategies include
strengthening the glass by adopting specific curvatures of the glass or by reducing the glass
temperature by cooling it with an HTF (Li et al., 2019). Alternative methods of minimising heat
losses are to use a double-glazing configuration. However, these methods have not been well-

researched and are more common with flat-plate solar collectors (Li et al., 2019).

2.4.2 Glass covers with cooling

Wang et al. (2016) experimentally and numerically investigated the thermal performance of a
windowed volumetric solar receiver (WVSR). The concentrator used in their study consisted
of a 16-mirror parabolic dish system driven by a two-axis tracking system. The window was
placed directly in front of the cavity aperture and cooling air was pumped directly from the
compressor. The receiver was composed of an absorber material, SiC ceramic foam, where the
solar irradiation was concentrated on the solid matrix. The air that passed over the solid matrix
was heated up through forced convection (see Figure 2.7) (Wang et al., 2016). Wang et al.
(2016) discretised the governing equations by applying the finite volume method. The
windowed cavity with the absorber was modelled in a coupled radiative-convection boundary
condition. The numerical solutions were compared with three all-day experimental tests, where
three samples with different pore structures and thicknesses were tested (Wang et al., 2016).
Outlet air temperatures of greater than 1003 K and the best thermal efficiency (solar to thermal)

0f 63.1% at a receiver temperature of 1000 K were observed. The maximum deviations between
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the experimental and theoretical results were 9.4% and 2.3% for the temperature of the back
wall and the outlet air respectively. The thermal efficiency (solar-to-thermal) differed by a
maximum of 5.35% between the experimental and theoretical results (Wang et al., 2016). Wang
et al. (2016) concluded that their results showed that the model was feasible when describing

the overall transport process from solar to thermal energy in a pressurised receiver.
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Figure 2.7 Schematic of the internal structure of the WVSR (Wang et al., 2016)

Research work was done by Uhlig and Réger (2004) in which cooling air was also used to cool
the glass cover. However, there is a significant difference between the work of Uhlig and Roger
(2004) and that of Wang et al. (2016). Uhlig and Roger (2004) investigated a dome-shaped
pressurised volumetric receiver with an active cooling system in which the window was
designed, simulated and experimentally tested. According to Uhlig and Roger (2004), to keep
the glass temperature below 800 °C for quartz glass, a cooling heat flow of about 77 kW is
necessary. Figure 2.8 shows the window concept with cooling proposed by Uhlig and Rdger
(2004). The cooling was achieved by having air flow between the two windows. The outlet of
the cooling air was at the vertex of the dome and was mixed with the main flow to the receiver.
The advantage of a cooling system such as this is that the cooling efficiency can be optimised
by finding an optimal dimension of the outlet gap. Since the receiver operates at a pressure of
7 bar, the cooling flow must also be at the same pressure if it is to be mixed with the receiver
flow (Uhlig & Rdger, 2004). Thus, the cooling air is bled off directly after the compressors.
The concept was first simplified and simulated with the ANSYS CFD package.

The goal of the study of Uhlig and Roger (2004) was to reach the highest cooling efficiency
possible while maintaining an acceptable pressure drop with the smallest possible mass flow

rate. It was found that a simple window with a cooling flow did not provide enough cooling to
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keep the glass below 800 °C, as proposed by Uhlig and Roger (2004). The two windows reached
maximum temperatures of 950 °C and 835 °C respectively, which was above the maximum
temperature of 800 °C, as proposed by the designers. Uhlig and Roger (2004) proposed to
introduce a swirl component to the flow passing over the glass using a specially designed inlet
flange. This improved the amount of cooling of the glass, but the cooling was not close to the
required 77 KW. The inlet flow temperature was then decreased further to about 70 °C, which
allowed for cooling of about 80 kW (Uhlig & Rdger, 2004).

Figure 2.8 Dome-shaped cooling window concept (Uhlig & Rdger, 2004)

Raoger et al. (2006) modelled, tested and evaluated a high-temperature receiver with external
multiple air-jet window cooling. This receiver window also had a concave shape and was made
of fused silica, much the same as what was used in the work of Uhlig and Réger (2004). Roger
et al. (2006) found that an asymmetric window-cooling design with pulsating air mass flow
achieved suitable cooling of the window. Figure 2.9 shows the pressurised volumetric receiver
with the concave window and how the window was cooled. A thermodynamic model of the
receiver was developed, which included non-grey radiative, convective and conductive heat
transfer, which was the basis of the window-cooling design. A solar test with no window was
conducted to verify the thermodynamic model. Rdger et al. (2006) conducted high-temperature
testing with the window cooling in operation, where the temperature distribution on the quartz
window and the absorber were determined by an infrared scanner that was specially developed.
The simulations and experimental tests showed good agreement. With the multiple air-jet
window cooling, the receiver had air outlet temperatures of more than 1000 °C, while the

window temperatures were kept below 800 °C (Rdger et al., 2006).
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Figure 2.9 Pressurised volumetric receiver with concave window (Rdger et al., 2006)

Another pressurised receiver with window cooling of note was developed by Karni et al. (1997).
The directly irradiated annular pressurised receiver (DIAPR) was a volumetric, windowed
cavity receiver, which operated at an aperture flux of up to 10 MW/m?2. This receiver had an
innovative frustum-like high-pressure (FLHiP) window that was made of fused silica and was
cooled by the working fluid before it entered the absorber (Karni et al., 1997). Karni et al.
(1997) claimed that this window could withstand pressures of over 50 bar. Figure 2.10 shows
the DIAPR that was developed and tested. The frustum shape of the window allowed for it to
sustain such high pressures. The frustum shape also ensured that the tensile stresses did not
develop at any possible working conditions and thus the window was subject only to
compression stresses (Karni et al., 1997). Fused silica has a compression strength that is about
23 times higher than its tensile strength and the compression strength is about 2.5 times higher
than that of carbon steel (Karni et al., 1997). Kribus (1994) shows through ray-tracing
calculations that the reflection losses of a frustum-like window are only about 1% because
several reflections are necessary for the incoming rays to escape. Figure 2.10 indicates that the
window thickness (t) is only 2.25 mm and since fused silica is highly transparent to solar
radiation, heat losses due to sunlight absorption are negligible. The DIAPR was put through
about 250 hours of experimental tests and the absorber reached a temperature of about 1600 °C,
while the window reached a maximum temperature of 600 °C (Karni et al., 1997). The FLHiP
window has the added benefit of the prevention of dust accumulation on the inside of the

receiver due to the low-pressure external air stream that flushes out any dust (Karni et al., 1997).
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Figure 2.10 DIAPR with the FLHiP window (Karni et al., 1997)

2.5  Glass types and properties

Commercially available glass can be divided into a few major categories: vitreous silica, soda
lime silica and borosilicate. Vitreous silica can be manufactured in such a way that it has a very
small thermal expansion coefficient and very high working and melting temperatures.
Commercial glass is often used in a wide range of applications and some of the most important
properties that need to be considered by the end-user are the density, refractive index, thermal
expansion coefficient, glass transformation temperature, strength, elastic modulus and chemical
durability (Shelby & Lopes, 2005). The following sections provide some background to three
different glass types, their properties, applications, and some examples of commercially

available types of glass.

2.5.1 Vitreous silica

Vitreous silica is the only commercial glass that contains a single major chemical component
and is often made directly from a naturally occurring mineral called quartz. Optical fibres and
infrared transmitting equipment often use vitreous silica as the glass type of choice. This glass
type is often praised for its very low thermal expansion coefficient, which allows its use at

temperatures above 1000 °C (Shelby & Lopes, 2005). The thermal expansion coefficient of
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vitreous silica is about 0.5 to 0.6 parts per million K at room temperature and varies only
slightly between 25 °C and 1000 °C (Shelby & Lopes, 2005). However, it must be noted that
vitreous silica has some differences in its properties and most commercial glass products are
thus designated by their trademark name. Therefore, it is not adequate to refer to a sheet of glass
only as “vitreous silica” (Shelby & Lopes, 2005). Vitreous silica also goes by other names such
as silica glass, fused silica, fused quartz or simply quartz. The latter is often undesirable to use
because it can be confused with crystalline quartz, which is something entirely different in

structure from vitreous silica (Bansal & Doremus, 1986).

2.5.2 Soda lime silica

Soda lime silica is produced in larger quantities than vitreous silica. Soda lime silica is often
used for flat glass applications such as mirrors, residential and automotive windows and
container and incandescent lamp glass (Shelby & Lopes, 2005). Vitreous silica might have
many properties that make it desirable for applications such as flat, container or lamp glass;
however, it has a very high melting temperature (more than 2 000 °C). This very high melting
temperature has a high cost linked to it and thus vitreous silica is not often used for the more
common consumer products (Shelby & Lopes, 2005). Hence the development of soda lime
silica is based on a compromise between the outstanding properties of pure silica, and the cost
of producing large quantities of glass required for windows, containers and electrical lighting.
Soda is added to the silica, which results in a large decrease in the melting temperature;
however, this leads to poor chemical durability of the glass (Shelby & Lopes, 2005). Therefore,
a portion of the soda is replaced by lime (CaO), which partially increases the chemical durability
and results in a glass with a reasonable melting temperature (of about 1500 °C), while
maintaining acceptable properties for consumer applications. Soda lime silica has a glass
transformation temperature of about 550 °C to 580 °C, significantly lower than that of the
vitreous silica glass type (Shelby & Lopes, 2005). The thermal expansion coefficient is about 8
to 9 parts per million K. This lower transition temperature and higher thermal expansion
coefficient restrict the soda lime silica glass for use in cases where a thermal shock is unlikely

to occur, but it reduces the cost of production.

2.5.3 Borosilicate
Borosilicate glass is produced for specialised applications where it is recognised for its excellent
resistance to thermal shocks and high physical robustness. It is used in laboratory ware,

televisions and cookware. Many other glass types are produced in very limited numbers for
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extremely specialised applications such as optical, electronic and biological applications
(Shelby & Lopes, 2005). The borosilicate glass type has a much better thermal shock resistance
due to its much lower thermal expansion coefficient. The thermal expansion coefficient of
borosilicate glass lies in-between that of vitreous silica and that of soda lime silica. Borosilicate
glass is clear and colourless, with almost no detectable visible light scattering (Shelby & Lopes,
2005). Other types of borosilicate glass are homogeneous with much higher alumina
concentrations. These types of glass are based on the alkaline earth borosilicate system instead
of the sodium borosilicate system. Consequently, this glass has a higher index of refraction and
higher chemical and electrical resistivities (Shelby & Lopes, 2005). A typical thermal
expansion coefficient of borosilicate is about 3.2 parts per million K1, Borosilicate has a glass

transformation temperature of greater than 600 °C.

2.5.4 Examples of commercial glass

A specific patented glass for high-temperature applications manufactured by Schott in Germany
is called Robax. This glass type does not require special manufacturing processes and is
commercially available in 3 mm and 5 mm thicknesses. Common applications for this glass are
fireplace windows and doors, heat insulators, oven/boiler inspection windows and outdoor
lighting. This glass has a smaller thermal expansion coefficient than that of borosilicate and is
about the same as that of vitreous silica at about 0.5 parts per million K1, Robax also has a
relatively large working temperature range from about -240 °C to about 800 °C (Schott, 2021).
These temperature ranges are often subject to loading time restrictions. More specifically, the
Robax line-up can handle up to 610 °C for about 1000 hours of continuous temperature loading
(Schott, 2021). It must be noted that the temperature refers to the hottest point on the outside of
the glass and thermal gradients and shock have been considered. Figure 2.11 shows the
transmission coefficient versus different wavelengths for Robax. Thermal radiation falls in the
0.1 um to 1000 pum range. This includes UV light, near infrared radiation and visible light, with
solar radiation falling in the 0.3 um to 3 m range (Lienhard IV & Liendhard V, 2020). Figure
2.11 indicates that the glass can transmit wavelengths of between 0.3 pm and 2.5 m almost
completely, meaning the glass will transmit solar radiation. However, in the 3umto 5 m
range, the transmissivity of the glass drops to about half of what it is inthe 0.3 umto 2.5 m
range, with some wavelengths having nearly zero transmission. This means that the glass is
almost opaque to infrared radiation, but as Figure 2.11 indicates, the transmissivity in the

infrared wavelength range depends on the glass thickness.
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Figure 2.11 Transmission properties of Robax (Schott, 2021)

Another glass that is made by Schott is called Nextrema and is made specifically for high-
temperature applications. The glass is manufactured in sheets and can be further processed by
a wide variety of technologies to fit client requirements, such as surface smoothing, polishing
or coating (Schott, 2014). Due to the careful manufacturing process, the glass can be made to
conform to the client’s specific requirements. Nextrema is specifically designed with a complex
microstructure to achieve a near-zero thermal expansion, which gives it excellent thermal
strength and heat resistance (Schott, 2014). The technical brochure of the glass from Schott
(2014) claims robustness at high operating temperatures of up to 950 °C and high thermal shock
resistance of up to 800 °C. Figure 2.12 shows the wide transmittance spectrum of different
Nextrema variants. The glass has a high transmittance (almost 90%) in the solar radiation
spectrum (300 nm — 3000 nm) and a lower transmittance in the thermal radiation range
(> 3000 nm). This glass will perform well in the solar environment. The technical brochure
from Schott (2014) lists it as one of the applications of glass.

Transmission [%)

e _

Figure 2.12 Transmission values of different Nextrema variants (Schott, 2014)

A few other commercial types of glass that are designed for high-temperature applications are
produced by Glass Dynamics LLC (2015) in the USA. Corning Pyrex 7740 glass is a low
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thermal expansion borosilicate glass, which is often used for fireplace glass, high-temperature
light lenses and ovens. The working temperature of Pyrex 7740 ranges from 230 °C to 490 °C
and the glass can withstand thermal shocks of up to 160 °C (Glass Dynamics LLC, 2015).
Another Corning trademark glass for high-temperature applications is called Pyroceram 9963.
This glass is also used for wood-burning stove windows, oven or boiler windows, cooking tops
and other high-temperature appliances. Pyroceram 9963 has a much higher working
temperature than that of Pyrex 7740 at about 704 °C to 775 °C with a thermal shock resistance
of up to 700 °C. Figure 2.13 shows the transmission curve for Pyroceram 9963, which shows
an excellent transmission in the solar radiation spectrum and low transmission in the thermal
radiation spectrum (Glass Dynamics LLC, 2015).
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Figure 2.13 Transmission curve for 4.75 mm thick Pyroceram 9963 glass (Glass
Dynamics LLC, 2015)

Glass Dynamics LLC (2015) also produces four different types of quartz glass: Dynasil IRQ,
Dynasil Low OH IR, GE214 fused quartz and optical homogeneity fused silica. These types of
glass have working temperatures in the range of 926 °C to 1204 °C along with very low thermal
expansion coefficients in the range of 0.5 parts per million KX. Corning’s high-temperature,
high-silica quartz glass is called Vycor and is also produced by Glass Dynamics LLC (2015).
It has almost the same working temperature range as the previously mentioned types of quartz

glass and can be produced in thicknesses of 3 mm up to 20 mm (Glass Dynamics LLC, 2015).

2.5.5 Summary
Table 2.2 provides a summary of the glass properties for the different glass types. The vitreous
silica glass type has the lowest thermal expansion coefficient and refractive index as well as the

highest glass transformation temperature.
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Table 2.2 Summary of properties of three glass types (Shelby & Lopes, 2005)

) N Borosilicate Soda lime silicate

Property Vitreous silica ] ]

(7070 - electrical) (windows)
Density (g/cm?3) 2.197 2.13 2.53
Refractive index 1.457 1.469 1.520
Thermal expansion
coefficient (parts per 0.6 3.2 9.5
million K1)
Glass transformation 1050 — 1200 > 600 550 - 580

temperature (°C)

Table 2.3 also summarises the properties of different types of commercial glass that are
available. Dynasil IRQ and Vycor have the highest operating temperature range, but these two
types of glass have the highest thermal expansion of all the commercial glass types considered.
One must thus consider all the properties of the glass at the same time when deciding on which
glass to use. Pyroceram 9963 has a working temperature limit of 775 °C with a very low thermal
expansion and a high thermal shock resistance. Nextrema also has a high working temperature
limit and thermal shock resistance temperature with a low thermal expansion coefficient.
Vitreous silica, also known as fused silica or quartz, is often used as a window cover on solar-
dish receivers. For example, Li et al. (2019) used a fused silica window, which was treated as
a homogeneous emitting and absorbing material in their CFD simulation. Cui et al. (2013)
simulated a 5 mm thick high-temperature resistant quartz glass cover, which was treated with a
selective coating layer. Wang et al. (2016) also used a quartz glass cover, which had a limiting

operating temperature of 1 400 K (1127 °C) and was cooled by bleed air.

Table 2.3 Summary of properties of different commercial glass types (Glass Dynamics
LLC, 2015, Schott, 2014)

Pyrex Pyroceram  Dynasil

Robax  Nextrema 7740 9963 IRQ Vycor
Working temperature =240 to Up to 926 - 926 -
C) 800 gsg ~ 230-490 704-775 1504 1204
Thermal expansion 0.04 -
coefficient +0.05 O 16 0.325 0.03 5 5
(parts per million K™) '
Thermal shock resistance 160 700
700 600 - 820 - -
(°C) (3.2mm) (3 mm)
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2.6 Summary of literature study

Based on the many existing convection heat loss models, the Koenig and Marvin and
Paitoonsurikarn and Lovegrove models were the most suitable for this study. The Koenig and
Marvin model was verified by McDonald (1995). The Paitoonsurikarn and Lovegrove model
was validated against experimental results by Paitoonsurikarn and Lovegrove (2006). The
Paitoonsurikarn and Lovegrove model proved to be much more accurate and easier to
implement than the Koenig and Marvin model. Therefore, the Paitoonsurikarn and Lovegrove

model was used in this study.

The literature on solar receivers with glass covers indicates that a window proves to be quite
successful in minimising the convection and radiation heat losses from a solar receiver.
Furthermore, cooling the glass with air flow improves the longevity of the glass and can also
lead to further reductions in solar receiver heat losses and increases in solar-to-mechanical
efficiencies (Uhlig & Rdger, 2004, Wang et al., 2016). However, there is no existing solar

receiver study that has a glass window on the inside of the receiver cavity.

Considering the different commercial glass types in existence, borosilicate and vitreous silica
are the two types that have the potential to perform well in a high-temperature environment.
Borosilicate and vitreous silica both have very low thermal expansion coefficients, 3.2 and
0.6 parts per million K* respectively (Shelby & Lopes, 2005). Vitreous silica will handle the
higher temperatures better because its thermal expansion coefficient is much lower and its
transition temperature is in the 1000 °C range. There are also a few commercial vitreous silica
(or quartz) glass types that are suitable for this high-temperature and high-thermal stress
application. More specifically, Robax or Nextrema manufactured by Schott or Pyroceram 9963
manufactured by Glass Dynamics would also be suitable for use as a window cover on a solar

receiver.
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Chapter 3

3.1 Introduction

The relevant entropy generation equations for each part of the cycle are described fully in this chapter.
With these equations, an exergy analysis provides the net power output, entropy generation and the
solar-to-mechanical efficiency of the cycle, thus analysing the impact of the cooling window on the
performance of the cycle. Next, the receiver and window models are discussed based on the relevant
reviewed literature. A summary of the recuperator geometry leads to the variables and parameters
that make up the objective function of the study. The objective function depended on initial
assumptions, constraints and constants. Finally, a dedicated subsection presents the numerical
methods used to solve the cooling window's surface temperature and heat transfer rate. Note that parts
of this chapter used the methodology and code of Le Roux and Sciacovelli (2019) as a base to allow

for a direct comparison of the results.

3.2 Entropy generation in the solar-dish Brayton cycle components

Five components contribute to the entropy generation in the cycle, namely the turbine, compressor,
solar collector (receiver), recuperator and window. Equation (3.1) (second law of thermodynamics)
shows the change of entropy in a control mass for an irreversible process (Borgnakke & Sonntag,
2014). When an energy and entropy balance is done on either a control volume or a control mass, the
energy is conserved but not the entropy, which is due to heat transfer and having an irreversible
process. The total entropy increases and is not conserved, which is true for all irreversible processes.
The total entropy must increase by the sum of all the entropy generation terms and it must be positive
or at least zero for any conceivable process (Borgnakke & Sonntag, 2014). Equation (3.2) expresses
the entropy change of an ideal gas as a function of the pressure and temperature ratio, which can be
used with constant specific heat and the ideal gas constant. Equation (3.3) shows the entropy balance

equations for a control volume (Borgnakke & Sonntag, 2014):

2
6
SZ - 51 = f TQ + Sgen (31)
1
T P. 3.2
S, sl—cpolnTzl—RlnP: (32)

ds , _ Oy (3.3)
i = 2 s ) Sy
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The above equations could then be used to derive the entropy generation rate of each of the five
components in the cycle at a steady state. Figure 1.3 indicates the state numbers in the entropy

generation rate equations in the following sections.

3.2.1 Turbine and compressor

Equation (3.2) and equation (3.3) were used to derive the entropy generation rates for the compressor
and turbine. These relations are expressed in terms of the pressures and temperatures, which could be
described by the isentropic efficiencies (Le Roux, 2011). Equation (3.4) and equation (3.5) show the
entropy generation rates for the turbine and the compressor respectively:

: . , .. P (3.4)
Sgen,c = MCpo lnT— — mR lnP—
1 1
i T, P
Sgent = MCpo lnT—8 — mR lnP—8 (3.5)
7 7

3.2.2 Solar receiver and window

Equation (3.6) and equation (3.7) express the entropy generation rate of the solar receiver and the
window for an ideal gas working fluid. Again, equation (3.2) and equation (3.3) were used to derive
these equations. The symbol, Q,., is the rate of heat transfer from the sun’s apparent temperature as
an exergy source, T*. The apparent sun temperature as an exergy source is about 75% of the apparent
blackbody temperature of the sun, which is about 6000 K (Le Roux, 2011). Therefore, T* was

considered to be close to 4 500 K (Bejan, 1982) and was used as such in this research study.

Qfec @ Q Q
rec loss,cond,rec loss,rad,rec loss,conv,rec

S =254 + + + ey In 2
e T T T T, Mo T, (3.6)
— MR In—="
P
d Q* ] Q i Ql Wi . T3 . P3
Sgenwin = — ;ﬁn - g::m + o;iowm + mcyo In , —mR1n P, (3.7)

With the proposed concept of having the window on the inside of the receiver, parallel to the receiver
walls, the radiation and convection heat losses from the receiver would be absorbed by the window.
Thus, Q1oss rad.rec aNd Qoss,conv rec are included in the Q 44, term in equation (3.8):

(3.8)

anin = Qloss,rad.rec + Qloss,conv,rec

This means that when the total entropy generation rate was calculated, the Qo5 raarec @nd
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Quoss,convrec tErMS in equation (3.6) would cancel out.

3.2.3 Recuperator
The entropy generation rate of the recuperator was derived from equation (3.2) and equation (3.3)

and is given by equation (3.9) (Le Roux & Sciacovelli, 2019):

. T10T4 P10P4 R/ Qloss reg (39)
gen = MCp0 0 [ ToT5 \ PoP3 " T

In equation (3.9), Ty to T;, is the hot stream and T; to T, is the cold stream in the recuperator (heat

exchanger).

3.3 Exergy analysis for the cycle

When solar radiation is concentrated, mechanical power can be generated with the solar-dish Brayton
cycle. Considering Figure 1.3, Q* represents the solar heat input, or in other words, the intercepted
solar heat input power that is concentrated by the parabolic dish. Figure 1.3 also shows the control
volume around the cycle. This control volume, along with the assumption that the cycle is run at a

steady state, can be used to determine where exergy is crossing the boundary.

It was assumed that I/; = V;; and z; = z,; and an exergy analysis was conducted for the system. It
is important to note that T, # T, but P, = P;; since the cycle is an open cycle. The two temperatures
(at the exit of the cycle) were taken to be the same (T, = T;,) because it was assumed that the control
volume boundary was very close to the hot stream exit of the recuperator (Le Roux, 2011, Le Roux
& Sciacovelli, 2019). Borgnakke and Sonntag (2014) provide the exergy rate equation, which is

shown in equation (3.10):

d® To\ - . av . . . 3.10
E:Z(l_?0>Qc.v._V|/c.v.+POE+Zmilpi_Zmelpe_TOSgeTl ( )

Due to the steady-state assumption and only one inlet and outlet, equation (3.10) was rewritten and

equation (3.11) was derived:

To\ . .
TOSgen = m[hi - he - TO(Si - Se)] + (1 - T(i) Q" - Whet (3.11)

When equation (3.11) was rearranged to make the net power output the object of the equation and by

assuming constant specific heat and ideal gas, equation (3.12) was derived:
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' ' To\ 5o 4 : T 3.12
Whet = —TOSgen + (l — T_?‘> Q" + MCpo ]n(T1 — Tll) - mTOCpO In (T_1> ( )
11

The internal entropy generation rate of the system could be written in terms of the sum of all the
entropy generation rates of each component and the ducts in the system (Le Roux, 2011). The entropy
generation in the ducts of the system was also calculated by equation (3.2) and equation (3.3). The
total internal entropy generation rate was then expressed from Section 3.2, as shown in equation
(3.13):

T P,
Sgen [ mMcpo In (T ) + mRin (P )]
2 27 Jcompressor
_ R i
T10T4 P10P4 o Qloss reg
. I ( ) .
+ |MCpg (N ToTs —P9P3 + —r
) ) recuperator
[ Q;ec Qloss cond,rec T6 P6
+ |- + ——— + 1mc ln( ) len(
. T T P T5 P5 receiver
+ | =1y ln( ) + mR ln( )]
- turbine . (3.13)
+|=mc.oIn ( ) (_2) Qloss win Q:vm]
pO *
- P T window
4 Qloss4 5
+ | —mcpo In ( ) (P_)
- - duct 4-5
+ meO ln( ) (P_G) QlossG 7
- dduct 6-7
Ty Pg _
+ —mcpoln<T)+len(P ) +%
9 ®©  lducts-9

Equation (3.13) was then substituted into equation (3.12) to find the net power output of the solar-
dish Brayton cycle as a function of the entropy generation rate of each component in the cycle as well
the temperatures and pressures. The combination of equation (3.12) and equation (3.13) led to the net
power output, which would be useful in comparing the cycle with the window to the cycle without

the window (see Le Roux and Sciacovelli (2019)).

3.4  Receiver and window modelling

The receiver phase-change temperature, chosen turbocharger, turbocharger operating point, and the
cooling channel width were parameters in the study, while the recuperator dimensions were chosen
to be variables. The dimensions of the open-cavity tubular solar receiver stayed constant in the

analysis and are the same as in the study by Le Roux and Sciacovelli (2019).
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3.4.1 SolTrace model

SolTrace can model CSP systems using Monte Carlo ray-tracing methodologies (Wendelin et al.,
2013). SolTrace has a fast and powerful script engine that allows the user to automate the code and
run multiple different geometries, sun definitions, or optical properties (Wendelin et al., 2013). The
script was written in such a way that when the dish size was changed, the receiver position relative
to the solar dish would be adjusted accordingly to have the parabolic dish’s focal point on the receiver
with minimal spillage (see Appendix C for the code). A pillbox sunshape was assumed with the
parameter for the pillbox chosen as the half-angle width of 4.65 mrad. The cavity walls were modelled
as oxidised stainless steel with an assumed reflectance of 15% (Le Roux et al., 2014a). The glass
panes had an assumed reflectivity of 8%, transmissivity of 86% and absorptivity of 6% for solar
radiation (Cengel & Ghajar, 2015). Each of the glass panes was modelled with a refraction index of
1.5 and a thickness of 3 mm, each with an air entity on both sides with a refraction index of 1 (see
Figure 3.1). This was done to capture the refraction of light as it travelled through the glass, as

recommended by Wendelin et al. (2013).

Front | Back /I/ Front | Back

S

Air
n=1.0

Glass
n=1.5

Air
n=1.0

Figure 3.1 Glass elements to be modelled in SolTrace (Wendelin et al., 2013)

The dish surface was modelled as having a reflectivity of 85%, a rim angle of 45° and both a
specularity and slope error of 2 mrad. Since SolTrace uses ray tracing to compute heat flux, more
sunrays mean increased accuracy of the solutions and therefore 1 million sunrays were used with a
seed value of ‘123’ throughout the simulations. Figure 3.2 shows an example of some of the SolTrace

analysis results.
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Figure 3.2 SolTrace analysis with paths of rays

3.4.2 Receiver modelling

Figure 3.3 shows a zoomed-in view of a cross-section of the receiver with the window cooling

channel. The heat losses from the receiver included radiation, convection and conduction heat losses

and the net heat transfer on the receiver was defined by equation (3.14). Figure 3.3 indicates that the

radiation and convection heat losses from the receiver were absorbed by the window and are included

as such in the window model. The aperture area of the receiver was fixed at 0.25 m x 0.25 m and the

inner diameter of the receiver coil (surrounded by phase-change material) was 0.0833 m.

Q = Qfec — 0 -Q -Q
net,rec — Yrec loss,cond,rec loss,conv,rec loss,rad,rec

Qloss,com;,rec

Qloss,cond,rec

Qloss,rad,rec

Air outlet

Airinlet

(3.14)

Qloss,conv,win

Qloss,rad,win

Figure 3.3 Receiver heat losses
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3.4.2.1 Radiation heat transfer

Equation (3.15) is a modified form of equation (2.11), which was used to calculate the radiation heat
losses from the receiver to the window. The radiation heat loss rate from the receiver depended on
the emissivity of the receiver wall. The emissivity of the inner-cavity wall was assumed to be 0.7 for
oxidised stainless steel at 1000 K (Le Roux & Sciacovelli, 2019). However, since the receiver wall
was insulated with a phase-change thermal storage material, an effective emissivity had to be used
and equation (3.16) was used to calculate the effective emissivity (Jilte et al., 2013). Since the window
was parallel to the inner-cavity wall, the view factor of the receiver wall to the window was equal to

1, due to the window absorbing almost all of the radiation from the receiver wall.

. 3.15
Qloss,rad,rec = gefwainO'(TsA,lrec - Ts‘?win) ( )
! (3.16)
& = .
erf 1+ (1 - Ewall) Agiass
Ewall Awall

3.4.2.2 Convection heat transfer

The space between the inner-cavity wall and the window was considered to be an enclosure and the
convection heat transfer in the enclosure depended on the aspect ratio and Rayleigh number of the
enclosure. In CFD simulations by Pendyala et al. (2015), the authors developed Nusselt number

correlations which are applicable to air as HTF and are given by equation (3.17):

Nu = 1.46 x 10-5(4R)***(In(Ra))3?2° (3.17)

The Nusselt number that was calculated by equation (3.17) was used in the standard equation of the
Nusselt number (equation (2.3)) to find the heat transfer coefficient in the enclosure, called h,, in
equation (3.18). The convection heat loss from the inner-cavity wall to the window was then
calculated by equation (3.18):

(3.18)

Qloss,conv,rec = hencAwall(Ts,rec - Ts,win)

3.4.2.3 Conduction heat transfer

The conduction heat losses from the receiver to the environment were calculated as suggested by Le
Roux et al. (2014a), in which work the authors used high-temperature ceramic fibre insulation with a
thickness of 0.1 m and an average insulation conductivity of 0.061 W/mK at 550 °C. Equation (2.14)
was used to calculate the conduction heat losses. Le Roux et al. (2014a) assumed an average wind

speed of 2.5 m/s and an average receiver inclination angle of 45°. A combination of natural and forced
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convection Nusselt number equations were used to calculate the heat transfer coefficient on the
outside of the receiver. From these Nusselt number equations, in the range of receiver apertures of up
to 2 m and assuming an average heat transfer coefficient across the whole receiver, Le Roux et al.
(2014a) found that the total resistance of the insulation (R;,:q; IN equation (2.14)) could be
approximated as (1/hyyter + tins/Kins) = 1.86 m2K/W.

3.4.2.4 Pressure drop in coiled tube

The pressure drop in a circular pipe is given by equation (3.19):

L prVing (3.19)
AP = f———+
fD 2

In addition to the Moody-type friction losses that are computed for the length of the pipe, there are
other losses such as bends in the pipe. White (2017) suggests adding a dimensionless loss coefficient,

K, to equation (3.19). Therefore, Equation (3.20) presents a more applicable form of equation (3.19):

8m? L (3.20)
ap=—om f5t K
f y

The friction factor, f, in equation (3.20) was calculated with the Colebrook equation for turbulent
flow in a rough stainless steel tube and the K-values could be found for the specific tube diameter
that is used (White, 2017).

3.4.3 Window modelling

Each of the four sides of the cooling channels was divided into sections and the temperature and heat
transfer on each of the sections were calculated using a similar methodology as Le Roux et al. (2014a).
The receiver and the glass window were modelled using the first law of thermodynamics. Figure 3.4
shows the main heat losses from the glass window that were considered in this study as well as the
proposed arrangement of the glass-cooling channels. The net heat transfer rate at the glass window is
given by equation (3.21):

Onetwin = Qiin + Qgain — Quoss raawin — Otossconuin (3:21)

Note that Qgain = Qiossradrec T Qross,conv,rec, Which represents the heat gain on the window from

the inner-receiver wall, while Q;,;, represents the absorbed solar heat as found from SolTrace.
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Figure 3.4 Window cover concept
3.4.3.1 Radiation heat transfer

The radiation heat loss rate from a surface could be calculated with equation (2.11). The radiation
heat losses from the window to the environment through the receiver aperture depend on the
emissivity of the window, the area of the window and the view factor of the window to the aperture.
The view factor determines how much a certain part of the glass is exposed to the aperture
(environment), inner-cavity wall or the other glass panes. In addition to the radiation heat transfer
that the window will absorb from the cavity walls, it will also absorb radiation from other windows

around it, which could be calculated by equation (3.22):

N
: 3.22
Qloss,rad,win = An Z Fn—»j (SnO_Ts‘,Ln - gjo-Ts‘%j) ( )
j=1
When calculating the surface temperature of the glass, equation (3.22) was used. Equation (3.22)
includes the view factor (sometimes called the shape factor), which was a very important aspect to

consider. A detailed explanation of the view factors that were used is provided in Appendix A.
3.4.3.2 Convection heat transfer

Natural convection on the inside of the cavity is a relatively complex phenomenon. Paitoonsurikarn
and Lovegrove (2006) showed good agreement between their newly developed correlation and
numerical simulation results. Their Nusselt number correlation, based on the Rayleigh and Prandtl

numbers for receivers, was derived from free convection heat loss simulations. It was shown that a

38



parameter described as the ensemble cavity length scale, L, could be used to account for the effects
of cavity geometric parameters and inclination (Paitoonsurikarn & Lovegrove, 2003, Paitoonsurikarn

et al., 2004). The ensemble length, Ly, is shown in equation (3.23):

Ly = |a; cos? (6 + YL (3:23)

The index, i, in equation (3.23) depends on three length scales of the receiver, namely the width (L,),
depth (L,) and aperture size (L), shown in Figure 3.5, which are represented with the symbol L; in
equation (3.23). The constants @;, b; and 1; was found by Paitoonsurikarn and Lovegrove (2006) and
are summarised in Table 3.1. Equation (3.23) depends on the cavity dimensions as well as the
inclination angle (@) of the receiver. Paitoonsurikarn and Lovegrove (2003) found the constants,

shown in Table 3.1, by fitting a curve to CFD simulation results.

Table 3.1 Constants used in equation (3.23) (Paitoonsurikarn & Lovegrove, 2006)

{ a; (—) b; (-) P; ()

1 4.08 541 -0.11
2 -1.17 7.17 -0.30
3 0.07 1.99 -0.08

Figure 3.5 Cavity geometric parameters used in the definition of equation (3.23)

(Paitoonsurikarn & Lovegrove, 2006)

The modified Nusselt number correlation had the form as given by equation (3.24) (Paitoonsurikarn

& Lovegrove, 2006):
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Nu,, = 0.0196 Ra4! pr013 (3.24)

The Rayleigh and Prandtl numbers in equation (3.24) were evaluated at the film temperature, which
was taken to be the average between the glass surface temperature, Ty, and the ambient temperature,
T... The heat transfer coefficient on the inside of the cavity, h.,,, Was calculated by rearranging
equation (2.3). The heat loss per window section due to convection from the glass surface to the air
in the cavity was calculated using an equation similar to equation (3.18). The average heat transfer
coefficient for the whole cavity was used, along with the area of the glass as well as the glass surface

temperature and environment temperature.

An enclosure is created between the glass pane and the receiver wall, as shown in Figure 3.4. The
receiver wall was in direct contact with thermal storage material that provided a constant surface
temperature to the receiver wall. The glass panes are heated by concentrated solar irradiation,
depending on the absorption coefficient of the glass. Therefore, the receiver wall will be the hotter
surface, and the glass pane the cooler surface. The relations for natural convection in an enclosure are
subject to strict validity parameters, especially aspect ratio (H/L.), Prandtl and Rayleigh numbers.
The receiver's height was 0.5 m, and the characteristic length was the distance between the glass pane
and the receiver wall. The aspect ratio was about 8 for this study which is in the validity range of

aspect ratios for the Nusselt correlation given by Pendyala et al. (2015).

The channel’s forced internal convection heat transfer rate was calculated with the equations that
were presented in Section 2.3.1.2. It must be noted that there were different Nusselt number
correlations, and thus different heat transfer coefficients, for the different flow regimes. The code that
calculated the heat transfer coefficient used an if-statement to determine the appropriate Nusselt
number based on the Reynolds number. The hydrodynamic entrance length for turbulent flow is
significantly shorter than laminar flow, when compared to the total length of the channel or tube. A
check was thus implemented in the code to check the entry lengths. It was found that the flow was
turbulent for a channel width of 6.8 mm; thus, the entry length is much shorter than the total length

of the cooling channel. Therefore, it was assumed that the flow was fully developed.
3.4.3.3 Pressure drop in cooling channel

For fully developed flow in a circular duct, the pressure drop is influenced by friction, length of the
duct, density and velocity and is given by equation (3.19). The only difference for a rectangular duct
is that the hydraulic diameter, Dy, was calculated by equation (2.7) and was used instead of the

diameter, D.

The symbols a and b in equation (2.7) refer to the channel height and width respectively. For laminar
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flow in a duct with constant heat flux, the frigtidactor can be interpolated from Table 2.1 at the
specific ratio,a/b. For turbulent flow, equation (2.9) can be usedalzulate the friction factor in
the rectangular duct. The friction factor can therused with equation (3.19) to calculate the piress
drop in the duct.

Recuperator geometry
The same counterflow plate-type heat exchangercaasidered for the recuperator in this study as
the one used by Le Roux and Sciacovelli (2019)uilei3.6 shows the recuperator dimensions and
layout. The pressure drop through the recuperags emlculated according to the same method as
the method used by Le Roux and Sciacovelli (2018¢.forced convection heat transfer coefficients
for the hot and cold sides of the chanrigl &ndh,) were calculated to find the overall heat transfer
coefficient,U. The overall heat transfer coefficient dependedhenReynolds number, aspect ratio
and average temperature (Le Roux & Sciacovelli920Lhe effectiveness, of the recuperator was
found by using the — NTU method, which included heat loss to the envirortines proposed by
Nellis and Pfotenhauer (2005). The number of tremshits NTU) for the hot side of the recuperator
was found with equation (3.25) (Le Roux & Sciactiy@019). The heat loss from the hot and cold

recuperator channels was calculated accordingetovtirk of Le Roux et al. (2014Db).

Udyeglreg(2n — 1) (3.25)

NTU = -
m Cpo,

reg

reg

Figure 3.6 Plate-type counterflow heat exchanger @ Roux, 2011)

Parameters
Le Roux and Sciacovelli (2019) suggested thatuharie pressure ratio be used as a parameter. This

allows for either the net power output of the cyolethe solar-to-mechanical efficiency to be
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