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PREFACE

The purpose of most conferences and also this conference is to provide a forum for world-wide
specialists in heat transfer, fluid mechanics and thermodynamics to present progress of researchers
and developments, and to discuss the state of the art, the future directions and priorities in the various
areas of heat transfer, fluid mechanics and thermodynamics. The additional purpose of this conference
is to introduce Southern Africa to the rest of the world and to initiate research collaboration.

To start with so many papers is indeed a good beginning. More than 350 manuscripts were received
and peer-reviewed and approximately 200 were accepted and are collected in these proceedings. |
wish to express my sincere thanks to the reviewers whose generous efforts made it possible to select
these papers. With this number of papers a meaningful forum has been created to discuss the latest
developments and to come abreast with the state of the art in heat transfer, fluid mechanics and
thermodynamics. As a result of the many papers received the Organizing Committee has already
initiated the organization of the 2" International Conference on Heat Transfer, Fluid Mechanics and
Thermodynamics (HEFAT2003), which will hopefully be presented in June/July 2003.

Thank you to the keynote lecturers and the participants for their invaluable written and oral contributions
to HEFAT2002. | also wish to extent my appreciation to the Rand Afrikaans University for hosting the
conference and to the South African Institute for Mechanical Engineers (SAIMechE) and to the
American Society for Mechanical Engineers (ASME) for sponsoring the conference. | also wish to
extend my appreciation to the International Advisory Committee and the Organizing Committee, named
and unnamed, who contributed to the success of this conference and the quality of these Proceedings.

On behalf of the Organizing Committee, | would like to welcome you all to HEFAT2002. | trust that this
conference will reach the goal of bringing together scientists and engineers and inspire them to gather
more knowledge in order to tackle mankind's future problems. Last but not least we would be happy if
your stay in the Kruger National Park would be enjoyable, fruitful and pleasant and that you will not only
see the Big Five (lion, elephant, rhino, buffalo and leopard) but also some of the best scenery in the
world.

JP Meyer
Editor
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Figure 9: Splashing and solidification sequence of a liquid tin
droplet on the stainless steel substrate for surface defects with
pitch of 0.3 D, at Re = 1.3x10",

liquid drop to be decelerated. Hence, the maximum spread
factor in most cases is reduced with decreasing pitch of the
defect. However, as shown in Fig. 8 (a), the spread factor with
pitch of 0.25 Dy is greater than that with pitch of 0.3 D,. Splat
has its maximum diameter around the sixth defect in the case of
0.25 D,. However, splat has its maximum diameter around fifth
defect for the pitch of 0.3 D,. This is attributed to the fact that
the spread factor with multiple concave surface defects is
affected both by the number of the defects and by the distance
between the impacting point and defect position. Velocity
reduction for the pitch of 0.3 Dyis larger than that for the pitch
of 0.25 D, since the distance between the impacting point and
each defect position for the pitch of 0.3 Dy is greater than that
for the pitch of 0.25 D, Figure 9 shows the behavior of the
droplet on the substrate in the case with the defect pitch of 0.25
Dy. It is shown that the cavity near to the impacting point is
completely filled with liquid droplet, but the cavity far from the
impacting point is not fully filled, similar to the one as shown in
Fig. 6(a). Thus, the pores form outside the cavity. This means
imperfect deposition of spray material. The thickness of the
solidified layer above the pores is thinner than at other position
during solidification process.

CONCLUSION
The problem of the impact and solidification of liquid
metal droplet onto the substrate either with or without surface

641

defects has been studied. The value of thermal contag
resistance between the droplet and substrate is determined by
comparing the spread factor from the present work wit
experimental results [5,6] on the flat substrate. The variations of
the maximum spread factor are examined by considering the
following factors: various shapes, position and size of the
surface defects, and number of surface defects. It is found that
the surface defects hinder spreading of the liquid drop and
uniform material deposition. The spread factor is reduced more
in the case with convex surface defects than concave surface
defects. It is also found that the increase of defect size and
number of surface defects results in the decrease of the
maximum spread factor. Results show that the distance between
the impacting point and the location of defect is an important
parameter to affect the maximum spread factor on the substrate
with multiple surface defects. It is also noted that pores are
easily formed outside the cavity in the case with multiple
surface defects
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ABSTRACT

This paper describes a numerical simulation to predict
the thermo-fluid behaviour of an accelerating turbulent radial
flow with special emphasis on the effect of buoyancy on the
convective heat transfer characteristics. The computational
fluid dynamics software suite CFX4.4 was used to obtain the
thermo-flow field results by including the effects of
buoyancy. These results are compared to earlier results [1],[2]
found by employing a newly generated Fortran 77 numerical
code. Buoyancy was excluded in the earlier work.

The present research focuses on gaining insight into the
thermo-flow field of accelerating radial flows between
parallel plates where buoyancy may contribute to the overall
heat transfer from the plates into the flow and may influence
the rate of development and size of the hydrodynamic and
thermal boundary layer. Such flow conditions present
themselves inside a circular solar collector of a solar chimney
power generating plant. The present work aims to illustrate
the behaviour and influence of buoyancy on the local
turbulent frictional pressure losses and wall heat transfer
coefficient. Apart from the earlier numerical work, extensive
analytical work [3][4], has also been carried out to predict
these fluid characteristics. The analytical evaluation also
excluded buoyancy effects to simplify the goveming
equations.

INTRODUCTION

The present study evaluates the effect of local buoyancy
effects on the thermo-flow field development in the collector
of a solar chimney power generating plant, The solar chimney
power generating principle is currently under investigation as
a potential economical and renewable energy source. A
typical solar chimney power generating plant is depicted in
figure 1. It consists of mainly three components namely a
solar collector and a central chimney with a turbo-generator
at its base. The solar collector consists of a circular glass

cover supported above the ground surface. The glass cover
allows solar radiation to pass through and to be absorbed in
the ground.

Hot air out

Solar radistion through
collector gliss roof

Col outside

arin | [

Gromd

Figure 1: Solar chimney power generating principle

This absorbed solar energy leads to an increased soil
temperature, which in turn results in the heating of the
surrounding air through convection. The heated air in the
collector causes a natural draft effect in the chimney. This
draft moves from the outer perimeter of the glass collector,
through the collector area and up the chimney, powering the
turbo-generator in the process.

From experimental work carried out presently it is
evident that very interesting flow conditions are observed for
the problem under discussion. When the flow velocity at the
entrance of the collector increases, the thermal characteristics
of the flow change from natural convection to a combination
of natural and forced convection due to buoyancy effects and
eventually to forced turbulent convection. The CFD work

575
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presented here intends to complement the experimental
observations to further investigate the fundamental flow
mechanisms at work. The CFX4.4 software allows us to
include the effects of buoyancy and compare the predicted
results to earlier numerical work, thereby providing a more
complete picture of the flow problem at hand. Results
presented here include the new results where buoyancy was
included compared to the results from the earlier numerical
[1] and analytical work [3][4] where buoyancy was excluded.
The comparative results shown here are for highly turbulent
axial and radial flows between parallel plates. Results are
also shown for radial flows at lower Reynolds numbers where
the buoyancy effects become more pronounced. Such
conditions may arise for solar chimney operation during
periods of low solar radiation.

The results found show good comparison to those found
from earlier numerical work and analytical formulations.
More importantly, results from new numerical simulations
provide important insights into the relevance of including
buoyancy effects in the analysis of the solar chimney
collector air stream.

NOMENCLATURE

Total area

Specific heat C,

Diameter

Heat transfer coefficient h=Nu*k/(r,-r;)
Height

Turbulent kinetic energy, conductivity
mass flow rate

Production of turbulent kinetic energy
Pressure

Heat source per unit area

Reynolds number

Temperature

u,v,w Cartesian velocity component
x,y,z  Cartesian coordinate

Greek letters

Coefficient of thermal expansion

Diffusion coefficient

Rate of dissipation

Dynamic viscosity

Density

Viscous dissipation function
Instantaneous transported scalar

Subscripts
Effective

Bulk fluid

Inner radius, inlet
Quter radius, outlet
Radial position
Static

g AFmTan>

g O E®® —l?.n'd

w =g =ma

w Wall
0 Reference

Superscripts
* Dimensionless

NUMERICAL PROCEDURE

Governing equations:

The governing equations for steady state, incompressible
and turbulent fluid flow are continuity, momentum and
energy conservation equations. The continuity equation is
given by

V.-V=0 m

and the momentum conservation and energy conservation
may be presented as a general transport equation i.e.,

2 (p4)+7-1(6)=5(0) @

3(6)=pV6-TV (6))

This general transport equation simplifies the discretisation of
these governing equations. Table 1 shows the transported
variables and source terms relevant to the applicable
governing equations. The numerical method employed to
obtain the earlier results compared here, was based upon a
finite volume flux split method [5][6], for non-orthogonal
control volumes. Furthermore, a flux blended deferred
correction interpolation scheme was used as suggested by
Péric [7] and Khosla and Rubin [8]. Details of the method
may be found in [1][2]. The numerical simulation employs
the standard k-g turbulence model for modeling of the
turbulence kinetic energy and dissipation rate. Table 1 shows
the terms relevant to the general transport equation variables
and source terms for the governing turbulence equations. The
eddy viscosity is found from

k 2
He ':pcp T (4)
E
Wall functions were employed to approximate the logarithmic
region of the turbulent velocity profile. The earlier numerical
work [2] showed that this turbulence model gives accurate
predictions for the flow conditions evaluated. Turbulent heat
transfer was included by means of a similar Boussimesq
analogy for eddy conductivity leading to

576
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Table 1: General transport equation variables and source
terms

Cpn,

k=
Prt

®

where Pr = 0.9 as recommended by White [9]. Buoyancy is
included in the present work by means of a modification of
the buoyancy terms in the momentum equations [10] i.e.

p=po(l-B(T-To)) ©)

Additional equations.
The apparent friction factor is found from field solutions
calculated from the Darcy-Weisbach relation

S ) % @
3]

Local and mean Nusselt numbers are respectively found
from

~mC,(T,-T))

N = -T)

and Nu, =

all

L
J-Nuxdx ®)
0

57

The static pressure drop along the plates was calculated
by subtracting the dynamic pressure from the total average
pressure as predicted by the CFD code i.e.

89, =5 ~5.)- 50l -57) ©®

The static pressure loss coefficient based on the inlet
velocity then becomes

Ko = Ap, /(0.5p13) @10

RESULTS
Axial flow between smooth parallel plates:

The geometry modeled, fluid properties and boundary
conditions employed are shown in figure 2. Grid independent
results were achieved for a 65x3x17 uniform grid geometry.

Figure 3 shows good comparison for the friction factor
distribution along the length of the plates. The results also
agree well with the values for the fully developed friction
factors for parallel plate flows found from equation (11) from
White [9] i.e.

1
}g? = Z-ObBIO(RCfS'S)—l.m =fp =844.14 an

at the respective fully developed hydrodynamic entrance
lengths calculated from the relation given by White [9]
namely

7
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Figure 2: Flow between parallel plates
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Figure 3: Friction factor results comparison.

Figure 4 shows the comparative code results of the heat
transfer characteristics for Re=196721. These are also

compared to the results from an equation proposed by Hausen
[11] and as given by Kréger [12] for the Nusselt number for
developing flow in ducts i.e.

0.667 014
Nu =0.0235(Re"*- 230)1.8Pr°*~ 0.8{1 + (%] I.—“—] (13)

Hw

The above-mentioned results indicate that both the
friction factor and heat transfer coefficients are not affected
by the inclusion of buoyancy for this high Reynolds number
flow. This supports the exclusion of buoyancy in the earlier
numerical and analytical work previously based only on the
large Grashof numbers involved. From Metais and Eckert
[13] we have the relation

GrPri‘-=M-Prg‘-=43,26-10° 14)
L vl L

0 4 4 ) 1 1
00000 0O000% 00007 Q0002 00002 00003 00003 00004 0.0004

x*

Figure 4: Mean Nusselt number comparison

which suggests that turbulent forced convection would
prevail for Re=196721.

Radial flow between smooth parallel plates, Re=196721:

The flow conditions and fluid properties are the same as
for the test case for turbulent axial flow between infinite
parallel plates. The geometry is also of similar size except
that the flow is between two circular plates instead of infinite
parallel plates. The plates has an outer radius of r,=12.5m.,,
inner radius r;=2.5m. An axi-symmetric wedge was modeled
with an included angle of 8=0.1 radians.

Figure 5 shows the comparative frictional pressure loss
coefficient results. As expected, the effects of buoyancy in the
highly accelerated radial flow are insignificant. The loss
coefficient due to wall friction in the entrance region between
two surfaces of radial plates and based on the inlet velocity
was derived by Kroger and Buys [3] i.e.

0.1667
K, = 0.0803g X1 o gl B (15)
g m H, )\,

where,

5/6 e
F, =(1_L) 5,5]+(i.7l—2,55{1——r-] (16)

To To

The above formulation allows for the variation of the top
plate according to the relation

-b
H= HO[L] a7

To

where b=0 for constant plate spacing in the present
calculations. The mass flow, m, in equation (15) is the total
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mass flow through the plates, m=2nr;Hpu,. Kroger [4]
presents another equation for the pressure loss coefficient for
the fully developed region for turbulent radial flows between
smooth surfaces and based on the average inlet velocity i.e.

14633107 "4 [rf[:b-o.s} X r(ﬂ”o‘ﬂ 1

K, (18)
plHo2 f (3b-03) 0.5puj
1000
i
i
‘mmm ".i” 1ho
I
CRT S — o L e I s, N I
E Kroger (deveioped fow) ' el
' s CFD Code (Bayars) | l‘:-.
a CFmA4 .
o ___!___i ____i___l ___:'-,I___‘
I i | I J
! [ r | I
NDJ : :
s

Figure 5: Frictional pressure loss coefficient for radial flow

Figure 6 shows the comparative local heat transfer
coefficient predictions. The accelerating radial flow between
the parallel plates gives rise to higher turbulent levels along
the length of the plates which in tumn increase the heat
transfer from the walls due to increased eddy conductivity
[1][2][3]. Krbger and Buys [3] predicts the local Nusselt
number for radial flows within the entrance region between
smooth plates as follows

; 0.8(1-b)
Nu, = 0.003Pr%*% (1 -LI_’.“_IIQ,] %
I, ABHA 1

6.218-15.08b

1.2-02b 2.743-3943b (l 9)
15 .
[ro J (ro ]

with the local heat transfer coefficient based on distance from

the entrance. Kréger [4] also presents an equation for the
fully developed local Nusselt number for radial flows

Figure 6: Local heat transfer coefficient for radial flow
between smooth parallel plates i.e.

_ (£ /8)Re~1000)Pr

He 1 +12.7(g, /8)°* (Pr®7 -1 =

where the local heat transfer is based on the hydraulic
diameter. The Darcy friction factor for a smooth surface in
equation (20) is be given by

fp = (1.8210g,, Re-1.64) (21)

For the radially accelerating flow described above the effects
of buoyancy is again insignificant for the Reynolds numbers
in question.

Radial flow between smooth parallel plates, Re<196721:

Figure 7 shows the fluid temperature rise at the
centerline for radial flow similar to the test case mentioned
above but for smaller Reynolds numbers. The numerical
simulation compares the results found when including
buoyancy to numerical results predicted when excluding
buoyancy. From figure 7 it is evident that the effects of
buoyancy become important at Re<318 which is in line with
the theory of Metais and Eckert [13]. They define the
approximate regimes for free, forced and mixed convection
for horizontal tubes as,

Re>10000 Forced turbulent convection
1000<Re<10000 Mixed turbulent convection
100<Re<1000 Mixed laminar convection
Re<100 Free convection

As seen from figure 7, the difference between the results with
and without buoyancy only become significant for Re=327.
At this point the steady state CFD simulations also become
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unstable, a further indication that the buoyancy effects starts
to dominate.

350

370 | — |
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Figure 7: Local heat transfer coefficient vs. Reynolds number

CONCLUSION

The numerical results presented here included the
evaluation of the effects of buoyancy at high Reynolds
number axial and radial flows between parallel plates. The
frictional pressure loss and heat transfer coefficients results
were compared to results from earlier numerical and
analytical research where buoyancy was excluded. The
comparative results suggest that these effects are indeed
negligible for the high Reynolds number flows considered
earlier. Numerical results are also shown for smaller
Reynolds number radial flows. These results illustrate when
the effects of buoyancy become relevant. Future work will
include similar evaluations at lower Reynolds numbers to
numerically study the transient buoyancy effects as well as
the influence of different turbulence models on the numerical
predictions.
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ABSTRACT

Gas turbine power plants are increasingly being used to
generate electrical power.  Tremendous effort has been
expended to increase efficiency by use high temperature
materials and exotic cooling methods. The objective of this
paper is to show that the use of regenerative cycles combined
with various modifications of the expansion and compression
processes and/or the use bottoming steam cycles allow far
greater efficiency improvement than current approaches relying
on higher temperature operation. This objective is
accomplished by developing thermodynamic models of three
physical situations: 1. the standard Brayton cycle, 2. multi-
stage Brayton cycle with regeneration, intercooling, and reheat,
and 3. The Brayton cycle with the addition of a waste heat
boiler and steam injection into the expander. The modeling is
accomplished by air standard analysis that incorporates real
effects parametrically. Based on a survey of current “state-of-
the-art” by the author, values representing this practice are used
in the thermodynamic model to determine performance
(efficiency and size) of the three cycles.. The same models are
used to clearly show that the future direction for gas turbine
development is the use of regenerative cycles that approach
isothermal expansion and compression rather than improved
material performance and sophisticated cooling systems..

INTRODUCTION
Introduction

The concept of a gas turbine and its functionality were
conceived way before there were necessary materials to
withstand high temperatures [1]. Hero in approximately 150
BC described a turbine driven by rising combustion gases.
Real development languished for nearly 2000 years until the
dawn of the industrial age in the late 1700’s. Materials an

David Dyer, Department of Mechanical
Engineering, Auburn University, Auburn, Al
36849

inability to understand design of rotating compressors and
turbines were major impediments. It was not until the early
1900°’s that any practical device was developed and
demonstrated. Early engineers had to wait for the development
of these materials to make this theory become reality [2,3.4].

A gas turbine is a device that converts chemical
energy in fuel to shaft and/or jet power. There are some
specific characteristics of a gas turbine to differentiate it from
other power sources. A gas turbine is a rotary device that
utilizes near constant pressure combustion. A simple gas
turbine consists of three components: a compressor, a
combustion chamber, and a turbine. This simple gas turbine set
can be seen in Figure 1. This gas turbine operates on the
Brayton cycle which is well documented in numerous
references (eg reference [5]).

[uel

Coml:ustion

p— Chamber
‘ompressor
—
Incoming Exhaust
Air Gases

Figure 1 Simple Gas Turbine Set
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The directions for technology improvements from the past

lie in 4 different approaches. The improvements are as follows:

1. Steam, possibly generated by exhaust gases can be
injected into the gas stream entering the expansion
turbine. The procedure produces two benefits: reduced
temperature protecting the metal from excessive
temperature and increased mass flow generating more
power.

2. Improve materials so that turbine inlet temperatures can
run higher increasing turbine life and efficiency.

3. Various techniques to cool turbine blades with either
water or air. This again allows the temperature of the
gas entering the turbine to increase that in turn
increases turbine efficiency.

4. Use of regeneration to recover exhaust energy
otherwise lost.

All of these technology directions have merit today. The
factors driving further development in technology of gas
turbines include longer life, lower cost, higher efficiency, lower
weight (particularly for aerospace derivatives), and higher
reliability.

The objective of this paper is to characterize potential
stationary gas turbine cycle improvements in succinct
categories and to demonstrate which of these cycle
improvements portend the greatest practical potential for future
improvement. These improvements are then used to specify
three different cycles that will allow the benefits of the
improvements to be studied. Finally, parametric analysis is
performed on each of the cycles to allow a comparison of the
performance improvement that the particular improvement will
allow. In comparing the various improvements, “state-of-the-
art” operating conditions are used. The thesis underlying this
work is that current efforts for improving gas turbines is
focused on improving efficiency through various techniques to
increase turbine inlet temperature and that this effort is
misdirected. The authors seek to show that efforts to produce

near isothermal compression and expansion in conjunction with
Regenerator

regeneration offers far more potential to the development of
stationary gas turbine power plants. To accomplish the
objective air standard analysis of the three cycles are made. In
an air standard cycle the working fluid is considered to be air.
The combustion process is replaced with heat transfer and the
cycle is "closed" by adding an imaginary heat rejection device.
Subsequent discussion and analysis will be with respect to an
air standard cycle. Experience has shown that air standard
analysis can be used to closely represent reality [5]. In the
analysis done in this work variable specific heats and non-ideal
compression and expansion are used. Also pressure loss in heat
exchange that is less than 100% effective is incorporated in the
analysis.

This type analysis is well developed in numerous
references [e.g. 5], and, therefore, is not repeated here. The
value of this paper is the systematic examination of various
categories of potential cycle improvements to determine the
direction for future development of stationary gas turbine
power plants.

Categorization of Potential Cycle Improvements

For the purpose of this work potential cycle
improvements are placed in three categories:

1. Techniques which allow effectively a higher inlet

turbine temperature

2. Techniques which combine isothermal

expansion/compression with regeneration

3. A hybrid of techniques 1 and 2 in which regeneration

is used to effectively allow a higher inlet turbine
temperature.

The standard Brayton cycle (B cycle), shown in Figure I,
allows the effect of higher inlet turbine temperatures to be
studied individually. The standard Brayton cycle can be
modified by use of multistage compression with intercooling
and multistage expansion with reheat to approach isothermal
compression and expansion. This allows a regenerator to be
effectively used. This modified Brayton cycle (MBR cycle) is

14 LAT
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Figure 2. Modified Brayton Cycle with Multistage Compression/Expansion, Regeneration, and
Reheat/Intercooling 582
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shown in Figure 2. The analysis of this cycle allows the second
category of efficiency improvement as listed above to be
studied.

Employing regeneration to generate steam and, in
turn, injecting the steam into the turbine (expander) can also
modify the standard Brayton cycle. This cycle is labeled the
“MBS cycle”. This serves a dual purpose of capturing waste
energy and cooling the fluid stream at the turbine inlet. This
allows the third category of improvement as listed above to be
examined. The hardware schematic for this improvement is
shown in Figure 3.

Fuel

3
Combust
Chamb
2 B
= 3
wml
Compress Turb 4

Incoming

Figure 3. Schematic of a Brayton Open-Cycle with boiler

Air standard models of the three cycles described above were
developed and use to parametrically examine the performance
of the cycles. The modeling and analysis are not included in
this paper since this information is well documented in many
standard thermodynamics texts including a detailed
presentation by the authors in reference [6]. Reference [6]
includes the actual Fortran computer program listing used and
its documentation. This paper concentrates on the results
obtained and their significance for future gas turbine power
plant development.
Results

Gas turbines can be applied to two broad areas of
power generation: the stationary power plant and the jet engine.
The jet engine does not allow significant variations from the
Brayton Cycle because of weight limitations, reliability, cost,
etc. Since this study is primarily concerned with
changing/improving the Brayton cycle to enhance performance,
this document primarily relates to stationary power plants.

Following the objective for this study, it is desired to
see what categories of improvement portend the best potential
for improving stationary power plant performance. To
accomplish this objective the cycles as described above are
modeled in a computer program. Results are obtained for each
cycle's performance using “state-of-the-art" [7] operating
conditions. These "state-of-art" conditions and resulting cycle
performance are shown for the three cycles considered. It

583
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should be noted that the “state-of-the-art' conditions used
represent the extreme of current practice. Hence, moving
beyond these conditions would be technically difficult to
achieve and would likely be extremely expensive. Experts in
the field indicate that increasing Brayton cycle efficiency by
one percent point from current “state of the art" would likely
double the capital cost [7].

The parameters used in this table to indicate cycle
performance are overall cycle efficiency and ratio of total
power of compressor and turbine to net cycle power. These
parameters were chosen to succinctly indicate performance.
Net cycle efficiency is a direct indication of the fuel cost to
operate the power plant. The ratio of total power of
compressor and turbine to net cycle power is indicative of the
cost of the power plant (a lower ratio indicates smaller
compressors and turbines and, hence, less initial capital cost).
For ease of reference, we will subsequently refer to this ratio as

s1Ze

Table I State of the Art Gas Turbine Performance

Cycles B MB | MBS
R
Compressor 85 85 85

Efficiency, %
Turbine Efficiency, % 90 90 90
Regenerator Approach n/a 400 n/a
Temperature, F

Max. Pressure Drop as 2 2 2
% of Compressor Exit

Pressure

Maximum Cycle | 3000 [ 3000 | 3000
Temperature, R

Compressor  Pressure 10 10 10
Ratio

Ratio of Compressor | 2.47 1.79 | 2.02
Plus Turbine Power to
Net Power (Size)

Air Standard Cycle | 353 | 552 | 509
Efficiency, %

The results shown in Table 3.1 are consistent with
theoretical expectations. The Brayton cycle yields the poorest
performance due to the irreversibility present. The most
significant irreversibility in the Brayton cycle is the transfer of
heat through large temperature differentials in the simulated
combustion process. An advancement that already has been
employed to improve Brayton cycle efficiency is the use of
regeneration.  Regeneration improves efficiency in two
significant ways: it captures waste energy for heating the gas
leaving the compressor that would otherwise be discharged and
it reduces the temperature differential through which heat is
added in the simulated combustion process. However, other
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means must be used to reduce the size of the power plant and to
further improve the efficiency.

To decrease the size of the power plant from Brayton
cycle requirements requires improvement in the compression
and/or expansion processes. The MBR cycle presented in this
paper incorporates these improvements. Ideally one desires
isothermal compression and expansion into an otherwise
conventional regenerated Brayton cycle. Unfortunately, there
are significant practical limitations to employing isothermal
compression and expansion. One possible means to approach
ideal isothermal compression and expansion is to use
multistage adiabatic compression with heat rejection coupled
with adiabatic expansion with reheat. The MBR cycles
described above incorporates three stages of compression and
expansion with intercooling and reheat. This cycle yields more
than a 50% increase in cycle efficiency as compared to the
Brayton cycle and a comparable reduction in size. Clearly,
these results indicate that the use of isothermal compression
and expansion are the direction one should take to gain
significant performance improvements in gas turbine power
plants. In fact, if one could employ isothermal compression
and expansion in an ideal way, the efficiency of the Ericsson
cycle (the best possible efficiency) is achieved.

There has been great interest in combined cycles
employing'a gas turbine "topping" cycle and various forms of
steam production/use generated from the waste energy leaving
the turbine exhaust. In this work, one example of this form of
power production is explored using the MBS cycle described
above. In this cycle the generated steam is injected into the
inlet of the expansion device (turbine). The results in Table 1
show that the MBS cycle is considerably more efficient than
the Brayton cycle but less efficient than the MBR cycle.

The performance of all of the cycles studied can
also be viewed on a parametric basis by using the computer
program referenced above. For each of the three cycles studied
the following figures show parametric results for the cycle
efficiency as well as size versus several important parameters:
compressor and turbine efficiency, regenerator approach
temperature, maximum cycle temperature, and compressor
pressure ratio. In each of the figures all parameters in this list
except the one plotted on the abscissa are held constant at their
base value. These base values are "state of the art" conditions
used in the study as given in Table 1. In all calculations for the
figures the pressure drop between the compressor and turbine is
taken as 2% of the compressor outlet pressure.

Figure 4 shows that overall efficiency increases almost
linearly with regenerator approach temperature for all cycles
except the Brayton (the Brayton does not employ a
regenerator). This result occurs because the amount of energy
supplied externally decreases in proportion to the decrease in
regenerator approach temperature.  Figure 5 shows that the
size of the power plant is independent of regenerator approach
temperature. The amount of compression work required or
expansion work produced is not affected by regeneration-only
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the required thermal energy input. Both of these figures show
that for any regenerator approach temperature the MBR cycle is
the most efficient and smallest in size.

Figure 6 gives a comparison of efficiency for the three
cycles considered as the compressor pressure ratio increases.
Increasing compressor pressure ratio is not desirable from the
standpoint that compressor power and cost increase. Hence, a
very desirable cycle trait is high efficiency at low compressor
pressure ratios. For all of the cycles considered with the
exception of the Brayton cycle, the cycle efficiency in Figure 6
is approximately independent of pressure ratio, which is very
desirable. These use regeneration to reduce the amount of

Overall Efficiency Vs. Variation in
Regenerator Approach Temperature
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Figure 4. Overall Efficiency vs. Regenerator Approach
Temperature
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Figure 5. Size vs. Regenerator Approach Temperature

external heat that must be supplied. A low-pressure
ratio maximizes the temperature difference between turbine
exhaust and compressor outlet, and, hence, maximizes energy
captured by regeneration. Therefore, cycle efficiency tends to
be increased from a regeneration standpoint by decreasing
pressure ratio. However, increasing pressure ratio increases net
work and diminishes the effect of cycle component
inefficiencies on overall cycle efficiency. The results of Figure
6 show that these two counterbalancing effects essentially
cancel, yielding efficiency that is almost independent of
pressure ratio. For the Brayton cycle the over riding factor is
the decreased effect of cycle component inefficiencies with
increasing pressure ratio.
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Figure 7 shows how size is affected by pressure ratio.
The results presented indicate negligible effect of pressure ratio
on size for all cycles except the Brayton. For the Brayton cycle
the size increases with pressure ratio. As pressure ratio goes up
exit temperature leaving the compressor increases. Since there
is a limit on the maximum temperature entering the expansion
device (turbine), the amount of heat that can be added in a
cycle is reduced. Hence, net work is reduced per cycle while,
compressor work is increased to achieve the higher pressure.
Therefore, the ratio of total compressor and turbine work to net
work (size) is increased.

Overall Efficiency Vs. Variation in Pressure
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Figure 6. Overall Efficiency vs. Pressure Rat
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Figure 7. Size vs. Pressure Ratio

Figure 8 shows how the overall efficiency varies with
turbine inlet temperature for the cycles considered. In all cases
the efficiency increases with inlet temperature increase because
heat transfer to the cycle occurs at a higher temperature
decreasing irreversibility associated with heat transfer through
a temperature difference. In all cases the potential increase is
relatively small over temperature range indicated.

Figure 9 shows size versus inlet turbine temperature.
In all cases the size decreases with increasing turbine inlet

temperature.  Since the overall efficiency goes up with
increasing inlet turbine temperature, the net work increases.
The turbine inlet temperature does not affect compressor and
turbine work. Therefore, the numerator in the size definition
(turbine plus compressor work) is not changed but the
denominator (net work) is increased thereby decreasing size.

While both efficiency and size are improved by
increasing turbine inlet temperature, the effect of either change
is small. Given the practical material problems posed by high
temperature operation, raising turbine inlet temperature for any
of these cycles is not attractive.

Figures 10 and 11 show how the overall cycle
efficiency and power plant size, respectively, vary with the
turbine efficiency. The results follow the expected trend-
overall cycle efficiency increases and size decreases with
increasing turbine efficiency for all cycles studied. Increasing
turbine efficiency increases the amount of power out per unit
mass while not increasing the compressor work per unit mass.
Hence, more net power is obtained with less total horsepower.
Hence, cycle efficiency increases and size decreases as the
turbine efficiency increases.

Overall Efficiency Vs. Variation in Inlet
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Figure 8. Overall Efficiency vs. Inlet TurbineTemperature
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Figure 9. Size vs. Inlet Turbine Temperature
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CONCLUSIONS

Table 1 clearly shows that the use of regeneration and
isothermal compression and expansion in the MBR cycle is far
superior to the standard Brayton cycle. These data are
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calculated with current state-of-the-art conditions that will be
difficult and expensive to improve. Figures 4 through I3
conclusively show for any cycle that improvements in these

state-of-the-art conditions will at best only result in minor
improvement in the performance of any of the cycles. Hence,
this paper shows conclusively that future effort to improve the
performance of stationary gas turbine power plants should
concentrate on cycle characteristics (in particular regeneration
and isothermal compression/expansion). Efforts to improve the
Brayton cycle by use of higher cycle temperatures or improved
efficiency of compressors and expanders are doomed to

minimal improvement potential!
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ABSTRACT

In a STeam Injected Gas turbine (STIG) steam produced
in a heat recovery steam generator, is injected into the combus-
tion chamber. This results in a power augmentation and an ef-
ficiency gain. In this paper a detailed thermodynamic model of
the steam injected gas turbine cycle is presented. This model
includes turbine blade cooling and is validated on both exist-
ing simple cycle gas turbines and steam injected gas turbines.
The importance of good modelling the turbine blade cooling
is shown. With the model the (power output) efficiency of
basic STIG-cycle as well as cycles with thermodynamic im-
provements as intercooling, heat recovery by heat exchanger
and blade cooling using steam are studied. It is shown that
steam-cooling is an interesting amelioration.

NOMENCLATURE

A heat transfer area (m?)

¢p heat capacity (J/kgK)

f fuel to air ratio (kg/kg)

LHV Lower Heating Value (J/kg)
m  mass flow rate (kg/s)

g heat per unit of mass (W /kg)

PR Pressure Ratio (-)

Q heat flux (W)

§ flow area (section) (m?)

T temperature (K)

TIT Turbine Inlet Temperature (°C)
TOT Turbine Outlet Temperature (°C)
u  mid span rotor blade speed (m/s)
v flow velocity (m/s)

w  work per unit air (J/kg)

W power (W)

Greek Symbols
o heat transfer coefficient (W /m*K)
€ cooling effectiveness (-)
n efficiency (-)
K cooling parameter (-)
¥ work coefficient of a stage (-)
p density (kg/m?)

Subscripts

b blade
¢ coolant
calc calculated
C Compressor
exp experimental - measured
g combustion gas
T Turbine

INTRODUCTION

Since the commercial introduction in the beginning of the
1980’s, steam injected gas turbines have gained more impor-
tance on the power generation market. In a steam injected gas
turbine the heat of exhaust gasses of the gas turbine is used to
produce steam in a heat recovery steam generator. The steam
is injected into the combustion chamber or between the high-
pressure and low-pressure turbine (Figure 1). Steam injection
allows improving the efficiency and specific power of a gas tur-
bine.

The most common method to improve the efficiency of a
simple cycle gas turbine in electric power applications consists
of using the steam produced in the HRSG in a separate steam
cycle with a steam turbine. This combined cycle of steam and
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Figure 1. THE STEAM INJECTED GAS TURBINE CYCLE

gas necessitates the use of two turbines in contrast to the steam
injected cycle.

Steam injected gas turbines are mostly used in co-
generation applications. The regular way of operation is that
steam is used for heating a process. If process steam is tem-
porarily not required, it is injected into the gas turbine, increas-
ing the electrigal power output. A steam injected gas turbine
becomes an extremely attractive system for co-generation if
steam injection is possible for an extended period. The ratio of
heat output to electrical power output is then completely flexi-
ble. Moreover, electrical power peak shaving is possible.

This article seeks to analyse the thermodynamic possibili-
ties of steam injected gas turbines.

THERMODYNAMIC MODEL OF THE CYCLE
Cycle components

In Figure | the steam injected gas turbine cycle is rep-
resented by it's mayor components : the gas turbine and the
heat recovery steam generator (HRSG). The gas turbine con-
sists of a compressor, a combustion chamber and a turbine.
The HRSG works with one pressure level and thus contains
one economiser, evaporator and superheater. For every part of
the cycle a calculation model was developed.

A heat balance describes each component of the HRSG.
The temperatures of exhaust gas, water and steam are used as
input, the steam mass flow rate is calculated. It is assumed that
part of the heat released by the exhaust gasses is lost through
the steam generator walls (defined by a steam generator ef-
ficiency ng). The compressor is modelled by an adiabatic
compression with a given polytropic efficiency (N..c). Given
the temperatures of the air entering the combustion chamber
and the exhaust gasses leaving the combustion chamber (TIT),
the necessary fuel mass flow rate can be calculated. Methane
(CHy) is used as fuel. The turbine is modelled as a cooled ex-
pansion. The necessary equations are derived in the next para-
graph.

Once the compression and expansion are calculated, the
specific power and the thermal efficiency of the cycle can be

Figure 2. COOLED EXPANSION

calculated as :
‘ﬁwcyde = Nmech (AWT i AWC') (1)
ch €
Neyete = }'% 2

Cooled expansion

The expansion process of a cooled stage is represented in
a h-s diagram in Figure 2. Part 12’ is the distributed represen-
tation of the cooled expansion. Part 2'2" represents the temper-
ature drop due to mixing of the mean gas flow and the coolant
flow. The pressure drop pa — p2 is the pressure loss due to
mixing.

Expansion The infinitesimal efficiency (small stage ef-
ficiency - polytropic efficiency) for a turbine is defined by

Neo,w = 1 (3]

= _dp

The heat flux extracted from the mean flow and transferred to
the coolant flow can be written for a full stage as

—AQ =Ap(Tg - Tp), @
The power deliverd by the stage is expressed as :
—AW = rhg"l-'uz. (5)

The mass flow rate is rity, = pgveSe. The ratio of cooling heat
flux and power can be written as

2. (3) () ()52
—AW Se PgVelpye ¥ ut z

The surface ratio (%:) ~ 8 (El-Masri, 1986). The heat transfer
& __ ~ 0.005 (El-Masri, 1986). We

Pevelpg

Stanton number St =
define
Ap 1
= —8t—.

k=5 ©)
With ¥ = 1.2,  is around 0.033. Finally, for modern machines
T}, can be assumed to be about 850 °C or 1123 K, and u is set
to 275 m/s (El-Masri, 1986). By distributing the work and the
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cooling heat rate over the expansion, we can assume that, on an
infinitesimal basis, the following ratio holds,

- T-T;
_._583. = Kcm—-( e b) ®
The expression is essentially the same as used by (El-
Masri, 1986), though here no reference temperature is intro-
duced in the constant k. The coolant mass flow rate needed for
a stage can be estimated from
—AQ = mcf-‘p,cs{% = Tc] . ®

It is assumed that the maximum temperature increase of
the coolant flow is from the coolant temperature at inlet 7, to
the blade temperature T},. For internal flow cooling the effec-
tiveness € can be around 0.5. For film cooling it can reach unity
because the cooling flow is brought to the outside of the vanes
and the blades, continuing the cooling till the blade temperature
is reached.

Mixing of the coolant The final temperature T = T>-
can be obtained from the global energy balance

titgCp gt Ti + titeCp o Te = (ritg +tite) p g2 Ta — ity (—Aw)  (10)

The subscripts are added to the heat capacities to indicate the
temperature dependence.

Assuming that the coolant flow does not impart momen-
tum to the mean flow while mixing, the momentum reduction
of the mean flow per unit time is v, where v is a mean flow
velocity at mixing. The corresponding pressure loss is —dp.
So

3 2 ¢
0 Mg | e, (11)
P mg p Mg
Since mixing happens in the vicinity of the trailing edge of
the vanes and the blades, this Mach number is assumed to be
M = 0.8 (El-Masri, 1986).

Solution method To calculate the expansion through
the turbine, the global pressure drop is subdivided into intervals
of 1 bar. A pressure interval corresponding to p; — p2 in Fig-
ure 2 is considered a stage. This fictitious stage has a smaller
pressure drop than a stage in reality. In a first iteration the pres-
sure difference is taken to be equal to p; — pa. This pressure
drop is subdivided into ten intervals. This is done to take into
account the variation of the heat capacity with the temperature.
For each subinterval the energy equation is written as

R,Tdp TR
—8w = —CpgdT = Ten —-—‘5—)(1+Kc
W= —=Cpg n ( P P2

Equation (12) is integrated as (12)

'R_‘_n: —k
(1 - E@‘P.sTb) (%) % (1=iFem)

Betim (1 .
(1= 5enam) + % (1- () %3
(13)

Ty=T

The work is obtained from Equation (12)

!Tzi—Tb!

A uz " 1+ KCPN? “
=AW it =TE)
K 1 -i-ch‘gg—’—*l'“

The heat transferred to the coolant flow is

—Ag=cpg(Ti —Ty) - (—Aw) (15)
In the previous expressions ¢y, is taken to be constant in the
subinterval and equal to the value at Tj. In a first iteration the
air flow rate entering the combustion chamber is set equal to
90 % of the air flow rate at the entrance of the compressor.
With this flow rate the fuel flow rate necessary to obtain the
prescribed TIT is calculated. The heat capacity and the gas
constant for the first stage are determined using this prelimi-
nary gas composition. After each stage, coolant flow is added,
changing the gas composition. New values of ¢, and R are cal-
culated. The results from the subintervals are added, giving the
total transferred heat which determines by (9) the coolant mass
flow rate necessary to cool the fictitious stage. The coolant
flow is taken from the compressor at the pressure and tempera-
ture corresponding to p;. The final temperature of the stage T>
is obtained from (10). The pressure drop follows by (11). This
pressure drop is taken into account in the next iteration of the
calculation of the expansion path trough the turbine. The pro-
cedure given above is repeated for the following stages, until
an entrance temperature is reached lower than T,. From then
on the calculations are continued without cooling, i.e. using
forgoing expressions with k = 0.

After finishing the calculations of the expansion, the air
flow rate needed for cooling is subtracted from the compressor
mass flow rate and a new fuel mass flow rate is determined.
The calculation of the expansion path through the turbine is re-
peated until convergence is reached. After completing the cal-
culation of the expansion, the work absorbed by the compressor
is calculated taking the coolant flow extraction into account.

The results of the cycle calculation do not depend much
on the choice of the pressure difference over a fictitious stage,
provided that this difference is small enough. For Ap = 1bar,
the influences on efficiency, specific power, coolant mass flow
ratio and turbine outlet temperature are below 0.002, 1%, 0.001
and | K. In the same way the results do not depend much on
the number of subintervals provided that this number is high
enough. With ten subintervals the influence on the results is
lower than the tolerances given above.

Component efficiencies

Table 1 shows the characteristic values used in the com-
putation of the cycles. The efficiencies are typical for large
axial gas turbines (Wilson, 1991). The pressure drop over the
combustion chamber is taken from (Bolland et al., 1993). The
pressure drops at inlet and in the stack are taken from (de Bi-
asi, 1990). The temperature difference between superheated

(14)
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polytropic compressor efficiency (Nw,c) 91 %
polytropic turbine efficiency (Ne,7) 88.5%
combustion efficiency 99 %
steam generator efficiency (Mseam) 96 %
mechanical efficiency (Mmech) 98 %
pressure drop steam generator 0.0125 bar
pressure drop combustion chamber 4%
pressure drop inlet 0.01 bar
pressure drop stack 0.01 bar

1.013 bar, 15 °C, ¢=60%

atmospheric conditions

Table 1. CHARACTERISTIC VALUES FOR THE SIMULATION

steam and turbine outlet is set to the 40 °C (Paren, 1992). The
gas outlet temperature of the steam generator is calculated by
taking the pinch point temperature difference at 10 °C with a
steam pressure level of 3 bar above the gas pressure level in the
combustion chamber.

VALIDATION OF THE MODEL

The model has been verified for four gas turbines in sim-
ple cycle : the GEC-ALSTHOM/GE MS 9001F (Brandt et al.,
1991), the ABB GT13E2 (N.N., 1992), the Westinghouse 501F
(N.N., 1995), and he GE LM 6000 (de Biasi, 1990) (Table 2).

9001F GTI3E2 501F LM6000
TIT (°C) 1260 1100 1288 1245
PR 13.5 15 15 29.5
€ 0.55 0.55 0.7 1
Nexp( %) 34.8 35.7 36.0 41.5
Neate(%) 3476 3524 3604 4131

TOT,,(°C) | 583 525 584 452

TOT.q(°C) | 5843 5224 5837 4505
werp (KI/kg) | 3537 3182 3716  345.0
wearc(kkg) | 3522 3162 3732 349.0

Table 2. VALIDATION ON 4 GASTURBINES

The cooling parameters in the model have been adjusted to
obtain the best possible correspondence for efficiency, TOT and
specific power. The results for efficiency and TOT are signif-
icantly influenced by the compressor and turbine efficiencies.
The values given in Table 2 were found to give the best re-
sults. The corresponding cooling effectiveness for the LM6000
is found to be 1. This is more or less arbitrary. Essentially the
same result can be obtained with a lower value of k and a lower

value of &, provided that the ratio ¥ is kept constant. For the
GT13E2 T} was set to 800 °C, as the GT13E2 is older.

For two different steam injected gas turbines enough data
was obtained to be able to calculated the thermodynamic cycle,
with and without steam injection : the Kawasaki MA-13-CC
and the GE LM2500 (Table 3). The polytropic efficiencies of
compressor and turbine were adjusted to obtain the best pos-
sible correspondence for efficiency, TOT and specific power,
without steam injection. Then the steam injected cycle was
calculated with these efficiencies, giving a good prediction of
efficiency, TOT and specific power in both cases. The steam
mass flow is not calculated, but taken out of the experimental
data. The results are shown in Table 3.

MA-13-CC LM2500
Simple Injected | Simple Injected

TIT (°C) 1010 1010 1230 1230
PR 7.7 89 184 21.6
xsin 0 0.187 0 0.070
TNeo,C 0.74 0.74 0.89 0.89
Moo, T 0.86 0.86 0.86 0.86
K - - 0.033 0.033
£ - - 0.9 0.9
Nexp (%) 221 337 357 39.0
Neatc(%) 21.9 336 354 38.5
TOTp (°C) 575 579 529 510
TOT,u. (°C) | 577 571 526 507
Wexp (KJ/kg) 180.1 344.8 3254 390.5
weate (ki/kg) | 1777 347.1 | 3190  390.1

Table 3. STEAM INJECTED GAS TURBINES

IMPORTANCE OF THE COOLING MODEL

In Figure 3 the carpet-plot of efficiency as a function of
specific power is shown for PR from 10 to 35 and variable TIT
for the simple cycle gas turbine with and without cooling. For
TIT=1100 °C the efficiency for the cooled turbine is about 0.5
% points lower than for the non-cooled cycle. The specific
power is some 10 % lower.

For higher TIT this difference gets bigger. This is caused
by the need for more coolant, reducing the work extracted in
the turbine. For TIT=1400°C the difference is 25 % for specific
power. This efficiency difference is 2.5 % points for low PR
and 3.5 % points for high PR. This clearly shows the effects of
blade cooling and the necessity of modelling it.
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Figure 3. IMPORTANCE OF THE COOLING MODEL

COMPARISON BETWEEN SIMPLE, STEAM IN-
JECTED, COMBINED AND INTERCOOLED REGEN-
ERATED CYCLE

In Figure 4 the results of the calculations for the simple cy-
cle, the steam injected gas turbine cycle, combined cycle and
intercooled regenerative cycle are put together. The cycle effi-
ciency is displayed as a function of the specific power. Pressure
ratio is varied from 10 to 35, TIT is set to 1100 °C, 1250 °C
and 1400 °C. The cooling parameters are € = 1, k¥ = 0.0333,
u =275m/s and T, = 850°C, corresponding to a gas turbine
with advanced film cooling.

For the combined cycle the steam cycle efficiency is set to
38 % corresponding with a three pressure level steam generator
(Paren, 1992).

With the state of the art gas turbine technology the steam
injected gas turbine cycle can reach a maximum efficiency of
49.5 %. The simple cycle can reach 41.5 %. Due to the extra
mass flow in the turbine, specific power augments up to 750
kJ/kg, which is 60 % more than the simple cycle.

The combined cycle can reach an efficiency of 58.5 % with
comparable assumptions as for the steam injected cycle. Spe-
cific power of a steam injected cycle can get higher. An in-
tercooled regenerative cycle can reach an efficiency of 48.9 %.
The specific power is smaller than for the steam injected cycle.

STEAM INJECTED GAS TURBINES WITH HEAT EX-
CHANGERS

In Figure 5 the carpet plot is shown for the STIG-cycle
with added heat exchangers, for PR from 10 to 35 and
TIT=1250 °C. For different TIT’s the results are essentially
the same.

Adding an intercooler to the steam injected gas turbine-
cycle gives no amelioration of efficiency. By adding intercool-
ing, the work of the compressor is reduced, but the temperature
of the air is lowered, resulting in a higher fuel mass flow rate.
The combination of all these effects results in no gain in effi-
ciency of the steam injected cycle. These results are in accor-
dance with the results found by Macchi et al. (1994). Specific

T00 L]

Mn’?ﬁ (]
Figure 4. SIMPLE CYCLE, STIG, COMBINED CYCLE AND INTER-
COOLED REGENERATIVE CYCLE

power is almost constant for the range of PR. There is a gain of
about 10 % compared to the basic steam injected cycle for low
PR and about 50 % for high PR.

By adding a heat exchanger between the gas turbine out-
let and the steam generator inlet, a small efficiency gain can
be made comparing to the steam injected cycle. In Figure 5
the results are presented for a regenerator effectiveness of 0.7
and pressure drops at the air side and gas side of 0.02 bar. The
pressure drop in the intercooler is set to 0.025 bar. Lower-
ing the effectiveness of the regenerator, thus making more heat
available for the steam generator, lowers the efficiency. For
TIT=1250 °C and PR=30 and effectiveness 0.7, 0.5, 0.25 and
0, the corresponding efficiencies are 49.7, 49.0, 48.3 and 47.8
%. This can be understood by considering that adding heat to
the air leaving the compressor directly reduces the amount of
fuel needed to obtain TIT, leaving the work output unaffected.
Producing more steam gives a raise in work output, but also
a raise in fuel consumption, thus resulting in a smaller effi-
ciency gain. The specific power is in the same order as with
the simple steam injected cycle, though it does not reduce with
raising PR. Comparable results were obtained by (Bolland et
al., 1993), though they propose the far more complex DRIASI-
cycle (dual-regenerative intercooled aftercooled steam injected

50
PR

40

Figure 5. INTERCOOLED STIG, INTERCOOLED REGENERATIVE
STIG AND STIG WITH REHEAT
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cycle), which uses water injection.

Adding sequential combustion to a gas turbine, i.e. ex-
panding the combustion gas in the first stage of the turbine and
then reheat it to original TIT, has as a result that the TOT raises.
The efficiency of a simple cycle decreases because of the extra
fuel consumption. Specific power augments. In a steam in-
jected cycle more steam is produced by implementing sequen-
tial combustion. This results in an increase in work output but
a loss in efficiency. The loss in efficiency can be explained by
the need for more coolant flow in the reheat cycle: the steam
mass flow rate has risen and by adding reheat more stages have
to be cooled. For low TIT these effects are less pronounced,
resulting in a small efficiency gain.

It is practically not useful to add an intercooler or a regen-
erator to the steam injected cycle. Only a very small efficiency
gain can be obtained at the expense of a large increase in sys-
tem complexity. Adding reheat in a steam injected cycle is in
general not beneficial where efficiency is the main concern.

STEAM COOLED STEAM INJECTED GAS TURBINE

Instead of using the compressor air as coolant fluid for the
vanes and blades, it is possible for a steam injected cycle to use
a part of the produced steam. By doing this the efficiency loss
associated to the use of cooling air extracted from the compres-
sor is avoided. A further beneficial effect is that the amount of
steam to be injected in the combustion chamber is reduced.

In Figure 6 the steam cooled STIG is compared with the
steam injected cycle. A steam cooled steam injected cycle
gives a significant gain in efficiency and only a small change
in specific power. For TIT=1250 °C an efficiency of 51 % can
be obtained, for TIT=1400 °C even more than 52 % is possible.
For the calculation of the cooling, the same cooling parameters
have been used as mentioned before. The calculations showed
that in all working points more steam is produced than needed
for the cooling. This extra amount of steam is then injected
into the combustion chamber. In the simulation all steam is
produced at a pressure equal to combustion chamber pressure
plus 3 bar. The efficiency gain obtained by steam cooling is not
very high. The basic reason is that steam is now injected into

55

Efficiency (%)

Spedific power (KI/kg)
Figure 6. STEAM COOLED STIG

the gas path at pressures lower than the combustion chamber
pressure, resulting in a lower power production.

For low PR and high TIT the specific power diminishes
significantly compared to the simple steam injected cycle. This
is because in this case almost all the produced steam is used
for cooling the turbine blades and vanes, resulting in a smaller
work production of the steam. For higher PR this effect is re-
duced.

CONCLUSION

The previous study shows that a steam injected gas turbine
can be very attractive for electric power applications and co-
generation. For the basic steam injected cycle configuration,
the efficiency can be about 49 %. Specific power is raised with
about 60 %. This confirms what is generally accepted to be the
performance of the steam injected gas turbine.

Adding intercooling, regeneration or reheat to the simple
steam injected cycle ameliorates the efficiency, but the gain is
not worth the complication of the cycle.

Using steam as coolant fluid for the steam injected cycle is
arelatively simple modification, which augments the efficiency
to about 52 %. This is an attractive amelioration.
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ABSTRACT

For the solving of different problems in designing of new and
exploitation of the existing steam and gas turbines it is necessary to
perform the calculation of heat transfer on disc surfaces (i.e. on
rotor surfaces) and for this the values of convective heat transfer
coefficients have to be known. The latter are most frequently
determined on the basis of correlations obtained by means of
experimental measurements, often without checking the possibility
of their application in the individual case. In literature, there is a
definite number of empirical correlations proposed by various
researchers, which are mutually distinguished with regard to the
range of change of the geometrical and gas-dynamics parameters
and with regard to choosing physical properties. All this makes their
application more difficult.

Therefore, in the paper, the systematisation of empirical
correlations from literature is performed first, and after that the
original generalised correlations are proposed obtained by means of
statistical analysis of calculation results by systematised single
correlations. The original generalised correlations proposed in the
paper ensure accuracy of calculations which satisfy engineering
applications.

INTRODUCTION

The first typical designing problem faced by the engineers
involved in the design of steam turbines today, and especially for
high temperature gas turbines, are temperature stresses, which are
particularly high at transient working regimes, and the related useful
life of turbine discs (of rotors). The flow of the working fluid of
high temperature through the sealing clearance in the space between
turbine discs and the corresponding stator elements can cause their
overheating which causes shortening of their useful life [1]. The
second problem is optimisation of air flow for cooling at cooled
turbine discs [2]: excessive air reduces the isentropic efficiency
while insufficient air can lead to catastrophic damages and
fractures. The third problem is determination of power losses due to
ventilation and friction of disc which causes the air flow for cooling
[2]. For effective and reliable solution of previous problems it is
necessary to determine the temperature field of discs (i.e. of rotors)

for turbine working range, which requires the knowledge of local or
average values of convective heat transfer coefficients, depending
on the required accuracy of calculations.

The various systems exist by which the heat transfer on surfaces
of steam and gas turbine rotors is modelled. First, it is the heat
transfer on single disc which rotates in free space, i.e. free rotating
disc (Fig.1a), and heat transfer on disc rotating close to stationary
wall or between stationary walls, i.e. rotor-stator systems, which
can be closed (Fig. 1b), open (Fig. Ic) and shrouded (Fig. 1d). The
rotor-stator systems are distinguished with regard to the dimension
of clearance between disc and stationary walls (large or small),
presence or absence of the superposed flow in clearance, and in case
of presence, how it is directed (from centre to periphery or vice
versa). For all cases there is the heat transfer in laminar and
turbulent regions, in dependence on the flow regime in the
boundary layer on disc.

The simplest is the case of heat transfer on the free rotating disc
for which there exists the exact solution of Navier-Stokes equations,
while the cases of heat transfer on disc rotating between stationary
walls are more complex [3].

Heat transfer by radial flow in the clearance between rotating
discs and stationary diaphragms is most frequent in many designs of
steam and gas turbines [3].

The shrouded system is obtained when the cylindrical shroud is
added on the stator of the open system, e.g. the labyrinth seals in
gas turbines which prevent inflow of cooling air in the space of
working fluid (of hot gases), i.e. of working fluid in space around
disc [3].

Along with the systems represented in Fig. | the cases of co-
rotating discs and discs with rotating deflector are very frequent in
gas turbines [3].

Heat transfer on disc surfaces is determined by Reynolds
number, and at rotor-stator systems additionally by flow vortex
which depends on the large number of geometrical and flow
parameters (e.g. about the relative clearance between rotor and
stator, conditions on neighbouring walls, fluid flow through
clearance, initial vortex (pre-swirl), etc.) [3]. In real conditions, with
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steam and gas turbines in case of rotating disc the Reynolds
numbers are high and the flow is markedly turbulent [2].
'}

%

Figure 1: Schematic Representation of Free Rotating Disc (a),
Closed Rotor-Stator System (b), Open Rotor-Stator System (c) and
Shrouded Rotor-Stator System (d)

In general, the convective heat transfer coefficients can be
determined on the basis of experimentally obtained dependencies
(correlations), then by analytical methods and more recently by
numerical methods as well [2, 3, 4].

Also, the tendency is still present that simple exponential
equations (correlations) of type Nu_ =cRe” are used in the

engineering practice for calculation of the average convective heat
transfer coefficients [5]. Further text refers precisely to these.

NOMENCLATURE

base of natural logarithms

kinematic factor (-)

mass flow (kg/s)

Nusselt number

Prandt] number

volume rate of flow (m%s)

relative volume rate of flow [/ pwR’ ] (-)

outer radius of disc (m)
current radius of disc (m)
relative radius (-)
Reynolds number
clearance width (m)
relative clearance (-)
temperature (K)
temperature difference [T+T4 (K)
velocity (m/s)

reek Letters
X flow vortex (-)
thickness of boundary layer (m)
density (kg/m®)
angular speed of disc (s)
Subscripts
average
shroud
disc
fluid
radial component
clearance

A AMLEEF T

=G s

EO

h-c'*-\n,_ng

@ rotational; tangential component
0 hub radius

1 starting radius

2 final radius

CHARACTERISTICS OF EXPERIMENTAL
INVESTIGATIONS AND SINGLE
CORRELATIONS FROM LITERATURE

In experimental investigations of heat transfer on lateral
surfaces of the disc (of the rotor) the basic methodical difficulties
appear in determining the heat flux which is transferred on the
respective section of the disc radius [6, 7, 8, 9]. In the better case,
when using the discs with lateral annular electrical or water surface
heaters, it is possible to ensure measurement of heat amount which
is transferred on the section no less than 15% of the radius. When
using discs with internal electrical heaters or heat supply to disc
over the cylindrical surface the limitation is usually the
measurement of total amount of heat which participates in the heat
transfer. The local values of heat transfer coefficients are sometimes
determined by indirect method of heat conduction [10, 11].

Also considerable difficulties are caused by determining fluid
temperature, which is used to calculate the heat transfer coefficient.
In laboratory conditions it is ensured that the stator surface against
disc is adiabatic, and the values of heat transfer coefficients are
determined according to the difference of disc temperature and fluid
temperature in the centre of the clearance on the given radius [7, 12,
13, 14]. In some investigations of heat transfer in rotor-stator
systems with superposed flow, values of the heat transfer are
determined according to the difference of disc temperature on the
definite radius and fluid temperature at the clearance entrance [11].
In case of the indirect method of heat conduction for rotors of real
turbines the heat transfer coefficient values are usually determined
according to the difference of disc temperature and average fluid
temperature in the clearance on the given radius [10]. The values of
the latter are determined by calculation.

The reliability of the single used experimental method of the
majority of investigators is checked by calculation of heat transfer
on the free rotating disc for which there are theoretical solutions for
laminar and turbulent boundary layer [4].

The experiments [6, 8, 9, 14, 15, 16, 17, 18] on the free rotating
disc are performed by using electrical, water and discrete
calorimeters. The experiment results agree well with the theoretical
solution.

In all the experimental investigations of heat transfer on disc
surfaces of open rotor-stator systems without superposed flow in
clearance [7, 12, 13, 14], the obtained maximal values of the
Reynolds numbers are lower than at modern stationary gas turbines
(up to 107) and jet engines (up to 4*10") [3]. The results of
investigations indicate the presence of core with constant angle
velocity and temperature in the centre of the clearance [7, 12].
Some of the correlations describe the heat transfer only in the
central part of the disc [7, 12, 13]. Simultaneously, in the region of
the disc hub and especially on its periphery the intensification of
heat transfer has been observed, related to the phenomenon of three-
dimensional flow in boundary layers. Data about the dependence of
clearance width on heat transfer in open rotor-stator systems
without superposed flow are contradictory [7, 12, 13, 14].

594

Digitised by the University of Pretoria, Library Services, 2015



The air inflow (i.e. the existence of the superposed flow) in the
clearance of opened rotor-stator systems results in considerable
decrease of the critical Reynolds number. In investigations of heat
transfer on disc surfaces, cooled by air flow directed to periphery of
the disc, the values of heat transfer coefficients are determined both
on laboratory experimental devices and by indirect method of heat
conduction for rotors under conditions relatively close to the real
ones [7, 10, 13, 19, 20, 21]. Essential dependence of heat transfer on
the manner of air introduction into the clearance is noticeable: the
pre-swirl of flow on the clearance entrance, presence of holes for air
supply, etc., increase the heat transfer [7, 9, 13]. In some
experiments [7, 9, 13] considerable decrease of heat transfer was
observed with the increase of air flow through the clearance, while
in case of others [10], the dependence of heat transfer coefficients
on air flow has not been generally observed.

The presence of shroud in shrouded rotor-stator systems has two
effects: on rotating disc it stipulates high shear stress due to viscous
friction and it reduces amount of fluid which gets to the disc [2].
The first effect increases the Nusselt number while the second effect
decreases the coefficient of the friction moment and with this the
Nusselt number. Due to the second effect there exists the value of
relative clearance up the shroud at which the Nusselt number
obtains the minimal value. It will increase further with the decrease
of relative clearance up the shroud. With lower values of the
rotational Reynolds number the weaker influence of rotation on heat
transfer is observed, which needn't be the case with real turbines.
Investigations of heat transfer in shrouded rotor-stator systems are
of the more recent date and are mostly investigated by numerical
methods while the relatively few experiments serve only for
determining of mutual influences of the geometrical and flow
parameters and for the final confirmation of numerical results [2].

In all investigations of heat transfer on disc with rotating
deflector the characteristic change of heat transfer coefficient along
the radius by constant superposed air flow for cooling and rotational
speed is observed [22, 23, 24]. The heat transfer shows considerable
dependence on the design of element for introduction of air into the
clearance. The values of heat transfer coefficients on the disc with
rotating deflector depend slightly on the superposed air flow
through clearance and they increase considerably when the radial

velocity of flow exceeds 7 to 10 times the tangential velocity of
disc. The dimension of the clearance between discs influences heat
transfer after connecting the boundary layers. Further decrease of
the clearance width leads to considerable decrease of heat transfer
on disc surfaces, which is related to the increase of superposed flow
vortex.

The basic qualitative difference between heat transfer on the
stationary wall and the opposite rotating disc surface is stipulated by
different absolute magnitudes of tangential components of velocity
on the external and internal boundary of the boundary layer (3, 13,
14].

SYSTEMATISATION OF SINGLE CORRELATIONS

Everything that has been mentioned here complicates the
practical usage of the collected experimental materials. Therefore,
Guzovi¢ [5] systematises first the single correlations from the
available literature into five groups:

1* group: correlations for calculating the average Nusselt numbers
(of the average heat transfer coefficients) on the free rotating disc
(Table 1),

2™ group: correlations for calculating the average Nusselt numbers
(of the average heat transfer coefficients) in open rotor-stator
system without superposed flow (Table 2),

3" group: correlations for calculating the average Nusselt numbers
(of the average heat transfer coefficients) in open rotor-stator
system with superposed flow directed to periphery of the disc
(Table 3),

4™ group: correlations for calculating the average Nusselt numbers
(of the average heat transfer coefficients) on the disc with rotating
deflector i.e. on co-rotating discs (Table 4),

5™ group: correlations for calculating the average Nusselt numbers
(of the average heat transfer coefficients) on the stationary wall
opposite the rotating disc (Table 5).

The tables also present the application scopes of the flow and
geometrical characteristics for which the application is
recommended.

The work [5] also describes in detail the single experiments.

Table 1: The Single Correlations for Calculating the Average Nusselt Numbers on the Free Rotating Disc

References Correlations Application ranges Distribution of AT
Re,*10° »R along radius
Cobb and Saunders [8] Nu,, =0,015Re.* 4-13 0,57-0,81 const.
Richardson and Saunders {15] Nu,, =0,0138Re;* . - .
Kapinos [9] Nu,, =0,027Re,* 2540 0,38-0,9 oF?
Nikitenko [14] Nu,, =0,0194Re)* 329 0,3-0,8 const.
Kapinos et al. [6] Nu,, =0,0196Re}* 3-10 0,3-0,85 const.
Gregory and Walker [16] Nu,, =0,0145Re,* 0,35-7 2 .
McComas and Hartnett [17] Nu,, = 0,0198PrRe)* 026 . .
Owen et al. 18] Nu,, =0,0171Re,™* 2-40 g g
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Table 2: The Single Correlations for Calculating the Average Nusselt Numbers in Open Rotor-Stator System without Superposed Flow

Application ranges Distribution
References Correlations . of AT alon B
Re,*10° | oR /R e ’
: 0.8 n I
Mironov 1 ol " 0.
{12] and Nu, =001 —~1 Re"| — L 240 0,011- | 0,445- i 0,38-
[13] B, r R 0,067 | 0,935 aF 0.48
m- from diagram
N“{“]‘:;‘k" Nu,, =0,0217Re’* 3510 | 9% | 0308 | const s
Kuznecov _ _ 75 0.8 0,011- 0,57- —0,2
% Nu,, = 0,024(1- 8, J"" Re? oz | QLT 0 1,

Table 3: The Sinle Correlations for Calculating the Average Nusselt Numbers in Open Rotor-Stator System with Superposed Flow Directed to
Periphery of the Disc

Application ranges Distribution
References Correlations Re, *107 of AT yi?
(;{vl) SR rR along radius i
0,636*10°
Caplin [19] Nu,, = 0,015 Rel*- S — 25-10 %.(F;- ) ) )
ea, ’
* 5
Nu, =|0,015Re * - M ¥
Re
155 =
Caplin [19] o s\ 2,5-10 it . ) ;
. Y L R -1
2,5%10 2 5%10°2
Kapinos R 0.3 % 0,06
o 08 pr-0, | 5-35 0,016- 0,38- 5
[#1and Nu,, =0,0346Re," K, [_J A 067 | 0064 | 046 ~F .
[21] 2 2
1 0.8 R -m -0,2
§
: Nu _ =001l — - Re%® —’-) — 240 0,011- | 0,94- oy 0,18-
M|T 1“]“ " (ﬂw qu g [ r R, (6-260) 0,067 | 04s w P 0,22
¢, i - from diagrams
Kuznecov 3 75 0,9-20 0,027- | 057- )
(M Nu,, =00235(1+c? (1 8, )" Rel (252100 | 011 | 081 e "
0‘[’[‘5‘;}“ Nu,, = 0,03Re,’ (10-100) : * - 7 :
R 0,3 2 1.06
s 0,008-
Kapinos Nu_ =0,035Re’" Re™'| =L | | == 540 y - - -
50) av e R R, 0,0375

596

Digitised by the University of Pretoria, Library Services, 2015




Table 4: The Single Correlations for Calculating the Aver.

e Nusselt Numbers on the Disc with Rotating Deflector i.e. on Co-Rotating Discs

Application ranges D;su;;bz;ﬁon
Correlations *107 of AT along i}
References Re, oR »R o o
(Kvy)
Bumik 22) | Nu,, =0,0339Rel* e !4 (g’}j'g) " 0,94-0,34 706 0-0,65
i s ) = 0,2-6
Buznik et al. - 0.8 = 0,6-10 0,015 st i
23] Nu,, =0,059Re, V( R] 26) 0.06 0,86-0,33 =~ const.
V- from diagram
Kﬂlg:ios Nu,, =0,0235Rel" V % ﬁ‘)" 006 | 0,86-0.33 ~const 0-02
Table S: The Single Correlations for Calculating the Average Nusselt Numbers on the Stationary Wall Opposite the Rotating Disc
Application ranges Distribution
References Correlations Re,*10™ of AT along B
% SR R radius ’
(Kvy)
Nu,, =0,025Re>* B2%(n+2,6)"* *
Shvec 5o o1\ ) _ ) } i
*{1 _ X -0,
3] (1-0,5858"° Re;™)
n- from diagram
m -0,2
Mironov _ os| T s 0,011- 0,45- 7k 0,38-
[13] Nu,, =0,011Re, [R_J [R_] 2,040 0.067 0.94 o F 048
2 2
Nikitenko - 0,8 ) )
(14] Nu,, -0,0l?SRew - -
m -0.2
Mironov |\ _ 0 01100 Re%| s 6?:-24600] 0,011- 0,94- s 0,18-
(3] Uq =0,0lep™ Re, | o= | | & ( 0.067 0,45 =r 022
2 2

STATISTICAL ANALYSIS AND ORIGINAL
GENERALISED STATISTICAL CORRELATIONS

In order to simplify and accelerate the determining of average
convective heat transfer coefficients in engineering application,
Guzovic [5] analyses statistically the groups of systematised
correlations, i.e. the results of calculations of average Nusselt
numbers, and the results are the original generalised statistical
correlations of type Nu,,=cRe".

The statistical analysis is performed by means of a spreadsheet
calculator on a computer (method based on the least square method
and dragging of exponential “trendline™). The obtained original
generalised statistical correlations which replace a particular group
of the systematised single correlations from the literature are
presented in Table 6. Table 6 also presents the ranges of flow and
geometrical characteristics changes recommended during their
usage.

Due to identical calculations of Nusselt numbers according to
systematised correlations in single groups, equal values of
geometrical and flow characteristics (e.g. relative radius, relative
clearance, flow pre-swirl, flow vortex, kinematic factor, etc.) have
been inserted as needed.

Also, Guzovi¢ [5] compares the calculation results obtained by
the original generalised statistical correlations and by single
correlations from literature.

CONCLUSION

In the course of the last several decades heat transfer on the
surfaces of steam and gas turbines rotors has been continuously
investigated experimentally and theoretically, and it has large
significance in practice.

The original generalised statistical correlations obtained by
generalising a larger number of single correlations available in
literature give, as the comparisons show, the accuracy of calculation
results which is acceptable for engineering applications. These
correlations can be applied in heat transfer calculations on various
types of rotor-stator systems. The application scope of the original
generalised statistical correlations is considerably greater than of
any single correlation, because generalised correlation covers the
ranges of geometrical and flow characteristics of all the single
correlations.
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Table 6: The Original Generalized Statistical Correlations for Calculating the Average Nusselt Numbers in the Turbine Rotor-Stator Systems

Application ranges
Type of rotor-stator system Correlations Re,*107, oR R Be
(Kvy)
Free Rotating Disc Nu,, = 0,0088Re """ 0,240 : 0,309 -
Open rotor-stator sysﬂtzts without superposed Nuw =0,0066Re 0,8817 0,940 060(;?1- 030,935 0,38-0,5
Open rotof-stator system with superposed =y 0,5515 0,940 0,008-
flow directed to periphery of the disc Nu,, =0,5267Re, ©6260) | o015 | 038094 | 018622
Disc with rotating deflector i.e. co-rotating _ 0,6821 0,1-10 0,015-
i Nu,, =0,1966Re,, (©0.1-6) 0,06 0,33-0,94 0-6
. : : . _ 0,7445 240 0,011-
Stationary wall opposite the rotating disc Nu,, =0,0229Re, (6.260) 0.067 0,45-0,94 | 0,18-048
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ABSTRACT

The primary focus of the presented study is to
determine the influence of the clocking effect on
efficiency of a turbine. Experimental investigations of
the detailed flow structures in a two-stage low-
pressure turbine (TM-3) were conducted at the
Institute of Turbomachinery (Instytut Maszyn
Przeplywowych => IMP) of the Technical University
of Lodz (=>TUL, Poland). TM-3 (situated at IMP
laboratory) in order to perform these tests was
modified in 1994/95. Modifications included special
clocking mechanisms to allow the first stage vanes
and the second stage vanes to be moved
independently and in relation to the casing (more
details can be found in [1]). Analysis of the
experimental results included turbine performance as
well as flow measurements throughout the flow field
for different relative circumferential stator positions,
Cyclic changes were observed for all measured
parameters and the position of the maximum machine
efficiency was found. The measurements were
conducted for a strictly constant inlet/outlet pressure
ratio and the rotational speed. In order to achieve
high accuracy of the measurements a lot of detailed
tests with a very high confidence level were
performed. The averaged results showed an efficiency
benefit from 0.1% to 0.5%.

INTRODUCTION

In order to improve performance and prediction
methods for multistage turbomachines understanding
of the unsteady flow is essential. Recently great
attention has been paid to relative circumferential
position of blade rows in consecutive stages.
A growing number of experimental and numerical
studies concerning clocking effect were carried out in
recent years to investigate these flow phenomena both
in turbines (e.g. [2], [3], [4], [5]) and compressors [6]
(they are similar to those for turbines). It shows the

interest in finding the new ways for improving the
performance of the turbomachines.

This experimental work was carried out at IMP
and was continuation of earlier studies since 1994
(e.g. [7][8]). The main objective of the test program
was to experimentally investigate vane-clocking effect
on the performance of the two-stage low-pressure
turbine. Changing the clocking positions of the first
and the second stator vanes was performed
independently during the tests (without stopping the
turbine and dismantling it) in the range of more than
2.5 relative pitches (based on stator vane geometry).

NOMECLATURE

b cord of the vane [mm]

& absolute velocity [m/s]

H height of the vane (channel) [mm]

m mass flow rate [kg/s]

M shaft torque [Nm]

n rotational speed [Hz] or part of nominal n

P pressure [Pa]

P shaft power [W]

Re  Reynolds number based on a chord

1 temperature [K]

r pitch of the stator [mm]

Tu  turbulence level (rms)

x circumferential position (along the pitch 7)
y radial position (along the height H)

Greek symbols

a flow angle (absolute frame) [°]

n efficiency

Subscripts

0 first stator inlet = turbine inlet

i/ first stator exit = first rotor inlet

2 first rotor exit = second stator inlet

3 second stator exit = second rotor inlet
4 second rotor exit = turbine exit

m midspan

! total

nom nominal
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FACILITY

The series of tests were conducted on the two-
stage low-pressure turbine with the eddy-current
brake. The layout of the turbine test rig is presented in
Fig. 1. A two-fan set provided a continuous airflow to
the test rig. The inlet air parameters were as follows:
total pressure py;, = 15.5 £ 0.05 kPa, total temperature
Tip= 318 £3 K, mass flow rate m =3.50 + 0.02 kg/s.
The rotational speed was in the range 23 to
58 Hz. Variation of the rotational speed # at each
working point was less then 0.02 Hz during the
measurements.

The turbine geometry with some clocking
positions is presented in Fig. 2. Both stages are
identical. The number of the cylindrical vanes on the
stators and the twisted blades on the rotors is 16 and
96, respectively. The clocking position x/T=0.00
determines the situation when the 2™ stator vane has
the same circumferential coordinate as the vane of the
Ist stator. The big stator vanes (compared by
dimension to the twisted rotor blades) allowed
performing detail studies of vane surface flow
phenomena (the measurement and visualization
techniques are presented in [9]). More detailed
description of the test facility geometry and the flow
measurements can be found in [1].

INSTRUMENTATION

The basic flow parameters (total and static
pressure, total temperature, velocity vector) after the
annular cascades were surveyed at the beginning (at
each measuring plane) with pneumatic five-hole
probes (with thermocouple mounted in the lower part
of each probe [10]). The pneumatic signals were
received by a 48-channel pressure system and
recorded simultaneously with thermo-couple signals
by the data acquisition-controlling system.

0 ]
| 753 74 ol
FIK]
T, =061 ’_'l
Th,, =088

b=114,3

017

AN

Re, 6.1+ 10°

~2.50]

T Ean
Figure 1: Layout of the TM-3 turbine (IMP TUL)
1. Air filter 2. Noise silencer 3.Venturi tube 4.Fan #1
5. Fan #2 6. Air-duct 7. Honeycomb straightener
8. Inlet ring 9. Turbine 10. Shaft 11. Brake

For unsteady 3D flow measurements three-sensor
hot-wire probes were used. The sensors were
3 mm long, made of a 9 um tungsten wire. The
thermoanemometric probe was always aligned
through on-line control with the mean flow direction,
which was determined from the earlier five-hole
pneumatic probe measurements.

The data from the hot-wire anemometers were
simultaneously recorded by the digital multimeter
(DC part of the signal) and the transient recorder (AC
part of the signal) to obtain the maximum resolution.
The data acquisition was triggerad by a photocell
located at the hub of the rotor.

Blade wakes were sampled in a one-time window
with a digital resolution of 256 points at a sampling
frequency of 250 kHz. After one rotor revolution, the
next time-window was recorded, until 256 of these
time-windows were stored.

4

202 8l

QAL

Re, =3.7-10¢°

Re, 6.3+ 10*

Re.=3.5:10°

Figure 2: Turbine geometry with the measuring planes and some clocking positions presented
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More detailed descriptions of the probe calibration
method and the data reduction during measurement
session (decomposition of the unsteady signal) is
givenin [11] and [12]. This part of work was done in
cooperation with IST RWTH Aachen (Germany) and
is similar to Gallus experiments [13].

The external characteristic measurement data
(torque, rotational speed and power of the turbine)
were obtained with the eddy-current brake controlling

system.

EXPERIMENTAL RESULTS

For external characteristic = measurements,
experimental data have been obtained for 29 different
clocking positions of the two stators.

It is worth noting that clocking effect influences
the whole test rig, not only turbine. At earlier studies
the changes of overall mass flow, inlet flow
parameters etc. were observed due to the clocking
effect (flow blocking effect). In this study the special
precautions were taken to ensure the constancy
(steadiness) of the overall characteristics of the test
rig at each operating point, especially constant
rotational speed and the difference between inlet total
pressure and outlet static pressure (a special phase
converter was used to control the first fan drive, Fig.1
=> #4, to ensure the flow stability). The additional
devices for controlling and eliminating outer
disturbances and electromagnetic noise were also
used. Aside from this, based on the earlier results, the
number of measurements was significantly increased
and more stringent statistical criteria were used during
the measuring sessions.

Figures 3 and 4 show the torque and turbine
efficiency (calculated with the mechanical method [2])
changes versus different rotational speed. They are
presented relative to the value for the clocking
position t/T=0 and nominal rotational speed n=ngm
for different clocking position of the two stators. For
such a presentation, due to the required scale, no
differences can be observed. In this paper the
presented values from the range of more then 2.5 T
were averaged to the one-pitch range <x/T=0x/T=1>,
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Figure 3: Relative torque versus different rotational
speeds (see explanation in the text).
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Figure 4: Relative efficiency versus different

rotational speeds (see explanation in the text).

The differences are clearly detectable when they
are related to clocking position x/7=0.00 individually
for each rotational speed (Figures 5 and 6), especially
for lower rotational speeds. For higher values of the
rotational speed the differences are significantly
smaller but still detectable.

n/n, .,
] \ —5—0.47
1,004 4 —5-051
/ F/]‘\\ —A— 058
1 —o—0.61
_ —#r— 0,68
—&—0.85
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0.998 +——f——

0 02 04 06 08 1
x/T
Figure 5: Relative torque versus different clocking
positions (see explanation in the text).
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Figure 6: Relative efficiency versus different
clocking positions (see explanation in the text).
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The results presented in this paper are similar to
those obtained by Huber et al. [2] but obtained in
wider performance range.

During five-hole pneumatic probe measurements
the measuring planes (see Fig.2) were traversed with
the help of computer controlled stepper motors from
the hub to the outer casing of the turbine for 39 radial
and 29 (along one pitch) circumferential positions.
The Fig. 7 presents, as the example, the flow angle
after the second stator for six (every 1/6 of the pitch)
different clocking positions along one pitch of the
stator vanes. Fig. 8 (a and b) shows, as the
continuation of the previous example, the comparison
of the pitchwise-averaged flow angle downstream the
annular vane cascades for the same six clocking
positions (Fig. 2).

Subsequently the unsteady flow measurements for
different rotational speeds were performed using 3D
hot-wire probe for 13 (along one pitch)
circumferential and 26 radial probe positions. It was
found that with increasing rotational speed, the flow
becomes more mixed and tranquillized, and the
differences between stator clocking positions are be-
coming much less pronounced. Fig. 8 (c) presents, as
the continuation of the example, some results of the
pitch-wise  averaged unsteady flow angle
measurements downstream the rotors (clocking
positions every 1/4 of the vane pitch in this case). The
variation of the measured values influenced by the
stator-to-stator clocking position is rather difficult to
be detected due to the strong mixing phenomena but
it could still be recognized [14].

Significant differences can be observed for the
different clocking positions after the second stator
and, of smaller magnitude, after the second rotor.

With the increase of the rotational speed it was
also observed that the flow tends to calm down
(lower level of Tu), especially in the central part of
the flow channel (also due to bigger values of the
velocity). The variation of the turbulence level Tu,
influenced by the stator to stator clocking position
was detectable and the differences were in the wider
range for the clocking position x/7'= 0.5 [8].

The results were consistent with those previously
reported which had been, however, obtained utilizing
different measuring method (three-sensor hot-wire
probes versus pneumatic five-hole probes).

Figure 7: Flow angle after the second stator for six
different clocking positions along one pitch of the
stator vanes (every 1/6 of the pitch)
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CONCLUSIONS a)
Experimental investigations aimed at detection of 1.0

stator-to-stator  interaction (by varying the

circumferential relative position of consecutive vane

rows) of a two-stage low-pressure turbine were 0.8
performed.
The results of precise measurements of the power 06

and torque output differed very slightly around the
nominal operating point. Only for the off-design
rotational speeds (high load conditions) the effect of 04
the indexing is clearly detectable and the overall

performance of the turbine is detectably influenced by |
the clocking position of the two stators. 0.2 j

yH

It leads to the conclusion that, in some
conditions, the measurement of the external 0.0
characteristics (torque, power etc.) alone may . y ! A g
provide insufficient evidence of the influence of the 8 12 16 20 24
clocking position, especially close to the nominal Alfal [ deg ]
operating point. For highly loaded machine, far from
the nominal operating range in this case, the clocking b)
effect is much more detectable. 1.0

The last figures (Fig.9 and 10) help to see overall
tendency of the relative torque and efficiency
changing. 0.8+

The detailed distributions of the flow parameters
demonstrated similarities downstream the first stage
for different clocking positions but the exit flow was
noticeably influenced though the strong flow mixing
phenomena after the rotors (due to the big amount of 04
blades comparing to the number of vanes). The
number of the cylindrical vanes on the stators and the ] ‘g
twisted blades on the rotors is 16 and 96, 02
respectively, thus the ratio is far from 1:1. According |
to the recent numerical predictions made by the i |
Arnone et al. [5] practically no clocking effect should 0.0 T i
be detected. In this case it was observed for each 8 12 16 20 24
measured operating point, especially when carefully Alfa3 [ deg ]
controlling the flow parameters. Presented in this c)
paper flow angle changes (Fig.6) is a good example 1.0
of this phenomen