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ARTICLE INFO ABSTRACT
Keywords: Together with the need to improve the thermal efficiency, there is a continuous drive towards miniaturisation
—Aspect ratio and compact heat exchangers using non-circular channels are commonly employed. In this study, mixed
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convective laminar flow through non-circular channels was numerically investigated using Ansys Fluent 2024R1.
The hydraulic diameter of the channels was chosen as 4 mm, 8 mm, and 11.5 mm with aspect ratios (AR) of %5, 1,
and 2, while the Reynolds number and heat flux ranges were 1000-1800 and 1-3 kW/m?, respectively. Special
attention was given to the local Nusselt number trends, velocity and temperature profiles, and circulation
strength along the channels. In general, the local Nusselt numbers increased with increasing hydraulic diameter
and heat flux, and decreasing Reynolds number, due to increased buoyancy effects and circulation strength.
While an increase in channel height enhanced the secondary flow velocity, an increased in channel width
enabled the formation of a secondary vortex pair, which significantly enhanced the thermal performance. The
relationship between the circulation strength and Nusselt number was identified, and the local Nusselt numbers
increased with increasing heat flux and decreasing Reynolds number. At a fixed circulation strength, improved
cross-sectional mixing led to higher Nusselt numbers. The Nusselt numbers increased with decreasing aspect
ratio and overall AR = ! provided the best heat transfer performance for mixed convective flow through non-
circular channels. When comparing the single channels results to counterflow multi-channel heat exchangers,
the results correlated very well, indicating potential savings in computational costs.

weight, volume and pumping power. This is particularly important in
electric vehicles to increase the driving range. Due to their larger heat
transfer area for a fixed volume [3], thermal management using compact
heat exchangers are becoming increasingly important for microproces-
sors [1,4], batteries [5], renewable energy systems [6], chemical process
equipment [7], fission reactors [8] and nuclear fusion [9], to ensure
stability, efficiency, and lifespan of the equipment. Typically, a compact
heat exchanger consists of an array of micro- or mini-channels with one
or several layers. Due to the larger surface area, smaller weight and
easier manufacturing process, non-circular channels are commonly
used.

The concept of micro- and mini-channel heat sinks was first proposed
by Tuckerman and Pease in 1980 [10]. They showed that by decreasing
the liquid channel to microscopic levels, the power density of micro-
processors can be up to 40 times larger than those using conventional
forced air heat exchangers. They also concluded that the small channel
diameter and high aspect ratio would result in high surface-to-volume
ratio, and hence smaller heat resistance. However, a significant

1. Introduction

Advanced technological breakthroughs greatly benefit our daily
lives, but simultaneously increases the need for effective thermal man-
agement to ensure safe and optimal operation. The fast development of
artificial intelligence increased the use of high-performance micropro-
cessors and the need for high-efficiency heat exchangers due to the
substantial amount of heat generated by the chips and other electronic
devices, especially for large computational facilities and supercom-
puters [1]. The combined effect of the small surface area of micropro-
cessors and the high power consumption, results in the heat flux of a
single microprocessor reaching 150-300 W/ cm? [2], which poses a
great challenge to heat dissipation systems. Furthermore, the global
effort to achieve the goal of net zero, led to a surge in demand for bat-
teries, especially in electric vehicles and energy storage facilities for
solar and wind farms. Increasing the efficiency of the cooling system not
only involves better control of the temperature, but also a reduction in
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Nomenclature Re Reynolds number [—]
T Temperature [K]
A Area [m?] Ty Fluid bulk temperature [K]
A; Channel inner surface area [m?] Ty Local mean fluid temperature [K]
AR Aspect ratio [—] Ts Local mean inner surface temperature [K]
C Perimeter of inner surface at channel cross-section [m] t Wall thickness [m]
¢ Specific heat at constant pressure [kJ/kg-K] u, v, w  Fluid velocity at x-, y- and z-direction [m/s]
D Hydraulic diameter [m] w Width [m]
D; Inner diameter [m] X,y Cross-sectional positions [m]
Gr* Modified Grashof number [—] z Axial position [m]
Gz Graetz number [—]
g Gravitational acceleration [m/s%] Greek letters
H Height [m] y/] Thermal expansion coefficient [1/K]
h Convective heat transfer coefficient [W/m?2K] r Circulation strength [m?/s]
k Thermal conductivity [W/m-K] H Dynamic viscosity [kg/m-s]
L Length [m] v Kiner.natic viscgsity [m2/s]
1 Integration path vector [—] Dens%ty (kg/ m.] 3
Nu Nusselt number [—] Po Densllty at the 1T1let [kg/m”] . . .
Pr Prandtl number [] Pe Mam.rnum density along the vertlcalscentre line [kg/m>]
g Heat flux [W/m?] Ph Density at the bottom centre [kg/m~]
Ra* Modified Rayleigh number [—]

pressure drop was observed in micro-channels, which might be unde-
sirable in some applications. It is worth keeping in mind that the pres-
sure drop is proportional to D°, therefore, by increasing the channel
diameter to mini-channels and macro-channels, high heat transfer co-
efficients can be obtained with much lower pressure drops [11].
Furthermore, larger channel diameters enable larger temperature and
density differences in the fluid, thus increased buoyancy effects, which
increase the Nusselt number and enhance the thermal performance [12].

In recent years, many studies were devoted to enhancing the heat
transfer in mini-channel heat sinks. Due to the high heat fluxes
encountered, phase-change heat transfer such as flow boiling has been
widely investigated [13-15]. However, regardless of the higher heat
transfer coefficients, multi-phase heat transfer systems have increased
complexities and additional components as the vapour needs to be
condensed. For single-phase flow systems, heat transfer was effectively
enhanced using nanofluids and porous media [6,16-20], as well as by
adding obstacles and changing the shape of the flow path [21-25].
Furthermore, to minimise flow recirculation at the sharp edges of the
channels, special attention was also given to introducing curved edges in
the inlet manifolds [26]. However, considerable pressure drops were
still observed using these techniques, and the complex manufacturing
process and high associated manufacturing costs prevents them from
being widely used. To minimise pressure drops, the flow rates are also
decreased, and these heat exchangers often operate with laminar flow.
This attracts research attention to enhance heat transfer using buoyancy
effects, due to the simple channel geometry and lower pressure drop
penalty compared to other heat transfer enhancement methods. In
practice, mixed convective flow commonly exists in heat exchangers due
to the fluid properties that vary with temperature. This not only en-
hances mixing and heat transfer inside the heat exchanger, but also
affect the flow development, heat transfer coefficients and pressure drop
[27-29].

For half a century, mixed convective flow through circular and non-
circular channels has been comprehensively and extensively studied to
increase our fundamental understanding and being able to design more
efficient heat exchangers. For circular tubes, research has been done on
vertical [30], inclined [31], and horizontal flow [28], investigating the
Nusselt number enhancement compared to pure forced convective flow.
Research carried out by Meyer and Everts [28] has shown that,
compared to the Nusselt number of fully developed forced convective
flow, the value for fully developed mixed convective flow in a horizontal

tube could be up to 60 % higher using tubes with a diameter of 4 mm and
up to 300 % when increasing the diameter to 11.5 mm.

As for non-circular channels, Taher et al. [32] numerically and
experimentally studied the heat transfer characteristics of mixed
convective flow in a high aspect ratio (AR = 10) rectangular channel
with a height and width of 20 mm and 200 mm, respectively. The
channel was heated from below at a constant heat flux ranging from 10
W/m? to 650 W/m? and experiments were conducted for low Reynolds
numbers ranging from 25 to 100. It was found that mixed convective
flow had much higher Nusselt numbers than forced convection, espe-
cially for higher Rayleigh numbers of 9.35 x 10°. The fully developed
Nusselt number increased to 16 compared to the corresponding theo-
retical forced convective Nusselt number of 3.36. The flow patterns
indicated several pairs of vortices at the cross-section, which signifi-
cantly enhanced the heat transfer coefficients. The number of vortex
pairs increased from 6 at a Rayleigh number of 1.28 x 10* to 18 at a
Rayleigh number of 1.4 x 10°, with more uniform cross-sectional mixing
owing to the extra vortex pairs.

Chong et al. [33] simulated the 3-D mixed convective flow in a 20
mm x 20 mm horizontal channel (AR = 1) heated from below. Heat
transfer was enhanced due to buoyancy effects and the Nusselt number
reached 20 when the flow was fully developed, which was significantly
higher than for forced convective flow (Nu = 3.61) [34]. They also found
that the average Nusselt number increased with Grashof number and
Reynolds number, but the effect became minimal when increasing the
Reynolds number above 1500.

Koffi et al. [35] heated a horizontal rectangular duct from one lateral
vertical wall, with the other sides insulated. The duct height and width
were 14 mm and 26 mm, respectively, having an aspect ratio of 1.86.
The flow pattern was reported as a longitudinal roll embedded into a
return flow of possibly up to 20 times the channel height of streamwise
extension. The effect of buoyancy on the flow pattern was extensively
investigated. According to their analysis, such a flow pattern enables
fluid particles to stay longer in the heated zone so that thermal perfor-
mance was enhanced. The fully developed Nusselt numbers at Rayleigh
numbers of 2.83 x 10° and 1.35 x 10° were about 55 and 15, respec-
tively. Similar duct configurations were also studied by Toriyama et al.
[36]. However, they kept the height of the duct constant rather than the
hydraulic diameter. In their model, the channel was heated from one
lateral vertical wall and was cooled from the other lateral wall. The
influence of aspect ratio was investigated, and they found that AR =1
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had the highest heat transfer enhancement with a fully developed
Nusselt number of approximately 22.

Extensive research has been conducted on mixed convective flow
through different channel geometries, focusing on the average and/or
fully developed Nusselt numbers and the effect of Reynolds number,
Grashof number or Rayleigh number. It has been proven that the aspect
ratio of non-circular channels had a significant impact on heat transfer
performance, but the development of the buoyancy-induced secondary
flow and the associated effects on the local Nusselt numbers have not yet
been fully investigated. In previous studies, researchers tended to choose
channels with large sizes, while buoyancy effects in non-circular chan-
nels with smaller hydraulic diameters (4-10 mm) were seldom
mentioned. Therefore, in this study, a numerical study using Ansys
Fluent 2024 R1 was carried out to investigate the influence of aspect
ratio, heat flux and Reynolds number on laminar mixed convective flow
through horizontal non-circular channels with different hydraulic
diameters.

The next section describes the numerical model utilised, with
attention given to mesh dependency and validation. This is followed by
the data reduction employed, a results section wherein effects of Rey-
nolds number and heat flux are presented and discussed, with a final
section concluding the paper.

2. Numerical model
2.1. Geometry and boundary conditions

Non-circular channels with hydraulic diameters of 4 mm, 8 mm, and
11.5 mm were numerically investigated using Ansys Fluent 2024R1. For
each hydraulic diameter, three different aspect ratios (width-to-height)
of /4, 1 and 2 were investigated, as summarised in Table 1. The length of
the channel was sufficient to ensure fully developed flow [28]. The
length-to-diameter ratio of the 11.5 mm channel was shorter than for the
other hydraulic diameters, as Everts and Meyer [28] found that mixed
convective flow increases with increasing tube diameter and decreases
the thermal entrance length. The flow direction was defined in the
z-direction and a schematic of the non-circular channel with reference
frame and boundary conditions is shown in Fig. 1(a). In addition, a
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circular channel (Fig. 1(b)) with an inner diameter of 4 mm, a wall
thickness of 1 mm, and a length of 5.9 m, was used for validation and
mesh independence study.

To investigate simultaneously hydrodynamically and thermally
developing flow, the inlet of the channel was set to a velocity inlet, and
the velocity direction was normal to the cross-section, with zero velocity
in both x and y directions. Furthermore, the inlet temperature was set to
295.92 K and the cross-section of the solid zone at the inlet and outlet
were adiabatic. The material of the solid tube was set as copper.
Different channel geometries were used to investigate the effect of
aspect ratio, therefore the heat input to the outer wall of the channel
differed, so that the corresponding heat flux on the inner wall was
constant for all aspect ratios and hydraulic diameters. The inner wall of
the channel was set to no-slip with thermal conditions coupled. The flow
was considered to be fully developed as the length-to-diameter ratio of
the channel was very large (>826 for 11.5 mm channel and >1479 for 4
mm and 8 mm channels) and sufficient for fully developed flow [27],
therefore a pressure outlet was used. The equations were solved using
the SIMPLE scheme, while the Least Squares Cell-Based method was
applied to gradients, PRESTO! was used for pressure, and Second-Order
Upwind was selected for the energy and momentum equations.

2.2. Governing equations

The flow of water through the channel was assumed to be steady,
laminar, incompressible, viscous, Newtonian, without radiation and
viscous heat dissipation. Although density is considered to be a function
of temperature, the incompressible assumption is still made as the
application is a single-phase flow where pressure effects on density are
neglected. Considering these assumptions, the continuity equation was
simplified to:

ou ov ow
— 4 —4+—=0 1
wxyta M
where u, v, w are the velocity in the x, y, z directions, respectively.
Gravity was applied to the negative direction of the y-axis, therefore the
momentum conservation equations were simplified to:

ow du
ox * ;z} > 2

ow
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%

Table 1
Summary of the dimensions and aspect ratios of the non-circular channels investigated in this study.
No. Hydraulic Width Height Length Thickness Length-to-diameter Ratio Aspect
Diameter Ratio
1 4 mm 3 mm 6 mm 5.9m 1 mm 1478.75 0.5
2 4 mm 2 mm 2 mm 59m 1 mm 1478.75 1
3 4 mm 6 mm 3 mm 59m 1 mm 1478.75 2
4 8 mm 6 mm 12 mm 11.8 m 1 mm 1478.75 0.5
5 8 mm 8 mm 8 mm 11.8 m 1 mm 1478.75 1
6 8 mm 12 mm 6 mm 11.8 m 1 mm 1478.75 2
7 11.5 mm 8.62 mm 17.25 mm 9.5m 0.6 mm 826.09 0.5
8 11.5 mm 11.5 mm 11.5 mm 9.5m 0.6 mm 826.09 1
9 11.5 mm 17.25 mm 8.62 mm 9.5m 0.6 mm 826.09 2
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Fig. 1. Schematics of the (a) non-circular channel and (b) circular channel indicating the dimensions and boundary conditions.

Table 2
Summary of the numerical simulation matrix for the single channel investigation.

Hydraulic Diameter Reynolds Number Inlet Flow Velocity Inlet Heat Flux Modified Grashof Number Aspect Ratio
Temperature
4 mm 1800 0.4231 m/s 295.92 K 1 kw/m? 1.26 x 10° %, 1,2
4 mm 1000 0.2351 m/s 295.92 K 3 kw/m? 6.51 x 10° %, 1,2
8 mm 1800 0.2116 m/s 295.92 K 1 kw/m? 2.31 x 10* %, 1,2
8 mm 1800 0.2116 m/s 295.92 K 3 kW/m? 1.11 x 10° v, 1, 2
8 mm 1400 0.1645 m/s 295.92 K 3 kw/m? 1.33 x 10° %, 1,2
8 mm 1000 0.1175 m/s 295.92 K 3 kw/m? 1.78 x 10° %, 1,2
8 mm 1000 0.1175 m/s 295.92 K 2 kW/m? 8.40 x 10* %, 1,2
8 mm 1000 0.1175 m/s 295.92 K 1 kw/m? 2.82 x 10* %, 1,2
11.5 mm 1800 0.1469 m/s 295.92 K 1 kw/m? 9.37 x 10* %, 1,2
11.5 mm 1000 0.0816 m/s 295.92 K 3 kw/m? 6.24 x 10° % 1,2
Table 3

Summary of the numerical simulation matric for the multi-channel investigation using channels with a hydraulic diameter of 11.5 mm.

Heat input location Reynolds Number Heat Input Heat flux Modified Grashof Number Aspect Ratio
Uniform 1800 1000 W 1.87 kW/m? 2.64 x 10° A
Uniform 1800 1000 W 2.08 kW/m? 2.99 x 10° 1
Uniform 1800 1000 W 1.87 kW/m? 2.64 x 10° 2
Left and right surfaces 1800 1000 W 2.87 kW/m? 2.64 x 10° Y
Top and bottom surfaces 1800 1000 W 4.16 kW/m? 2.98 x 10° 1
Left and right surfaces 1800 1000 W 4.16 kW/m? 2.98 x 10° 1
Top and bottom surfaces 1800 1000 W 2.87 kW/m? 2.64 x 10° 2
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where P is pressure, p is fluid density, p, is fluid density at the inlet, g is
gravitational acceleration, and u is dynamic viscosity of fluid. The en-
ergy conservation equation, with no viscous work and radiation, is given

by:
C ua—T-i-va—T-i-wa—T —i ka—T —i—i ka—T —&-2 ka—T
Po\"ox oy "Waz) Tax\Nox) Tay\"oy) Tz \ "z

where ¢, is specific heat of the fluid, T is the fluid temperature, and k is
the thermal conductivity of the fluid. Since the density and thermal
properties of water changes with temperature, and these properties

significantly influence the buoyancy effects, the thermophysical corre-
lations proposed by Popiel and Wojtkowiak [37] were used.

(5)

4

(%)

2.3. Numerical simulation matrix

As summarised in Table 2, simulations were conducted for channels
with different hydraulic diameters and aspect ratios at Reynolds
numbers of 1000, 1400 and 1800, and wall heat fluxes of 1, 2 and 3 kW/
m?. As the focus of this study was on mixed convective laminar flow
through non-circular channels, the heat fluxes were chosen such to
prevent the temperatures from approaching saturation temperature and
thus ensuring single-phase flow. Furthermore, as it is known from pre-
vious studies on circular tubes [38] that the transition to turbulence
occurs earlier when decreasing the tube diameter or increasing the heat
flux, the Reynolds number range was kept below 2000 to ensure laminar
flow along the entire tube length. To ensure that the heat fluxes were
sufficient to investigate mixed convective flow, the flow regime map of
Everts and Meyer [38], which was developed for circular tubes heated at
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(b)

Fig. 2. Sample axial and cross-sectional mesh structures for the (a) circular and
(b) non-circular channels.

a constant heat flux, was used as a guideline. Based on the flow regime
maps, forced convective flow was expected for the 4 mm channel at a
Reynolds number of 1800 and heat flux of 1 kW/m?, some mixed
convective effects at a Reynolds number of 1000 and heat flux of 3
kW/m?, and mixed convective flow for the larger channels at both 1
kW/m? and 3 kW/m? heat fluxes.

Furthermore, to investigate the scalability of the single-channel re-
sults to multi-channel counterflow heat exchangers, four multi-channel
systems were investigated, and the simulation parameters are sum-
marised in Table 3. For comparison purposes between the single and
multi-channel results, the heat input to these channels were kept con-
stant, which resulted in different heat fluxes due to the different heat
transfer surface areas.

2.4. Mesh independence and validation

Highly structured meshes were generated for the circular and non-
circular channels. The circular tube was used for the mesh indepen-
dence study and validation. As indicated in Fig. 2(a), the cross-sectional
fluid zone was divided into five parts, consisting of a square core and

20

——Mesh 1: 41 400 elements
——Mesh 2: 145 000 elements
15 ——Mesh 3: 576 000 elements
——Mesh 4: 2 587 500 elements

0 500 1000 1500
z/D

(@)
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four surrounding zones, to ensure uniformity and high-quality hexahe-
dral cells. Since the flow was laminar, inflation was unnecessary for
resolving the boundary layers. In the entrance region, the temperature
and velocity profiles were both developing, therefore the mesh density
in this area was greater and a bias number of 15 was used along the
length of the tube.

Different mesh sizes ranging from 41 400 to 2 587 500 were evalu-
ated at a Reynolds number of 2000 and inlet temperature of 295.92 K.
The local Nusselt number along the channel and vertical temperature
distribution of the fluid at z = 0.14 m are compared for the circular
channel in Fig. 3. Mesh numbers 1 to 4 correspond to mesh sizes of 41
400, 145 000, 576 000, and 2 587 500 elements. From this figure it
follows that minor differences were observed for Mesh 1 and 2, while the
difference in results obtained using Mesh 3 and 4 became negligible. As
the results of the local Nusselt number and temperature profile only
changed by approximately 1.25 % when increasing the mesh size from
576 000 to 2 587 500, Mesh 3 (576 000 elements) was chosen as the
optimal mesh size and was used in the validation. In the radial direction,
the element size of the fluid and solid zones were 0.0002 m and 0.0003
m, respectively, while the largest element size in the tangential direction
was 0.0006 m. In the flow direction, the element size gradually
increased from 0.0008 m at the inlet to 0.012 m at the outlet. Based on
the findings of the mesh independence study on the circular channel,
similar structured meshes were generated for the non-circular channels,
as indicated in Fig. 2(b). However, the number of elements increased to
806 400 due to the larger cross-sectional areas of the non-circular
channels.

The validation was conducted at a Reynolds numbers of 1000 and
heat fluxes of 1 and 3 kW/m2. The results were compared with the
experimental data from Meyer and Everts [27] and the theoretical
forced Nusselt number of 4.36 for fully developed forced convective
flow through a circular tube [39] in Fig. 4. The error bars indicate the
experimental uncertainties of the local Nusselt numbers, which had an
average uncertainty of £10 % and +4 % for the forced (Fig. 4(a)) and
mixed (Fig. 4(b)) convective data, respectively. Fig. 4(a) indicated that
the forced convective simulation results and experimental data corre-
sponded very well, with an average deviation of 3.58 %. The local
Nusselt number decreased from the inlet of the tube and became
approximately constant as the flow approached fully developed flow.
The average fully developed Nusselt number was approximately 4.66,
confirming forced convective flow, as it was within 10 % of the theo-
retical forced convective Nusselt number. It follows from Fig. 4(b), that
the simulation data corresponded well with the mixed convective
experimental data of Meyer and Everts [27], with an average deviation

5 x1073
1t
——Mesh 1: 41 400 elements
= 0 ——Mesh 2: 145 000 elements
= ——Mesh 3: 576 000 elements
——Mesh 4: 2 587 500 elements
At
£ ) : ! J
295.8 296 296.2 296.4 296.6 296.8
TIK]
(b)

Fig. 3. Mesh independence study at Re = 2000 by comparing (a) the local Nusselt number and (b) the fluid temperature profile at x = 0 m and z = 0.14 m in the 4

mm circular channel.
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Fig. 4. Comparison of the local Nusselt number along the length of the 4 mm circular channel with the experimental data of Meyer and Everts [8] and theoretical
fully developed forced convective Nusselt number [19] at (a) Re =1 000, ¢ = 1 kW/m? (forced convection) and (b) Re = 1 000, g=3 kW/m? (mixed convection).

of 8.6 %. Unlike the forced convective trend in Fig. 4(a), the local
Nusselt numbers in Fig. 4(b) continued to increase along the tube length
to a Nusselt number of 5.48 near the outlet. As this was 26 % greater
than the theoretical forced convective Nusselt number, it confirmed the
predictions of the flow regime map of Everts and Meyer [38] that mixed
convection conditions existed.

3. Data reduction

The mean cross-sectional fluid temperature at a specific axial loca-
tion along the channel, was calculated using the mass-averaged method
[40]:

T — [ TpwdA

f *W 6)

where w is the fluid velocity magnitude in the z-direction, and A is the
cross-section area (A = ﬂDi2 / 4). The bulk fluid temperature was deter-
mined by averaging the inlet, T;, and outlet, T,, temperature:

T+ T,

Ty 5

)

The mean inner wall temperature of the cross-section at a specific
axial position of the channel was calculated by taking the average value
of the temperature around the cross-section:

1
n:aénm ®

where C is the perimeter of channel inner cross-section (C = zD;). The
channel hydraulic diameter was defined as:

_4WH

D=sw+m

)

where W and H are the width and height of the inner cross-section. The
convective heat transfer coefficient h was obtained by:

(10)

where g is the heat flux on the inner wall. The Nusselt number was then
obtained by:

Nu:@

T 1D

where D is the channel hydraulic diameter. The Reynolds number was
defined as:

12)
As a constant heat flux was applied to the channels, the modified

Grashof number and modified Rayleigh number were used this study:

. gpqD}

Gr = Tk 13)

Ra" = Gr' Pr a4
where f is thermal expansion coefficient, v is the kinematic viscosity
(v = u/p), and Pr is the Prandtl number (cpu/k). The fluid properties
were evaluated at bulk fluid temperature, Ty, using the thermophysical
correlations of water proposed by Popiel and Wojtkowiak [37]. In
addition, the Graetz number was determined as:
D
Gz = RePrE (15)
To quantitively investigate mixed convective flow, the circulation
strength was defined as the integral of the secondary in-plane flow ve-
locity along a closed loop which enclosed the vortex core:

r:fVﬂ
1

where 1 is the path vector and V the component of the velocity vector in
the x-y plane. Due to the symmetrical behaviour of the vortices, the
circulation strength was only calculated for one side.

1e)

4. Results and discussion
4.1. Local Nusselt number

The local Nusselt numbers along the channels with different aspect
ratios are compared in Fig. 5 for the 4 mm, 8 mm, and 11.5 mm channels
at the highest modified Grashof number (Re = 1000, ¢ = 3 kW,/m?) and
the lowest modified Grashof number (Re = 1800, ¢ = 1 kW/rnz). For
channels with a hydraulic diameter of 4 mm at a low modified Grashof
number of 1.26 x 10%, the Nusselt number in the entrance region at z/D
=11.75 was 14.36, which was almost the same for all aspect ratios. The
local Nusselt numbers decreased along the length as the boundary layer
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developed and became constant for z/D > 600 as the flow became fully
developed. The fully developed Nusselt numbers of AR = 2 and AR = 2
were 4.31 and 4.36 respectively, while the Nusselt number of AR = 1
was 4.02 and 4.64 for the circular tube. The theoretical Nusselt numbers
of fully developed forced convective flow in square (AR = 1) and rect-
angular channels (AR = % or 2) are 3.61 and 4.12, respectively, and 4.36
for a circular tube [34]. This indicates that the buoyancy effects were
minor with 4.61 %-11.36 % enhancement. The flow was considered to
be forced convective with the heat transfer surface area being the con-
trolling factor. As the surface area of AR = %> and AR = 2 were the same,
their fully developed Nusselt numbers were very close. The inner surface
area of the rectangular channel was 1.125 times larger than for the
square channel, which corresponded well with the Nusselt number
enhancement of 1.1 times. Although the heat transfer surface area was
smaller for the circular tube, the smooth and curved geometry was more
effective in enhancing buoyancy effects and heat transfer. This is due to
the stagnant fluid areas near the corners of the non-circular channels, as
will be discussed in Fig. 8. Therefore, although non-circular channels are
preferred in compact heat exchangers to minimise space and material
requirements, it is worth keeping in mind that, depending on the sig-
nificance of buoyancy effects, the thermal performance could be slightly
less than when using circular tubes.

For a higher modified Grashof number of 6.51 x 10%, increased
buoyancy effects were observed which led to changes in the local Nusselt
number trends. The Nusselt number in the entrance region was lower as
it developed faster [28], and decreased from approximately 11 at z/D =
11.75 to approximately 4.6 at z/D = 200. Thereafter, it increased due to
the development of secondary flow which enhanced heat transfer, and
finally reached Nusselt numbers of 5.84, 5.47, 5.29 and 5.24, respec-
tively for the circular tube and non-circular channels with AR = !4, AR =
1 and AR = 2, respectively, at z/D = 1373. As the buoyancy effects
increased and became dominant, the increased surface area of the
non-circular channels played a less important role, although there were
still minor differences between the different aspect ratios. As a result of
the small hydraulic diameter and large surface-to-volume ratio, the
cross-sectional temperature difference within the fluid was relatively
small, but sufficient to lead to Nusselt number enhancements of
approximately 30 % compared to that of forced convection.

Fig. 5(b)and (c) indicates that the local Nusselt numbers significantly
increased as the hydraulic diameter increased to 8 mm and 11.5 mm.
This is as expected as the modified Grashof number in Eq. (14) is pro-
portional to D*, indicating that a small increase in channel diameter has
potential for a significant increase in buoyancy effects. The increasing
local Nusselt numbers along the channel length were because of the
increasing wall-fluid temperature difference along the channel, which
led to higher density gradients within fluid and thereby stronger sec-
ondary flow, as will be discussed in Section 4.2.1. At lower modified
Grashof numbers, the local Nusselt number trends were the same for all
three hydraulic diameters with the maximum fully developed Nusselt
numbers obtained for AR = ! and followed by AR = 1 and AR = 2. The
difference in Nusselt number among different channel aspect ratios
increased with increasing hydraulic diameter, especially at the highest
Grashof number, due to higher density gradient and greater buoyancy
effects.

Furthermore, at higher modified Grashof numbers in the 8 mm and
11.5 mm channels, local peaks existed in the local Nusselt number
trends, which led to increased Nusselt numbers. This was due to the
formation of a secondary vortex pair which is investigated in detail in
Section 4.2. As the buoyancy effects were increased by increasing the
channel diameter from 8 mm to 11.5 mm, these peaks occurred earlier
along the tube length and increased in magnitude as well. Furthermore,
the peaks occurred earlier with increasing aspect ratio. For AR = 2,
significant fluctuations were observed for 100 < z/D < 450, indicating
possible transient behaviour. An interesting conclusion from Fig. 5(c) is
that both in the absence (low modified Grashof numbers) and presence
(high modified Grashof numbers) of the secondary vortex pair, best
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thermal performance for mixed convective flow was obtained for AR =
Ya.

When plotting the results of the different hydraulic diameters and
aspect ratios on the flow regime map of Everts and Meyer [38] in Fig. 6,
it is evident that mixed convective flow increases with increasing hy-
draulic diameter. Furthermore, when comparing the magnitude of the
Nusselt numbers to those predicted using the flow regime map, the flow
regime map underpredicted the Nusselt numbers in the non-circular
channels by 6 %, and 13 % for hydraulic diameters of 8 mm and 11.5
mm, while the 4 mm results were comparable. Furthermore, no signif-
icant differences were observed for the different aspect ratios when
using this flow regime map. This indicates that although the circular
tube flow regime maps could predict the significance of buoyancy ef-
fects, it could not accurately predict the effect of buoyancy effects on the
heat transfer coefficients. The mixed convective behaviour is more
complex in non-circular channels due to the formation of secondary

% 10° (Re = 1000, ¢
6.51 x 10° (Re = 1000,
1.26 x 10° (Re = 1800,
1.26 % 10% (Re = 1800, ¢ = 1kW/n
/ =126 x 10° (Re = 1800, § = 1k}
——— Circular, Gr* = 1.26 x 10° (Re = 1800, § = 1kW/m?)

1500

o AR = 1/2,Gr" = 1.78 x 10° (Re = 1000, ¢ = 3kW/m?)
AR= = 1.78 % 10° (Re = 1000, ¢ n?)

x 10° (Re = 1000, § = 3kV

31 x 10' (Re = 1800, = 1

31 % 10* (Re = 1800, ¢ = 1kW/m?)

7 = 2.31 x 10* (Re = 1800, ¢ = 1kW/m?)

. . . R n I
) 500 1000 1500

AR =1/2,Gr" =624 x 10° (Re = 1000, § = 3kW/m?)
A x 10° (Re = 1000, § /m?*
x 10° (Re = 1000, § =
37 % 10* (Re = 1800, 4 =
.37 x 10* (Re = 1800, § = 1kW/m
——— AR =2, Gr* = 9.37 x 10* (Re = 1800, § = 1kW/m?)
P SN T o e S i P I e |
200 300 400 500 600 700 800
z/D

0 100

(©)

Fig. 5. Comparison of the local Nusselt number as a function of axial position
for different aspect ratios and modified Grashof numbers in (a) 4 mm, (b) 8 mm,
and (c) 11.5 mm channels. The dotted lines represent a Reynolds number of
1000 and a heat flux of 3 kW/m?, while the solid lines represent a Reynolds
number of 1800 and a heat flux of 1 kW/m?2.
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ference along the 8 mm channel with AR = 1 at different modified Gra-
shof numbers.

vortex pairs, and it is therefore recommended that similar flow regime
maps be developed for non-circular channels.

4.2. Development of secondary flow

4.2.1. Temperature profile

To investigate the development of the local temperature profiles
along the channel length, Fig. 7 compares the average fluid and wall
temperatures, as well as the wall-fluid temperature difference along the
8 mm channel for AR = 1. At low modified Grashof numbers, the tem-
perature of the wall and fluid only increased by 8.22 K and 6.22 K,
respectively, due to the relatively low heat flux and high mass flow rate.
When the modified Grashof number increased, the wall and fluid tem-
perature at z/D = 1373 reached 333.07 K and 329.54 K, indicating an
increase of more than 33 K. The larger wall-fluid temperature difference
also indicates greater potential for secondary flow.

As the flow is simultaneously hydrodynamically and thermally
developing, the thermal boundary layer thickness near the channel inlet
was not sufficient for buoyancy effects to become significant. The wall-
fluid temperature difference, as well as the magnitude of the fluid
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temperature, increased from the inlet to a maximum at approximately z/
D = 60 for the high modified Grashof number case and at z/D = 80 for
the low modified Grashof number case. These peaks in the wall-fluid
temperature differences also corresponded to the troughs in the local
Nusselt numbers in Fig. 5(b). Thereafter, the secondary flow became
significant and increased mixing within the channel, which enhanced
heat transfer and decreased the wall-fluid temperature difference in
Fig. 7 which led to increased local Nusselt numbers in Fig. 5(b). For z/D
> 150 at Gr* = 1.78 x 10° and z/D > 200 at Gr* = 2.31 x 10% the
temperature difference and the secondary flow velocity reached a bal-
ance, and the wall-fluid temperature difference slowly decreased
because of the improved cross-sectional mixing caused by increased
secondary flow velocity and increased thermal conductivity of water
with increasing fluid temperature. Near the outlet, a minor decrease in
the wall temperatures for the higher modified Grashof number (dotted
red line) led to a sudden decrease in the wall-fluid temperature differ-
ence (dotted green line) and an increase in the local Nusselt numbers in
Fig. 5(b).

To gain a better understanding of the sudden decrease in the wall-
fluid temperature differences in Fig. 7, Fig. 8 compares the cross-
sectional temperature profiles and streamlines at different axial posi-
tions in the 8 mm channels at a modified Grashof number of 1.78 x 10°.
Near the inlet of the channel (z/D = 11.75), where the secondary flow
was developing, the low temperature (blue) region in the fluid was large.
Due to the channel being heated at a constant heat flux, the fluid near
the channel wall had a higher temperature, and the heated fluid rose
because of its lower density, while the colder and higher density fluid at
the core sank. This led to the formation of a pair of symmetrical vortices
on the left and right sides of the channels as the flow continued down-
stream. With the development of the vortical flow and its associated
mixing effect, the low temperature region gradually decreased and
moved towards the bottom of the channel. This was because the warmer
and lower density fluid raised towards the top of the channel, which
gradually increased the high temperature region along the channel
length.

As indicated by the streamlines, the cold fluid from below could no
longer rise to the top of the channel, leading to thermal stratification.
When comparing the upper and lower parts of the channels, it is evident
that the high temperature region participated less in the secondary flow
phenomena, which led to lower heat transfer coefficients in that region.
This also explains why AR = ' generally had the highest Nusselt
numbers in Fig. 5. The smaller surface area at the top of the channel
ensured that a larger proportion of fluid could effectively participate in
the vortical flow, resulting in better cross-sectional mixing. By contrast,
AR = 2 which has the largest surface area at the top, had the lowest
Nusselt number. The streamlines also indicate that the cores of the
vortices moved towards the bottom of the channel as the flow pro-
gressed through the channel. It is worth noting that for AR = !, the
downward movement of the vortices was more significant than for the
other aspect ratios, indicating stronger secondary flow (as will be shown
in Fig. 11) and explains why the local Nusselt numbers in Fig. 5(b) were
the highest for z/D < 1248.

For all three aspect ratios, the cross-sectional temperature gradient
changed significantly between z/D = 61 to z/D = 261.75. This was more
evident in the upper part of the channel than the lower part. Thereafter,
there were negligible differences in the cross-sectional temperature
gradient until approximately z/D = 1 248, when a secondary vortex pair
formed at the bottom centre of AR = 1 and AR = 2. Further downstream,
the local temperature gradient decreased, and the central low temper-
ature region was divided into two separate zones. The upward flow of
the warmer fluid in the secondary vortices was disrupted and cooled
down by the downward flow of the primary vortices, causing it to move
downwards instead of moving further upwards.

The additional mixing caused by the secondary vortex pair enhanced
heat transfer and led to a sudden increase in the local Nusselt numbers
near the outlet in Fig. 5(b). The lower wall-fluid temperature difference
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Fig. 8. Cross-sectional temperature profile and streamlines at different axial positions for AR = !, 1 and 2 in the 8 mm channels at Gr* = 1.78 x 10° (Re = 1000, § =

3 kW/m?).

due to the enhanced mixing also led to a decrease in density gradient and
thus buoyancy effects, which explains the slight decrease in the local
Nusselt numbers after the peak, as shown in Fig. 5(b) at z/D = 1373.
Moreover, the secondary vortex pair assisted in transferring some of the
warmer fluid near the bottom centre of the channel upwards, which

resulted in a higher temperature in the centre of the channel, especially
in AR = 5, where the secondary flow velocity was the highest. The trend
of the cross-sectional temperature contours in AR = % remained un-
changed for z/D > 261.75. As the primary vortices were strong and very
close to each other, it was difficult for the warmer fluid to accumulate at
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the centre bottom area, as it was rapidly removed and replaced by colder
fluid from the centre. The strong primary vortices and their large
coverage also prevented a secondary vortex pair from being generated.

Due to the non-linear relationship of density with temperature, the
temperature difference was inadequate to reflect the changes in the
density difference, which is key to buoyancy effects. Therefore, to gain a
deeper understanding of the buoyancy effects and the development of
the secondary vortex pair, the density difference between the flow
centre (colder blue region in Fig. 8) and the bottom centre of the 8 mm
channels at a modified Grashof number of 1.78 x 10° (Re = 1000,g=3
kW/m?) was compared in Fig. 9. The density difference was calculated
as the difference between the minimum density (p.) at the bottom of the
channel and the maximum density (pp) near the centre along the vertical
centre line (x = 0 m) of the channel.

It can be seen in Fig. 9 that the local density difference increased
rapidly near the inlet of the channel, where the temperature profile and
secondary flow were still developing, and later increased linearly from
z/D = 250 when it reached a balance with the secondary flow velocity. It
is worth noting that despite the decreasing temperature difference in
Fig. 7, the local density difference increased along the channel as a result
of the non-linear change of the density of water with temperature, as
well as the continuous increase in temperature along the length due to
the constant heat flux being applied.

Between z/D = 50 and z/D = 1250, the local density difference in AR
= 2 was the highest because of the poor mixing effect at the centre
bottom of the channel. Due to relatively large width of the channel, the
warmer fluid at the bottom had to travel a longer horizontal distance to
the vertical walls before moving upwards. This resulted in the devel-
opment of a local higher temperature region at the bottom of the
channel, particularly near the centre (as indicated in Fig. 8), which was
the farthest from the vertical walls and was not reached by primary
vortices. Consequently, the local density difference increased and once
the local density difference in AR = 1 and AR = 2 were large enough (at
z/D = 1200), the accumulated warmer fluid near the bottom centre
began to rise and a secondary vortex pair developed. The increased
mixing caused by the additional vortices, led to a sudden decrease in the
density difference, as evident in Fig. 9. However, the low local density
difference led to lower secondary flow velocity and poorer mixing effect,
which increased the local density gradient again. Due to the continuous
increase in temperature along the channel (due to the constant heat flux
boundary condition), the local density difference reached a balance with
the secondary flow velocity at z/D = 1350 and gradually increased with
temperature.

The magnitude of the density difference for AR = 2 was smaller than
AR =1 for z/D > 1250. This was because the secondary vortex pair
reached approximately 55 % of the channel height in AR = 2, which
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significantly increased the fluid temperature and reduced its density at
the centre of the channel. For AR = 1, the value was only 40 %, and the
temperature at the centre of the channel was still very low.

Due to the small channel width of AR = !4, the warmer fluid at the
bottom did not have to travel a long horizontal distance before rising,
and could quickly interact with the primary vortices, which prevented
the warmer fluid from accumulating and reduced the local density dif-
ference. Hence, when z/D > 200, the density difference continued
increasing linearly as there were no secondary vortices, and it exceeded
the values of AR = 1 and AR = 2 when 2/D > 1250 but was less than the
maximum values of AR = 1 and AR = 2. This indicates that the width of
the channel was the key factor for the formation of secondary vortices,
as it could significantly influence the density difference at the bottom
centre. When the hydraulic diameter of the channel is increased, the
local density difference increases as well, and secondary vortices would
also appear in AR = %, as indicated in Fig. 5(c).

4.2.2. Velocity profile

Velocity vector graphs of the secondary flow at different axial posi-
tions along the 8 mm channels are compared in Figs. 10 and 11 for
modified Grashof numbers of 2.31 x 10% and 1.78 x 105, respectively.
The secondary flow velocity was defined as the flow velocity component
in the x-y plane. It follows from Fig. 10 that the secondary flow patterns
of the different aspect ratios were similar at a low modified Grashof
number (2.31 x 10%). Near the inlet of the channel, the hydrodynamic
boundary layer was still developing, and the secondary flow was radial
due to the viscous force. As the velocity of the fluid particles near the
wall decreased, radial secondary flow was formed to satisfy mass con-
servation and the axial velocity at the core of the fluid increased
consequently [41]. Buoyancy did not have a significant effect near the
inlet, because the thermal boundary layer was thin and the temperature
difference within the fluid was small. With the development of the hy-
drodynamic and thermal boundary layers along the channel length, the
radial secondary flow became weaker and the vortical secondary flow
caused by buoyancy effects became stronger. The secondary flow ve-
locity gradually increased along the channel in the fully developed re-
gion due to the increased temperature and density differences.

The coloured arrows in Fig. 10 indicate that the highest secondary
flow velocity was found in AR = '%. As the height of AR = % was the
largest, the fluid particles could accelerate for a longer distance due to
the buoyancy force, which increased the secondary flow velocity. The
local secondary flow velocity was found to be higher near the lateral
walls for AR = 1 and AR = 2 because of the high local temperature
gradient, while the maximum local secondary flow velocity for AR = %
was found at the centre. It can also be observed that the secondary flow
velocity at the centre of the channel increased as the aspect ratio
decreased. The reason for this is that as the width of the channel
decreased, the distance between the two vortices became smaller, which
in turn resulted in a stronger interaction with each other due to viscous
effects and the acceleration of the fluid particles at the centre.

At the higher modified Grashof number of 1.78 x 10° in Fig. 11, the
vortical flow has already formed in the upper half of the channel at z/D
= 11.75, while radial flow still existed in the lower half. The flow pat-
terns from z/D = 61 to z/D = 623 were similar to those at a lower
modified Grashof number, although the secondary flow velocity was
greater. At z/D = 1248, the flow patterns of the different aspect ratios
exhibited different trends due to the formation of secondary vortex
pairs. Strong upward flow of the secondary vortices was observed in AR
=1 and AR = 2 at z/D = 1373 where the secondary vortices became
stable, with the highest local secondary flow velocity as indicated by the
red arrows in Fig. 11. It is worth noting that the hot fluid only reached
40 % of the channel height in AR = 1 because of the strong downward
flow of the primary vortices and temperature decrease. For AR = 2, the
secondary flow velocity was lower, and the primary vortices were
relatively far from each other, allowing more space for the formation of
secondary vortices. Therefore, the secondary vortex pair were larger and
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Fig. 10. Cross-sectional velocity profile [m/s] at different axial positions in the 8 mm channels at Gr* = 2.31 x 10* (Re = 1800, g=1 kW/m?).

reached 55 % of the channel height. As the average fluid temperature numbers (Fig. 10) as the temperature and density differences near the

increased further, the secondary vortex pair grew larger and became bottom of the channel were not sufficient. Similarly, only primary
stronger due to combined effect of the increased density difference and vortices existed for AR = %. The large channel height and small width
interaction with the primary vortices. favoured the buoyancy effects, hence the strong primary vortices and

The secondary vortex pair did not form at lower modified Grashof good mixing within the fluid lowered the density difference and
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Fig. 11. Cross-sectional velocity profile [m/s] at different axial positions in the 8 mm channels at Gr* = 1.78 x 10° (Re = 1000, qg=3 kW/m?).

hindered the formation of secondary vortices. In addition, as the pri-
mary vortices were very close to each other and covered almost the
entire cross-sectional area, there was little space for a secondary vortex
pair to form. By contrast, in AR = 1 and AR = 2, the primary vortices
were weaker and only covered about 90 % and 70 % of the cross-
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sectional area, respectively, leaving the top and bottom centre areas
for the warmer fluid to accumulate. As indicated in Fig. 5(c), for
increased hydraulic diameters and/or Grashof numbers in sufficiently
long channels, a secondary vortex pair could also form in AR = Y.
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Fig. 12. Combined circulation strength at different axial positions in the (a) 4
mm and (b) 8 mm channels at different modified Grashof numbers.

4.2.3. Circulation strength

To quantitively investigate the development of the vortices along the
channels, the circulation strength was calculated at different axial lo-
cations along the 4 mm and 8 mm channels and compared in Fig. 12(a)
and (b), respectively. Due to the lower modified Grashof numbers in the
4 mm channels, there were only minor buoyancy effects at a modified
Grashof number of 1.26 x 103, as evident by the relatively low circu-
lation strengths. The circulation strength increased gradually along the
channel and became constant at z/D = 1000. As expected from the local
Nusselt number trends in Fig. 5(a), AR = !4 had the greatest circulation
strength of 1.92 x 107% m?/s, while AR = 2 had the lowest of 9.92 x
1077 m?/s. This was caused by the small channel height, large inactive
area at the top, and weak interaction between the vortices, as discussed
in Section 4.2.2. Since forced convection was predominant in this case,
the circulation strength did not significantly affect the local Nusselt
numbers.

At a higher modified Grashof number of 6.51 x 10°, the trend
remained similar while the magnitude of the circulation strength was
greater because of the increased buoyancy effects. After the rapid in-
crease near the inlet, the gradient of AR = 1 decreased between z/D =
250 and z/D = 500 and even became negative. The main reason for this
was the reduction of the low temperature region in the centre of the
channel. With the development of vortical flow, the warmer fluid was
continuously transferred to the top of the channel, which caused the low
temperature region to decrease and shift downwards, as indicated by
Fig. 8. Therefore, the density difference decreased, particularly in the
upper 2/3 of the channel, leading to weaker downward flow at the
centre and a reduction in the circulation strength. For z/D > 600, the
circulation strength gradually increased because of the increasing den-
sity gradient caused by the rapid temperature increase along the chan-
nel. The maximum circulation strength of 7.46 x 10" ® m2/sin AR = ¥
was almost 3 times higher than for the low modified Grashof number
case. As the buoyancy effects became more significant, the circulation
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strength became the controlling factor of the local Nusselt number.
Hence AR = !» with the highest circulation strength had the highest
Nusselt number.

In the 8 mm channels, the circulation strength was an order of
magnitude higher than for the 4 mm channels, which was as expected
from the modified Grashof numbers being an order of magnitude greater
too. For AR = % and a modified Grashof number of 2.31 x 10% the
circulation strength increased rapidly due to the increased buoyancy
effects for z/D < 200. After reaching a peak, due to the significant cross-
sectional mixing, the density difference within the fluid decreased, and
the circulation strength decreased consequently. At z/D = 600, the
secondary flow velocity and the density gradient reached a balance,
hence the circulation strength no longer decreased but gradually
increased along the channel length due to the increasing density
gradient and temperature along the channel caused by the constant heat
flux boundary condition. At z/D = 1373, the circulation strength of AR
=1 and AR = 2 were similar, 6.95 x 107® m?/s and 7.81 x 10~® m?%/s,
respectively, while for AR = % it was 1.33 x 10> m?/s. This indicates an
increase of 91.4 % and 70.3 % compared to AR = 1 and AR = 2, which
corresponds to the high secondary flow velocity in Fig. 7 and confirming
the strongest secondary flow and the greatest buoyancy effects in AR =
Ya.

The gradient of the dotted lines for a modified Grashof number of
1.78 x 10° in Fig. 12(b) was significantly steeper than the solid lines for
a modified Grashof number of 2.31 x 10* for all aspect ratios.
Furthermore, in the entrance region, the circulation strength reached a
peak earlier for increasing modified Grashof numbers. This agrees well
with the findings of Everts and Meyer [28], namely that buoyancy ef-
fects assisted the development of the thermal boundary layer. After the
decrease, it increased again along the channel due to the fast-increasing
density gradient caused by the high heat flux. Once the secondary vortex
pair formed at approximately z/D = 1200, the circulation strength
increased significantly, and even doubled. For AR = 1, the circulation
strength became within 3.8 % of that of AR = %. However, as indicated
by Fig. 5(b), the Nusselt number of AR = 1 exceeded that of AR = Y,
because of the better overall cross-sectional mixing of the secondary
vortices which compensated for the small difference of circulation
strength. For AR = 2, the circulation strength was 12.2 % lower than for
AR = ', while the Nusselt number was 4.4 % lower. It can be concluded
that more uniform cross-sectional mixing caused by the additional
vortex pairs is more efficient than a single pair of strong vortices, when
the total circulation strength was similar. This also explains why the
local Nusselt numbers of the circular tube in Fig. 5(a) were higher than
for the non-circular channels.

To gain a better understanding of the development and interaction of
the primary and secondary vortices, Fig. 13 compares the magnitude of
the circulation strength of the primary and secondary vortices in AR = 1

x10°
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Fig. 13. Circulation strength of the primary and secondary vortices along the 8
mm channels at Gr* = 1.78 x 10° (Re = 1000, ¢ = 3 kW/m?).
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Fig. 14. Total circulation strength and local Nusselt number at different axial
positions in the 8 mm channel with AR = 1 at Gr* = 1.78 x 10° (Re = 1000,
= 3 kW/m?).

and AR = 2 for the 8 mm channel and a Grashof number of 1.78 x 10°.
This figure indicates that the primary vortices in AR = 1 were stronger
than for AR = 2 due to higher secondary flow velocity, as discussed in
Section 4.2.2. Between z/D = 1130 and z/D = 1230, the circulation
strength of the primary vortices in AR = 1 decreased slightly from 1.68
x 107> m?/s to 1.65 x 10~° m?/s. A similar, but more subtle trend was
also observed for AR = 2. For both channels, this was caused by the
formation of the secondary vortex pair. As the secondary vortices
formed, part of the downward flow in the centre of the channel moved
towards the bottom centre area instead of towards the corners. There-
fore, the peripheral flow of the primary vortices joined the secondary
vortices, which resulted in the decrease in circulation strength of the
primary vortices. Since the primary vortices in AR = 2 were further apart
than for AR = 1, a smaller proportion of the peripheral flow from pri-
mary vortices joined the secondary vortices and hence the influence on
the primary vortices was smaller.

At z/D = 1230, the secondary vortices had grown sufficiently to
reach a balance, as indicated in Figs. 8 and 11, and the flow in the pri-
mary vortices no longer joined the secondary vortices. The circulation
strength of both the primary and secondary vortices continued to in-
crease due to increasing temperatures and density gradients. The sec-
ondary vortices approached an asymptotic value around z/D = 1310 and
reached circulation strengths of 1.03 x 10> m?/s and 1.01 x 10> m?/s,
respectively, for AR = 1 and AR = 2 at z/D = 1373. The circulation
strength of the secondary vortices was almost identical because of the
similar density difference at the centre bottom. The circulation strength
of the primary vortices was 1.90 x 10™> m?/s and 1.66 x 10~° m?/s for

AR =1/2, Gr* = 1.T8 x 10° (Re = 1000, ¢
L.78 % 10° (Re = 1000, § = 3kW
78 % 10° (Re = 1000, § = 3KV
8.40 x 10* (Re = 1000, § = 2k
40 x 10" (Re = 1000, § = 2kTV
40 % 10* (Re = 1000, § = 2k

2.82 x 10* (Re = 1000, § = 1k

82 % 104 (Re = 1000, § = 1kTV

—— AR =2, Gr" = 2.82 x 10' (Re = 1000, § = 1kW/m?)
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Fig. 15. Local Nusselt number at different axial positions in the 8 mm channels
at different heat fluxes and a Reynolds number of 1000.
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AR =1 and AR = 2, respectively. Therefore, the secondary vortices
contributed to 37.8 % of the total circulation strength in AR = 2, while
for AR =1 it was 35.2 %, because of the stronger primary vortices.

Fig. 14 emphasises the significant effect of the circulation strength on
the local Nusselt number trends for developing mixed convective flow,
where the local Nusselt number and total circulation strength (including
the primary and secondary vortex pairs) for AR = 1 in the 8 mm channel
are compared at a modified Grashof number of 1.78 x 10°. Furthermore,
the cross-sectional profiles of the secondary flow vectors have also been
included at specific axial positions to show the trends in the different
regions. In region 1, as the radial secondary flow decreased and vortical
secondary flow developed, the mixing effect was weak and the local
Nusselt number decreased along the channel length. At z/D = 48, the
circulation strength and local Nusselt number reached their peak and
trough, respectively. Thereafter, in region 2, the wall-fluid temperature
difference (as shown in Fig. 7) and circulation strength decreased due to
the increased mixing inside the channel which also caused the local
Nusselt numbers to increase. In region 3, where the secondary flow and
density difference reached a balance, both the circulation strength and
local Nusselt numbers increased gradually along the channel length as
the temperature increased. In region 4, the secondary pair of vortices
formed, which led to a significant increase in the total circulation
strength and the local Nusselt numbers.

4.3. Influence of heat flux

After gaining a fundamental understanding the development of
mixed convective flow in non-circular channels, Fig. 15 compares the
local Nusselt number along the 8 mm channel at a Reynolds number of
1000, for heat fluxes ranging from 1 to 3 kW/m?2 The solid lines
represent a heat flux of 1 kW/m?2, while the dashed-dot and dotted lines
represent heat fluxes of 2 kW/m? and 3 kW/m?2, respectively.

This figure indicates that as the heat flux is increased, the difference
between the different aspect ratios increased as well. The local Nusselt
numbers increased with increasing heat flux due to the increased wall-
fluid temperature differences and density differences which led to
enhanced secondary flow and mixing. At heat fluxes of 1 and 2 kW/m?,
the magnitude of the local Nusselt numbers at a specific axial position
increased as the aspect ratio was decreased from 2 to !5, which corre-
sponded to the trends of the circulation strength in Fig. 12(b). However,
at a heat flux of 3 kW/m?, AR = 1 outperformed AR = ¥ due to the
formation of the secondary vortex pair.

4.4. Influence of Reynolds number

To investigate the effect of Reynolds number on the local Nusselt
numbers of mixed convective laminar flow in non-circular channels,

y, 4 1.33 x 10° (Re = 1400, § = 3
AR =1/2,Gr" = 111 x 10° (Re = 1800,
—— AR =1,Gr" = 1.11 x 10° (Re = 1800, §
—— AR =2,Gr" = 111 x 10° (Re = 1800, §
0 N R . " L R n . " 1 " . : . |
0 500 1000 1500
z/D

Fig. 16. Local Nusselt number along the 8 mm channel at different Reynolds
numbers and a constant heat flux of 3 kW/m?
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Fig. 16 compares the results for Reynolds numbers of 1000, 1400 and
1800 in the 8 mm channel heated at a constant heat flux of 3 kW/m?.
The dotted lines represent a Reynolds number of 1000, while the
dashed-dot and solid lines represent Reynolds numbers of 1400 and
1800, respectively. As expected, this figure indicates that the enhance-
ment of buoyancy effects became more significant for decreasing Rey-
nolds numbers.

Near the inlet of the channels, the local Nusselt number increased
with increasing Reynolds number. This was due to the flow being
developing and the thermal entrance length increasing with Reynolds
number. As the flow developed along the channel length and
approached fully developed flow, an increase in Reynolds number led to
a decrease in local Nusselt number. This was because the secondary flow
was suppressed by the higher fluid velocities and smaller cross-sectional
temperature and density differences. At a fixed Reynolds number, the
local Nusselt numbers of AR = 5 were the highest, except at a Reynolds
number of 1000 when they were exceeded by AR = 1 due to the for-
mation of the secondary vortex pair. Overall, AR = 2 had the lowest local
Nusselt numbers due to the lower secondary flow, as indicated by cir-
culation strength in Fig. 12(b). For Reynolds number less than 1000, it is
expected that the Nusselt number would further increase due to
increased wall-fluid temperature differences and a secondary vortex pair
to develop for AR = Y.

4.5. Multi-channel systems

After investigating the heat transfer characteristics through single
channels, multiple channels were considered in a larger system. As this
study focused specifically on a constant heat flux boundary condition,
the approximately constant wall-fluid temperature difference could be
translated to a counterflow heat exchanger where the temperature dif-
ference between the hot and the cold fluids have an approximately linear
relationship to each other. Four different counterflow multi-channel
systems where investigated, as illustrated in Fig. 17. The AR was var-
ied between !5, 1 and 2 and heating was applied either from the sides or
from the top and bottom surfaces, while the hydraulic diameter was
fixed to 11.5 mm. The direction of heating in combination with the di-
rection of the gravity influenced mixed convective flow. In Fig. 17(a), for
AR =1, a cold fluid stream only received heating from the top and
bottom surfaces, while the channels in Fig. 17(b) were heated from the
left and right sides. Fig. 17(c) represents a channel with AR = 2 which is
heated from the top and bottom surfaces, while the channel with AR =,
in Fig. 17(d) is heated from the left and right surfaces.

Fig. 18 compares the local Nusselt numbers of the four systems at a
Reynolds number of 1800. For comparison purposes, the single channel
results of the different aspect ratios were also included using solid lines.
To ensure comparable conditions, the heat input to the respective
channel in the multi-channel system, as well as the comparable single
channel, was fixed to 1000 W. Therefore, to keep the heat input the
same, the heat flux was increased for the multi-channel systems to
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Fig. 18. Local Nusselt numbers as a function of axial position for a single
channel (solid lines) and multi-channel (dotted lines) system for different aspect
ratios at a Reynolds number of 1800 and heat input of 1000 W for AR = %, 1,
and 2.

compensate for the smaller heat surface area.

A general trend in Fig. 18 is that for a fixed heat input and Reynolds
number, the multi-channel results correlated very well with the single
channel results although the heating configuration was slightly
different. For AR = 1, the local Nusselt numbers for the uniform
circumferential heating, top-bottom heating and left-right heating, all
collapsed onto each other. This was due the significant mixed convec-
tion conditions that existed inside the channels. Similar to a single
channel, the formation of a second vortex pair also occurred for the
multi-channel systems at AR = 1 and AR = 2, which led to local increases
in the local Nusselt numbers. For AR = 2, a slight delay of approximately
z/D = 20 was observed for the secondary vortex pair. These findings
indicate that scalability can be effectively used for mixed convective
flow to achieve significant computational savings. A single channel can
be used to predict the local heat transfer characteristics through a multi-
channel counter flow system, as long as the total heat input and Rey-
nolds number remain similar. This was a valuable finding that can
reduce simulation complexity, costs and time during complex heat
exchanger designs.

5. Conclusions

This study numerically investigated mixed convective laminar flow
in non-circular channels with different aspect ratios. Channels with
hydraulic diameters of 4 mm, 8 mm, and 11.5 mm and aspect ratios of %,
1, and 2 were investigated for different modified Grashof numbers by
varying the Reynolds number and heat flux. The local Nusselt number,
cross-sectional velocity profile, and temperature profile were obtained
and analysed. It was found that for forced convective flow in the 4 mm
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Fig. 17. Schematics of the counter flow multiple-channel systems with cold (blue) and hot (red) alternating layers. (a) AR = 1 heated from the top and bottom, (b)
AR =1 heated from the left and right sides, (c) AR = 2 heated from the top and bottom and (d) AR = ! heated from the left and right sides. The respective sections

that were investigated are marked with black dotted lines.
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channels, the increased heat transfer surface area of AR = > and AR = 2
led to increased Nusselt numbers. When mixed convective flow existed
at higher modified Grashof numbers, the vortices caused by buoyancy
effects were stronger, and best heat transfer was achieved using AR = .
The larger channel height favoured the buoyancy effects as the fluid
particles could accelerate for a longer distance upwards. As the warmer
fluid accumulated at the top of the channel, the colder fluid could not
effectively remove heat from the top surface, leading to a lower sec-
ondary flow velocity and less mixing in the upper region. This explains
why AR = 1 and AR = 2, with larger surface areas at the top, had lower
Nusselt numbers. Hence AR = 5, with the smallest top surface and
highest secondary flow velocity, had the highest local Nusselt numbers.

When the modified Grashof number was increased further by
increasing the hydraulic diameter of the channels to 8 mm, a secondary
vortex pair appeared near the bottom of AR = 1 and AR = 2. This was
because of the large density difference caused by the accumulation of
the warmer fluid and lower secondary flow velocity in that region.
Consequently, AR = 1 had the highest Nusselt number of 10.5, which is a
191 % increase from that of forced convection, due to enhanced mixing
caused by the secondary vortices. As the primary vortices were very
strong and close to each other in AR = ', a secondary vortex pair could
not develop. Although only a single vortex pair existed in AR = ', the
Nusselt numbers remained greater than for AR = 2, indicating that an
increase in vertical height is more favourable to enhance mixed
convective flow than an increase in horizontal channel width. However,
when hydraulic diameter was increased further to 11.5 mm, both the
density difference and the horizontal channel width were sufficient for a
secondary pair of vortices to form in AR = ', which led to increased
local Nusselt numbers.

To quantitively investigate the buoyancy-induced secondary flow,
the circulation strength of the vortices was calculated along the channel.
The circulation strength increased with increasing modified Grashof
numbers, and increased rapidly near the channel inlets where the radial
secondary flow vanished and vortical secondary flow was fast-
developing due to high density gradient. After reaching a peak, the
density gradient decreased due to the strong mixing effect by the vortical
flow, leading to a reduction in circulation strength until a balance was
reached. Thereafter it slowly increased due to the increasing density
gradient caused by the temperature increase. The led to an increase in
the local Nusselt numbers for mixed convective flow, unlike the
decreasing Nusselt number trend for forced convective flow. The cir-
culation strength increased with decreasing aspect ratio as well as with
the formation of the secondary vortex pair. Due to the existence of the
secondary vortex pair at AR = 1 in the 8 mm channel, the secondary flow
strength of AR = % and AR = 1 were similar. However, the Nusselt
number of AR = ' was exceeded by AR = 1 due to the more uniform
cross-sectional mixing caused by the secondary vortex pairs, indicating
the importance of uniform cross-sectional mixing. Moreover, the chan-
nel width was found to be the key factor determining the formation of
secondary vortices, and when the channel width and density gradient
are both large enough, secondary vortices would form at the centre
bottom.

Furthermore, the local Nusselt numbers increased with increasing
heat flux because of the higher temperature and density gradients, while
increasing the Reynolds number suppressed the buoyancy effects and
led to decreased Nusselt numbers. The single channel results were also
compared to a multi-channel counterflow heat exchanger system to
investigate the scalability of the results. It was found that for a fixed heat
input, the single- and multi-channel results correlated very well, indi-
cating potential computational savings when designing larger heat
exchanger systems.

Overall, it was concluded that mixed convective flow through non-
circular channels can be enhanced by increasing the hydraulic diam-
eter of the channel, increasing the heat flux or decreasing the Reynolds
number and that best heat transfer performance can be expected for AR
= Y. However, the formation of secondary vortex pairs, less mixing near
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the corners of the channels and significant effect of the height and width
of the channel on buoyancy effects, highlighted the complexity of mixed
convective flow through non-circular channels compared to circular
tubes. It is therefore recommended future studies also focus on devel-
oping flow regime maps for non-circular channels and investigate the
effect of surface roughness, inlet geometries, wider heat flux and Rey-
nolds number ranges, as well as the transient behaviour of the vortex
pairs and the transition to turbulence. This will provide valuable insights
into optimising the heat transfer performance of compact heat ex-
changers containing non-circular channels. Furthermore, improving the
empirical Nusselt number correlations for mixed convective flow will
greatly benefit the design of heat exchangers as guided by industry
standards.
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