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ARTICLE INFO ABSTRACT

Keywords: A recuperated solar-dish Brayton cycle using an off-the-shelf turbocharger as a micro-turbine and a rectangular
Turbocharger cavity receiver with integrated thermal storage is considered in this study. Due to the high temperatures that
Solar dish

these solar receivers operate at, a considerable amount of heat is lost to the environment through the aperture,
decreasing the solar-to-mechanical efficiency of the cycle. In this work, the heat losses from the solar receiver
were reduced by utilising a novel glass channel on the inside of the cavity receiver, running parallel to the
receiver walls and cooled by the working fluid (air) flowing from the compressor. The objective of this con-
ceptual study was to investigate the impact of the novel air-cooled window on the performance of the cycle at
steady state. An entropy generation minimisation technique combined with a SolTrace analysis was used. Results
showed that the maximum solar-to-mechanical efficiencies were on average between 41% and 45% lower than
for the cycle without the window. However, it was found that the exhaust temperature of the cycle with the
window was higher. Therefore, a higher energy utilisation factor of between 9% and 11% was found when

Micro-turbine
Cooling window
Recuperator
Brayton cycle

cogeneration was included.

1. Introduction

Since the development of the closed Brayton cycle in the 1930s, there
have been many designs and experiments combining either an open or a
closed Brayton cycle with a concentrated solar power system to generate
electricity [1,2]. However, the very high operating temperatures of solar
receivers used in concentrated solar power systems can significantly
decrease the efficiency of such systems [3,4].

1.1. Background and previous work

A solar dish can be applied as the heat source for power generation
using a Brayton cycle [5]. Air is an available and cost-effective working
fluid for the Brayton cycle, and allows for the cycle to be hybridised
using a combustion chamber. Much research has therefore been done on
the optimisation and testing of solar receivers using air as working fluid,
for operation in open Brayton cycles [6]. Bashir et al. [7] investigated
the use of a metallic phase-change material (PCM) integrated into a solar
receiver for short-term thermal energy storage in solar-dish gas turbine
systems. Metallic phase-change materials can be used as thermal storage

to provide a more stable turbine inlet temperature [8]. Thermal storage
can therefore be implemented in a solar-dish Brayton cycle to balance
out sudden fluctuations in solar radiation due to clouds [9].
Off-the-shelf turbochargers have been proposed to act as micro-
turbines in solar-dish Brayton cycles, to reduce overall cycle costs [10,
11]. In previous work, Le Roux and Sciacovelli [12] considered an
open-cavity tubular solar receiver with integrated metallic PCM for
short-term thermal storage, together with an off-the-shelf turbocharger
for power generation in a recuperated solar-dish Brayton cycle. How-
ever, heat losses from the proposed open-cavity solar receiver negatively
impacted the thermal efficiency of the solar receiver. Le Roux and
Sciacovelli [12] found that the maximum total heat loss rate from the
solar receiver was in the range of 12 kW when using a PCM at 1200 K
and an inclination angle of 45°. Craig et al. [13] applied computational
fluid dynamics (CFD) and ray tracing on an open-cavity tubular solar
receiver similar to the one by Le Roux and Sciacovelli [12]. Craig et al.
[13] found that the receiver had a total heat loss rate of 6.8 kW relative
to a rated solar input power of 12.7 kW at a 0° inclination angle and an
average receiver inner-surface temperature of 1053 K. Heat losses from
the solar receiver can be decreased by decreasing the size of the aper-
ture; however, this leads to the need for a more accurate and expensive
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Nomenclature

A Area, m?

AR Aspect ratio

a Width of recuperator channel, m

b Height of recuperator channel, m

BSR Blade speed ratio

c Linear fit constant

o Constant pressure specific heat, J/kgK

D Diameter, m

D, Difference 1, W

D, Difference 2, W

EUF Energy utilisation factor

F View factor

f Friction factor

h Heat transfer coefficient, W/m?K

k Thermal conductivity, W/mK

L Length, m

L Ensemble length, m

M Mass, kg

m Linear fit constant

m System mass flow rate, kg/s

N Amount of glass divisions

N’ Speed of micro-turbine shaft, rpm

NTU Number of transfer units

Nu Nusselt number

n Number of flow channels in one direction

p Pressure, Pa

Pr Prandtl number

Q Heat transfer rate, W

Quoss Heat loss rate, W

Quet Net heat transfer rate, W

Q* Solar power available at the receiver cavity, W
R Gas constant, J/kgK

Ra Rayleigh number

Re Reynolds number

r Pressure ratio

Sgen Rate of entropy generation, W/K

s Specific entropy, J/kgK

T Temperature, K

T* Apparent temperature of the sun as an exergy source, K
t Thickness, m

U Overall heat transfer coefficient, W/m?K

Vv Velocity, m/s

% Specific volume, m®/kg

w Power, W

X3 Additional net power output calculation 1, W
X5 Additional net power output calculation 2, W
Z Height, m

Greek Letters

a Constant for heat transfer coefficient relation

p Constant for heat transfer coefficient relation
r Ratio between fluxes

A Change in

€ Emissivity

n Efficiency

4 Receiver inclination angle

A Focal length, m

P Density, kg/m®

c Stefan-Boltzmann constant, W/m?K
W Constant for heat transfer coefficient relation
Subscripts

0 Zero-pressure (for c,)

1-11 Refer to Fig. 2 (for T, P, V and Z)
air Air

abs Absorbed

avg Average

cold Cold side

c Compressor

chn Channel

cay Cavity

cond Conduction

cony Convection

f Fluid

gl Glass

hot Hot side

hyd Hydraulic

i Index counter

init Initial

in At the inlet

ins Insulation

int Internal

j Index counter

L Based on the length

loss Loss

max Maximum

n Glass section number

net Net

opt Optimum

outer On the outside of the insulation
out At the outlet

rad Radiation

rec Receiver

reg Recuperator

s Surface

sol Solar

t Turbine

tot Total

w To the water

win Window

) Environment

solar dish. Some researchers have used glass covers in order to minimise
heat losses from rectangular solar receivers [14-17]. However, keeping
the glass covers cool under highly concentrated solar irradiation has
proved to be a difficult task. A window cover on a solar receiver that is
not cooled can crack or shatter due to the very high temperatures the
glass is subjected to. This can lead to cost increases as well as pose safety
hazards to the operators or maintenance personnel.

Solar receivers with window covers have been investigated in
numerous literature studies. The glass must be able to withstand
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significant thermal loads from highly concentrated solar irradiation and
reradiation from the inner-cavity walls. Thus, various strategies have
been investigated to ensure the safety and durability of the glass cover
solution. These strategies include manufacturing the glass with concave
shapes to relieve thermal tension [18] or cooling the glass through
forced convection with an appropriate heat transfer fluid [19]. A 250
kWy, tubular cavity receiver with a 3 mm thick, flat, uncoated quartz
glass cover, which was investigated by Too et al. [20], showed that an
increase of nearly 17% in the receiver’s thermal efficiency was possible.



J.H. de Beer et al.

NAnsys
2022 Rl
STUDENT

—— Insulation

i Glass Window

/—Coiled Tube
/_ Phase-

change
Material

Air Inlet

Fig. 1. 3D section view (representation) of the receiver with the cooling win-
dow concept.

In a CFD study by Cui et al. [14], a 5 mm-thick quartz cover with a se-
lective coating was used. The simulations showed that the heat losses
were reduced by 36% compared with those of the uncovered receiver.

Lietal. [3] investigated a double-window cover concept in which the
aperture of the receiver was covered with a glass pane and the second
glass pane was placed a certain distance into the receiver cavity. Li et al.
[3] found that the total efficiency increased as the cavity size,
inner-window thickness, emissivity of the inner walls, and distance be-
tween the two windows increased. The peak temperature of the outer
window was about 39 K-83 K lower than for a configuration with only
one window cover [3]. Uhlig and Roger [18] combined the idea of using
a concave shape to relieve thermal stresses and forced convection to cool
the glass. The receiver consisted of a concave quartz inner-window
cover, which was cooled by air bled from the compressor to ensure
the cooling air had the same pressure before entering the receiver [18].
The outlet gap geometry and inlet temperature were altered to find the
most efficient cooling, the lowest pressure drop and lowest mass flow
rate. The design was tested experimentally and compared with numer-
ical simulations with acceptable accuracy.

Wang et al. [19] investigated a volumetric solar receiver with glass
cover cooling. The cooling air was pumped from a compressor and fed
back into the cycle after passing over the glass cover. The cooling win-
dow was placed perpendicular to the receiver walls and parallel to the
aperture. The investigation was conducted numerically (with the finite
volume method) and experimentally (with three all-day tests). An outlet
air temperature of 1003K and a thermal efficiency of 63.1% were
observed [19].

1.2. Novelty and contribution of this work

In this work, a novel air-cooled glass window is proposed for the
open-cavity tubular solar receiver that was investigated by Le Roux and
Sciacovelli [12]. The novel air-cooled glass window is placed on the
inside of the solar receiver cavity, parallel to the receiver walls and
perpendicular to the aperture (different from the air-cooled glass win-
dows that were mentioned above). Furthermore, the novel cooling
window is integrated with a recuperated solar-dish Brayton cycle, by
using air directly from the compressor to cool the window. This work
also considers off-the-shelf turbochargers for the micro-turbine and an
open-cavity tubular receiver with integrated PCM as thermal storage, as
was done by Le Roux and Sciacovelli [12]. The study analyses the impact
of the novel air-cooled window on the solar-to-mechanical conversion
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Fig. 2. Recuperated solar-dish Brayton cycle with receiver window cooling,
adapted from Le Roux and Sciacovelli [12].

efficiency, net power output, energy utilisation factor (when including
cogeneration), required solar input power, and consequently, the
required dish size for steady-state operation at a certain phase-change
temperature.

2. System description

A glass window is proposed on the inside of the receiver cavity,
parallel to the rectangular receiver walls. This concept consists of two
glass panes forming a channel in which cooling air flows (see Fig. 1 for a
3D visualisation of the concept created with ANSYS). There are four
channels, one on each side of the receiver, as well as a channel parallel to
the top wall of the receiver. The glass is cooled by air coming directly
from the compressor. The stainless-steel solar receiver cavity has a total
height of 0.5 m and an aperture area of 0.25 m x 0.25 m (identical to Le
Roux and Sciacovelli [12]). Fig. 2 shows the recuperated solar-dish
Brayton cycle with short-term thermal storage as well as the position
of the novel cooling window (in blue). The cycle uses air as working fluid
in an open-cycle configuration. Air enters the radial compressor (Posi-
tion 1 in Fig. 2), which is driven by the turbine. The turbine also acts as a
generator to provide shaft power to an electrical load [10]. The
concentrated solar power (orange arrows) heats the inner-cavity walls of
the solar receiver, which contains the phase-change thermal storage
material. The thermal storage material heats the air flowing through a
stainless steel coil [12]. The recuperator allows for increased cycle ef-
ficiencies and operation at lower pressure ratios [21,22]. The hot
exhaust air can be used for cogeneration (see, for example, Ref. [23]).

3. Methodology

This section presents the most important assumptions that were
made in the analysis. The modelling of the solar receiver with the in-
tegrated glass window and cooling is described with the first law of
thermodynamics. Gaussian elimination was used to calculate the glass
surface temperature and the amount of heat the glass transfers to the
cooling air. The complete cycle modelling used an entropy generation
minimisation technique to optimise the maximum cycle net power
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Fig. 3. 2D section view of the receiver (representation) with heat losses.

output with a recuperator and micro-turbine. The models were set up to
predict the solar-to-mechanical efficiency of the cycle, the net power
output of the cycle, the required solar input power, and the glass surface
temperature. The recuperator geometry, receiver phase-change tem-
perature and turbine pressure ratio were variables in this study. Per-
formance maps were created, which could be used for further analyses
where cost, net power output, turbine pressure ratio and phase-change
temperature were considered.

3.1. Assumptions

It was assumed that the phase-change material, as well as the
stainless-steel inner-cavity walls and tube surface, were at a constant
temperature (the melting temperature of the PCM). The mass flow rate
from the compressor was divided equally between the five window
channels (one on each side of the receiver, as well as one at the top) and
each glass window was 3 mm thick. The width between two glass win-
dows forming a channel was initially arbitrarily chosen as 6.8 mm and
the simulations were carried out with this channel width; however, the
channel width was also later investigated as a parameter. Conduction
heat losses from the cooling window were not considered in this study
and were expected to be negligible.

3.2. Receiver and glass modelling

The receiver and the glass window were modelled using the first law
of thermodynamics. Fig. 3 shows the heat losses from the window to the
environment through the receiver aperture as well as the heat gain on
the window from the inner-receiver wall. From an energy balance at
steady state, the net heat transfer rate at the glass window is given by:

. . * . . .
Qretin = Coin T Qabs — Qloss.radwin — Lioss.conv.win @

where Qg = Qlos&md,rec + Quoss.conv.rec, Which represents the heat gain on

the window from the inner-receiver wall (see Fig. 3), while Q,;, repre-
sents the absorbed solar heat as found from SolTrace (see the following

subsection for a description of the SolTrace analysis).

3.2.1. SolTrace model

SolTrace can model concentrated solar power (CSP) systems using
Monte Carlo ray-tracing methodologies [24]. In this work, the solar
receiver geometries were fixed while the dish size was allowed to vary
using a fixed rim angle of 45°. The SolTrace script was therefore written
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in such a way that when the dish size was changed, the receiver position
relative to the solar dish would be adjusted accordingly to have the
parabolic dish’s focal point on the receiver with minimal spillage.

The solar dish accuracy, optical properties and dish size are impor-
tant factors that can significantly impact the total cost and cycle effi-
ciency. The dish surface was modelled as having a reflectivity of 85%
and both a specularity and slope error of 2 mrad. A solar irradiance of
1000 W/m? was assumed. The receiver cavity walls were modelled as
oxidised stainless steel with an assumed reflectance of 15% [10]. The
glass had an assumed reflectivity of 8%, transmissivity of 86% and ab-
sorptivity of 6% for solar radiation per window [25]. A pillbox sunshape
was assumed with the parameter for the pillbox chosen as the half-angle
width of 4.65mrad. Each of the glass panes was modelled with a
refraction index of 1.5, with an air entity on each side with a refraction
index of 1. This was done to capture the refraction of light as it travelled
through the glass, as recommended by Wendelin et al. [24]. Since Sol-
Trace uses ray tracing to compute heat flux, more sun rays mean
increased accuracy of the solutions and therefore, 1 million sunrays
were used with a seed value of ‘123’ throughout the simulations.

3.2.2. Radiation heat loss model

The emissivity of the inner-cavity wall was assumed to be 0.7 for
oxidised stainless steel at 1000 K [12]. The radiation heat loss rate from
a surface can typically be calculated with Eq. (2) [25]:

Qlo.&.v.md =¢e0A (Tfl - T:o) (2)

When calculating the surface temperature of the glass, the view
factor (sometimes called the shape factor) is a very important aspect to
consider. The view factor determines how much a certain part of the
glass is exposed to the aperture (environment), inner-cavity wall, or the
other glass panes. The radiation heat transfer rate in different sections of
the inner-receiver wall was calculated using Eq. (3) [10]:

Otossraan =An 3)

Fo_j <e,,aT:n - ejaT;‘J)
Jj=1

Eq. (3) was also used to determine the radiation heat loss rate from
the glass to the aperture. The emissivity of the glass was assumed to be
constant at 0.88 [17]. The radiation heat transfer from a hot surface to a
cooler surface is proportional to the fourth power of the surface tem-
peratures of the two surfaces. To be able to use Gaussian elimination, the
fourth-power temperature terms were assumed to have a linear form,
my Tsn + €1, according to Ref. [10]. For radiation heat loss from the glass
between 500 K and 800K, a linear regression line with a coefficient of
determination of 0.96 was used.

Since there were two glass panes per channel, the effective trans-
missivity for infrared radiation from the inner-cavity walls became
almost negligible. Therefore, in this work, it was assumed that for
infrared radiation, the reflectivity and absorptivity of the double-glass
window were 90% and 10% respectively.

3.2.3. Convection heat loss model

Convection heat transfer will occur on the inside of the cavity, on the
inside of the cooling channel, on the inside of the air gap between the
window and the cavity wall, and on the inside of the coiled tube in the
receiver. As in the work of Le Roux and Sciacovelli [12], the
Dittus-Boelter equation was used to model internal forced convection on
the inside of the coiled tube. Forced internal convection also occurred on
the inside of the cooling channels formed by two glass panes (see Fig. 3).
Since the glass channels were rectangular, the Reynolds number had to
be altered by using the hydraulic diameter, which is given by Eq. (4)
[25]:

Dyjya = 4

a+b

For laminar flow, the Nusselt numbers and friction factors for the
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Fig. 4. Numbering system used for glass sections.

glass channels (noncircular tubes) are found in Ref. [25] assuming
constant heat flux. The heat transfer coefficient was calculated by
rearranging Eq. (5):

_ hD, hyd
k

Nu ()

For turbulent flow (assuming the Reynolds number is greater than
4000), the Nusselt number for the glass channels was calculated using
the following equation [26]:

Re — 1 P
Ny (/8)(Re - 00(2)) r
1+ 127()" (P -1)

(6)

The friction factor, f, in Eq. (6) was found using the Petukhov
equation [27] for turbulent flow in smooth tubes, as shown in Eq. (7):

)

It must be noted that there were different Nusselt number correla-
tions, and thus different heat transfer coefficients, for the different flow
regimes. The code that calculated the heat transfer coefficient used an if-
statement to determine the appropriate Nusselt number based on the
Reynolds number.

Natural convection on the inside of the cavity is a relatively complex
phenomenon. Paitoonsurikarn and Lovegrove [28] showed that a
parameter described as the ensemble cavity length scale, L;, could be
used to account for the effects of cavity geometric parameters and
inclination [29,30]. The proposed ensemble length, L;, is given by Eq.
(8):

f=(0.790 in(Re) — 1.64)*

3
L= Z a; cos(0 + )L, ®

i=1
Eq. (8) depends on the cavity dimensions as well as the inclination
angle of the receiver. The index, i, in Eq. (8) depends on three length
scales of the receiver, namely the cavity width, depth and aperture size,
represented by the symbol, L;. The constants a;, §; and y; from Eq. (8) are
summarised in Paitoonsurikarn and Lovegrove [28]. The Nusselt cor-
relation has the following form [28]:

Nu; =0.0196 Rag"” P13 (9)

The Rayleigh and Prandtl numbers in Eq. (9) were evaluated at the
film temperature, which is the average between the glass surface tem-
perature, T, and the ambient temperature, T,,. The heat transfer coef-
ficient on the inside of the cavity was then calculated by rearranging Eq.
(10):

(10)

The heat loss due to convection per window section was calculated
with the average heat transfer coefficient for the whole cavity and is
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given by Eq. (11):

Q.Iosx.canv = hcuvAgl(Ts - Too) (1 l)

Lastly, the convection heat transfer in the enclosure (between each
inner-cavity wall and glass pane, see Fig. 3) depends on the aspect ratio
and Rayleigh number of the enclosure. In CFD simulations by Pendyala
et al. [31], the authors developed Nusselt number correlations appli-
cable to air as a working fluid:

Nu=1.46 x 1075(AR)*" (In(Ra))*** 12

Egs. (10) and (12) were used to find the heat transfer coefficient in
the enclosure. The convection heat loss from the window is included in
Eq. (1).

3.2.4. Pressure drop

For fully developed flow in a circular duct, the pressure drop is given
by Eq. (13) [25]. For a rectangular duct, the hydraulic diameter, Dpyq,
was used instead, as calculated by Eq. (4).

AP/ lg) P‘;fvg a3)

The symbols a and b in Eq. (4) refer to the channel width and height
respectively. For laminar flow in a duct with constant heat flux, the
friction factor can be interpolated from Cengel & Ghajar [25] at the
specific aspect ratio, a/b. For turbulent flow, Eq. (7) can be used to
calculate the friction factor in the rectangular duct. Note that the pres-
sure drop in the solar receiver coil was determined according to Le Roux
& Sciacovelli [12].

3.2.5. Numerical methods

The temperature profile of the glass was determined by dividing each
of the four glass panes into several equally sized sections (see Fig. 4).
Each of the four sides of the rectangular receiver was divided into five
sections, which gave each section a height of 0.1 m. The top section was
also covered with glass in the simulation to account for the view factor to
the top. The top glass pane was not divided into sections to limit
computational time.

Fig. 4 shows the numbering system used for the glass sections, where
the top section was added to the end of the numbering system. The
proposed method was based on the method put forward by Ref. [10].
The main difference was that the flow was not modelled to flow in a coil
but rather from the bottom to the top of the window.

In this conceptual study, the temperature profile and the net heat
transfer rate at the various sections of each glass window were found
with Eq. (14) [10]. It was therefore assumed that each glass channel
section had a constant temperature on both sides of the channel. Note
that the mass flow rate, m.,, used in all the equations that involved the
windows was equal to the mass flow rate at Point 1 in Fig. 2 divided by
five.

n=1 (( Oneri
(T:.n - Zi:l (”ﬁhnf,yo = Tin,init

1 1
<hL'ImAn + z’ithVlcp(\>

Eq. (14) was derived from the definition of fluid temperature at the
centre of a control volume as well as the definition of convection heat
transfer, according to Eq. (15) and Eq. (16) respectively [10].

Qne/,n.w[n

2mchn CpO

Q;1er,n,win = (14)

Tout.n - Tin.n

Ty =Tinn
Iz Tt 3

= T[n.n +

(15)

Oreravin = henAn (Ton — Tr.) (16)

Eq. (14) used the outlet temperature of the compressor as Tj, ;- The
outlet air temperature from each section, T, ,, was calculated from the
heat gained at the previous glass sections. Eq. (6) was used to calculate
the heat transfer coefficient in Eq. (14). By using Eq. (3) and Eq. (11) and
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substituting into Eq. (1), Eq. (17) could be found, which was written in
terms of the unknown net heat transfer rates and surface temperatures of
each glass section according to the numbering in Fig. 4. Note that for the
radiation heat loss term, the radiation heat transfer from one glass side
to another and the radiation heat loss to the aperture were included. This
equation could be simplified further by using the linear approximation
(as discussed in Section 3.2.2).

\ N
Qnez.n,win = Qlwm + Qabs,n 7A,,86(m1 Ty, + Cl) +An€02 F,_; (mlT:.j + C])

Jj=1

+Angoc0-Fn—moT:o - hn.cuvAn (T:.n - Too)

17)

The Qus, term in Eq. (17) is the radiation and convection heat
transfer that was transferred from the inner-receiver wall to the window.
Eq. (5) was used to calculate the heat transfer coefficient in Eq. (17). By
using Gaussian elimination in Octave, the surface temperatures (T;,) and
net heat transfer rates (Qnet,n.win) of the window could be calculated by
solving Eq. (14) and Eq. (17) simultaneously. The outlet air temperature
of the cooling window was also of importance because the outlet air was
directly fed back into the Brayton cycle (Position 3 in Fig. 2). The outlet
air temperature was calculated by rearranging Eq. (18) (energy balance)
and solving for Ty oue-

Qovetin = mchncpo (TairAvut - Tair.in) 18)

The mass flow rate in Eq. (18) was one fifth of the full mass flow rate
calculated from the corrected mass flow rate of each turbocharger at
steady state (see Section 3.3.3). Eq. (18) could also be used to check
whether the Gaussian elimination function had been solved correctly
because Q,,Etwin had to be equal to the sum of the heat transfer rates that
were calculated at each section of the window using Eq. (16). The outlet
air temperature was used in modelling the complete cycle in the
following sections.

3.3. Complete cycle modelling

The receiver phase-change temperature, chosen turbocharger, tur-
bine operating point, and cooling channel width were parameters in the
study. The complete cycle was modelled in the same manner as in the
study by Le Roux and Sciacovelli [12]. The existing code by Le Roux and
Sciacovelli [12] was modified to account for the heat gain of the air in
the cooling window by including the methodology that was presented in
Section 3.2. The variables were the recuperator channel width, height,
length and number of parallel flow channels. The dimensions of the
open-cavity tubular solar receiver stayed constant in the analysis and
were the same as those used in the study by Le Roux and Sciacovelli
[12].

3.3.1. Solar receiver

The aperture area of the receiver was fixed at 0.25m x 0.25 m, the
tube’s inner diameter was 0.0833 m, and the tube length was 8 m [12].
The solar rays were concentrated by the solar dish and were absorbed by
the receiver’s inner-cavity wall after being transmitted through the glass
window. The metallic phase-change material absorbed the heat from the
concentrated solar radiation and stored it, but also transferred it to the
heat transfer fluid (HTF), which flowed on the inside of the coiled tube.
The coiled tube receiver was modelled as a constant surface temperature
tube, with the assumption that the tube surface temperature, T .., was
equal to the PCM melting temperature [12]. For steady-state operation,
the exit temperature of the receiver air was calculated with Eq. (19) and
the net heat transfer rate with Eq. (20) [25].

_ hrecAs

e

Tou =Tsree = (Tosee — Tin) € 19)
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A _h A (T,-,, - de)

QIIFI.H:‘C — Ttrect s

’ In Tsree—Tou
Tsrec—=Tin

(20)

It should be noted that the heat transfer coefficient, h,., in Eq. (20) is
for the inside of the coiled tube and was calculated according to Le Roux
& Sciacovelli [12]. The required solar power at the cavity walls was
found using Eq. (21) [12].

Qe = Qtoss cond.rec T Qloss.conv,rec T Qloss.radrec T Onetrec

The heat losses due to conduction from the receiver to the environ-
ment were calculated according to Ref. [10]:

(2D

A (Ts.rez‘ - Too)
1.86

Qoss.condree = 22)
where it was found that (1 /hyser +tins /kins) ~ 1.86 for receiver aperture
sizes of up to 2 m [10]). The convection heat loss from the receiver to the
window through the air gap between the windows was calculated with
Eq. (11), where the heat transfer coefficient was calculated with Eq. (5)
and the heat transfer was from the hot inner-cavity wall to the window.
The radiation heat loss was calculated with a modified form of Eq. (2).
Instead of having radiation heat loss to the environment, the radiation
heat loss was from the inner-cavity wall to the glass, thus T, in Eq. (2)
was replaced by T in.

The cycle optimisation code used a while loop to iterate the code and
within the loop, Eq. (20) was used to calculate Q. The SolTrace
model was run with five different solar dish sizes, namely dish diameters
of 4.8, 6, 7.2, 8.4 and 9.6 m. Since the focal length of the solar dish is
dependent on the size of the dish, the calculation of the focal length was
coded into the SolTrace model to update the model as the dish size
updated. The rim angle of the dish was kept constant at 45°. From the
SolTrace analysis, a relationship was found between the solar flux on the
glass panes and the inner-receiver walls, i.e., the relationship between

Q,,,, and Q.. The relationship was found to have the form of

Qwin = mQ;ﬁ(‘ +c (23)

and a function was written that outputs the function parameters m and c.

It is important to note that Q,;, only included the solar heat flux
contribution and not the reradiation from the inner-cavity wall. The
total required solar power was used further in the analysis and was given
by Eq. (24), which is a function of the dish size and can be used to es-

timate the dish size required for steady-state cycle operation.

Q:ol = Q;'ill + Q:ec (24)

However, the code that calculated the temperature profile of the
window required the solar flux on the window to be a distribution (per
window section) instead of a total to function correctly. From the five
SolTrace cases, the ratio of the solar flux distribution on each glass di-
vision could be determined. This ratio was calculated as follows:

_ Heat flux per division 25)

" Total heat flux per side

A function was made that interpolated between the five different
dish size heat flux ratios. This distribution was used as an input to the
code. The code calculated the glass surface temperature, which was used
to calculate the heat losses from the window by using Eq. (3) and Eq.

(11). Eq. (21) was then used to find Q which was used in Eq. (23). The
was used in Eq. (1) to find the net heat transfer rate

rec’
solar heat flux, Q,;,,
on the window, Q.- The neat heat transfer rate was used to find the
change in temperature between Positions 2 and 3 (in Fig. 2) in the cycle

with:
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Table 1
Recuperator variables.

Variable Range

Width of recuperator channel, a (mm)
Recuperator channel height, b (mm)

Length of recuperator, Ly (m)

Recuperator number of parallel flow channels, n

150-450 (step size: 75)
1.5-4.5 (step size: 0.75)
0.5-3.5 (step size: 0.75)
15-45 (step size: 7.5)

Qnet.win

mc,

AT, 3= (26)
The temperature change (Eq. (26)) was then used to calculate the
temperature at Position 3 in Fig. 2 as follows:

T3=T,+ AT, 3 (27)

which was iterated each time the while loop was executed.

3.3.2. Recuperator

The same plate-type counterflow recuperator model was considered
in this study as the one used by Le Roux and Sciacovelli [12] (with
channel width a, channel height b, channel length, L, and number of
flow channels in one direction, n). The pressure drop through the
recuperator with rectangular channels was calculated according to
Section 3.2.4 using the hydraulic diameter. The forced convection heat
transfer coefficients for the hot and cold sides of the channel (hp, and
h.o1q) Were calculated to be able to calculate the overall heat transfer
coefficient, U. The overall heat transfer coefficient, therefore, depended
on the Reynolds numbers, aspect ratios and average temperatures. The
effectiveness of the recuperator was found by using a modified effecti-
veness-NTU method that includes heat loss to the environment [12].

3.3.3. Power output

Octave was used to implement an entropy generation minimisation
technique to calculate the maximum solar-to-mechanical efficiency, the
net power output and the required solar input power for receiver phase-
change temperatures ranging from 900K to 1200 K while considering
three different off-the-shelf turbochargers and several different recu-
perator geometries (see Table 1 and Le Roux and Sciacovelli [12]). The
range of the recuperator length was changed to 0.5-3.5 m instead of the
1.5-3.5m used in Le Roux and Sciacovelli [12]. A smaller recuperator
length was expected because the air entering the recuperator at State 3
should already have gained significant heat from the window, and the
recuperator thus needed to exchange less heat to get the receiver’s inlet
air to the same temperature.

The turbine pressure ratio (r;) was used as a parameter in the anal-
ysis, as was done in the work by Le Roux and Sciacovelli [12]. The
turbine map provides the corrected turbine mass flow rate in terms of
the turbine pressure ratio. The actual mass flow rate, blade speed ratio
(BSR) and turbine efficiency were calculated as shown in Le Roux and
Sciacovelli [12] using an interpolation routine involving the shaft speed.

Three commercial turbochargers were considered in this analysis:
the GT1241, GT2052 and GT2860RS from Garrett Motion in the USA. The
Octave program had the same structure as described in Le Roux and
Sciacovelli [12]; however, the solar receiver part of the code was
changed to include the cooling window. The program had the following
structure:

For the three different turbochargers,

for Ty =900 K-1200K at step size of 100K,

for each turbine pressure ratio (r;) in the operating range of the
turbine,

for each recuperator geometry combination (625 different combi-
nations of a,b, Ly, and n),
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- Find the net power output and the solar-to-mechanical efficiency of
the cycle.

- Find required solar input power for steady-state operation at the
phase-change temperature.

It was assumed that the heat losses in the pipes connecting each of
the components were negligible. To find the temperatures and pressures
in the cycle, an iteration routine was used along with the recuperator
effectiveness and the compressor and turbine isentropic efficiencies.
Note that P; = Py (see Fig. 2). By doing an exergy analysis for the
recuperated solar-dish Brayton cycle and assuming V; = Vi; and
Zy = Z11, the net output power equation can be shown in Eq. (28) [32].
Eq. (29) shows the total entropy generation rate as a function of the
pressures and temperatures of the cycle (see Fig. 2).

. . T\ -+ 3 X T
Woer = — TooSgen,imt + (1 — T) O +nicy(Ty — Thy) — micy In (Tfl) (28)
I

: . T . Py
S, enjint — | — In| — Rin| —
e B R

® .
T T P P o0 0SS, re;
+ |mcy In 104 (Prola 9 4 Qloss.reg
ToT5 \ PoPs Tw
L recuperator
[ Q:g( er).x‘v,(,'r)nd.re(' . Ts . Ps
+ | T + T + micy In Ts —mR In ITS o
[ . T; . Py
+ | —micy In (—) + mR In (—)}
L 7 Ts Py turbine

Qla ss,win _ QW,',,:|
T°° T window

. T, . P,
+ { —nicy In (E) + mRin (173) +
Note that Eq. (29) indicates that the radiation and convection heat
losses from the receiver’s inner wall were absorbed by the window and

the terms cancelled out in the entropy generation rate equations with
only the conduction heat loss from the receiver still being present. The

(29)

solar-to-mechanical efficiency was calculated with Eq. (30), where Q:ot

included the solar heat gain of the receiver and the window.
Wnet

Nsot ==

tot

(30)

3.3.4. Energy utilisation factor

Another important cycle performance metric to consider was the
energy utilisation factor (EUF), which indicated the extent to which the
cycle could convert the available solar power into useable power and
heat [33]. The EUF was calculated by using Eq. (31) [33] and assuming a
water heat exchanger effectiveness, 7, of 65%:

Qtot

EUF = (31

where the quantity Quqcr,, , is the maximum potential for heat gener-
ation relative to the environment:

Oar 1, =1ty (T1y — Ty) (32)

The temperature of the environment, T;, was taken to be 300 K and
the cycle’s exhaust temperature, T7;, was calculated with the numerical
analysis described in this section. The constant pressure specific heat,
Cpo, Was calculated at the average temperature between T; and Ty;.

4. Results
This section presents the results of the numerical analysis with a

focus on the impact of the air-cooled window on the performance of the
system. The results of the required solar input power, net power output
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Fig. 5. Maximum solar-to-mechanical efficiency of the cycle for different tur-
bine pressure ratios and receiver phase-change temperatures from 900K to
1200K (for GT1241).
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Fig. 6. Maximum solar-to-mechanical efficiency of the cycle for different tur-
bine pressure ratios and receiver phase-change temperatures from 900K to
1200 K (for GT2052).

and cycle temperatures at maximum solar-to-mechanical efficiency are
presented. The impact of different cooling window channel widths on
the pressure drop, heat transfer, temperature change and glass surface
temperature is also presented. Finally, the impact of the novel cooling
window on the performance of the cycle is discussed.

Renewable Energy 208 (2023) 465-480

0.14
m 1200K
0.12 1 A 1100K m mEn -
+ 1000K m o, A a A
0.1 1 900 K !”‘ e ataa
B e e e L,oon
x TN *
S 0.08 u —t
g e g
3 o
8 0.06 | ut
< .
4 o
0.04 -
0.02 -
0 . .
1 1.5 2 2.5
Iy

Fig. 7. Maximum solar-to-mechanical efficiency of the cycle for different tur-
bine pressure ratios and receiver phase-change temperatures from 900K to
1200 K (for GT2860RS).

4.1. Maximum solar-to-mechanical efficiency

The results in this section were produced with a cooling channel
width of 6.8 mm. This specific channel width was chosen based on initial
pressure drop calculations to keep the pressure drop below 1 kPa. The
code was used to iterate through all the turbochargers’ different pres-
sure ratios as well as the different recuperator geometries. The
maximum solar-to-mechanical efficiency was then found for each tur-
bine pressure ratio as well as the net power output and required solar
input power at that specific maximum solar-to-mechanical efficiency.

Figs. 5-7 show the maximum solar-to-mechanical efficiency of the
complete cycle with the included air-cooled window for four different
receiver phase-change temperatures as well as three different off-the-
shelf turbochargers as a function of turbine pressure ratio. The
maximum solar-to-mechanical efficiency is presented for each turbine
pressure ratio, represented by an optimal recuperator geometry.

Figs. 5-7 show that the maximum solar-to-mechanical efficiency
increased as the receiver surface temperature increased, especially at
higher turbine pressure ratios. Fig. 6 shows that maximum solar-to-
mechanical efficiencies in the range of 4%-12% could be achieved (at
receiver temperatures of 900K-1200K) with the GT2052 turbo-
charger’s range of pressure ratios.

Tables 2-4 show the maximum data points correlating to Figs. 5-7.
For example, the required solar input was 24.8 kW to achieve the
maximum solar-to-mechanical efficiency of 8%, according to Table 3,
with 1.99 kW of shaft power being produced at a pressure ratio of 1.94
and a receiver temperature of 900K. Fig. 7 shows that solar-to-
mechanical efficiencies of up to 12% could be achieved (at 1200 K)

Table 2

Maximum solar-to-mechanical efficiency for GT1241 and different surface temperatures.
T, (K) Ttopt a (mm) b (mm) Lreg (m) n Woer (W) M (kg) Q;’t (KW) Mot max max
900 2.063 375 2.25 0.5 45 1262 272 17.4 0.072
1000 2.125 450 1.5 0.5 45 1811 325 20.0 0.091
1100 2.438 300 1.5 0.5 45 2859 217 27.9 0.102
1200 2.188 300 2.25 1.25 30 3064 363 25.6 0.120

Table 3

Maximum solar-to-mechanical efficiency for GT2052 and different surface temperatures.
T (K) Ttopt a (mm) b (mm) Lreg (m) n Woaet (W) M (kg) Q:at (KW) Mot max max
900 1.938 450 1.5 0.5 45 1985 325 24.8 0.080
1000 1.938 450 1.5 0.5 45 2703 325 27.8 0.097
1100 1.938 450 1.5 0.5 45 3454 325 31.3 0.110
1200 2.375 450 2.25 0.5 45 6098 326 49.6 0.123
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Table 4
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Maximum solar-to-mechanical efficiency for GT2860RS and different surface temperatures.

T (K) Ttopt a (mm) b (mm) Lyeg (m) n Wer (W) M (kg) Q:w (kW) ol max max
900 1.625 450 2.25 0.5 45 1939 326 25.8 0.075
1000 1.875 450 15 0.5 45 3656 325 39.3 0.093
1100 1.875 450 15 0.5 45 4705 325 435 0.108
1200 2.063 450 15 0.5 45 6804 325 58.3 0.117
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Fig. 8. Net power output at maximum solar-to-mechanical efficiency as a
function of turbine pressure ratio, receiver phase-change temperatures
(900 K-1200 K) and solar input power (for GT1241).

with an off-the-shelf turbocharger (the GT2860RS) operating at a tur-
bine pressure ratio of 2.063 and a net power output of 6.8 kW (see
Table 4); however, the required solar power was 58.3 kW, which meant
that the solar dish and tracking system would have to be very large. For
similar solar-to-mechanical efficiencies and receiver phase-change
temperatures, a cycle with the GT1241 turbocharger would require a
much smaller solar dish than a cycle with the GT2052 or GT2860RS
turbocharger. However, the net power output that could be produced by
the GT1241 turbocharger was lower than for the other two turbo-
chargers. The results show that for nearly all the assumed receiver
temperatures, a recuperator with a channel width of 450 mm, channel
height of 1.5 mm, length of 0.5m, and 45 parallel flow channels (90
channels in total) produced maximum solar-to-mechanical efficiency, as
shown in Tables 2-4. Only a few recuperators had a slightly larger
channel height (2.25 mm).

For each micro-turbine, Figs. 8-10 indicate the cycle’s net power
output at the maximum solar-to-mechanical efficiency, as a function of
the turbine pressure ratio, together with the required solar power at the

receiver aperture, Q* The required solar power at the receiver aperture
is an indication of the required dish size. Therefore, increased net power
output could be produced by the cycle at higher pressure ratios and
higher receiver phase-change temperatures. The required solar input
power is an indication of the cost of the solar dish because the aperture
of the receiver was fixed at 0.25m x 0.25 m [12]. Figs. 8-10 can thus be
viewed as performance maps because they can be used to select specific
dish sizes to achieve a certain net power output at a preferred receiver
phase-change temperature. As an example, Fig. 9 indicates that, for a

solar dish with solar input power of Q = 28 kW, the expected shaft
power output is 2 kW at a receiver phase-change temperature of 900 K
and turbine pressure ratio of 2.06, while 3 kW shaft power can be pro-
duced at 1200 K at a much lower pressure ratio of 1.69. Fig. 9 also shows
that for a receiver at 1000 K, 3.8 kW of net power can be produced at a
required solar input of 43 kW and a pressure ratio of 2.44. However, at a
lower pressure ratio of 1.94 and a receiver temperature of 1200K,
4.3 kW of net power can be produced, but at a smaller required solar
input of 36 kW. This shows the significance of performance maps for a
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Fig. 9. Net power output at maximum solar-to-mechanical efficiency as a
function of turbine pressure ratio, receiver phase-change temperatures
(900 K-1200 K) and solar input power (for GT2052).

cost analysis study.

Fig. 11 shows the temperatures at the different positions throughout
the cycle (see Fig. 2 for the position numbering) for performance at
maximum solar-to-mechanical efficiency when using a GT2052 off-the-
shelf turbocharger with the recuperator geometries mentioned in
Table 3. Fig. 11 shows that most of the temperature rise was from State 1
to State 6, which included the compressor, window, recuperator and
coiled tube (also see Appendix A for P-v and T-s diagrams). Fig. 2 in-
dicates that the window was between States 2 and 3, thus considering
Fig. 11, the window increased the air temperature on average by about
225 K. The window thus preheated the air before it entered the recu-
perator and receiver. Furthermore, the exhaust air temperature (at Po-
sition 10) was still relatively high, which has the potential for
cogeneration.

Fig. 12 shows the pressures at different positions in the cycle for
different receiver phase-change temperatures for the GT2052 micro-
turbine operating at the maximum solar-to-mechanical efficiency and
optimum pressure ratio (see Table 3). Since the turbochargers consid-
ered in this work were sensitive to pressure drop, the small pressure drop
in the window (States 2 to 3) and the coiled tube (States 5 to 6) in Fig. 12
was very important to allow for maximum inlet pressure at the turbine
(State 7). Fig. 12 shows that the compressor of the GT2052 turbocharger
compressed the air to about 2.1 bar from the ambient pressure of
0.86 bar at a receiver phase-change temperature of 1200 K.

On average, there was a relatively small pressure drop between the
window and the coiled tube and this allowed for maximum inlet pres-
sure at the turbine (State 7). The window accounted for between 0.7 kPa
and 1.2 kPa of the total pressure drop in the cycle, which was considered
acceptable in this study. It must be noted that for some of the receiver
phase-change temperatures, the pressure in the cycle was the same as for
the other receiver phase-change temperatures and is thus not shown in
Fig. 12.

Table 5 shows the GT2052 turbocharger’s shaft speed, compressor
and turbine efficiencies, compressor and turbine pressure ratios, and the
heat transfer coefficients at different positions in the cycle when the
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Fig. 10. Net power output at maximum solar-to-mechanical efficiency as a
function of turbine pressure ratio, receiver phase-change temperatures
(900 K-1200 K), and solar input power (for GT2860RS).

cycle ran at maximum solar-to-mechanical efficiency and the recuper-
ator had the dimensions shown in Table 3. The optimum speed at
receiver temperatures of 900 K-1100 K was 135000 rpm and the opti-
mum turbocharger speed at a receiver temperature of 1200K was
162 000 rpm. The optimum mass flow rate for each receiver surface
temperature at the maximum solar-to-mechanical efficiency was fairly
the same at an average of about 0.07 kg/s. The turbine and compressor
efficiencies were also relatively constant at an average of about 68% and
72% respectively.

4.2. Effect of the channel width

It was expected that the channel width of the air-cooled window
should have a significant impact on the heat transfer rate between the
window and the air due to a change in the velocity, Reynolds number
and heat transfer coefficient. A parametric analysis was conducted with
the GT2052 micro-turbine at a fixed pressure ratio of 1.938 and recu-
perator dimensions of a =450 mm,b = 1.5 mm, L, = 0.5mandn =45
channels (90 channels in total). This allowed for easier comparison be-
tween the different receiver surface temperatures. The channel width
was thus treated as a parameter; and the air-cooled window’s pressure
drop (from Positions 2 to 3 in Fig. 2), temperature change and glass
surface temperature were compared. The channel width mentioned in
the results refers to the distance between two glass panes where the HTF
passes in between. It was expected that as the channel width was
increased, the pressure drop across the channel would decrease and the
cooling effectiveness of the HTF would also decrease. Figs. 13-18 show
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Fig. 11. Temperature in the cycle at different receiver surface temperatures at
maximum solar-to-mechanical efficiency (for GT2052).
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Fig. 12. Pressure in the cycle at different receiver surface temperatures at
maximum solar-to-mechanical efficiency (for GT2052).

Table 5
Performance at maximum solar-to-mechanical efficiency for GT2052 at different
surface temperatures.

900K 1000 K 1100K 1200K
N’ (rpm) 135000 135000 135000 162 000
i (kg/s) 0.0771 0.0731 0.0696 0.0878
7, 0.692 0.681 0.669 0.671

7, 0.736 0.729 0.723 0.704

r. 1.992 1.9918 1.9926 2.4932
r 1.9375 1.9375 1.9375 2.4375
Bree (W/m?K) 55.5 54.7 53.9 65.6
Ryeg ot (W/m?K) 135.8 145.7 155.4 109.8
Rreg cora (W/m?K) 134.1 144.0 154.0 107.9
i chnavg (W/m?K) 49.88 49.22 46.17 58.26

the results of the parametric analysis, which include the pressure drop
and temperature change across the cooling channel as well as the solar-
to-mechanical efficiency and glass surface temperature.

Fig. 13 shows that the pressure drop decreased as the channel width
increased, whereas Fig. 14 indicates that the temperature change of the
air as it flowed through the cooling channel decreased as the channel
width increased. Thus, a smaller channel width would cool the glass
panes better than a larger channel width; however, a smaller channel
width would lead to an increased pressure drop across the air-cooled
window, which could be detrimental to the micro-turbines considered
in this cycle. A trade-off would have to be made between cooling the
glass effectively and having a low enough pressure drop to ensure
maximum inlet pressure at the turbine.
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Fig. 13. Pressure drop across the cooling window for different cooling channel
widths and receiver surface temperatures (for GT2052).
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Fig. 14. Temperature change of the HTF across the cooling window for
different cooling channel widths and receiver surface
(for GT2052).

temperatures

Figs. 15 and 16 show the solar-to-mechanical efficiency and net
power output as a function of the channel width. The solar-to-
mechanical efficiency increased on average by about 1.3% and the net
power output by about 0.24kW as the channel width varied from
4.8 mm to 7.8 mm. A larger channel width would thus be favourable
when a large solar-to-mechanical efficiency and net power output were
desired. Figs. 15 and 16 also indicate that for a channel width of above
5.8 mm, the change in the solar-to-mechanical efficiency and net power
output between the different channel widths was small.

Figs. 17 and 18 show the average glass surface temperatures for each
division on one of the four sides for a receiver temperature of 900 K and
1200 K. The top glass temperature is not included for display purposes.
Only one of the four sides is shown because all four sides would have the
same temperature due to the 0° dish tracking error assumption that was
made. The glass surface temperature shown in Figs. 17 and 18 is an
average over the two glass panes that form the cooling channel. A
smaller channel width shows a lower average surface temperature per
glass division and a lower receiver tube temperature also shows a lower
average glass surface temperature. This was expected since the smaller
channel width increased the velocity of the air and thus the Reynolds
number of the flow. An increased Reynolds number led to an increased
heat transfer coefficient on the inside of the cooling channel. As an
example, if quartz glass were used for this application, with an average
working temperature of about 1100 K, a channel width of 7.8 mm and a
receiver phase-change temperature of 1200K would produce a
maximum glass surface temperature of 1115K (see Fig. 18).
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Fig. 15. Solar-to-mechanical efficiency for different cooling channel widths
and receiver surface temperatures (for GT2052).
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Fig. 16. Net power output for different cooling channel widths and receiver
surface temperatures (for GT2052).
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Fig. 17. Glass surface temperature as a function of channel width for receiver
surface temperature of 900 K (for GT2052).

A trade-off would have to be made between pressure drop and
cooling effectiveness. Considering the above results, a channel width of
5.8 mm would produce a pressure drop of between 1kPa and 1.2kPa
(see Fig. 13) and a temperature change of the HTF over the window of
between 170 K and 305 K for the different receiver surface temperatures.

4.3. Performance impact of window
Tables 6-8 summarise the optimum cycle properties and recuperator
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Fig. 18. Glass surface temperature as a function of channel width for receiver
surface temperature of 1200 K (for GT2052).
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Comparison of cycle properties with and without a cooling window for the GT1241 turbo.

Turbo T (K) Tt opt a (mm) b (mm) Lyeg(m) n M(kg) Msol max th (kW) 0, (kW) Woet (kW) EUF
GT1241 900 Without window 2.063 450 1.5 0.5 45 325 0.127 9.0 35 1.1 51%
With window 2.063 375 2.3 0.5 45 272 0.072 17.4 8.8 1.3 58%

1000 Without window 2.188 450 1.5 0.5 45 325 0.158 11.5 3.9 1.8 50%

With window 2.125 450 1.5 0.5 45 325 0.091 20.0 9.6 1.8 57%

1100 Without window 2.188 450 1.5 0.5 45 325 0.175 13.3 3.8 2.3 46%

With window 2.438 300 1.5 0.5 45 217 0.102 27.9 13.5 29 58%

1200 Without window 2.438 450 1.5 0.5 45 325 0.182 17.8 4.9 3.3 46%

With window 2.188 300 2.3 1.3 30 363 0.120 25.6 10.2 3.1 52%

Table 7
Comparison of cycle properties with and without a cooling window for the GT2052 turbo.

Turbo T, (K) Tiopt a(mm)  b(mm)  Lg(m) n Mkg)  Moimee g, kW) Ow (kW)  Wu(kW)  EUF
GT2052 900 Without window 1.938 450 1.5 0.5 45 325 0.152 13.0 5.5 2.0 58%
With window 1.938 450 1.5 0.5 45 325 0.080 24.8 13.3 2.0 62%

1000 Without window 1.938 450 1.5 0.5 45 325 0.182 14.6 5.4 2.7 55%

With window 1.938 450 1.5 0.5 45 325 0.097 27.8 14.5 2.7 62%

1100 Without window 1.938 450 1.5 0.5 45 325 0.201 16.6 5.3 3.3 52%

With window 1.938 450 1.5 0.5 45 325 0.110 31.3 15.8 3.5 61%

1200 Without window 2.375 450 1.5 0.5 45 325 0.220 26.5 8.9 5.8 56%

With window 2.375 450 2.3 0.5 45 326 0.123 49.6 25.2 6.1 63%

dimensions with and without the proposed cooling window for each of
the three different turbochargers. To compare the results of this study
with the results of previous work by Le Roux and Sciacovelli [12], in
which the cycle had no window, the window code was added to the
original code of Le Roux and Sciacovelli [12]. The results of Le Roux and
Sciacovelli [12] could therefore be directly reproduced (see Appendix B
for further validation of the code). The only other modifications to the
code were the recuperator length, which was allowed to range from
0.5m to 3.5m (instead of from 1.5 m to 4.5 m), as indicated in Table 1,
and a lower tolerance of 0.01 for the iterations (higher resolution) was
used.

The EUF was calculated as described in Section 3.3.4 with Q, =
anax‘Tnfl. Each row compares the results of the cycle without the
window with the results of the cycle with the window for each turbo-
charger and receiver phase-change temperature. It should be noted that
the properties given in Tables 6-8 are for the optimum performance of
the cycle (for maximum solar conversion efficiency). Compared with the
optimal recuperators in the cycles without the window, the optimal
recuperators in the current study had the same dimensions for most of
the results presented. The exceptions were at a receiver phase-change
temperature of 900 K or 1200K for all three turbochargers, where the
recuperator channel height was about 0.8 mm larger than for the cycle
without the window. Tables 6-8 shows that the optimum turbine pres-
sure ratios were slightly different from those of the cycles without the
cooling window, except for the GT2052 turbocharger, which had the
same optimum turbine pressure ratios.

For each of the turbochargers, a higher solar input power was
required to reach maximum solar conversion efficiency compared to the
cycle without the window. Results also show that the maximum solar-to-
mechanical efficiency was on average between 41% and 45% lower than
for the cycle without a window. However, the EUF was on average 9%—
11% higher than for the cycle without the cooling window. Note that a
higher cycle exhaust temperature would lead to a higher EUF according
to Eq. (31). The cycle exhaust temperature was on average 46%, 50%
and 43% higher (with temperature in Kelvin) for the GT1241, GT2052
and GT2860RS turbochargers respectively. A higher EUF means that the
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cycle converted the available solar power more efficiently into useable
power and heat. The window also essentially acted as a heat exchanger
that preheated the air before it went into the recuperator.

5. Discussion

This research considered three off-the-shelf turbochargers and
different recuperator dimensions to determine the impact of a novel
cooling window on the performance of a recuperated solar-dish Brayton
cycle with a fixed solar receiver geometry operating at different PCM
temperatures. The receiver considered in this study differed from those
available in the literature because a novel cooling window, using air
directly from the compressor, was implemented on the inside of the
receiver to reduce heat losses from the receiver to the environment. The
results of the cycle utilising this receiver and novel cooling window were
compared with the results of a previous study by Le Roux and Sciacovelli
[12], which did not include the cooling window.

For the cycle with a cooling window, the turbocharger that would
produce the highest solar-to-mechanical efficiency while still having an
acceptable required solar input was found to be the GT2052. The
GT2052 turbocharger allowed for the best performance at a turbine
pressure ratio of 1.94 and a mass flow rate of 0.07 kg/s, with the recu-
perator dimensions being as follows: a channel width of 450 mm,
channel height of 1.5 mm, channel length of 0.5 m, and 45 parallel flow
channels (90 channels in total). A receiver phase-change temperature of
1100K or below would achieve the maximum solar-to-mechanical ef-
ficiency while having an acceptable required solar input power (and
thus dish size) and keeping the glass window cool enough for it to not
shatter. It was also found that the cooling channel width had to be be-
tween 5mm and 5.8 mm to keep the glass cool enough while main-
taining an acceptable pressure drop across the cooling window.
However, this conceptual study showed that it might not be feasible to
implement the cooling window, except where a higher cycle exhaust
temperature is preferred for cogeneration.

It should be noted that the results of this study are limited to open
and recuperated solar-dish Brayton cycles implementing an off-the-shelf
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Table 8

Comparison of cycle properties with and without a cooling window for the GT2860RS turbo.
Turbo T, (K) Tt opt a (mm) b (mm) Lyeg(m) n M(kg) Myol max Q:w (kW) 0, (kW) Woer (kW) EUF
GT2860RS 900 Without window 1.625 450 1.5 0.5 45 325 0.149 12.8 5.5 1.9 57%
With window 1.625 450 2.3 0.5 45 326 0.075 25.8 14.1 1.9 62%
1000 Without window 2.125 450 1.5 0.5 45 325 0.176 27.9 12.6 4.9 63%
With window 1.875 450 1.5 0.5 45 325 0.093 39.3 21.2 3.7 63%
1100 Without window 1.875 450 1.5 0.5 45 325 0.198 23.2 8.8 4.6 58%
With window 1.875 450 1.5 0.5 45 325 0.108 43.5 22.8 4.7 63%
1200 Without window 2.125 450 1.5 0.5 45 325 0.215 33.5 12.6 7.2 59%
With window 2.063 450 1.5 0.5 45 325 0.117 58.3 30.2 6.8 63%

Garrett turbocharger as a micro-turbine, using a parabolic solar dish
(with a rim angle of 45°) to concentrate the solar irradiation onto an
integrated open-cavity coiled-tube rectangular receiver with PCM
thermal storage.

6. Conclusion and future work

6.1. Conclusion

The following points list the important findings from this work:

The required solar input power and the cycle’s exhaust temperature
were higher than the cycle without the window.

The maximum solar-to-mechanical efficiencies of the cycle with the
novel cooling window were, on average, between 41% and 45%
lower than for the cycle without a cooling window.

The higher exhaust temperature of the cycle with the window led to a
higher EUF than for the cycle without the window.

The EUF was on average 9%-11% higher, and therefore, the cycle
with the window had more potential for cogeneration, such as water
heating or thermal energy storage.

The GT2052 turbocharger would produce the highest solar-to-
mechanical efficiency in a cycle with a cooling window and a recu-
perator, while still having acceptable solar input power
requirements.

The cooling channel width had to be between 5 mm and 5.8 mm to
keep the glass at a temperature of 1100 K or lower while maintaining
an acceptable pressure drop across the cooling window.

6.2. Future work

This research served as an initial conceptual study from which
further work could be done. There are a few possibilities regarding
future work. The study only investigated the cooling channel width as a
parameter and future work could include the cooling channel width as a
variable in the study. The recuperator variables in this study were
limited to a specific range (for the sake of comparison with previous
work) and future work could include a larger range of variables to
ensure a broader analysis of the cycle with the novel cooling window.

Appendix A. P-v and T-s diagrams

More realistic pressure drop and heat loss values can be implemented for
the connecting pipes (including the recuperator inlets and outlets), since
the current model assumed these losses to be negligible. A non-linear
routine such as Newton’s method could be used to increase the accu-
racy of the glass surface temperature and net heat transfer rate calcu-
lations. Increased resolution on each glass channel using CFD and the
modelling of the two sides of the glass channel separately is also rec-
ommended, however, at a much higher computational cost. Future work
could also include experimentally testing the air-cooled window concept
and comparing it with the results of this study. Lastly, it is recommended
that a cost analysis and optimisation be done to further compare the two
cycles (with and without the cooling window). However, this initial and
conceptual study showed that it might not be feasible to implement the
novel cooling window, except where a higher EUF is preferred when
including cogeneration.
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Fig. A-1 shows the pressure-specific volume diagram and Fig. A-2 the temperature-entropy diagram for the GT2052 turbocharger at 900 K, at the
optimum pressure ratio and with recuperator geometries as shown in Table 3. The numbers on the diagrams correspond to the numbering system in
Fig. 2 and can be compared with Figs. 11 and 12. Fig. A-1 shows the pressure drop in the cooling window, recuperator, receiver and turbine. Fig. A-2
shows the entropy generation in the compressor and turbine. Note that T;o > T3 and Ty > T4, and that the recuperator hot-side effectiveness was 96.1%
and the cold-side effectiveness was 92.7%. However, the recuperator pressure drop was relatively small, showing how the theoretically optimised

recuperator benefitted the cycle’s performance.
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Fig. A-1. Pressure-specific volume diagram for the GT2052 turbocharger at 900 K, optimum pressure ratio and optimum recuperator geometries.
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Fig. A-2. Temperature-entropy diagram for the GT2052 turbocharger at 900 K, optimum pressure ratio and optimum recuperator geometries.

Appendix B. Model verification

The numerical method was verified by considering the difference between the calculation of the net power output with an exergy analysis, the first
law of thermodynamics and a heat balance. Eq. (B-1) shows the net power output calculation for the shaft using the first law of thermodynamics (see
Fig. 2). Eq. (B-2) shows the net power output calculation using a heat balance on the control volume of the cycle shown in Fig. 2. Thus, the results
found using Eq. (28) which were derived using an exergy analysis can be compared to the results found using Eq. (B-1) and Eq. (B-2). D; in Eq. (B-3)

and D, in Eq. (B-4) represent the difference between the calculations of Wiet.

Xy =nmicyo(T7 — Ts) — micpo(To — T1)

B

X, =0, —1i1¢,0(Tio = T1) = (Quosswin + loss.condrec T Dioss reg)

D, :((WIIL‘I 7X1)/X1) x 100

Dy =((Wyr — X2) / X5) x 100
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Fig. B-1. D; as a function of pressure ratio for the GT2052 turbocharger at maximum solar-to-mechanical efficiency.
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Fig. B-2. D7 as a function of pressure ratio for the GT2052 turbocharger at maximum solar-to-mechanical efficiency.

Figs. B-1 and B-2 show D; and D3 as a function of the pressure ratio for the GT2052 turbocharger. Table B-1 shows D; and D, for different receiver

temperatures and turbochargers corresponding to the geometries given in Table 2 to Table 4. The differences are attributed to iteration tolerances
(which were chosen to limit computational time), as well as the use of constant-pressure specific heat values that were used throughout the simulations
(as was done in the original code [12]), instead of using enthalpy values. The constant pressure specific heat values were calculated at the average
temperatures between nodes. A difference of up to 10% (for both D; and D,) was therefore considered to be acceptable.

Table B-1
D; and D;, for different receiver temperatures and turbochargers at optimal performance

Ts [K] GT1241 GT2052 GT2860RS
Dy [%] D, [%] Dy [%] D, [%] Dy [%] D, [%]
900 9.1 9.8 1.8 2.5 1.1 1.7
1000 4.3 4.9 2.3 2.9 2.2 2.9
1100 9.7 9.7 3.4 3.7 2.6 3.0
1200 5.4 5.6 4.2 3.8 2.5 2.4
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