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ABSTRACT
In this paper, a numerical investigation of thermal and thermodynamic performance of a

receiver for a parabolic trough solar collector with perforated plate inserts is presented. The
analysis was carried out for different perforated plate geometrical parameters including
dimensionless plate orientation angle, the dimensionless plate spacing, and the dimensionless
plate diameter. The Reynolds number varies in the range 1.02x10% < Re < 7.38 x 10’ depending
on the heat transfer fluid temperature. The fluid temperatures used are 400 K, 500 K, 600 K and
650 K. The porosity of the plate was fixed at 0.65. The study shows that, for a given value of
insert orientation, insert spacing and insert size, there is a range of Reynolds numbers for which
the thermal performance of the receiver improves with the use of perforated plate inserts. In this
range, the modified thermal efficiency increases between 1.2 — 8 %. The thermodynamic
performance of the receiver due to inclusion of perforated plate inserts is shown to improve for
flow rates lower than 0.01205 m’/s. Receiver temperature gradients are shown to reduce with the
use of inserts. Correlations for Nusselt number and friction factor were also derived and

presented.
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NOMENCLATURE

A Area, m’
A, Collector’s projected aperture area, m”
de Collector aperture width, m
A, Absorber tube’s projected area, m”
Be Bejan number
Cap Inertial resistance factor, m”
Cp Specific heat capacity, J kg K
Cr Concentration ratio
d Perforated plate diameter, m
dgi Glass cover inner diameter, m
dgo Glass cover outer diameter, m
d,; Absorber tube inner diameter, m
dyo Absorber tube outer diameter, m
DNI Direct normal irradiance, W/m®
f Darcy friction factor
h Heat transfer coefficient, W m~K™
hy, Glass cover outer heat transfer coefficient, W m~K
1 Direct solar radiation, W m™
k Turbulent kinetic energy per unit mass, m* s
L Receiver length, m
i Mass flow rate, kg/s
Nu Nusselt number
Ns.en Entropy generation ratio = Sgen/(Sgen)o
P Pressure, Pa
p Perforated plate spacing, m
Pr Prandtl number
q" Heat flux, W m”
0, Heat transfer rate (W)
r Radial position, m
Re Reynolds number
Sgen Entropy generation rate due to heat transfer and fluid friction, W/K
S'gen Entropy generation rate per unit meter (W/mK)
S Momentum source term

m
(Seen)u  Entropy generation due to heat transfer, W/K
(Seen)r  Entropy generation due to fluid friction, W/K
S" gen Volumetric entropy generation, W m~K!
(S"'sen)r  Volumetric entropy generation due to fluid friction, W m°K!
(S"'sen)  Volumetric entropy generation due to heat transfer, W m K"
S prop.yp Volumetric entropy production by direct dissipation, W m>K
S" prop.tp Volumetric entropy production by turbulent dissipation, W m~K™!
S"prop.r Volumetric entropy production by heat transfer with mean temperatures, W m>K™'
S" prop. 76 Volumetric entropy production by heat transfer with fluctuating temperatures, W m>K!
T Temperature, K
u,v,w Velocity components, m s™
V Volume, m’



Vi Wind velocity, m/s

4 Volume flow rate, m’/s
w, Pumping power, W
U;, U Averaged velocity components, ms™
u;',u;’ Velocity fluctuations, m s™
X, Xj Spatial coordinates, m
X,z Cartesian coordinates
—+ . . .
v Dimensionless wall coordinate
-puu’  Reynolds stresses, Nm™
Vp Pressure drop, Pa
Am Perforated plate thickness, m

Greek letters

o Thermal diffusivity, m* s™

Olabs Absorber tube absorptivity

op Permeability of the perforated plate, m*
0y Turbulent thermal diffusivity, m* s™

O Slope error, mrad

Oht Turbulent Prandtl number for energy

i Plate orientation angle, degrees

Oij Kronecker delta

€ Turbulent dissipation rate, m’s™

¢ Emissivity

¢ Absorber tube temperature gradient, °C
or Collector rim angle, degrees

p Density, kg m™

p Collector Reflectance

A Fluid thermal conductivity, Wm™ K

Nehm Modified thermal efficiency,

Ty Glass cover transmissivity
Ty Wall shear stress

0 Receiver angle, degrees

U Viscosity, Pa s

i Turbulent viscosity, Pa s
e Friction velocity,m/s

Uefr Effective viscosity, Pa s

v Kinematic viscosity, m*s™'
X Thermal enhancement factor = Nu/(Nu)o/(f/f;)"”
Subscripts

amb Ambient state

abs Absorber tube
abs,max Absorber tube maximum temperature

b Bulk fluid state
gi Inner glass cover wall
go outer glass cover wall



i,j, k General spatial indices

inlet Absorber tube inlet

max Maximum value

0 Reference case (plain absorber tube - no inserts)
outlet absorber tube outlet

ro Absorber tube outer wall
ri Absorber tube inner wall
sky Sky temperature

t Turbulent

\ Wall

Superscripts

- Mean value

Dimensionless value
Fluctuation from mean value

1. INTRODUCTION
Parabolic trough solar collectors are one of the most technically and commercially developed technologies

of the available concentrated solar power technologies [1,2]. The parabolic trough’s linear receiver is a
central component to the performance of the entire collector system. Its state and design greatly affects the
performance of the entire collector system. The performance of the receiver is significantly affected by the
thermal loss and heat transfer from the absorber tube to the working (heat transfer) fluid [3]. The
conventional receiver consists of an evacuated glass envelope to minimize the convection heat loss and a
selectively coated absorber tube to minimize the radiation heat loss [2]. Numerous studies have been carried
out to characterize the thermal performance of the receiver and to determine the thermal loss at different
receiver conditions [4-9]. From these studies, it has been shown that: the thermal loss is majorly dependent
on the state of the annulus space between the glass cover and the absorber tube, the absorber tube selective
coating, the temperature of the absorber tube, the wind speed and the heat transfer from the absorber tube to
the heat transfer fluid.

With the availability of lightweight materials, the use of higher concentration ratios has become feasible
[10]. Higher concentration ratios ensure shorter and less expensive collectors given the reduction in the
number of drives and connections required. However, larger concentration ratios mean increased entropy
generation rates [11], increased absorber tube circumferential temperature gradients as well higher peak
temperatures.

The presence of circumferential temperature gradients in the receiver’s absorber tube is a major concern. At
low flow rates, higher temperature gradients existing in the tube’s circumference can cause bending of the

tube and eventual breakage of the glass cover [12,13]. And the peak temperature in the absorber tube



facilitate degradation of the heat transfer fluid especially as these temperatures increase above 673.15 K
[14,15]. The degradation of the heat transfer fluid results in hydrogen permeation in the receiver’s annulus.
With formation of hydrogen in the receiver’s annulus, the receiver’s thermal loss increases significantly
thereby affecting the collector thermal performance [16].

Temperature gradients and temperature peaks in the receiver’s absorber tube exist due to the non-uniform
heat flux profile received on the absorber tube, with concentrated heat flux on the lower half of the absorber
tube and nearly direct solar radiation on the upper half [17-20]. Most failures of parabolic trough receivers,
especially the breakage of the glass cover have been attributed to the circumferential temperature gradients in
the absorber tube [2,13]. Therefore, reducing these temperature gradients and temperature peaks can go a
long way in increasing the life span of the receiver and avoiding the thermal loss due to vacuum loss and
hydrogen permeation in receiver’s annulus space. The maximum temperature gradient for safe operation of
receiver tubes is about 50 K [21]

Enhancement of convective heat transfer in the receiver’s absorber tube is one of the relevant solutions to
the above concerns. With improved convective heat transfer in the absorber tube, circumferential temperature
gradients and peak temperatures in the absorber tube can be reduced and risks of breakage and hydrogen
formation can be minimised. As such, heat transfer enhancement in the receiver’s absorber tube has received
considerable attention in the recent past. Reddy et al. [22] numerically analyzed a receiver with various
porous fin geometries and compared its performance with a receiver having longitudinal fins. Kumar and
Reddy [3] investigated the performance of the receiver with a porous disc at different angles of orientation,
different heights and different distances between the consecutive discs. Mufioz and Abanades [13] analyzed
an internally helically finned absorber tube with a view of improving thermal performance and minimizing
the temperature gradients in the absorber tube. Absorber tube temperature difference was reduced by between
15.3 — 40.9%. All these studies used an approximate heat flux boundary condition on the receiver’s absorber
tube. The use of realistic non-uniform heat flux boundary condition is crucial in determining the temperature
gradients, peak temperatures as well as entropy generation rates in the receiver.

Recently Cheng et al. [23] analyzed the heat transfer enhancement of a parabolic trough receiver using
unilateral longitudinal vortex generators with a realistic non-uniform heat flux boundary condition. The wall
temperatures and thermal loss were found to decrease with each geometrical parameter considered. Wang et
al.[21] investigated heat transfer enhancement using metal foams in a parabolic trough receiver for direct
steam generation using realistic non-uniform heat flux boundary condition. They showed a maximum

circumferential temperature difference was shown to reduce by 45%.



Several other studies have been carried out on heat transfer enhancement for various applications using
different techniques as reviewed by Manglik [24,25]. Studies on heat transfer enhancement in parabolic
trough receivers with realistic non-uniform heat flux boundary conditions are not wide spread. Moreover,
most studies on heat transfer enhancement have only focused on heat transfer and fluid friction performance.
Investigations of the effect of heat transfer enhancement on thermodynamic performance of enhanced
devices are still few. Therefore, in this paper, a numerical investigation of heat transfer, fluid friction and
thermodynamic performance of a receiver with a centrally placed perforated plate is carried out. The plate is
centrally placed to provide heat transfer enhancement in the core flow thereby avoiding any possible hot
spots that can facilitate degradation of the heat transfer fluid [14] which are characteristic of heat transfer
enhancement methods with recirculation, separation and re-attachment. In addition to heat transfer
performance, using the entropy generation minimization method [26], the effect of heat transfer enhancement
on the thermodynamic performance of the receiver is also investigated and presented. To the author’s best
knowledge, the use of centrally placed perforated plate inserts for heat transfer enhancement in a parabolic

trough receiver has not been studied previously.

2. PHYSICAL MODEL

The perforated plate assembly is considered to be supported on a thin axially placed rod as shown in Fig.
I(a). The placement of the perforated plate defined by spacing between the two consecutive plates (p), the
diameter of the plate (d) and the angle of orientation measured from the positive y-axis (f). S is negative in
the clockwise direction and positive in the anti-clockwise direction. In our analysis, we have considered a
simplified model of the parabolic trough receiver in which the effect of the central rod and other supports is
considered negligible. Further still, the flow was found to be periodically fully developed after about five
perforated plate inserts regardless of the spacing. Therefore, for our analysis a periodic module of the
receiver’s absorber tube was considered as shown in Fig. 1(c¢).

Similar to actual receivers, the space between the absorber tube and the glass cover is considered evacuated
to very low vacuum pressures (0.013 Pa) [2] such that only radiation heat loss takes place. The receiver tube
used is similar to SEGS LS-2 receiver [7]. The receiver parameters used are shown in Table 1. Due to the
symmetrical nature of the model, only half of the receiver tube was considered in our analysis. The

parameters used in this study for the reflector, receiver and perforated plate inserts are given in Table 1.



Table 1. Geometrical and optical values of the parabolic trough collector

Reflector Receiver Perforated plate
ac 6.0m d,i 0.066 m p -30° to 30°
L. 7.8m dro 0.07m d 0.03 - 0.06 m
p 0.96 T, 0.97 )4 0.04 -0.20 m
O, 0.0002mrad Olabs 0.96
(a) (b)

Periodic
boundary

(©

Fig. 1. (a) Longitudinal section of the receiver with perforated plate inserts (b) Cross-section of the receiver tube with perforated

plate inserts (¢) Periodic computational domain



3. NUMERICAL ANALYSIS

3.1 Governing equations

For the range of Reynolds numbers considered, the flow is in the fully developed turbulent regime. As
such, the governing equations used in our analysis for steady-state and three-dimensional turbulent flow are
the continuity, momentum and energy equations given by;

Continuity

opu)
—5=0 (1

1

Momentum equation
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The additional terms appearing in Egs. (1) - (3) represent the turbulence effects and the Reynolds stresses

—pru;. u; u; are the time-averaged velocity components in the i- and j-directions respectively and 7 the
time-averaged temperature. The effective viscosity is given by u.y = utu, and 4 is the fluid thermal
conductivity. The most common approach for representation of Reynolds stresses is the Boussinesq
approach, where the Reynolds stresses are related to the mean velocity gradients through [27]

— ou, auj 2 ou
—puu’, = —-=| pk+ 18, 4
pu, “’[ax. ax) 3[p Hy axJ y 4

J i

Where £ is the turbulent kinetic energy per unit mass given by
= = _2)
k= 5 (u +v7+w ®)]

This approach has a relatively lower computation cost compared to the Reynolds stress transport model
approach which solves transport equations for each of the terms in the Reynolds stress tensor. A number of
turbulence models based on the Boussinesq approach have been developed to solve the closure problem
resulting from the averaging process of the Navier-Stokes equations. The k-¢ models are the widely used and
validated models for most flows present in engineering applications [27,28]. For this study the realizable k-¢

model which is an improvement of the standard k- was adopted [27,29]. The k-¢ model solves two additional



equations for the transport of turbulent kinetic energy and turbulent dissipation rates. The detailed description
of the realizable k-¢ model is presented in ref.[27].

The source term (,,) added to the momentum equation in Eq. (2) represents the pressure drop across the
perforated plate. The perforated plate is modeled as porous media of finite thickness with directional
permeability over which there is a pressure drop. The pressure drop is defined accordingly as a sum of the
viscous term according to Darcy’s law and an inertial loss term [30] as:

VP —[iui +:€2pl p|u|ui]Am (6)
a, 2

Where a,, is the permeability of the porous medium, C», is the inertial resistance factor, Am is the thickness of

the porous media. For perforated plates, it has been shown that the first term is negligible such that only the

inertial loss term should be considered [30,31]. The coefficient C;, has been determined from data presented

by Weber et al. [32] for perforated plates and flat bar screens. In the stream wise direction C5, = 853 m” for

the considered porosity of 0.65, and plate thickness of 0.0015 m, in the other directions inertial resistance

factors of much higher magnitudes are specified to restrict flow in those directions.

Temperature
Contour 1

734.72
H 729.55
[ 724.39

- 719.22
- 714.05
- 708.89
.‘ 703.72
- 698.55

- 693.39
- 688.22
- 683.05
677.89
- 672.72

667.55
(K]

(b)

Fig. 2. (a) Heat flux distribution on the absorber tube’s circumference (b) Contours of temperature on the absorber tube for 7., =
650 K and Re = 202,420 at Cz = 86 and rim angle of 80°



3.2 Boundary conditions

The boundary conditions used in this study are: (1) The outer wall of the absorber tube receives a non-
uniform heat flux. The lower half receives almost concentrated solar radiation while the upper half receives
direct solar radiation. The heat flux distribution used in this study is shown in Fig. 2 (a) as determined using
ray tracing in SolTrace [33]. For this study, the rim angle (¢,) used was 80° and the aperture width was 6 m
giving a concentration ratio of 86. The resulting temperature distribution on the receiver’s absorber tube is as
shown in Fig. 2(b). The receiver angle 6, is the receiver’s circumferential angle as shown in Fig. 1(b). A
Direct normal irradiance (DNI) of 1000 W/m” was used. (2) Periodic boundary conditions are used for the
absorber tube’s inlet and outlet. (3) The inner absorber tube walls are considered no-slip and no-penetration.
(4) For the inlet and outlet of the receiver’s annulus space, symmetry boundary condition is used such that
the normal gradients of all flow variables are zero. (5) For the outer glass cover, a mixed boundary condition
is used to account for both radiation and convection heat transfer. For radiation from the receiver, the
receiver exchanges heat by radiation with the larger enclosure, the sky. The sky temperature is determined as
a function of the ambient temperature from [34]:

T, =0.0552 T (7)

The ambient temperature used is 300 K. The convection heat transfer coefficient used for the convection
boundary condition is given by [35]:

0.58 -0.42
h,=V,>d,, ®)

Where V,, is the wind speed, taken as 2 m/s in this study and dg, is the glass cover outer diameter.
On the symmetry plane, the normal velocity and the normal gradients of all flow variables are zero.
In this study, the concentration ratio, Cy is defined as Cr = A,/A, where A, is the projected area of the

collector’s aperture and 4, is the projected area of the absorber tube.

3.3 Entropy generation

For evaluation of thermodynamic performance of the enhanced receiver, the entropy generation
minimization method is used. Based on the entropy generation minimization method, a configuration that has
less entropy generation rates is considered to have better thermodynamic performance. For such a
configuration, the destruction of available work or exergy loss is less when compared with a configuration
with higher entropy generation rates [26]. As such, the entropy generation minimization method has been
used by several researchers for optimization of thermodynamic systems [36,37] while others have applied it

to analysis heat transfer problems [38-40]. In heat transfer enhancement, the entropy generation in the
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enhanced device should be lower than entropy generation in a non-enhanced device for better
thermodynamic performance [26].
The entropy generation rate per unit volume is determined as a sum of the heat transfer irreversibility and

fluid friction irreversibility from the following relations [38]:

St = (S ) +(Stm ), ©)

gen gen

The entropy generation per unit volume due to fluid friction irreversibility (s7 )F ik given by

(S;:;n )F = S;;?OD,VD + SI’!ROD,TD (10)
Where s, is the term representing entropy production by direct dissipation given by
gn M| 0w Ou; | ou (11)
PROD VD T a xj 6 i, 6 xj

And s”  represents entropy production by indirect or turbulent dissipation and is given by

PROD,TD

_pE (12)

S”’
PROD.,TD T
The entropy generation per unit volume due to heat transfer irreversibility is given by

(S gen ) u Sprop.r +Serop 16 (13)

where g7 - is the entropy production by heat transfer with mean temperatures given by

L4 2" 2

PROD,T :F(VT) (14)
And Sy, ;1 the entropy production by heat transfer with fluctuating temperatures given by

" a, A 2
Serop.16 :;F(VT) (15)

In Eq. (15), a and o, are the viscous and turbulent thermal diffusivities respectively. The velocities and
temperatures in Egs. (9) — (15) are time-averaged quantities.
For a fluid element of volume V, the total entropy generation rate is obtained as the volume integral of the

entropy generation rate per unit volume according to:

S =[S0, av (16)
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4. SOLUTION PROCEDURE AND DATA REDUCTION
4.1 Solution procedure

The numerical solution was implemented using a commercial software package ANSYS® 14. The
governing equations together with the boundary conditions were solved using a finite-volume approach
implemented in a computational fluid dynamics code ANSYS FLUENT [30]. The computational domain was
discretized using tetrahedral elements with a structured mesh in the absorber tube wall normal direction and
as structured mesh in the receiver’s annulus space. The coupling of pressure and velocity and was done with
the SIMPLE algorithm [41]. Second-order upwind schemes were employed for integrating the governing
equations together with the boundary conditions over the computational domain. To capture the high
resolution of gradients in the near wall regions, the y* value of about 1 was ensured for all simulations. The
enhanced wall treatment method was used for modeling the near-wall phenomena for such low values of y".

Where y* = yu,/v, v is the fluid’s kinematic viscosity, y is the distance from the wall, and u, is the friction
velocity given by u. =./(z,/p). For accurate prediction of entropy generation rates, the solution was

considered converged when the scaled residuals of continuity, momentum, turbulence kinetic energy,
turbulent dissipation rate and energy ceased changing after about 100 successive iterations. The values of the
scaled residuals after these iterations were in the order of less than 10 for the continuity equation, less than
10 for velocity, turbulent kinetic energy and turbulent dissipation rate and less than 107 for energy. The
discrete ordinates model was used for modeling radiation between the absorber tube’s outer wall and the
glass cover’s inner wall, with air in the annulus space taken to radiatively non-participating.

The heat transfer fluid used in the numerical analysis is SYLTHERM 800 [42]. Its thermo-physical
properties are temperature dependent as shown in product’s technical data [42]. Fluid temperatures in
parabolic trough receivers range from 100 °C (373.15) to 400 °C (673.15 K) depending on whether it is for
low or high temperature application [43,44]. In this study, we used inlet temperatures of 400 K, 500 K, 600 K
and 650 K to cover the low temperature applications range as well as high temperature applications. The heat
transfer fluid properties at the considered temperatures are shown in Table 2. Stainless steel (321H) was used
as the absorber tube material and glass cover made out of Pyrex® was used [16]. The absorber tube is
selectively coated, the coating emissivity varies with the temperature according to ¢ = 0.000327(7+273.15)-
0.065971 [16]. Where T is the absorber tube temperature in °C.

12



Table 2. Heat transfer fluid properties [42]

T=400K T=500K T=600K T=650K
Density (kg/m”) 840 746 638 578
Viscosity (Pa s) 0.002164 0.000816 0.000386 0.000283
Thermal conductivity (W/m K) 0.1148 0.0958 0.0770 0.0678
Specific heat capacity (J/kg K) 1791.64 1964.47 2135.30 2218.65

Grid dependence tests were carried out for representative cases of perforated plate arrangements at all
Reynolds numbers considered in the study. The solution was considered grid independent when the
maximum change of the entropy generation rate, Nusselt number and friction factor was less than 1% as the

mesh element size was changed. The sample results of the grid dependence tests are shown in Table 3. The

Table 3: Mesh dependence studies

Mesh Elements f Nu Seen/(Sgen)o Af ANu ASgen
(a) Re=1.02x 104, f) =0.09, d~ =10.76 and ﬂ~ =-1
55,635 0.38248 225.80 0.6855
90,863 0.38203 217.69 0.7515 0.001 -0.037 0.088
154,925 0.38190 217.75 0.7493 0.000 0.000 -0.003
(b) Re=1.94x 104,[3 =0.18, d~ =0.91 and ﬂ~ =0
83,557 0.40787 305.64 0.9236
141,617 0.40802 312.96 0.8624 0.000 0.023 -0.07
200,900 0.40851 314.00 0.8580 0.001 0.003 -0.005
350,855 0.40915 315.16 0.8577 0.002 0.004 -0.000

changes in friction factor, Nusselt number and entropy generation as the mesh size was changed are given by

i AT, i+l i_ i+1
<001, AN :{% SO.OlandASgenz%(Ns’en Moo ™l .01, (17)
u

i+1
s,en

‘(f’ )
f1+1

Where Nsen = Sgen/(Sgen)o

In Eq. (17), the indices i and i+/ indicate the mesh before and after refinement respectively. Sample mesh

used in this study is shown in Fig.3
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Fig. 3. Sample mesh

4.2 Data processing and analysis

From Fig. 1 the following non-dimensional variables are defined:

p=p/L; B BIB.;d &ld, (18)

Where L is 1 m and f_ is 30° pis the dimensionless plate spacing, S is the dimensionless plate
orientation angle and d is the dimensionless plate/insert size.

The results from our simulations are presented using the following parameters:

The average heat transfer coefficient is given by

h=q"T,~T,) (19)

Where ¢" is the average heat flux on absorber tube’s inner wall, 7;; is the average inner wall temperature of
q g g p

the absorber tube and 7, represents the bulk temperature of the fluid at the periodic boundaries

The average Nusselt number is given by

14



Nu=hd, /2 (20)

In which, 4 is the thermal conductivity of the heat transfer fluid.
The Reynolds number of flow for both the enhanced absorber tube and non-enhanced absorber tube is
defined as

Re=u,,d, /v (21)

In which, u;y. is the velocity at the periodic boundaries determined from m = pu,,, A, with A the cross-

inlet
section area of absorber tube based on the inner diameter d,.. v is the kinematic coefficient of viscosity of the
heat transfer fluid.
The Darcy—Weisbach friction factor is defined as
fr— 22)
2P Uier * a7

For smooth tubes, the Darcy—Weisbach friction factor (f) is given by Petukhov’s correlation [45] as
f=(0.790InRe—1.64)" (23)

Whereas the average Nusselt number for smooth tubes is given by the Gnielinski’s correlation [45] for both

low and high Reynolds numbers as

) [% J(Re—lOOO)Pr o

_1+12.7[%}0'5[Pr%—q

For 0.5 < Pr <2000 and 3x10°< Re < 5x10°

Nu

For a receiver with no inserts, our results were compared with the correlations given in Egs. (23) and (24) as

discussed in section 5.1.
5. RESULTS AND DISCUSSIONS

5.1 Validation of numerical results

Our numerical analysis was validated in several steps. For a receiver with a plain absorber tube, we have
compared our results with experimental data from Dudley et al. [7] for receiver’s temperature gain and
collector efficiency to ensure that our receiver model is accurate. Table 4 shows the comparison of the
present study receiver’s temperature gain and collector efficiency with Dudley et al. [7] experimental data for

a receiver 7.8 m long, 66 mm absorber tube internal diameter, 70 mm absorber tube external diameter and

15



glass cover inner diameter of 115 mm. Both the efficiency and temperature gain are within 8% of the

experimental values. The heat transfer and fluid friction performance of the receiver with no inserts were

Table 4: Heat gain and collector efficiency validation (Dudley et al. [7])

Efficiency Efficienc %
Wind Air AT €C) %
DNI Flowrate  Tiue AT ¢C) (Experimental y error
5 speed  temperature ] ) (Present  error
(W/m”) (L/min) (°C)  (Experimental) ) (present
(m/s) (°0) study) AT
study)
1 933.7 2.6 21.2 47.70 102.2 21.80 22.11 1.42 72.51 72.78 0.37
2 968.2 3.7 22.4 47.78 151.0 22.02 22.30 1.27 70.90 72.11 1.70
3 982.3 2.5 243 49.10 197.5 21.26 22.00 3.48 70.17 70.61 0.63
4 9095 3.3 26.2 54.70 250.7 18.70 18.90 1.07 70.25 68.20 -2.91
5 937.9 1 28.8 55.50 297.8 19.10 17.71 -7.28 67.98 62.65 -7.85
6 880.6 2.9 27.5 55.60 299.0 18.20 16.95 -6.86 68.92 64.50 -6.41
7 920.9 2.6 29.5 56.80 379.5 18.10 17.39 -3.92 62.34 58.48 -6.19
8 903.2 4.2 31.1 56.30 355.9 18.50 17.22 -6.92 63.83 59.60 -6.63

validated using the Gnielinski correlation in Eq. (24) for Nusselt number and Petukhov’s correlation given in

Eq. (23) for friction factor. Good agreement was achieved as shown in the scatter plot in Fig. 4. Nusselt

numbers are within + 7% and friction factors are within 5.5%.

7000 0.05
® Nu - Present Study
6000 - ]
& Nu - Gielinski I 004
5000 i u - Gnielinski
i Correlation : “ 0.03
4000 “ : -
N
3800 0.02
2000
- 0.01
1000
0 0
0 PP ®® PP O DO ®
ASROSRATROSRA DR DR D DA S
WINPT RS nolds furiibed

Fig. 4. Validation of plain receiver tube heat transfer and fluid friction performance
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From the present work, the Nusselt number for the receiver with a plain absorber tube is given by

Nu =0.0104Pr**" Re™*™ (25)
R’ =1.0 for this correlation and the correlation predicts the Nusselt number within £4%.
The friction factor correlation is

f=0.173Re™*"" (26)

R’ =0.994 for the friction factor correlation and the correlation is valid within +3.5%
Egs. (25) - (26) were obtained with parameters in the range
1.02x 10*< Re < 7.38x10°
9.29<Pr<33.7
400 K<T=<650K
The entropy generation model was validated by Bejan’s analytical correlation [26] for heat transfer and

fluid flow in a tube subject to a constant heat flux. Good agreement was achieved as shown in Fig. 5.
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m
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7
3
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Fig. 5. Validation of the entropy generation model
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In computational fluid dynamics, perforated plates are essentially modeled as porous media with negligible
viscous resistance [30]. Therefore, our work was further validated using data from Kumar and Reddy [3] for
a receiver with a porous disc after which the viscous resistance terms were neglected for further analysis of
our perforated plate model. Good agreement was obtained for both Nusselt numbers and friction factors for a

porous disc at an angle of 30° as shown in Table 5.

Table 5: Validation of the perforated plate model with Ravi Kumar and Reddy [3]

Nusselt Number Drag coefficient =2AP / pu’
Reynolds
number Kumar and Present Percent Kumar and  Present study Percent
Reddy[3] study Deviation Reddy[3] Deviation
6.37 x 10" 550 600 9.1 1380 1250 -9.4
1.27 x 10° 925 986 6.6 1057 1150 8.8
1.91 x 10° 1321 1375 4.1 1008 1040 3.2
2.55x10° 1704 1750 2.7 982 1000 1.8
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Fig. 6. Effect of insert size and orientation on heat transfer performance
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5.2 Heat transfer and fluid friction performance
5.2.1 Effect of perforated plate size and orientation

Fig. 6 shows the variation of Nusselt number with the normalised plate diameter, d at p=0.04 and Re
=1.02 x10*. As expected, the Nusselt number is shown to increase with the size of the plate. The figure
further shows that, as the angle of orientation increases, the heat transfer performance slightly increases. This
trend was observed at every value of plate spacing ( p ) and Reynolds number. The increase in heat transfer
performance as the angle of orientation increases is mainly due to high fluid impingement on the lower half
of the absorber tube at positive angles of orientation. The achievable heat transfer enhancement depends on

the spacing, size and orientation of the plate as well as the Reynolds number.

14'~""
| T A= ; ]
129 ’ )P I
| A =0 x. ]
1| @=p5 = 777 I
11 S @ _0.5 )57
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Fig. 7. Effect of insert size on fluid friction at different values of insert orientation
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Fig. 7 shows the effect of orientation angle and plate size on fluid friction. As expected, the increase in heat
transfer performance due to increasing plate size is accompanied by increasing fluid friction. Fluid friction
increases with the size of the plate due to increased blockage of the flow by the perforated plates. The fluid
friction at S=-0.5 and = 0.5 for the same plate size, plate spacing and Reynolds number is the same as
expected, since the resistance to fluid flow by the perforated plate at these orientations is the same. The same

applies to the fluid frictionat S=-1 and S=1.
Fig. 7, further shows that, the highest fluid friction occurs when = 0. The lowest fluid friction is at =1

and f=-1. At B =0, the flow upstream of the plate remains perpendicular to the perforated plate thus high
resistance to flow. When the plate is slanting at a given angle, the fluid “slips” over the plate and thus less

friction. Also at 8= 0 the area open to the flow is also small compared to that at other values of 3 for the

same value of d .

In general, at all values of p and Reynolds numbers, an increase in plate size provides better heat transfer
performance but with an accompanying increase in fluid friction. As the angle of orientation increases, there

is a slight increase in the heat transfer performance. Fluid friction is minimum at both g =1 and § = -1,

while maximum heat transfer enhancement is achieved at § = 1.

5.2.2 Effect of plate spacing and Reynolds number
Figs. 8 (a) and 8(b) show the variation of Nusselt number with plate spacing and Reynolds number for d =
0.91 and 8 =1 at a temperature of 400 K and d = 0.45 and 8 = 1 at a temperature 650 K respectively. The

figures show that, as the spacing reduces the heat transfer performance increases. This is due to increase in
flow impingement and improved fluid mixing as the plate spacing reduces. The figure also shows an increase
in heat transfer performance as the Reynolds number increases due to a thinner boundary layer at higher
Reynolds numbers. The same trend exists at other values of plate size, orientation and temperatures.

Due to significant variation of fluid properties as the temperature increases, at the same flow rate, Reynolds
numbers increase significantly with increase in temperatures. Thus, at a given flow rate, higher fluid
temperatures result in higher Reynolds numbers and higher heat transfer rates. This can be shown in Fig. 9, at
the same flow rates the Reynolds numbers increase as the inlet temperature increases to 600 K. Therefore, the
Nusselt number increases as the fluid temperatures increase at a given flow rate. For the range of parameters

considered, the use of perforated plates increases the heat transfer performance in the range 8 - 133%
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Fig. 9. Variation of heat transfer performance at different values of insert spacing with Reynolds number at different temperatures

for d=0.91and S =1.

depending on the size, orientation and spacing of the plate as well as the temperature and flow rate of the heat

110° 210° 310° 410° 510° 610° 710°
Re

transfer fluid considered.

Fig. 10 shows the variation of friction factor with Reynolds number at different values of insert spacing for
d =091 and B =1 at a temperature of 400 K. As expected, lower values of insert spacing results in high

fluid friction due to flow blockage by the increased number of plates per unit meter. The variation of friction
factor with Reynolds number also exhibits the well-known trend. The same trend exists for other values of

insert size orientation and temperature. Considering the fluid friction at different temperatures, Fig. 11 shows

22

810°



== p=0.04 = P=0.16
- ]3 = 020 Tinlet:4OOK

| | == p =012 == f -~ _
15. 0 d=09L,p8=1]

T S e e (o =S = )

05] TTEm et e e e — e - ———-—

=0 ——-0-0—0-—0-—0—-0—0--0—-9
=== === — = —— —

O - L o e g -im];-_i;asuzqmmm_
0 510 110° 1.5 10°

Re

Fig. 10. Variation of friction factor with Reynolds number at different values of insert spacing at d =0.91and ﬂ~ =1

the same trend with Reynolds number. However, lower temperatures result in slightly higher fluid friction at
given values of insert spacing, insert size and insert orientation for the same flow rate due to the low
Reynolds numbers. For the range of parameters considered, the fluid friction increases between 1.40 - 95
times compared to a receiver with a plain absorber tube, depending on the size, orientation and spacing of the
inserts as well as the flow rate.

In general, smaller values of insert spacing will increase the heat transfer performance but with significant

increase in fluid friction. Improvement in heat transfer performance can be achieved with lower fluid friction
at higher values of spacing and lower values of insert size. For example at p=0.20, B =1 and insert size d

= 0.45, the heat transfer increases 23 — 55 % and friction factors increase in the range 1.40 - 3.5 times in the

range of Reynolds numbers considered.
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Fig. 11. Variation of fluid friction at different values of insert spacing with Reynolds number at different temperatures for

d=091land S =1.

5.2.3 Empirical correlations for Nusselt number and fluid friction

Based on the numerical simulations, correlations for the Nusselt number and fluid friction were obtained

for the range of parameters considered using regression analysis.

The Nusselt number is correlated by

B 5.8 1 7 ReO.9483 Pr0.4050 13—0.1442d'0.4568 (1 + 0.0742 tan ﬁ)
1000

Nu

(27)

R’ = 0.998 for this correlation. The correlation is within less than +15% for the range of parameters

considered as shown in the Parity plot in Fig. 12.
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Fig. 12. Nusselt number parity plot

Fluid friction is correlated by
£ =0.1713Re™™™ p*™d*™ (1+0.08996sin ) (28)

For this equation R° = 0.96 and is valid within £18%. The parity plot for f is shown in Fig. 13.

Egs. (27) - (28) were derived with parameters in the range
1.0 x 10*<Re < 7.38 x 10° and 9.29 < Pr < 33.7
-30 < <30°
0.04<p<0.20

0.61<d <0.91
400 K<T<650K
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Fig. 13. Friction factor parity plot

The Reynolds number depends on the temperature considered. As such, the flow rates should be used to
determine the velocities to be used in obtaining the Reynolds number for the correlations in Egs. (25) — (28).
The flow rates based on the inner diameter of the plain absorber tube used vary in the range 0.001368 m’/s to
0.01882 m’/s at each inlet temperature. In terms of mass flow rates, the above volumetric flow rates
correspond to 1.14 kg/s to 15.80 kg/s at 400 K, 1.02 kg/s to 14.05 kg/s at 500 K, 0.87 kg/s to 12.03 kg/s at
600 K and 0.79 kg/s to 10.86 kg/s at 650 K.

5.2.4 Performance evaluation

A preliminary measure for assessing the performance of heat transfer enhancement is the performance
evaluation criteria (PEC) put forward by Webb [46]. According to Webb [46], the thermal enhancement

factor is given by

% =NulNu)(f11)" (29)
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Accordingly, the thermal enhancement factor should be 1 and greater, if pumping power is a concern. In

such a case, the achieved heat transfer enhancement outweighs the increase in pumping power.
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Fig. 14. Variation of thermal enhancement factor with Reynolds

number (a) at different values of insert spacing for

d =0.45 and ﬂ~ =1at 400 K. (b) at different values of insert

size for p=0.20 and 8 =1at 600 K

From this study, the thermal enhancement factor decreases significantly at any given Reynolds number as
the insert spacing reduces as observed in Fig. 14(a). This is due to the significant increase in fluid friction at

lower values of insert spacing. Fig. 14(b) shows the variation of the thermal enhancement factor with
Reynolds number at p=0.2 and B = 1, for different values of d at 600 K. The thermal enhancement factor is

also shown to decrease significantly as the insert size increases. In this study, the thermal enhancement factor

ranges from about 0.44 — 1.05. Therefore, the use of lower insert spacing and larger inserts should be

avoided. The highest values of the thermal enhancement factor exist at p= 0.2, =1 and d = 0.45 at all

temperatures considered. Insert spacing of j= 0.2, orientation angle 8 = 1 and insert size d = 0.45 give

reasonably high heat transfer enhancement and thermal enhancement factors for all the temperatures
considered. The thermal enhancement factors for this set of parameters are in the range 0.95 — 1.05

depending on the Reynolds number.
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To investigate the actual collector thermal performance, the actual gain in collector performance due to
heat transfer enhancement should be compared with the corresponding increase in pumping power. Collector
performance can be characterized in terms of collector’s thermal efficiency which is a function of heat
transfer rate and incident solar radiation. For comparison of a receiver with perforated plate inserts with a
non-enhanced receiver, the thermal efficiency has been modified to include the pumping power. The
modified thermal efficiency is function of the heat transfer rate, pumping power and incident solar radiation
according to

0, -,

—Aa I (30)

nth,m =

A similar evaluation was used by Mufioz and Abanades [13]. It is worth noting that this performance
evaluation method was not originally included in the paper, one of the reviewers suggested it. The reviewer’s

input is duly acknowledged and appreciated.
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Fig. 15. Variation of collector modified thermal efficiency with Reynolds number at different values of insert spacing

In Eq. (30), O, =i, (T,

vuter — Tier) 1 the heat transfer rate; ¥, = VAP is the pumping power; 4, is collector’s
aperture area and I, is the incident solar radiation. Figs. 15(a) and 15(b) show the variation of the modified
thermal efficiency with Reynolds number at different values insert spacing for 4 =045 and d =091
respectively. As shown in Figs. 15(a) and 15(b), the efficiency increases with the use of perforated plate

inserts at each value of insert spacing and insert size up to some Reynolds number and then becomes lower

than that of a non-enhanced tube. The efficiency of an enhanced tube will be lower than that of a non-
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enhanced tube when the gain in heat transfer rate becomes less than the required increase in pumping power.
As seen in Fig. 15(a), the modified thermal efficiency is increased over a wider range of Reynolds numbers
when the size of the insert is smallest. As the insert size increases, the efficiency increases over a smaller
range of Reynolds number as shown in Fig. 15(b). At higher Reynolds numbers, the pumping power
increases significantly and reduces the efficiency below that of a plain receiver tube. This same variation
exists at the other temperatures considered in this study. At a given insert orientation angle, the increase in
modified thermal efficiency depends on the size of the insert, the spacing between the inserts and the
Reynolds number (or flow rate).

The modified thermal efficiency increases in the range 1.2 — 8% over the range of parameters considered
depending on the insert size, spacing and Reynolds number. However, at all inlet temperatures, a flow rate
lower than 0.01026 m*/s (8.61 kg/s at 400 K, 7.66 kg/s at 500 K, 6.56 kg/s at 600 K and 5.92 kg/s at 650 K )

gives an increase in efficiency in the range of 3 — 8 % for insert spacing in the range 0.08 < p < 0.20, when

the insert size is in the range 0.45 <d < 0.61. At higher flow rates, increase in efficiency is still feasible,
however, the value of spacing should be higher and the size of the insert should be smaller as shown in Fig.
15 (a). At lower flow rates (lower than 0.00855 m’/s), increase in efficiency is possible at most values of
insert spacing and insert size since the pumping power increase is not significant compared to the gain in
performance.

The increase in efficiency is mainly due to the increased heat transfer performance as well as reduced
receiver losses. Heat transfer enhancement reduces absorber tube temperatures, the reduction in absorber tube
temperature results in lower coating emissivity, thus lower radiation losses.

It is worth noting, that the use of the performance evaluation criteria at constant pumping power
comparison given in Eq. (29) does not give an accurate account of the actual performance of the parabolic
trough receiver with heat transfer enhancement. This is probably because it does not account for additional
gain in performance from reduced absorber tube temperatures and the subsequent reduction in radiation heat
losses. Moreover, with parabolic trough receivers the gain in performance with heat transfer enhancement

might be much higher than the increase in pumping power.
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5.2.5 Absorber tube temperatures

Increased heat transfer performance is expected to reduce the temperature gradients in the receiver’s
absorber tube. Fig. 16(a) shows the variation of absorber tube temperature gradient with Reynolds number

and insert spacing at a temperature of 650 K. Where ¢ = (7, .. —T, . ) is the difference between the

b, max
maximum temperature of the absorber tube and minimum temperature of the absorber tube. The absorber
temperature gradients are shown to reduce with increasing Reynolds numbers and decreasing insert spacing.
In general, the higher the heat transfer enhancement, the lower the absorber tube temperature gradient. Large
reductions in the absorber tube temperature gradients occur at lower insert spacing, maximum angle of
orientation and maximum insert size. For the range of parameters considered, the absorber tube temperature
gradients are reduced between 5-67%. Significant reductions in the absorber tube’s circumferential
temperature gradients are observed at lower Reynolds numbers. As such, heat transfer enhancement will be
very beneficial in reducing absorber tube temperature gradients for applications where low mass flow rates
are desirable.

Absorber tube peak temperatures are also a concern to avoid degradation of the heat transfer fluid
especially at high fluid temperatures. Therefore, any reduction in these peak temperatures will be essential to
improving the receiver’s performance and minimising degradation of the heat transfer fluid. As shown in Fig.
16(b), the use of perforated plate inserts reduces the absorber tube maximum temperature and can keep them
at levels lower than 673.15 K even in the range of flow rates at commercial plants [47]. The maximum flow
rates at the 20 MW SEGS plants is about 0.0063 m’/s (3.63 kg/s evaluated at 650 K), at the 30 MW SEGS
plants, the maximum flow rate is about 0.01009 m’/s (5.84 kg/s evaluated at 650 K) [47].

Generally, heat transfer enhancement is shown to reduce the temperatures, temperature gradients in the
receiver’s absorber tube. In addition to reducing the stresses in the tube, reduced temperatures increase
receiver performance due to lower radiation losses. The radiation losses reduce due to a lower temperature
difference between the glass cover and absorber tube as well as lower emissivity of the absorber tube at
lower temperatures. Moreover, the exergetic performance of the receiver will improve due to a lower finite

temperature difference in the absorber tube and thus reduced heat transfer irreversibility.

5.3 Thermodynamic performance of the receiver with perforate plate insert

The ratio of entropy generation due to heat transfer enhancement to the entropy generation for a non-
enhanced device (Nyen = Sgen/(Sgen)o 1S used to characterize the thermodynamic performance. N;., should be

less than 1 for better thermodynamic performance [26].
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At low Reynolds numbers the heat transfer irreversibility is the dominant source of irreversibility. Such
that increasing the diameter of the plate or reducing the spacing of the consecutive plates reduces the entropy
generation rate. As the Reynolds number increases, the heat transfer irreversibility reduces but the fluid
friction irreversibility begins to increase. At higher Reynolds numbers, the fluid friction irreversibility
increases and becomes the dominant source of irreversibility. Such that increasing the diameter of the plate

or reducing the spacing gives higher values of entropy generation rate. Therefore, there is a value of
Reynolds number at which entropy generation is a minimum at every value of p, d and [ at any given heat

transfer fluid temperature as shown in Figs. 17 (a) for d =091 and B =1 when the heat transfer fluid

temperature is 400 K and Fig. 17 (b) when the temperature is 650 K.
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Fig. 18. Variation of the Bejan number with Reynolds numbers at different values of insert spacing
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The Bejan number, Be, shows the contribution of the heat transfer and fluid friction irreversibility. The
Bejan number is the ratio of the heat transfer irreversibility to the total entropy generation rate. As shown in
Fig. 18, the Bejan number is high at low Reynolds numbers and reduces as Reynolds numbers increase at
every value of insert spacing. The Figure also shows the Bejan number to reduce as the insert spacing
reduces due to improved heat transfer and accompanying reduction of the finite temperature difference.

Figs. 19 (a) and 19 (b) show the plots N; ., with Reynolds number for different values of insert spacing at
d =091 and B =1 for temperatures of 400 K and 650 K respectively. The figure shows that, at a given

value of insert spacing there is a Reynolds number beyond which N ., becomes greater than 1.0. The use of
inserts above this Reynolds number is undesirable since more available work will be lost compared to a plain
receiver. In this work, flow rates less than 0.01205 m’/s (/= 10.12 kg/s at 400 K, 7= 8.99 kg/s at 500 K,
m=7.69 kg/s at 600 K and = 6.96 kg/s at 650 K) ensure entropy generation ratios less than 1.0 for all
values of insert spacing, insert size, plate orientation and heat transfer fluid temperature. The maximum

reduction in entropy generation rate obtained for the range of parameters considered was about 52.7%.

6. CONCLUSION

In the present study, a numerical investigation was carried to investigate the thermal, fluid friction and
thermodynamic performance of a parabolic trough receiver with centrally placed perforated plate inserts.

From the study, the Nusselt number and friction factor are strongly dependent on the spacing and size of
the insert as well as flow Reynolds number. For the range of Reynolds numbers, temperatures and
geometrical parameters considered, the Nusselt number increases about 8 - 133.5% with friction factor
penalties in the range 1.40 - 95 times compared to a receiver with a plain absorber tube while the thermal
enhancement factors are in the range 0.44 - 1.05.

The use of thermal enhancement factors for performance evaluation was shown to be unsuitable for the
evaluation of the enhanced parabolic trough receivers. It does not take into account the increase in
performance from reduced receiver losses due to lower emissivity and lower absorber tube temperatures. The
modified thermal efficiency of the collector is a more suitable performance evaluation tool because it takes
into consideration the actual gain in receiver performance and the corresponding increase in pumping power.

The use of perforated plate inserts is shown to increase the modified thermal efficiency of the receiver in
the range 1.2 — 8% depending on the insert spacing, insert size and Reynolds number. The modified thermal

efficiency increases in the range of 3 — 8 % for insert spacing ranging from 0.08 < p < 0.20 and insert size in

the range 0.45 <d < 0.61 for flow rates lower than 0.01026 m’/s at all inlet temperatures. This flow rate
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corresponds to the following mass flow rates evaluated at different temperatures: 8.61 kg/s at 400 K, 7.66
kg/s at 500 K, 6.56 kg/s at 600 K and 5.92 kg/s at 650 K.

Significant reductions in absorber tube temperature gradients and peak temperatures were achieved. The
maximum reduction in absorber tube temperature gradients was about 67%. As far as safety of the tube is
concerned, the reduction in absorber tube’s temperature gradients is shown to be beneficial for applications
requiring low flow rates where temperature gradients are higher than 50 K. Reduction in absorber tube
temperatures also plays a significant role in reducing radiation losses. Thus reducing temperature gradients to
values lower than 50 K will further improve the performance of the receiver provided the gained performance
is not less than the increase in pumping power.

The use of inserts is also shown to improve the thermodynamic performance of the receiver by
minimizing the entropy generation rates below a given flow rate. Overall, volumetric flow rates lower than
0.01205 m’/s were found to give entropy generation rates lower than those of a receiver with a plain absorber
tube for all perforated plate geometrical parameters and temperatures considered. The maximum reduction in

the entropy generation rate was about 52.7%.
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