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Abstract

Flow boiling of Perfluorohexane (FC-72) in rectangular microchannels with one-sided uniform heating
was studied experimentally at different rotations (8). Various rotational orientations were investigated
ranging from 6 = 0° (bottom-heating) to 90° (side-heating) in increments of 30° as well as 180° (top-

heating).

The channels had a relatively high aspect ratio of 10 (5 mm x 0.5 mm), a hydraulic diameter of 909 um
and a heated length of approximately 78 mm. Mass fluxes of 10 kg/m?s, 20 kg/m?s and 40 kg/m?s were
considered at several heat flux values at a saturation temperature of 56°C. For these conditions, in-
channel flow visualisations and heated surface temperature distributions were recorded; fluid
temperature and pressure readings were taken, and heat transfer coefficients were determined from
subcooled conditions, through the onset of nucleate boiling, to near dryout conditions within the

channel.

A channel at a rotation of 8 = 0° produced the optimal results. 8 = 0° had the highest heat transfer
coefficient at all mass flux and heat flux combinations tested and had the lowest cross-sectional
temperature variation of all rotations, minimizing the probability of warping electronic components.
6 = 0° was nucleate boiling dominated resulting in an improved heat transfer performance with an
increase in heat flux. 8 = 180° experienced heat transfer coefficients that were greater than 8 = 30°,
60° and 90° at various qualities up to y = 0.3 where the vapour slug became confined the heat transfer
coefficient decreased rapidly. 8 = 90° had the lowest heat transfer coefficients at most mass flux and

heat flux test cases. 8 = 0° had the highest pressure drop while 8 = 180° had the lowest pressure drop.
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Nomenclature

Symbol Description SI Unit
A Area m?
A, Cross sectional area M?
AR Aspect ratio Dimensionless
b; Bias of measurement equipment Dimensionless
Bi Biot number Dimensionless
Bd Bond number Dimensionless
Cp Specific heat capacity J/kgK
Co Confinement number Dimensionless
C Coefficient
dp Hydraulic diameter m
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G Mass flux kg/m?s
hsg Latent heat of vaporisation l/kg
H Height of flow passage m
I Electric current A (ampere)
k Thermal conductivity W/mK
l Length of microchannel m
Iy Heated length of microchannel m
leap Capillary length Dimensionless
m Mass flow rate Kg/s
m Exponential coefficient
n Exponential coefficient
Di Random variability in measurement equipment Dimensionless
q Heat flux W/m?
Heat input rate
ty Wall thickness m
t Time parameter S
T Temperature °C
U Voltage Volts
14 Volumetric flow rate m3/s
w Width of flow passage m
x Location on the x axis m
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Symbols Description SI Unit

a Heat transfer coefficient W/m2K
Bin Coefficient of thermal expansion K?
6x; Total error of measurement equipment Dimensionless
€; Absolute error of measurement i Variable
6 Rotational angle degrees
u Dynamic viscosity kg/ms
p Density kg/m?3
o Surface tension N/m
o; Relative error of measurement i Variable
X Thermodynamic vapour quality dimensionless
Subscripts Description
ap applied
ave average
b Bulk fluid condition
crit critical
env Environmental
in inlet
IR Infrared measurement
out outlet
lenient Lenient condition
1 Liquid-phase
loss Leaving the system
m Measured parameter
max Maximum
min Minimum
net Net total amount
S Surface
sat Saturation condition
strict Strict condition
\% Vapour-phase
z Distance from inlet to current position




1. Introduction

Flow boiling is an important heat transfer technique in several applications for thermal cooling or heat
absorption. Fluid undergoing phase change with bulk fluid motion is called flow boiling. Flow boiling
is associated with high convective heat transfer coefficients, defined as the surface heat flux per
temperature difference between the surface and the passing fluid. When a boiling fluid is chemically
pure, flow boiling occurs at an almost constant temperature called a saturated temperature. A
constant saturation temperature and high heat transfer coefficients render flow boiling an attractive
cooling method at various length scales. For instance, at small length scales, it is useful for the thermal
management of high power-density micro-electronic components, especially when utilised with
microchannels. At larger length scales, the high latent heat of vaporisation renders flow boiling

important in thermodynamic power and refrigeration cycles.

Efficient heat transfer is crucial at all length scales from small to large length. Improved heat transfer
allows for further miniaturisation of electronic circuitry, while enhanced heat transfer sustains
efficient thermodynamic conversion systems. Microchannel use offers the advantage of increased
heat transfer surface area per flow passage cross-sectional area in addition to better matching
geometric scales for electronic cooling. Microchannels are a structure with a hollow core through
which fluid flows, typically constructed of metal for industrial applications and borosilicate for
experimental investigations. The hollow core of a microchannel has a small cross-sectional area which
results in peculiar influences on the flow boiling process because of the interaction between the

passing liquid and vapour fluid states with a stationary wall.

The distribution of the vapour and liquid-phases within a channel directly impact the heat transfer
mechanism. For instance, in the liquid regions, convection and/or conduction heat transfer are
prevalent, whereas in the vapour regions, convection heat transfer is prevalent. The dynamic
distribution of the phases and velocity fields also strongly affect fluid mixing and the resulting local
ability of the fluid to absorb heat. The phase distribution is generally described with the aid of flow
patterns, which qualitatively categorise the visual appearance of the flow into different regimes. For
microchannels, these regimes include (for instance):

o bubbly flow, where small amounts of vapour are evenly dispersed or suspended in the liquid

e slug flow, where the vapour has a bullet profile as it passes through the flow channel

e churn flow, where large vapour columns collapse with portions of turbulent flow interaction

between the liquid and vapour



e annular flow, where the vapour is present only at the inner regions of the channel and a liquid

layer is present at the periphery.

Optimal convective heat transfer occurs when the wall of the channel, that acts as the heat transfer
surface, is in contact with liquid. Dryout is associated with operating conditions where all the liquid in
a particular region of the channel has been evaporated. Dryout is not attractive due to a substantial
reduction of the local heat transfer coefficient and the accompanying large temperature difference
between the wall and the heat transfer fluid. In addition, heat transfer is no longer sustained at the
relatively constant saturation temperature. In the case of electronic cooling, this results in local over-
heating to significantly above the saturation temperature, depending on the local heat flux and heat
transfer coefficient. In the case of thermodynamic cycles, unless superheating of the fluid into a gas is
required, this operating state is also unattractive because of the associated relatively poor heat

transfer coefficient.

Heat flux is defined as the total amount of heat absorbed by the fluid per unit area. It directly affects
the heat transfer coefficient in some channels. Channels with many small bubbles moving away from
the point at which they form (the nucleation site) can increase in size faster at higher heat fluxes,
producing relatively large secondary vapour motion, which can directly increase the heat transfer
coefficient. Secondary flow effects are well documented in large-scale channels but are less
understood in small-scale channels due to confinement effects. This gap in knowledge is knowing

which orientation best leverages secondary fluid motion for increased heat transfer performance.

The gravitational orientation of the channel also strongly affects the steady state settling position of
the vapour-phase in a two-phase fluid. The orientation can alter the thickness of the liquid layer at the
channel circumference, which may result in early localised dryout in the vapour-phase and improved
heat transfer in the liquid-phase. This buoyancy-driven affect can be leveraged to improve heat
transfer by removing vapour — which generally has a lower heat transfer coefficient than liquid — from

the heated surface and replacing it with liquid.

Channels with small-length scales typically have bubble-wall interactions, known as confinement
effects, that directly affect the heat transfer performance of the fluid. Channel orientation can allow
the vapour to move to portions of the channel where it is less likely to cause dryout. For instance,

bottom-heated channels have vapour located on the top wall of the channel, and the vapour only



affects the heated wall when the proportion of vapour in the channel is large. Small-length scales also

experience temporal variability in the steady state vapour location.

Optimally orientated systems would be associated with flow conditions that are relatively constant in
time or have predictable and favourable temporal instability. In general, temporal instability can
exhibit as pressure and density wave oscillations that change the operating flow state from its steady

condition; this in turn may temporarily reduce or improve the heat transfer performance.

Gravitational orientation can be altered by rotating the channel about the flow direction. This is
particularly interesting when the aspect ratio (width-to-height ratio) of a channel is large and the
channel has non-uniform circumferential heating. However, little is known about extent to which high-
aspect ratio channels have their heat transfer coefficients impacted by rotation about the flow

direction, especially between heating from above and below.

Microelectronics often experience one-sided heating as they are directly attached to the heated
surface. The width of the channel is the width of the electronic component while (to save space) the
height is minimised. Studies investigating the difference between microchannels orientated
horizontally and heated from above or below have shown that buoyancy effects in the channel can

produce increases in the local heat transfer coefficient.

Channels at low mass flow rates heated on one side are often investigated in isolated orientations,
such as horizontal or vertical. Liquid vapour interactions could be leveraged to increase the heat
transfer coefficient by using the buoyancy of the heated liquid and vapour to create secondary fluid
motion through the colder fluid. High aspect ratio rectangular channels could also be used to increase
the buoyancy effects by allowing the vapour to move farther in the cross-sectional direction than
circular or square channels allow. FC-72 is a refrigerant with a saturation temperature below the
operating temperature of many electronic components. Little data exists on heat transfer coefficient

of FC-72 in low mass flow rate, high aspect ratio microchannels that are heated from one-sided.

1.1 Problem statement

Few experimental investigations have considered the effects of gravitational orientation on the heat
transfer coefficient in a non-uniformly heated high aspect ratio microchannel. Rotational effects allow

for vapour motion in the cross-sectional direction. In a few studies, the analysis of heat transfer



coefficients to define optimal channel orientation have considered rotations such as top and bottom
heated. This study focuses on closing the gap in knowledge regarding a high aspect ratio channel that

is heated from one side at various gravitational orientations about the flow direction (rotations).

1.2 Aims and objectives

1. Modify an existing experimental flow boiling test facility at the University of Edinburgh. The
purpose here is to enable testing at different rotational orientations.

2. Conduct experiments at varying test-section rotational orientations. The purpose is to find the

orientation that produces the optimal heat transfer performance at different combinations of

mass flux and heat flux.

Analyse the data and

Calculate heat transfer coefficients

Interpret the surface temperature results

o oA~ W

Determine which channel rotation optimizes cooling

1.3 Dissertation outline

Chapter 2 contains a literature review of flow boiling and experimental studies of heat transfer and

pressure drop in microchannels.

Chapter 3 details the experimental setup used in this study; the focus is on investigating the rotational

effects during flow boiling.

Chapter 4 describes the sensor calibration procedures, test matrix and the experimental procedure.

Chapter 5 provides details about the data reduction method for the heat transfer coefficient and

pressure drop calculations.

Chapter 6 presents heat transfer coefficient results indicating the effect of channel rotation, heat flux

and mass flux.

Finally, Chapter 7 concludes the study.



2. Literature review

This chapter reviews the prior research on flow boiling. The use of flow boiling in microelectronic
cooling applications is described. Typical bubble behaviours observed during flow boiling used for
electronic cooling applications are discussed. The standard terms are defined, and the concepts of
microchannel, minichannel and microchannel transition criteria are described. Flow boiling is
discussed in relation to typical flow patterns, and their impact on heat transfer is presented. Methods
of enhancing the heat transfer in microchannels are considered. Orientational changes in terms of
channel rotation and inclination are described, and the choice of fluids used in experimental studies
is discussed. Flow instability is briefly discussed due to its impact on the time averaged heat transfer
coefficients presented later in this study. The chapter concludes with the gap in the literature

highlighted and the focus of the study defined.

2.1 Flow boiling in electronic cooling

Subcooled flow boiling is the process by which liquid in motion is heated from a single-phase to a two-
phase state. While in the single-phase state, the fluid is referred to as being subcooled, with the
liquid’s temperature below the saturation temperature (Tq¢). As the fluid is heated, its temperature
increases until it reaches saturation temperature, where it remains until all the liquid has turned to

vapour.

Flow boiling is observed to have begun once bubbles start to form, known as the onset of nucleate
boiling [1]. Nucleate boiling has two distinct regions, namely partially developed boiling and fully
developed boiling [1]. During partially developed boiling, vapour bubbles collapse because of the
significant sub-saturation temperature of the surrounding liquid. During fully developed boiling, the
surrounding liquid temperature has increased sufficiently (due to convective heat transfer and mixing)

to sustain stable bubble growth. Once bubbles start to coalesce, saturated boiling has commenced.

Flow boiling is used extensively in cooling applications because the fluid can continue to absorb energy
while the liquid in the channel evaporates yet remains at the saturation temperature. Electronic
components are small-scale applications where flow boiling is used as a cooling mechanism. Electronic
components utilise constant saturation temperatures during saturated boiling to stay below optimal

operating temperatures [2].



The need for fast computing has led to the development of electronic components that are both small
and produce substantial heat, which in turn necessitates removing high power densities from the
heated surface [3-8]. This cooling challenge has been met utilising single- or multiple-channel systems
in conjunction with flow boiling [2]. Single-channel systems benefit from minimal flow
maldistributions issues and low total pressure drop, whereas multi-channel systems benefit from

larger fluid-to-heated-surface area ratios, helping to increase the heat transfer rate.

Multi-channel systems are generally referred to as a heat sink. These systems utilise single-phase
cooling [9-12], micro-jet cooling [13], multi-phase cooling [14], thermo-electric cooling [15], phase-
change materials [8], electro-osmotic flow [16] and nanofluids [17-19] to increase heat transfer,
depending on the application. Nanofluids, for example, can increase the heat transfer by up to 40%

[20].

Refrigerants utilise low saturation temperatures to maintain electronic components at their optimal
operating temperature, which is often below 100°C [21, 22]. Refrigerants are needed because water
cannot utilise the benefits of flow boiling at temperatures below 100°C without significant pressure

controls to decrease the saturation temperature.

A second challenge facing electronic cooling is that electronics often produce a non-uniform heat flux
distribution on the heated surface, resulting in hotspots [2]. Hotspots can have heat fluxes of up to
eight times higher than other locations on the heated surface [23, 24]. These hotspots result from
integrated circuits created for multi-core processors [8]. Multi-channel systems are more susceptible
than single-channel systems to experience dangerously high surface temperatures because of

hotspots, as heat cannot be transferred as effectively in the cross-sectional direction.

2.2 Terminology

A channel can be defined as a hollow flow passage surrounded by a solid wall. To enable the
comparison of flow passages which have different geometries, the fluid mass flow rate (1) passing
through the channel with a particular cross-sectional flow area (A4.) can be rewritten as a mass flux
(G =m/A,). Single-phase flow can be categorised according to the flow regime, with the velocity

profiles typically used to describe the type of flow regime.



The flow regime experienced is often predicted using a non-dimensional number known as the
Reynolds number (Re) which is a ratio of inertial forces to viscous forces. The Reynolds number
considers the fluid’s properties such as density, velocity, and viscosity as well as the geometry of the
flow passage. Reynolds number ranges have been created from experimental investigations which

correspond to the flow regime that can be expected.

A circular channel can be used as an example. Here, a velocity profile with a maximum in the centre
of the channel and a minimum at the wall, with a parabolic profile in a cross-section, is known as
laminar flow. Laminar flow is typically found at mass flow rates resulting from lower Reynolds numbers
(Re below 2300). At high mass flow rates (Reynolds numbers above 4000), the flow profile is chaotic,
with a relatively flat velocity profile with large flow velocities in the tangential flow direction; this flow
regime is turbulent flow. Between Reynolds number of 2300 and 4000, the flow alternates between

uniform and chaotic velocity profiles at the same mass flow rate; this is a transitional flow regime.

Heating the channel results in a temperature profile in a flow cross-section that is the same as for
velocity at each regime discussed above. The rate at which the heat is transferred is referred to as the
heat transfer rate (Q). This rate is often converted to heat flux (¢ = Q/A;), which utilises the total
heated surface area across which heating occurs (4g) to allow for comparison between surfaces
irrespective of their shape or size. In systems which lose heat to the environment, the heat transfer

rate and heat flux referred to are typically the net heat transfer (after heat loss has been considered).

Internal forced convection is a heat transfer mechanism which produces a temperature profile in a
fluid’s internal cross-section. Single-phase laminar flows have temperature gradients starting at the
heated wall because of the uniform velocity profile and heat transfer between the liquid layers.
Turbulent single-phase flows as well as two-phase flows sometimes have heat transfer between fluid
layers as well as mass transfer due to buoyant fluid rising through cooler and less buoyant fluid which
can act to enhance the heat transfer rate ad decrease the thermal gradient. A more even temperature

profile is found in the cross-sectional direction.

The rate at which this heat transfer occurs is calculated as a heat transfer coefficient (a), defined as
the heat flux per degree difference between the diabatic (heat transfer) wall temperature and the
reference fluid temperature. The thermodynamic bulk fluid temperature is commonly defined as the

average fluid temperature in a cross section. The magnitude of the heat transfer coefficient depends



on several features or aspects; these features include the channel geometry, the fluid properties, flow

regime and heat flux.

Internal forced convection has two main flow boiling mechanisms that directly affect the heat transfer
coefficient: nucleate boiling and forced convection with evaporation. Nucleate boiling is a boiling
mechanism in which the surface temperature is above the saturation temperature, but a large portion
of the heated wall has liquid in contact with it. Nucleate boiling typically sees the formation of bubbly
flow from the nucleation site. Forced convection with evaporation normally lacks small bubbles that
form from a nucleation site but rather displays a vapour column with a liquid film surrounding the

vapour.

Two-phase flow occurs once the bulk fluid temperature has reached saturation conditions and a
combination of vapour and liquid is found in a cross-section. Subcooled flow boiling refers to boiling
that starts below the saturation temperature. During flow boiling, the ratio of liquid to vapour in a

cross-section directly affects the heat transfer rate and flow regime.

Thermodynamic vapour quality () is the mass ratio of liquid and vapour in a cross-section. A vapour
quality below 0 (negative) indicates that the system is subcooled. Vapour qualities between 0 and 1
indicate that the fluid has reached the saturation temperature and some of the liquid has changed
phase from liquid to vapour. Vapour qualities above 1 indicate that all the liquid has become vapour
and the bulk vapour temperature is above the saturation temperature; this is called super-heated
vapour. The void fraction is the volume ratio of liquid to vapour in a cross-section. This value is often

used in conjunction with thermodynamic vapour quality.

Vapour quality is often determined analytically using a homogenous equilibrium model [25], in which
the amount of heat applied and lost to the environment is used to calculate the amount of energy
absorbed [26]. This is a mathematical approximation which employs an energy balance with negligible
losses ignored. Void fraction is more difficult to predict analytically. It requires the use of correlations
based on experimental techniques which can have a mean absolute error as low as 1.8% [27]. The
correlations are applicable only to a narrow band of cases [28-31]; hence, void fraction is typically
measured directly instead. The experimental methods include gamma ray attenuation [32, 33], valves
to instantly isolate the vapour-liquid mixture in a test section [34] and planar laser-induced
fluorescence analysis [35]. However, these approaches are difficult to implement. Vapour quality is

thus the preferred measure of the liquid-to-vapour ratio in the two-phase region.



During flow boiling, the liquid/vapour interactions can vary greatly depending on mass flux, heat flux,
the fluid and channel passage geometry. These interactions result in the distribution of liquid and

vapour changing and forming observable patterns of interaction, called flow patterns.

2.3 Flow patterns

Flow patterns or flow regimes describe the interactions of the different layers, phases, and fluids
during motion. Each interaction affects the velocity and temperature profile of the fluid in a cross-
section. In the single-phase region, the flow regime is directly affected by the mass flow rate. In a
circular channel, for example, the velocity profile of a single-phase fluid entering a channel changes
depending on the mass flow rate. Cases of low mass flow produce parabolic velocity profiles with
rapidly moving fluid in the centre of the channel and the slowest fluid movement at the wall; this
pattern is called laminar flow. High mass flow rates produce velocity profiles that are more uniform,
with severe mixing due to severe movement of the fluid with large tangential flow velocities. This

pattern is called turbulent flow.

The hydrodynamic entrance region is the section of the channel in which the velocity profile changes
from uniform to its final form. In the hydrodynamic entrance region, the fluid is developing. The fluid
is said to be developed once its velocity profile reaches the parabolic shape or when semi-steady

mixing fluid is deemed to have occurred.

The temperature profile in the circular channel example also develops due to heating. A thermal
boundary layer forms with the fluid’s temperature increasing from the wall to the centre of the
channel. Once the boundary layer is so thick that it spans from the heated wall to the centre of the

channel, a uniform cross-sectional temperature is found, and the flow is fully developed.

Two-phase flow regimes are more numerous than single-phase flow patterns. The dispersal of the
vapour and volume of the vapour greatly affects the heat transfer. The diameter and geometry of a

channel can allow other flow patterns to form or prohibit this.

Bubbly flow is characterised by relatively few discrete bubbles distributed over the flow cross-section
[36]. Bubbly flow has two forms: dispersed and vigorous. Dispersed bubbly flow is generally found at
low vapour qualities when bubbles are relatively distant from each other and are evenly distributed

across the entire cross-section. Vigorous bubbly flow occurs when heating is rapid, resulting in many



bubbles forming throughout a cross-section [36]. These bubbles move towards the centre of the
channel, increasing the vapour quality and resulting in the formation of a single large bubble, called a

slug.

Slug or plug flow develop when the bubbles become confined within the channel. This causes
coalescence into large bubbles that almost fill the entire flow passage [29]. The large singular bubbles
that span almost the entire length of the channel form the slug. Liquid can penetrate through the slug,
breaking it into smaller pockets of vapour, called plugs. As a slug or plug becomes heated, it grows
both downstream and upstream in the shape of a bullet, with a curved front and flat rear [37]. At the
rear of a slug, the bubble displays small sinusoidal wave shapes in contact with the wall, breaking the
thermal and velocity gradients at the wall. The flow pattern typically has a layer of liquid between the

vapour and the circumferential walls, which is known as a liquid film.

Churn flow occurs at vapour qualities higher than those at which slug flow occurs. Churn flow displays
severe interaction between the liquid and vapour slugs, causing the formation of plugs and bubbly
flow. This flow pattern normally occurs at high vapour qualities, mass fluxes and heat fluxes [38]. The
flow pattern typically has violent interactions between the liquid film and the internal vapour bubble,

with a high degree of mixing.

Stratified flows are typically found in large channels where gravity has a substantial effect on the flow
behaviour, particularly when the mass flux is low [39]. In horizontal channels, the liquid pools at the
bottom of the channel with the vapour above it. When the shear force on the liquid vapour interface
is low, the interface face is horizontal. At low viscosities and high shear forces, the interface can

become wavelike in the flow direction, which causes a stratified wavy flow pattern.

Stratified annular flow occurs when the entire perimeter is in contact with liquid (wetted). Although
the film thickness might be uniform around the local perimeter, the thickness changes along the axial

flow direction with a wavelike profile [40].

Mist flow occurs at high vapour qualities when the liquid film is no longer present and the liquid is

transported by the vapour in the form of small bubbles [26]. This flow pattern is associated with

extensive dryout on all circumferential wall positions.
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As the heating increases, fully annular flow develops, characterised by a liquid film on the entire
wetted perimeter of equal thickness in the axial direction. The inner region of the channel carries a jet
of superheated vapour with a few entrained droplets [41]. At low mass fluxes, annular flow generally
develops from stratified flows, whereas at high mass fluxes it generally develops from churn flows.
Typically, annular flow is present in channels that have aspect ratios close to 1, large hydraulic

diameters, high mass fluxes and high heat fluxes [42].

Dispersed flow occurs when the liquid surrounding the vapour in annular flow has almost completely
disappeared and the system’s vapour quality is close to 1, with a few liquid droplets entrained in the

vapour [41]. This is followed by complete dryout of the channel.

In channels with large internal diameters, less-dense liquid rises due to heating while dense cold liquid
falls because of buoyancy effects. The motion due to density discrepancies is called buoyancy-driven
flow. Vapour produced during flow boiling experiences considerable buoyancy-driven motion. The
buoyancy force can be so strong that the vapour bounces off the top of the flow passage back into the
flow before it settles at the top of the channel. This heat transfer mechanism is known as mixed
convection. That is, forced convection occurs due to the enforced bulk fluid motion, whereas free
convection occurs due to the buoyancy of the fluid. Buoyancy-driven motion or buoyancy assisted
flow is an important consideration for larger channels, but their affects can be negligible is small

channels, as is discussed in 2.4.

Mixed convection can occur at various mass fluxes and heat fluxes. It is prevalent at low mass flux and
high heat flux combinations when the buoyancy force is stronger than the bulk fluid motion. Mixed
convection can occur in single-phase [43] and two-phase flow [44]. Single-phase mixed convections
involve the motion of warm liquid through cooler liquid. Two-phase mixed convection results from
the motion of vapour moving through the liquid due to a nucleation site below the liquid’s surface i.e.,

at the bottom of a channel.

As mentioned earlier, two-phase flow patterns or flow regimes are affected by various factors. These
include mass flux, vapour quality, pressure, channel geometry and the working fluid’s properties. Each
factor can influence the transition point between flow patterns and which flow patterns are

experienced [45].
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Flow patterns are grouped into flow pattern maps which depend on the previously mentioned factors.
These can be used to predict the type of flow pattern that will be experienced by a fluid at a specified
saturation pressure, mass flux and channel geometry for various heat fluxes and thermodynamic
vapour quality [46]. These maps are drawn from experimentally obtained flow visualisation during
complete flow boiling (y from 0 to 1) at various mass flux values, while keeping the saturation pressure

constant [36, 46-48].

The governing flow pattern greatly affects the heat transfer and pressure-drop characteristics of the
fluid flow. Hence, much of the experimental research has focused on identifying the transition points
between flow patterns [46, 49, 50]. Many studies have focused on one transition boundary, with the
intention of increasing the available data by investigating diverse pressures, mass fluxes and channel

geometries [49, 51-53].

2.4 Channel classification

Fluid behaviour in a channel is directly affected by the size of the internal passage. The channel is
classified according to three categories: macrochannel, minichannel and microchannel. These are
defined by the type of physics a fluid predominately experiences during adiabatic and/or diabatic flow.
Macrochannels have an internal flow passage diameter large enough to result in the fluid’s behaviour
during boiling being dominated by buoyancy effects. Minichannels have smaller flow passages, with
the fluid’s behaviour being caused by a combination of surface tension and buoyancy effects.
Microchannels have the smallest internal flow passage, with the fluid’s behaviour during boiling being
dominated by surface tension. Small flow passages often are too small for the buoyant heated fluid to
move far enough to impact flow behaviour. Heat flux can affect buoyancy effects with low heat flux
cases resulting in the heated fluid lacking sufficient force to move through the colder fluid when

surface tension is high.

Microchannel physics differ from macrochannel physics in that microchannels experience wall
confinement effects that significantly impact bubble behaviour. Confinement effects alter bubble
behaviour at the nucleation site, the growth of bubbles, bubble motion after departure and the
coalescence of bubbles. Microscale channels have more intense internal fluid and fluid-wall
interactions, such as surface tension and capillary forces, which disrupt the formation of thermal
stratification [54]. Macrochannels have larger volumes with fewer fluid-wall interactions, allowing for

thermal stratification to occur in the fluid. Macrochannels experience bubble confinement at larger
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vapour qualities than microscale channels; the vapour slugs, for example, rarely become confined by
the channel walls. Macrochannels can experience greater mixed convection due to the larger flow-

passage liquid and vapour buoyancy associated with thermal stratification.

The challenge of differentiating between macrochannels, minichannels and microchannels is so poorly
defined that often researchers do not consider minichannels as a category. The focus tends to be
entirely on determining when buoyancy alone is dominant or when only surface tension is dominant.
An elementary method for categorising the channels uses the internal flow diameter. A first-order
approximation considers an internal flow passage diameter of less than 1 mm to be the transition
point at which macro-scale physics no longer dominate and micro-scale physics start to dominate, in

circular horizontal channels [55, 56].

Non-circular channels have an added complication, namely the effect of their cross-sectional shape.
The hydraulic diameter (d},) is defined as the ratio of four times the cross-sectional area to the wetted
perimeter. Non-dimensionless numbers (such as the Reynolds number) cannot consider channels with
a non-circular geometry directly; hence, the hydraulic diameter creates a diameter for the non-circular

channel as if it were circular.

Kandlikar [57] defined the channel categories in terms of hydraulic diameter. A microchannel was
defined as dj < 0.2 mm, a minichannel as 0.2 mm < d;, < 3 mm and a macrochannel as 3 mm <
dp. Many authors have investigated this transition in hydraulic diameters larger than 3 mm, showing

that the mass flux [58], saturation pressure [59] and heat flux [60, 61] all play a role.

The hydraulic diameter does not, however, consider the working fluid’s properties. Fluids with
different surface tensions, for example, could have high buoyancy forces at low hydraulic diameters.
Surface tension and buoyancy forces are considered more completely using an array of non-
dimensional numbers including the confinement number, capillary length, bond number and E6tvos

number.

Kew, et al. [62] developed a non-dimensional number known as the confinement number (Co), shown
in equation (1-1). The confinement number is used to determine a ratio of surface tension to
buoyancy-driven forces, considering the flow passage geometry as well as fluid properties. This non-

dimensional number is used in cases where the fluid is directly heated from the channel’s wall [63].
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Co (1-1)

“dy |90 — pv)

The confinement number uses the hydraulic diameter directly in conjunction with surface tension (o),
gravity (g), liquid density (p;) and vapour density (p,). The threshold value for the confinement
number is 0.5 [62], with Co > 0.5 indicating that microchannel physics are dominant and Co < 0.5

indicating that macrochannel physics are dominant. No minichannel region is defined.

Tibirica, et al. [64] defined the transition criteria by comparing a channel’s hydraulic diameter to a
capillary length (l.4p), known as a Laplace constant. Equation (1-2) shows that the only difference
between the capillary length and confinement number is that the hydraulic diameter is not used in

the calculation.

leap = (1-2)

Li, et al. [65] experimentally investigated the hydraulic diameter that would indicate the dominance
of gravitational effects and surface tension effects using the capillary length. A threshold hydraulic
diameter (1.75l4,) and a critical hydraulic diameter (0.2241.,,,) were used to define the transition
diameters. They found that microchannel physics dominated when dj, /l;qp, < 0.224, with surface
tension forces dominating the flow behaviour (Co > 4.46). Minichannel physics dominated when
1.75 < dy /lcqp < 0.224 where buoyancy and surface tension forces competed to dominate the flow
behaviour (0.57 < Co < 4.46). Macrochannel physics dominated when dj/l.q, > 1.75, where

buoyancy forces dominated (Co < 0.57).

The Capillary number is a dimensionless quantity which considers the viscous drag forces and surface
tension forces of two immiscible liquid across an interfacial boundary. The Capillary number approach
allowed for minichannel physics to be identified, suggesting it may be more useful than the
confinement number when two immiscible liquid are present. These two numbers do not tally well
with the macrochannel transition criteria, differing by 14% and the microchannel criteria differing by
an order of magnitude. Much of the discrepancy might be reduced if the confinement number also

categorised minichannels.
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Another method for classifying a channel is to use the Bond number (Bo) [66]. Here, the relative

importance of buoyancy to surface tension forces is considered [67]:

2 2
Bo = ( dp ) _ ( 1 ) _9(— py)di (1-3)

leap Co o

The bond number indicates expected microchannel behaviour when Bo < 0.05 and macrochannel
behaviour when Bo > 3.0 [68]. Minichannel behaviour is expected when 0.05 < Bd < 3.0. However,

some researchers have suggested that the channel is a microchannel only if Bo > 4.0 [62].

Barnea, et al. [69] suggested that a critical bond number (Boi;) should be based purely on the fluid
properties rather than the channel geometry. The bond number could then be compared to the critical

value.

Pi ﬂ)_l
p—py 4

Bocrir = ( (1-4)

The critical bond number was determined to be Bo,,;; = 4.49 for FC-72 at saturation conditions with
an atmospheric pressure of 101 kPa. Bond numbers greater than the critical bond number would

indicate macrochannel physics and smaller numbers would indicate microchannel physics.

Brauner, et al. [70] suggested yet another criterion to define the transition called the E6tvds number
(E0). Often the bond number and E6tvos number can used interchangeably. In some applications the
definition may differ slightly. The E6tvs number was specifically developed for adiabatic flow pattern
transition in a single channel by comparing the buoyancy forces and surface tension forces. According

to this approach, surface tension dominates when E6 > 1 [71, 72].

2
P P CL (1-5)

(o1 — pv) dr’g

There is little consensus about when a channel should be defined as a microchannel, minichannel or
microchannel, with the first-order approximation of hydraulic diameter being widely used. Channel
geometry and fluid properties have been used to define non-dimensionless numbers to create a more
accurate approach to the transition between channel physics, but these also lack agreement regarding

an exact transition point. The non-dimensional numbers are notably less useful for the minichannel
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physics range but can be used to indicate when micro or macro physics would be clear dominating

factors.

The heat transfer mechanism is generally considered to be similar among the categories. In this regard,
smaller diameter channels experience the same physics as macrochannels, with the added complexity

of confinement and surface tension effects.

2.5 Effective heat flux calculations

This study relies on single-phase tests to determine the rate at which heat is lost to the environment
as a function of the temperature difference between the heated surface and the environment. This is
necessary in the calculation of the effective heat flux, which is the amount of heat absorbed by the
fluid per unit area. The effective heat flux is used to calculate the two-phase heat transfer coefficients,

and vapour qualities as will be discussed later.

The amount of heat supplied to an experimental setup is often not the amount of heat that reaches
the fluid at the interfacial boundary. This is because in experimental investigations some of the heat

supplies to the experimental setup is lost the environment.

Surfaces exposed to the environment are subject to heat losses through primarily convection but also
radiation and conduction. Natural convection losses are caused by the temperature difference
between the exposed heated surface and environmental temperature. The rate is affected by the
geometry of the test section and heating components. Radiation losses similarly occur from the
exposed heated surfaces to the environment. These losses are affected primarily by the exposed
surfaces temperature and emissivity as well as the temperature of the objects in the environment
around the heated surface. Conduction losses are typically to other parts of the experimental facility.

Conduction and radiation losses are typically considered negligible compared to convection losses.

Experiments using a heating block and cartridge heaters determine the heat losses without the use of
empirical correlations [73-77]. With complex geometric setups the test section is cleared of all fluid
and heated with various constant heat inputs. The heating is kept at a constant input for as long as an
hour so that steady-state temperatures are achieved [78]. Once the temperature of heating block

stabilised these temperature measurements as well as the ambient temperature, wall surface
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temperature and heat input’s voltage and current readings are used to calculate the amount of heat

lost.

This heat loss is typically expressed as a function of the wall temperature and the ambient
temperature. The form this equation takes varies but is often a linear relationship between the
amount of heat lost in watts (Q;,ss) and difference between the heating block’s temperature (T) and

the ambient air temperature (T, ):

Qloss = 0.1451(Ts — Tw) (1-6)

Polynomial relationships can also be found [77]. Alternatively, the experimental facility can be
insulated to minimize the amount of heat lost to the environment [79]. The thermal insulation cannot
often be used in microchannel or heat sink studies as the bubble dynamics are of interest and need to

be recorded through a viewing panel with a high-speed camera.

Alternative experimental setups do not use large cartridge heaters to supply heating but rather use a
thin layer of metal like indium tin oxide (ITO) or tantalum (Ta) with a voltage potential across the
metal. These experimental setups cannot have tests conducted without the use of a fluid running

through the test section as the metal layers can burn out.

Heat losses can sometimes be predicted using empirical correlations to predict the heat losses from
the heated surface. This possible when the geometries are standard and the boundary condition is
either a uniform heat flux or isothermal surface temperature [80, 81]. Heat transfer textbooks often
have summarised empirically derived equations for these calculations. The natural convection Nusselt
numbers can be obtained from test sections that have circular, elliptical, triangular, square and
rectangular cross-sectional shapes [82]. The Nusselt number for natural convection is typically

represented in the following form:

Nu = CRa™ (1-7)

The Nusselt number (Nu) is typically represented as a function of the Rayleigh number (Ra) with the
coefficients “C” and “m” dependent on a number of different parameters [83]. The Rayleigh number
is a dimensionless number calculated from the Grashof number (Gr) and the Prandtl number (Pr).

The Grashof number is the ratio of the fluid’s buoyancy and viscosity while the Prandtl number is a
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ratio of the momentum and thermal diffusivity of the fluid. All three these non-dimensional numbers

are presented below:

Ra = Gr - Pr (1-8)
T, — T,)L3
GT — gﬁ( sz ) Cc (1_9)
v o C
Pr=—-= %“ (1-10)

The Grashof number in equation (1-9) is calculated using gravity (g), coefficient of thermal expansion
(B), the surface temperature (T), the atmospheric temperature (T,,), a characteristic length (L.) and
the kinematic viscosity (v). The Prandtl number is calculated the kinematic viscosity and the thermal
diffusivity (a) or alternatively using the specific heat (c,), the absolute viscosity (¢) and thermal

conductivity (k).

The Nusselt number is thus affected by the fluid properties of the fluid through which natural
convection occurs. In many natural convection, heat loss cases, this is air. Nusselt numbers are
categorised broadly by the heating boundary condition, namely a specified heat flux or specified
surface temperature. Nusselt number correlations are only applicable if several criteria are met. These
criteria include the heated surface’s geometry, uniform versus non-uniform heating, the heated
surface’s orientation relative to gravity, the Prandtl number at the heated surface, and the Grashof

number at the heated surface [84, 85].

Channel geometry can affect the heat transfer due to surface area available for heat transfer as well
as the ease with which heat can leave a heated surface. A heat sink typically has a much higher surface
area for heat transfer but may have a lower Nusselt number due to the proximity of the heated fins

distance from each other [82].

The orientation of a surface can have a substantial effect on the rate at which heat is transferred away
from the surface. This is typically due to how easily heat can move away from the surface. A horizontal
plate heated from below often has the problem where the heated more buoyant air cannot move
away from the heated surface as a horizontal heated from above plate. These orientations are
investigated separately in experimental investigations with Nusselt numbers created for each case

[82].
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Nusselt number is only applicable to a range of Prandtl number and the Grashof number values which
are either specified individually or through a Rayleigh number range. The Rayleigh number can be
used to determine the flow regime on the heated surface with an increase in the Rayleigh number
typically resulting in an increase in the Nusselt number and the use of a different correlation [84]. Each

Rayleigh number case typically results in different coefficients being chosen “C” and “m” [85].

Natural convection Nusselt numbers typically consider uniform boundary conditions such a uniform
heat flux or isothermal temperature on the entire surface. This is because most real-world applications
have uniform boundary conditions. Non-uniform conditions are typically investigated at constant
surface temperature with the assumption that all heating from other surfaces is either negligible or
can be calculated separated and then added together. An example would be a flat plate at an
isothermal condition heated from below or above. The resultant total Nusselt number would be

calculated using the bottom heated case and top heated case’s Nusselt number.

1 1
Nugorq = 0.27Ra% + 0.59Ra* (1-11)

The total Nusselt number in equation (1-11) is calculated using the Nusselt number for a bottom
heated and top heated isothermal plate, which is applicable at Rayleigh numbers ranging from 10°-

10 and 10%107 respectively [82].

Inclined plates similarly have Nusselt numbers available for isothermal plates at an angle from 0° to
60°. In this calculation the Grashof number is calculated at the inclination by replacing the gravity term

o n

g” with “gcos8” where “68” is the angle between the horizontal position and the inclined position.

Using these Nusselt numbers to calculate the total heat transfer from the test section, several
assumptions are required. The most important one to consider is that the Nusselt number only
accounts for losses under the specified conditions previously mentioned. Secondly, the Nusselt
number is correct despite reviews of Nusselt numbers suggesting errors as high as 40.25% is
possible[86]. Thirdly, other losses due to conduction and radiation may need to be considered to find

the total heat loss from the surface.
Non-uniform heating is an important consideration when choosing a Nusselt as at a range of Rayleigh

numbers the Nusselt number can differ by up to 20% [87]. Non-uniform heating conditions are very

rarely investigated for flat plates. When non-uniform conditions are investigated it is typically for non-
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uniform surface temperature due to heating pipes at various position underneath a cover plate rather

than a non-uniform heat flux.

2.6 Single-phase heat transfer coefficient

In the absence of an appropriate empirical heat loss correlation the single-phase results could be
verified using empirical internal forced convection Nusselt numbers. Internal forced convection occurs
inside a heated enclosure due bulk fluid motion in contact with a heated surface. The average Nusselt
number used for internal forced convection generally comes in the form shown in equation (1-12)

although a modified version is shown in equation (1-13).

Nu = CRe™Pr™ (1-12)
Nu = f-CRe™Pr™ (1-13)

Equation (1-12) represents the Nusselt number as a function of the Reynolds number, Prandtl number
with two exponential coefficients “m” and “n” as well as the coefficient “C” [88]. In some studies, this
Nusselt number calculation also considers the friction factor (f) [89]. Friction factors is an important
consideration as it is Reynolds number dependent and can be used to identify a change from laminar
to transitional flow and transitional flow to turbulent flow. It will not be further discussed as most

correlations do not explicitly account for the friction factor separately from the coefficient “C".

The flow regime is associated with the Reynolds number is an important factor to consider when
selecting an appropriate Nusselt number equation. It is widely expected that developed laminar flow
Nusselt number remains approximately constant in the laminar flow regime [90]. Vertical circular
pipes typically have a Nusselt number of 4.36 when a uniform heat flux is applied to the outside of the
pipe with water moving through it [91]. The typically used value of 4.36 can be effected by the Grashof
with an increase resulting in an increase the Nusselt number [92]. This increase is attributed to mixed

convection effects resulting in buoyancy driven motion.

Laminar flow in channels must develop before it reaches the fully developed flow value. This region
between the inlet and the point at which the flow is developed is called the developing region. The
Nusselt number is typically higher in the developing region than in the developed region [91]. The
entry length for hydrodynamically and thermally developing flow is typically calculated as function of

the Reynolds number, Prandtl number and the diameter of the circular channel. This correlation used
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is Reynolds number dependent with Durst, et al. [93] suggesting that at a Reynolds number between

1 and 100 the following equation should be used for a uniformly heated vertical circular channel:

1
L = (0.619%% + (0.0567Re)*®)T6D (1-14)

The entry length in this case did not consider the Prandtl number. The authorities in the field typically
incorporate the Prandtl number in the calculation [94]. The applicability of these entrance length can
vary greatly dependent on the Rayleigh number as well as the heating condition [95]. The change in
Nusselt number can be so extensive that Shah, et al. [94] presented three Nusselt number correlations

based on various non-dimensional lengths in the developing flow region.

Fully developed laminar flow was investigated by Everts, et al. [96] in circular channels experiencing a
uniform heat flux with upwards and downwards flow to determine the Nusselt number at Reynolds
numbers below 300 and 650, respectively. Heat fluxes investigated ranged from 1 to 2 kW/m?2. The
study found that widely used 4.36 for was not appropriate at these very low Reynolds numbers as the
Nusselt number decreases as the Reynolds number decreases. The Nusselt number rapidly increases
from zero to a constant value in the laminar flow regime as the Reynolds number increased [96]. This
is an important finding as the experiments in this study were conducted as Reynolds numbers from

14 to 57, as will be presented later.

Wang, et al. [97] investigated a trapezoidal microchannel with a hydraulic diameter of 155 um
undergoing heating from below on only one wall. The laminar flow through the channel of deionised
water at mass fluxes from 150 to 3850 kg/m?s. The developed laminar flow Nusselt number in this
study was found to be exactly 4. The main finding from the study, however, stemmed from the mass
flux investigation where it was shown that the flow becomes fully developed once the flow has
travelled a non-dimensional length of 0.15. It was also shown that as the mass flux decreases the
distance between the inlet and the axial location where the laminar flow becomes fully developed
decreases. This means that lower mass flux cases reach a constant Nusselt number closer to the inlet
making the effect of the high Nusselt number in the developing region less impactful on the average
Nusselt number. The Nusselt number up to 75 diameters downstream of the inlet can increase at
Reynolds numbers above 1670 [98]. This constant Nusselt number under the uniform heating case is

important as increases downstream could result in an under prediction of the true Nusselt number.

Mehta, et al. [99] investigated a square channel with a cross section of 5 mm by 5 mm with two

different boundary conditions: a uniform heat flux and isothermal heated surface. The working fluid
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was water with a Reynolds number from 100 to 850. It was found that as the mass flux decreased the
distance between the inlet and the point at which the laminar flow became developed decreased. In
this study it was found that the fully developed laminar Nusselt number was 3.556 and 3.018 for the

uniform heat flux and isothermal cases respectively.

The type of heating applied to the outside of a channel clearly affects the laminar flow Nusselt number.
A circular pipe with a uniform heat flux will have a higher Nusselt number than a channel with a

isothermal wall temperature at 4.36 and 3.66, respectively [89].

Rectangular channels have a different set of heat transfer characteristics than circular channel. A
rectangular channel with a uniform heat flux applied at with an aspect ratio of 6 has a Nusselt number
of 6.49 and as the aspect ratio approaches infinity the Nusselt number increases to 8.23 [100]. A
square channel with hydraulic diameter of 2 mm with uniform heat flux boundary condition gives a
constant single-phase Nusselt number of 3.09 using deionised water at Reynolds number ranges from

25 to 100 [101].

Sun, et al. [86] deemed aspect ratio so important to the Nusselt number calculation in high aspect
ratio channels that correlations were developed for rectangular channels with aspect ratios between
20 and 30. The correlation used the Graetz number which incorporates the Rayleigh number as well

as the hydraulic diameter and heated length of the channel.

Lee, et al. [102] summarised the result from two thesis’s by Wibulswas [103] and Philips [104]
investigating the effect of microchannel aspect ratio on the Nusselt number. The authors showed that
like heating type, the aspect ratio of rectangular channels substantially affect the developed laminar
flow Nusselt number. An increase in the height of the channel relative to the width of the channel
resulted in the Nusselt number increasing. These investigations typically categorise the laminar flow
regime as having a constant Nusselt number at all Reynolds number below 2300, in the case of

deionised water [100].

A widely used Nusselt number correlation for rectangular channels with various aspect ratios and a

uniform heat flux applied in the develop laminar flow region is shown in equation (1-15) [105, 106].

(1-15)

2.0421+3.0853 24765 1.0578 0.1861)

Nu = 8.235 (1 - + -
U AR ARZ  AR? AR*  ARS
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From equation (1-15), the Nusselt number is shown to be a function of the aspect ratio (AR) in the
form of a polynomial. The aspect ratio for this equation is defined as the ratio of the height of the
channel to the width of the channel rather than the traditional width to height ratio. Heat sinks are

typically higher than they are wide resulting in an aspect ratio greater than 1.
A modified version of this equation accounts for a uniform heat flux applied to three sides of the high

aspect ratio microchannel. The aspect ratio in this equation similarly is calculated as the ratio of the

height of the channel to the width of the channel.

(1-16)

1.883 3.767 5.814 5.361 2)

N :8.235(1— + + _
U AR ' AR? _ AR? ' AR* ~AR®

In equation (1-16) a modified version of equation (1-15) is presented for a three-sided heating case

rather than a four-sided heating case.

Su, et al. [107] investigated channels that were wider than they were high. The numerical study looked
at channels that were up to 20 times wider than they were high at Reynolds numbers of 51 and 510.
The channels in the study were uniformly heated with the fully developed laminar flow Nusselt
number investigated. It was found that increasing the width to height ratio had a similar effect to
increasing the height to width ratio. The Nusselt number correlation from this study was applicable to

aspect ratios from 1 to 20 (width to height) and Reynolds numbers from 25 to 2000.

1

Nu = F(O'OM — 0.00384R + 0.000114R? + 13.9Re~131) + 7.541
4.54 + 0.56AR (1-17)
1+ 0.116AR1-67

This correlation is the most appropriate correlation for this study although the uniform heating on all
sides is not appropriate. The correlation predicted all data within a range of + 13%. The non-

dimensional length is a ratio of the distance from the inlet and the hydraulic diameter of the channel.

X" == (6)

Lee, et al. [105] investigated the effect of increasing the height of a microchannel while keeping the
width of the channel constant. This aspect ratio results in hydraulic diameters ranging from 200 um

to 364 um with deionised water and an axial heat flux of 50 W/cm?. The study found that increasing
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the height to width ratio resulted in an increase in the Nusselt number experienced during developed

laminar flow but has no effect on the distance from the inlet required to reach developed flow.

The working fluid can have a substantial effect on the Nusselt number calculated. Osman, et al. [108]
investigated the effect of the addition of a nanofluid on the Nusselt number in a rectangular channel
with a width of 8mm and height of 5 mm. The experiments used water combined with a nanofluid at
concentrations of 0.3, 0.5 and 1% at Reynolds numbers from 200 to 7000. The study found that the

Nusselt number was enhanced by as much as 50% through the addition of a nanofluid.

Binary fluid mixtures can similarly require different Nusselt number equations for accurate heat
transfer rate predictions [109]. A water-ethanol mixture was investigated in conjunction with FC-72
to determine which of the fluids resulted in the highest heat transfer coefficient in a rectangular
microchannels. The experimental investigation found that similar mass fluxes, heat fluxes and testing
arrangement, the binary fluid had a heat transfer coefficient that was up to 100% higher than FC-72.
Similarly, Abdollahi, et al. [101], found that by adding hexadecane to water that the heat transfer rate

could be increased by up to 700% over deionised water at Reynolds numbers between 25 and 100.

Fluids such as ethylene glycol has a Prandtl number of around 100 compared to water’s 7. The higher
Prandtl number results in less free convection which typically enhances the Nusselt number of a fluid.
This is an important consideration as it means that when choosing an appropriate Nusselt number
equation the Nusselt number should ideally be for a system with the same fluid or a fluid with a similar

Prandtl number so that free convection effects can be adequately accounted for [92].

From these investigations it is clearly shown that the Nusselt number is dependent on the fluid used
and under the same testing conditions a different Nusselt number may result. This is problematic, as
most studies consider deionised water due to its ease of use, availability, relatively high heat capacity,

and its wide spread use in industry [110].

Heat flux effects can be less substantial than some of the other factors discussed. When the heat
transfer is only forced convection driven the Nusselt number between heat flux cases is approximately
the same [111]. In mixed convection cases heat flux can result in Nusselt numbers that are up to 50%

higher at the same Reynolds number, channel geometry, orientation and heating type [112].
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Channel orientation can also substantially affect the Nusselt number in fully developed laminar flow.
Meyer, et al. [112] investigated the effect of changing the inclination of a circular pipe with an internal
diameter of 5.1 mm and length of 4.6 m from vertical up to vertical down. The tests were conducted
at Reynolds numbers of 1000 to 6000 which accounted for laminar and transitional flows. It was found
that in the laminar flow portion of the Reynolds number ranges that a horizontal channel had a higher
Nusselt number than a vertical channel. This was attributed to enhanced buoyancy effects in a

horizontal circular pipe than the vertical upward or vertical downward flow cases.

It has been shown that the fluid used can have a substantial effect on the Nusselt number measured
in the laminar flow region. The most commonly investigated fluids are water and refrigerants like
R134a [102]. It has also been shown that non-uniformly heated channels are rarely investigated and
that this can have a substantial effect on the Nusselt number measured. Furthermore, the aspect ratio
of the channel can have a substantial effect on the Nusselt number. Low Reynolds number cases are
also rarely investigated and the Nusselt number can decrease to below the expected laminar flow
Nusselt number. From this literature investigation it can be concluded that if the Nusselt number’s
criteria are not precisely met that the effect of the above-mentioned factors can differ substantially

for the true Nusselt number.

2.7 Two-phase heat transfer characteristics

Heat transfer is directly affected by flow patterns, mass fluxes and heat fluxes tested, as well as the
fluid properties of the refrigerants used in two-phase flow boiling. This section investigates how each

of these factors influences the heat transfer coefficient and the boiling mechanism which dominates.

Heat transfer coefficients have been used to identify two boiling mechanisms. The mechanisms for
heat transfer in channels are either nucleate boiling, forced convection with evaporation or a
combination of the two [1, 113]. Nucleate boiling has small bubbles that coalesce and form slugs,
whereas convective boiling has large vapour columns like those seen during annular flow [79, 114,
115]. The heat transfer coefficient in nucleate boiling dominated two-phase flow is promoted when
heat flux and saturation pressure are decreased. The heat transfer coefficient in forced convective
boiling tends to increase with an increase in the mass flux. Vapour quality typically results in an initial
rise in the heat transfer coefficient followed by a subsequent decline as dry out conditions start to

present [113, 116-120].
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Flow pattern significantly affects the heat transfer coefficient, with varying bubble interactions directly
affecting the heated wall’s surface temperature [55, 56, 120-122]. Each flow pattern has a unique heat
transfer coefficient and pressure drop characteristic due to the flow structure and amount of vapour

present in the channel [47].

Slug flow is nucleate boiling dominated. The slugs moving through the channel tend to result in small
increases in the heat transfer coefficient with increases in vapour quality [123]. More vigorous
evaporation of the liquid film occurs when the heat flux is increased; this is also typical of nucleation-

dominated boiling [113, 123].

Churn flow has many interactions between the liquid and vapour, which leads to the mechanisms of
heat transfer being distributed between nucleate boiling and forced convection boiling [123]. Churn
flow does result in the suppression of bubble nucleation resulting in a drop in the heat transfer

coefficient around the nucleation site, typical of forced convection boiling [123].

Annular flow has a high rate of heat transfer compared with other flow patterns and is desired in many
heat transfer applications [124]. Heat transfer in this flow pattern occurs through the vaporisation of

liquid film that thins out as the vapour core grows in the centre of the flow passage [125].

Dryout occurs when sufficient heating is applied to a system and all the liquid in the channel changes
phase to vapour. This can be dangerous because the heat transfer coefficient can drop substantially
at this point, causing localised super-heated spots on the wall of the channel, known as hotspots [126].

Complete dryout indicates that an entire cross-section has no liquid in contact with it.

Li, et al. [42] conducted experiments on a set of 20 horizontal parallel rectangular channels, each
having a hydraulic diameter of 0.5 mm. Four flow patterns were observed: bubbly flow, slug flow,
churn flow and annular flow. The study covered a wide range of mass fluxes from 164 kg/m?s to
573 kg/m?s and heat fluxes of up 200 kW/m?2. In all cases it was found that nucleate boiling was the
dominant heat transfer mechanism due to the low pressure during the experiment (62.4 kPa). It was
found that the transition from nucleate boiling-dominated heat transfer to forced convection

dominated heat transfer occurred once the flow pattern changed to churn flow.

Park, et al. [121] similarly found that when the pressure of the R410A and R22 was reduced, the heat

transfer mechanism was dominated by nucleate flow boiling. In their experiments, mass fluxes of
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100 kg/m?s to 400 kg/m?2s were considered, at heat fluxes from 5 kW/m? to 15 kW/m?, in a horizontal
smooth circular channel with a diameter of 6.1 mm. The results indicated that heat transfer
performance was closely linked to heat flux, with mass flux and vapour quality having less of an effect.

This phenomenon occurred at all channels sizes, from microchannel to macrochannel [122].

Tran, et al. [127] experimented with a horizontal circular tube and a rectangular channel with an inner
diameter and hydraulic diameter respectively of 2.46 mm at a heat flux of 3.6-129 kW/m? and mass
flux from 44 kg/m?s to 832 kg/m?s. In these ranges, minimal difference was observed in the heat
transfer between two cross-sectional shapes. This finding suggests that the flow pattern was more
important in heat transfer coefficient prediction than was the cross-sectional profile [128].

Surface tension has been shown to have a significant impact on the magnitude of the heat transfer
coefficient in microscale channels [129]. Greco, et al. [130] showed that a horizontal smooth circular
channel (internal diameter 6 mm, mass flux of 290-110 kg/m?s and heat flux of 11-39 kW/m?)
displayed more vigorous boiling and higher heat transfer coefficients when fluids with lower latent

heat of vaporisation and surface tensions were chosen.

Low viscosity can promote buoyancy effects; this characteristic is beneficial in experiments where the
heating is one-sided [131]. Li, et al. [44] examined non-uniform heating of deionised water in a
microchannel with a width-to-height ratio of 10 and a hydraulic diameter of 0.94 mm. The water
experienced relatively higher average heat transfer coefficients when heated from below than heated
from above, due to buoyancy effects. The channel was tested as follows: horizontal heated from
below, horizontal heated form above, vertical upward flow and vertical downward flow. When fluids
with a low surface tension were used, the buoyancy forces led to fast vertical motion due to low

resistance from the surrounding fluid.

Fluids often used are deionised water, ethanol and a mixture of the two [132]. Water is useful due its
abundance, high heat capacity, low environmental impact in case of spillage and its chemical stability.
Adding 5% ethanol to the deionised water have been shown to yield heat transfer coefficients that
were more than double those calculated for only deionised water or pure ethanol [133]. Ethanol can

cause the point of nucleation to move closer to the inlet; in some instances, this is beneficial.
R134a is a refrigerant which has been used extensively in experimental work due to its desired

properties. However, environmentally friendly alternatives — in the form of R1234yf and R1234ze (E)

—have been used to replace it [134]. R404A is a fluid with a saturation temperature of -46.45°C, but it
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has such a negative environmental impact that it has been banned in Europe, with R448A replacing it

[135].

This replacement of conventional fluids with environmentally friendly fluids creates the need for new
research having the same breadth and depth of detail that is available for traditional fluids. Due to
new fluids being produced, and the wide range of mass fluxes and heat fluxes at which they can be
used, research effort is required to investigate these fluids. Such research needs to produce boiling
curves, flow pattern maps, instability analyses and heat transfer coefficients for the types of heating

that can be expected [125, 136-141].

FC-72 is a refrigerant that is thermally and chemically stable; it is compatible with sensitive materials,
is non-flammable and non-toxic and leaves no residue upon evaporation [142]. It has a low saturation
temperature and surface tension, making it applicable in electronic cooling applications. In these

applications, the heating is often one-sided and is best cooled with a high aspect ratio microchannel.

2.8 Influence of channel orientation

The orientation of a channel can be described in terms of the channel’s relative rotational (azimuth)
orientation (). When a flow passage is significantly non-circular, and/or when it experiences
circumferential non-uniform heating, and/or when buoyancy-driven flow effects are significant, the

rotational orientation indicates whether heating predominantly occurs from below, above or the side.

Flow boiling has been studied extensively in both uniform [143-145] and non-uniform heat fluxes [43,
146-149]. Rotating a channel normally occurs with a non-uniform circumferential heat flux and a
channel with an aspect ratio not equal to 1, with the goal of such study being to determine how

buoyancy affects the bubble dynamics.

Table 1 shows experimental studies in which the channel orientation was varied. All studies that
considered orientations other than horizontal and vertical only considered the effect of changing the
inclination of the channel. No studies considered the effect of rotating the channel between horizontal
heated from below and horizontal heated form above. The channel geometries used in the study were
mostly rectangular with aspect ratios up to 40 being investigated. A wide array of fluids have been
investigated including the dielectric fluid FC-72. Mass flux experimental investigated were varied

ranging from 156 to 2030 kg/m?Zs.
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Table 1: Flow boiling experimental studies with uniform and non-uniform heating methods

Reference Internal size width Orientation Fluid Heating type Mass flux
x height (mm) (kg/m?s)
[44] 5x0.5 Horizontal heating Deionised Single-sided, 200-500
from below and water uniform heat flux
above, vertical
upward and
downward
[71] 1 (circular) Horizontal, vertical R-134a Uniform heat flux 250-820
upward and
downward
[150] 20x0.22 Horizontal heating Deionised Single-sided, 193-911
from below and water uniform heat flux
above, vertical
upward and
downward
[151] 0.305x0.29 Horizontal heating Deionised Single-sided, 156-470
from below and water uniform heat flux
above, vertical
upward and
downward
[152] 2.5x5 Horizontal, vertical FC-72 Uniform heat flux, 183.5-
upward and top wall, bottom 2030.3
downward wall or top and
bottom wall
[153] 40x1 Inclined: 0°, 45°, 90°, FC-72 Single-sided, 211
130° and 180° uniform heat flux
[154] 16x1.7 Inclined: 0°, 30°, 60°, FC-72, Single-sided, 401-518
90°, 120°, 150° and HFE-1700, uniform heat flux
180° HFE-7000

Inclination effects have been investigated extensively in macrochannels. This is partly because of their

importance in nuclear and other industries in which horizontal and vertical flow passages are

commonly found [155]. For macrochannels, rotational effects have also been investigated because of

their importance in horizontal flow boiling — for instance, in direct steam generation processes in the

solar power industry, where parabolic trough or Fresnel solar receivers [115] are utilised.
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The heated surface temperature is necessary in the calculation of the heat transfer coefficient
between the heated wall and the fluid. This surface temperature can be measured in different ways,
depending on whether the heating was uniform or non-uniform circumferentially. When the heating
is uniform, the temperature can be measured using a set of thermocouples placed close to the wall’s
surface. The heating is normally provided through a heating wire wrapped around the channel; after
a specified period of heating, an array of thermocouples are placed around the circumference of the
tube — sometimes as many as eight. This array provided the average wall temperature value around

the entire circumference [115, 156-158].

Non-uniform heat fluxes in microchannels have been implemented using an array of cartridge heaters
below the surface of the channel [44, 159]. This arrangement is most often used in experiments with
multiple channels but has also been used for single-channel experiments. By exposing a portion of the
channel to the metal that encapsulates the cartridge heaters, a non-uniform heat flux can be created
[6, 123, 146]. The surface temperature in these arrangements are measured using a thermocouple

placed just below the channel in the metal encapsulating the cartridge heaters.

Heating with cartridge heaters require some approximation of the surface temperature at the
locations being measured. Sputtering is a technique in which a 20-200 nm thin layer of a metal, such
as indium tin oxide or tantalum, is added to the surface that requires heating. A voltage is then applied
at either end to facilitating ohmic heating. Heated surface temperature measurements are then
recorded using an infrared camera [30, 45, 54, 133, 144, 160-164]. This technique has three main
benefits. First, a temperature profile can be created across the entire heated surface, allowing for two-
dimensional transient temperature variations to be measured. Second, the heater is a few nanometers
thick, which helps to decrease the overall size of the experimental setup. Lastly, the metal can be
sputtered thinly enough to make it optically transparent, allowing for flow visualisation with a high-

speed camera.

Another challenge in experimental testing at various orientations is measuring the orientation directly
[150, 151, 165]. In experiments where the inclination of channels is varied incrementally, the main
method of changing the position is by using a stepper motor [7, 166]. This allows measurable and
repeatable changes in the position to be produced. Rotational positions are harder to measure and
often require mounting a test section on a horizontal platform, from which the orientation can be
measured. Lokhat, et al. [167] examined a heat sink, which needed to be inclined at several different

angles, but they were unable to use a stepper motor to vary the orientation due to the weight of the
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experimental setup. Instead, the orientation was fixed in position by designing a special tilted wooden

cradle, which was attached to the mechanical structures in which the setup was held.

Strak, et al. [154] experimented with a minichannel which had a width of 180 mm and depth of 4 mm,
and conducted flow-boiling with FC-72, HFR-7100 and HFR-7000. Inclinations were changed between
bottom-heated and top-heated in 30° increments. It was found that an inclination angle of 90° gave
the highest local heat transfer coefficient for FC-72, whereas HFE-700 had the highest heat transfer

coefficient at 120° in the saturated boiling region.

Mingchen, et al. [168] experimentally showed that channel inclination and rotation of a heat sink
operated with R134a at mass fluxes of 370 kg/m?s to 1250 kg/m?s significantly affected the heat
transfer coefficient. It was found that heating a set of square horizontal parallel microchannels
(0.5 mm) from below rather than from above would yield a heat transfer coefficient that was up to

14% higher at low heat fluxes and 10% higher at high heat fluxes.

Li, et al. [44] reported similar trends in their study of a non-uniformly heated microchannel (width
5 mm; depth 0.5 mm) at mass fluxes of 200 kg/m?2s to 500 kg/m?s of deionised water, with heat fluxes
between 4 kW/m?and 25 kW/m?. The study considered vertical upward and downward flows as well
as horizontal flow with heating from above and below. Li et al. found that when the microchannels
were heated from below, the heat transfer coefficient was up to 20% higher than when they were
heated from above. For upward flow, the coefficient was 25% higher than for downward flow. These
influences were magnified at low mass fluxes and high heat fluxes. At higher mass fluxes, orientation

did not influence the heat transfer as strongly.

Ajith Krishnan, et al. [151] conducted a study with 31 parallel microchannels (width 305 um; depth
290 um) at heat fluxes between 441 kW/m? and 993 kW/m? and mass fluxes from 300 kg/m?3s to
900 kg/m?s of deionised water. It was found that under these test conditions, the channel’s rotational
position had little influence on the heat transfer performance of buoyancy-driven secondary flows. In
another related study by some of the same authors [150], flow boiling was considered in vertical
upward and downward flows as well as horizontal flow, with separate heating from above and below,
in a single microchannel (a microgap of width 20 mm and height 0.2 mm) and mass fluxes of 303
kg/m?s, 610 kg/m?s and 911 kg/m?s. Again, channel orientation had little influence on the heat
transfer coefficient. In both cases the relatively high mass fluxes were attributed to the minimal

change in the heat transfer coefficient due to insignificant bubble-wall interactions.
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Inclination and rotation can have a significant influence on the heat transfer coefficient of a channel
at various hydraulic diameters. Mass flux and heat flux can also affect the prevalence of nucleate
boiling and forced convection with evaporation heat transfer mechanisms. Rotation of one-side
heated horizontal channels have been investigated only when heated from below and above, with
intermediary rotations largely ignored. FC-72 has been used in prior heat transfer studies, with

uniform heated channels being investigated.

Manned and unmanned aircraft have electronics that require active cooling due to high thermal loads.
The cooling orientation changes relative to gravity as the aircraft rotates to turns or the pitch of the
aircraft changes (inclination). These types of applications require the cooling associated with each
orientation to be known to avoid electronic components from failing. The accelerations and
decelerations on aircraft can be considerable but are often combatted by increasing refrigerant mass
flow rates [169]. Microscale channels have flow dominated by surface tension rather than buoyancy
forces making the heat transfer behaviour less susceptible to transient aircraft motion making their
use more appropriate for cooling of aircraft electronics [170]. Little research has considered the effect

of gravitational orientation in microscale channels, thus more research is required in this field [171].

2.9 Flow instability

Flow instability can be defined as the occurrence of fluid motion which differs from a quasi-steady
state condition. Flow instability research is important because of the danger this phenomenon can
pose to instruments due to pressure fluctuations but also resulting surface temperature effects (such
as premature dryout). Furthermore, the depth of analysis required to predict the flow behaviour
renders such studies necessary. Problems associated with flow instability include mechanical
vibrations, which can damage components and produce noise in control sensors [172]. In addition,
flow instabilities can lead to dryout conditions prior to compete flow boiling occurring. This is known
as premature reaching of the critical heat flux [173]. Ineffective heat transfer can result from elevated
surface temperatures and serious damage can result to the system being cooled, such as burn out

[174].
Boure, et al. [175] identified two categories of instability: static and dynamic instabilities. A sudden

change in the baseline steady state flow dynamics is referred to as static instability, whereas changes

that occur transiently due to vapour-liquid interactions are referred to as dynamic instability. In
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general, dynamic instabilities tend to be short-period oscillations. Static instabilities tend to last

several minutes, with the changing parameter phenomenon manifesting as Ledinegg instability [176].

Parallel channels have an additional instability mechanism in the form of flow maldistribution. This
means unequal mass flow rates between channels which can produce reverse flows purely due to flow
distributions [172, 177]. Long-period instabilities associated with multi-channel systems can be
corrected by better controlling inlet flow distribution to obtain a more symmetrical flow distribution.

This is achieved by adjusting the inlet plenum’s geometry prior to the multi-channels’ inlets [178].

Dynamic instabilities occur in both single- and multi-channel arrays. The magnitude and frequency of
the instability can be affected by the fluid pressure and the mass flux [68]. The impact of the
instabilities can be evident in pressure oscillations, density wave oscillations and thermal oscillations

[175, 179]. Some of these may result in periodic dryout, flow regime changes and reverse flow [180].

The criteria to define the transition between stable and unstable boiling are generally defined
through visual inspection, thermocouple data or pressure data. Three of the most widely used
approaches are as follows:

e Brutin, et al. [181] suggested that a stable flow can be said to occur when there are no
pressure-drop fluctuations of more than 1 kPa above the mean pressure.

o C(Celata, et al. [182] suggested that visual inspection is the best approach. In this approach,
observable reverse flow would indicate whether there was instability in the system. For this
purpose, reverse flow is defined as any vapour bubble motion in the upstream direction [177].

e Ly, et al. [183] suggested that temperature and pressure fluctuations greater than 0.5°C or

0.5 kPa at the inlet or outlet would indicate that the flow behaviour was unstable.

The above methods are often used to quantify the flow instability, focusing on one or a combination
of the criteria [144]. Instability in flow boiling is important when considering the operational
conditions of microchannels because the bubble-volume-to-channel-volume ratio is relatively large at
this length scale [184]. Achieving stable flow behaviour during two-phase boiling allows for accurate

and transiently consistent pressure drop and heat transfer coefficient values to be determined.
Researchers conducting experiments have consistently reported that the most unstable region of
boiling occurs at the onset of nucleate boiling [44, 183]. One of the most common ways of reporting

the instability is by analysing pressure fluctuations in terms of time and magnitude [183, 185, 186].
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Often, the oscillations from the pressure drop and temperature are found to occur in phase with one

another and can be grouped into short-period oscillations and long-period oscillations [186].

Short-period oscillations are generally the result of vapour expansion and last roughly 2 s [187]. The
intensity of these oscillations increases as the wall temperature increases, because the rapid
expansion of liquid to form vapour becomes increasingly vigorous as the wall temperatures rises
[188]. Increases in heat flux decrease short-period oscillations [186]. Reverse flow is an example of a

short-period oscillation and is normally observed using high-speed cameras [177].

Long-period oscillations are generally due to flow pattern effects, such as those created by annular
and mist flows, and are typically in the order of 120 s to 600 s [187]. Long-period fluctuations create
more intense wall temperature and pressure oscillations because the wall has longer to store the

elevated temperature before initiating an instability [189].

Pressure instability analysis has been conducted at different inclinations, with the goal of producing
stability maps and providing a parametric study of the factors which influence the system’s stability
[190]. Mishra, et al. [191] studied three parallel channels with a hydraulic diameter of 14.2 mm, which
were inclined to 0°, +30°, +45°, +60° and +90° at a fixed operating pressure with a uniform heat flux.
Stability maps were created by analysing the density wave oscillations with linear and non-linear
stability models. The researchers found that by increasing the inlet pressure, they could increase the
system’s stability. By contrast, increasing the outlet pressure had the opposite effect, destabilising the

system [190].

Microchannels experience short-period fluctuations in flow regimes due to vapour backflow or reverse
flow. This situation requires transient analysis of the flow regime and the development of transient
flow regime maps and dryout maps [1]. These maps group unstable and stable regions by a phase-
change number and a subcooling number [192]. The phase change number is defined as the ratio of
the total input energy to the total energy required for complete boiling. The subcooled number is a
ratio of the total heat added to the system to yield saturation conditions and the latent heat of

evaporation.

Instability in microchannels can result in premature dryout on the heated surface, resulting in surface

temperatures above the operating temperature of electronic components. The presence of instability

is transiently monitored using high-speed visual inspection of the liquid—vapour interaction, inlet and
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outlet thermocouple data or the inlet and outlet pressure transducer data. Stability maps and the
effect of flow instability on the heat transfer in single microchannels depend on the fluid studied as
well as the mass flux and heat flux tested. Minimal data on instability is available for FC-72 in a single

microchannel.

Hong, et al. [193] investigated flow instability using independent pressure transducers, a differential
pressure transducer and thermocouples on the heated surface. In the study, a low frequency high
amplitude instability were identified in a microchannel heat sink. Deionised water was boiled at mass
fluxes from 12 kg/m?s to 110.5 kg/m?s at heat fluxes from 79.6 kW/m? to 176.4 kW/m?2. The
independent pressure transducers were used to independently determine the frequency and
magnitude of the instability events that occurred. From this data it was found that pressure drop
oscillation was the main flow instability. It was also found that slug flow and annular flow had different
instability frequencies ranging from 0.47 Hz to 0.55 Hz. Dryout was attributed to instability events.

Instability events were deemed to be both undesirable and dangerous.

Chang, et al. [194] used differential pressure transducers to distinguish between stable and unstable
flow boiling. The goal of the study was to determine which mass flux and heat flux combinations
produced unstable flow behaviour. Reverse flow was identified using the magnitude of the pressure
drop. The test section was a heat sink with 15 parallel microchannels with a hydraulic diameter of
86.3 um. Deionised water was boiling the heat sink at a heat flux of 7.91 kW/m?s and mass flux of
22 kg/m?s. A total pressure drop was defined as the maximum instantaneous pressure drop minus the
minimum instantaneous pressure drop at any point in an experiment. If this total pressure drop was
more than 6 kPa the system was defined as being unstable. The analysis identified changes in bubble
length during unstable boiling. Vapour motion towards the inlet and outlet was observed. These

vapour motions were not directly correlated with inlet and outlet pressure transducer data.

Chen, et al. [195] investigated the surface temperature response from flow instability. 60 parallel
microchannels each with a width of 100 um and depth of 389 um was used with FC-77 at mass flow
rates of 20 ml/min to 80 ml/min and heat fluxes of 30.5 W/cm?to 62.3 W/cm?. The study found that
that around the nucleation stie in the centre of the channel little change in the heat transfer coefficient
was observed. Heat transfer was found to be enhanced by instability events upstream and
downstream of the nucleation site. The improved heat transfer performance was attributed to
changes in flow pattern. The flow instability was not directly correlated with inlet and outlet pressure

transducer data.
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2.10 Summary

Flow boiling is used in the cooling of microelectronics, mainly because of its ability to remove heat
during the evaporation of the liquid-phase in a channel while remaining at a constant saturation
temperature. Mass flux, heat flux, fluid properties, channel geometry and channel orientation affect
the flow patterns observed. Flow patterns influence the heat transfer coefficient; for example,
premature dryout results in decreased heat transfer performance whereas flow patterns with liquid

films result in improved heat transfer performance.

Non-uniformly heated horizontal channels have been investigated mainly at a top-heated and bottom-
heated rotation, with intermediary rotations not yet investigated. Multi-channel systems are more
susceptible than single-channel systems to experience dangerously high surface temperatures
because of hotspots, as heat cannot be transferred as effectively in the cross-sectional direction.
Relatively low mass fluxes result in improved heat transfer performance when fluid like FC-72 are used
which have relatively low surface tensions. Channels heated from below have been found to have
better heat transfer coefficients than top-heated channels with the effect of intermediary rotations

so far not studied.
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3. Experimental setup

This chapter describes the experimental setup that was used in this study. The discussion includes the
test facility, microchannel test section, orientation adjustment system and the properties of the
working fluid. Special attention is given to the orientation of the microchannel and how it was

adjusted.

3.1 Test facility

Figure 1 presents a schematic representation of the experimental facility, which was located at the
University of Edinburgh. It enabled single-pass motion of FC-72 (CsF14) for heating and flow boiling,

within an electrically heated microchannel test section at various rotations (6).
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Figure 1: Schematic representation of the experimental setup

The same facility was used in several previous studies [45, 54, 160-163, 196]. A few modifications were
made to allow adjustment of the test section’s inclination to facilitate purging of air from the flow
loop. The decommissioned experimental facility had to be reassembled with the main modifications
being mounting the test section as well as the inlet and outlet interfaces onto a rotary stage. All other
pieces of equipment were already present from the previous studies in a decommissioned state. The

test section, discussed later, was designed, and constructed for this study, as is presented in 3.2.
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The flow path consisted of the following items, shown approximately from left to right in Figure 1: a
syringe pump, a charging syringe, rigid tubing and flexible hosing, an inlet interface to the test section
(containing pressure and temperature sensors), a transparent test section, an outlet interface (also
containing pressure and temperature sensors), rigid tubing and flexible hosing, and a fluid collection
reservoir. A high-speed camera and an infrared camera were used to enable flow visualisation and
heated surface temperature observations. The flow path and the cameras were located within an
acrylic-glass enclosure to shield the experiment from possible thermal variations in the laboratory.
The data acquisition systems and a direct current (DC) power supply were located outside the

enclosure.

FC-72 was pushed through the flow path with a KDS 100 syringe piston pump (KD Scientific) with a
Vernier calliper used to measure the internal diameter of the glass syringe, which was 34.2 mm (+
0.02 mm) and maximum enclosed volume of 100 ml. The internal diameter was measured with a
Vernier Calliper. The piston was moved via a screw-thread mechanism connected to an electric motor.
The motor speed was adjustable to sustain a constant volumetric flow rate of between 0.1 uL/h and
506 mL/h, with an accuracy of 1%. The suitably sized charging syringe was used to fill the system with

fluid and to purge air from the passages.

The syringe pump’s outlet was connected to the test section inlet interface by means of flexible tubing
with a total length of roughly 500 mm and internal diameter of approximately 3 mm. This was attached
to rigid tubing, which was about 20 mm long, with an internal diameter of 5 mm. This interface was

connected to the test section interface shown in Figure 2.
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Figure 2: Inlet interface: Solidworks drawing of components

The inlet interface was used both as a fluid delivery system to the test section from the syringe pump
and as a method of monitoring the inlet temperature and pressure. A PXM219 gauge pressure
transducer (Omega®) was linked to the T-fitting push-pull connection and was used to measure the
pressure directly upstream from the test section. It had a maximum measuring range of 0 kPa to
250 kPa, with an accuracy of 0.025% of the full-scale range, and a response time of approximately
2 ms. The full-scale range used in this experimental setup was 0 kPa to 200 kPa. The calculation of the
pressure measurement uncertainty is discussed in section 5.5. The experimental had an atmospheric

pressure of 101 kPa.

An L-fitting push-pull connector (John Guest®, part number PEM0310W) was the final component in
the interface which linked the inlet interface to the test section. This connector had a 1.5-mm diameter
hole drilled into it, allowing a thermocouple to be placed inside. A K-type thermocouple (with a
measuring-tip diameter of approximately 1 mm) was positioned directly in the flow and was used to
measure the inlet fluid temperature to the test section. The hole through which the thermocouple

lead entered the L-fitting was resealed with Araldite® Rapid epoxy.
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A mounting block was connected to the rigid tubing entering the T-fitting, allowing the inlet interface
to be attached to an orientation adjustment system. The orientation adjustment system consisted of
a side-mounted rotary table (Axminster®) and an extruded aluminium frame, onto which the inlet and
outlet interface assemblies were bolted. The inclination of the channel was adjustable via the rotary
table so that air could be purged from the flow path. The rotation of the system was adjusted within

the L-fitting as is discussed in section 3.3.

The test section is described in detail in section 3.2. The test section had a channel which was placed
between two endcaps which in turn were connected to the inlet and outlet interface. The channel’s
main features were as follows: transparent walls; one-sided heating via a visually transparent metal

coating; and the test section’s ability to be set at different rotational orientations.

An outlet interface was attached to the outlet of the test section with the same configuration as the
inlet interface in reverse order. The temperature and pressure at the outlet were measured in the
same way as at the inlet, using a PXM219 gauge pressure transducer (Omega®) and K-type
thermocouple. A section of flexible tubing connected the outlet interface to the fluid collection

reservoir.

A glass reservoir with a volume of approximately 350 mL was used to collect the FC-72 from the outlet
of the test section via a combination of flexible hosing and rigid tubing, similar to that at the inlet. The
tubing, hosing and the reservoir were not thermally insulated, which facilitated condensation cooling
of the FC-72. The reservoir had a drain to recover the liquid and a vent to the outside of the laboratory

to maintain the system at atmospheric pressure (approximately 101 kPa).

A high-speed camera (Basler® acA800-510um CCD) with a 12-mm fixed lens was used to record the
flow visualisations inside the test section. The camera had a resolution of 800 x 600 pixels, and a
maximum frame rate was 511 frames per second (fps). The camera’s position was altered according
to the test section orientation. The camera was placed perpendicular to the heated-wall side of the

channel, with a backlight located at the opposite side of the channel, illuminating the channel.
An infrared camera (FLIR® A645) with thermal sensitivity of 20 mK, resolution of 640 x 480 pixels, and

maximum frame rate of 25 fps was used to record the external surface temperature of the heated

wall of the test section. Care was taken with its viewing angle to prevent self-generated heat
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reflections known as aberrations. The camera was orientated at a slight orthogonal offset of less than

5° relative to the test section’s heated surface.

As mentioned, the flow path and the cameras were housed in an acrylic-glass enclosure, which had a
door that could be locked shut on the three non-hinge sides. It measured 1m x 1 m x 1 m and its
internal temperature was recorded by a K-type thermocouple. Another K-type thermocouple
recorded the ambient laboratory temperature. The enclosure prevented any infrared reflection from
laboratory equipment from affecting the heated surface temperature measurements from the test
section. Furthermore, the environmental temperature around the test section remained
approximately constant, which was important for heat loss calculations (section 5.1), because the

enclosure stopped free circulation of air around the test section.

The test section was electrically heated by a dial-operated 240-V alternating current VARIAC
transformer (Clairtronic®) connected to a DC rectifier. The DC supply current and voltage were
measured with two multimeters (MASTECH® MS8239), which had measuring accuracies of 1%+10 for
the current (mA) and 0.5%+2 for the voltage (V) readings. The resolution of the current reading was
to two decimal places and the voltage reading was to one decimal place. A typical current
measurement was in the order of 10s of mA and a typical voltage measurement was in the 10s to 100s
of V. The VARIAC and rectifier were located outside the environmental enclosure and the rest of the

equipment was inside the enclosure.

Two computers were used to measure the various sensory equipment. An Asus Zenbook laptop,
storing the infrared and high-speed images, was used; it ran a 64-bit Windows 10 system. The second
was a Dell laptop running a 32-bit Windows 7 system; here, the thermocouple and pressure transducer
data was collected and stored. Two systems were required due to the operating system versions

requirement.

The software ResearchlR provided the interface with the infrared camera, capturing the surface
temperature on the heated side of the channel in the form of an infrared video. The video was later
converted to a set of infrared images. The software allowed for several settings to be changed,
including the atmospheric temperature, reflected temperature, optics temperature, distance from the
object and the emissivity of the channel. These aspects all affected the measured surface

temperatures. The chosen parameters are discussed in section 4.1.3.
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Pylon Viewer by Basler AG was the software used to capture the high-speed images. The software
allowed the frame rate, length of video, frame size and several other exposure parameters to be

controlled with the chosen parameters discussed in section 4.3.3.

LabVIEW™ was run on the Dell computer which recorded the thermocouple data and pressure
transducer data. Thermocouples were attached to a data card, National Instruments (NI) SCX1-1303,
which slotted into a chassis, NI SCXI-100. This equipment enabled recording of the inlet and outlet
temperatures of the FC-72, air temperature inside the enclosure and the laboratory air temperature.

Data was sampled at 100 Hz.

Pressure was recorded using an NI USB-6008 standalone data acquisition system connected to the
LabVIEW™ program on the Dell computer. The pressure data was sampled at the same rate as the
thermocouples, namely 100 Hz. The time delay of readings from different channels was approximately

200 ps.

Current and voltage remained stable during the experiment once quasi-steady state was reached in
the test section. The multimeter readings of voltage and current were manually recorded using a text
document that was produced for every experiment. Further information in this file included the date,
orientation, working fluid, start time of infrared videos, start time of pressure transducer and
thermocouple readings, high-speed camera frame rate, the channel’s heated length and distance

between infrared camera and channel.

Data synchronisation was performed using a MATLAB program, which obtained input times from the
infrared camera as well as the thermocouple and pressure transducer data; this approached allowed
the data to be directly compared at the same time step. Infrared images were captured by ResearchIR
for 60 s, with the start time manually recorded in the text file. The start time of the pressure transducer
or thermocouple was recorded automatically by the LabVIEW™ program. Time synchronisation
between the two computers was performed by connecting both computers to the internet and

automatically syncing their times.

Degassing is the process of boiling a working fluid to remove any dissolved gasses such as oxygen from
the working fluid. The FC-72 used in this study arrived in the lab degassed by the manufacture and
was stored in an airtight enclosure. With the advice from the laboratory staff the decision was made

to only degas the FC-72 if degassed FC-72 from the supplier was not available. All two-phase
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experiments used fresh unboiled FC-72 from the airtight container. Single-phase experiment were
done using the boiled FC-72 as it was assumed that the dissolved gasses would have a negligible effect

on the single-phase results.

3.2 Test section

Figure 2 (a few pages above) provides a schematic representation of the test section design in
isometric view and cross-sectional view. The test section consisted of a hollow circular borosilicate
glass endcap at its inlet, a rectangular extruded borosilicate glass channel and another hollow
borosilicate glass endcap at the outlet. The test sections used in this study was specifically designed
and fabricated for this study using the learning from previous investigations and an iterative design

approach.

A set of 15 identical microchannels were procured (VirtoCom™) to allow for possible breakage. Each
had an axial length (1) of 100 mm + 0.02 mm in the z direction, an inner width (W) of 5 mm £ 0.02 mm
in the x direction and an inner channel depth (H) of 0.5 mm £0.02 mm in the y direction. The wall
thickness (t,, = 0.35 mm % 0.02 mm) was uniform along the length of the microchannel. The flow
passage had a hydraulic diameter (dj) of 909 um and an aspect ratio of 10. A portion of the length
was electrically heated (l;, = 75 to 80 mm  0.02 mm) via an electric current that was passed through
a tantalum (Ta) metal layer, which was sputtered on one of the external surfaces of the microchannel.
These cross-sectional dimensions are shown in Figure 3 and the channel classification using the non-

dimensional numbers is shown in Table 2.

Microchannel
0.35mm

|< 5mm

Figure 3: Cross-sectional view of microchannel with dimensions

Microchannel physics are said to be present at confinement numbers larger than 0.5. The confinement
number calculated for this channel with FC-72 was 0.797, suggesting microchannel physics would
dominate the flow behaviour. The capillary number and bond number both have a critical value, which
was used as the transitional criterion between macrochannel and microchannel physics. Several

studies have tried to define this point, with the resulting definitions varying greatly. Despite the
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inconsistent transition criteria, the capillary length (724 um) suggested minichannel physics would
dominate and the bond number (1.58) suggested that microchannel physics would dominate the flow
behaviour. The transition criteria were calculated for FC-72, which has a surface tension that is

relatively low compared to other fluids (such as ethanol and water).

Table 2: Non-dimensional numbers for chosen microchannel

Non-dimensional Value Comments
number
Confinement Co =0.797 Co > Cocpiy wWhich defines the
number Cocrit = 0.5 channel as a microchannel
Capillary length leap = 724 pm dp/leap < 1.26 which suggests a
dp =909 um combination of microchannel and

macrochannel physics will be

observed
Bond number Bo = 1.58 Bo < Bogritstrict < BOcrit,ienient
Bocritstrice = 3 These bond numbers suggest
Bocritienient = 4 microchannel physics dominate

Bogyis ~ 4.49 [69]

Tantalum was sputtered on one side of all the microchannels in a class 10 cleanroom at the Scottish
Microelectronics Centre located at the University of Edinburgh. To enable one-sided heating of the
channels, the metal was deposited to one side of the microchannel only in the x-z plane. Before
sputtering, the channels were prepared by cleaning them in a Piranha solution (a combination of
sulfuric acid and 30% hydrogen peroxide at a ratio of 3:1) for 30 min. This process removed impurities
and biological agents from all microchannel surfaces. Once cleaned, the microchannels were flushed

with deionised water and dried on a 150°C heated surface.

To ensure even and consistent coating, all the microchannels underwent sputtering simultaneously,
using a Plasmalab System400 from Oxford Instruments. The final tantalum thickness of 22.5 nm
resulted in a metal layer that was transparent in the visible spectrum and had an electrical resistance

of 56 kQ/m.

After the sputtering process, the end-caps (which were produced by a glass blower at the University
of Edinburgh) were attached to the microchannel, as shown in Figure 4. The joints were produced by

using Araldite® Rapid epoxy, which does not react with FC-72 and has a melting temperature of 80°C
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(34°C higher than FC-72’s saturation temperature). This resulted in air-tight seals and prevented FC-
72 or air from leaking out of or into the test section. The endcaps had an inner diameter of 6 mm and
outer diameter of 10 mm at the microchannel end. The large diameter section was approximately 30
mm long and the thinner section was approximately the same length. The thinner section had an outer

diameter of 5 mm and an inner diameter of 3 mm.

Microchannel

End-cap 5(' —

-1

Araldite® Rapid

Figure 4: End-cap and microchannel assembly

During the experiments, the electric heating circuit was completed by clamping the positive and
negative electrodes of the DC power supply to the tantalum-treated test section. The clamping
positions were well defined by wrapping electrically conductive aluminium foil around the channel.
This also ensured an even electric connection across the width of the microchannel surface, as shown

in Figure 5.

Figure 5: Crocodile clamps attached to the channel to measure its resistance
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The linearity of the coating along the length of the heated wall was tested by placing the clamps
different distances apart and measuring the electrical resistance. The shortest distance tested is
shown in Figure 5. The coating was found to be consistent, producing a linear relationship between
the distance between the clamps and the resistance measured. A second goal was to determine where
heating began, which was determined by investigating the x-axis location where a resistance of zero
was recorded. This was important as it was used to determine whether the system was heated on the
portion of the channel observed by the infrared camera or if heating started underneath the
aluminium foil. The X-axis location showed that the heating began between the innermost points of

the aluminium foil rather than underneath the foil.

3.3 Orientation adjustment system

Rotation (6) was defined as an angle from horizontal heated-from-below position at a rotation of
6 = 0°. The channel was rotated about the flow direction, with 8 = 90° referring to heating from the
side and 8 = 180° referring to heating from above (see Figure 6). The rotational positions tested were

6 =0°,30° 60°,90° and 180° as is shown in Figure 6
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Figure 6: Heating at different rotational orientations

The rotational position was measured using two 180° protractors attached to one of the end-caps, as
shown in Figure 7. Here, the test section is at a rotation of 8 = 60°. Two protractors are visible, and a

vertical guide was placed on the L-fitting of the outlet test section interface as a visual guide.
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Figure 7: Test section at rotation 6 = 60° with angle-measurement protractors visible as well as the angle indicator and

crocodile clamps

The entire test section functioned as a single fixed unit that rotated within the L-fitting at either end.
The protractors were directly attached to the rigid tubing encapsulating the endcap at the outlet of
the test section, which rotated with the entire test section. A horizontal reference angle was
determined from which the system could then be rotated. The microchannel was defined as being in
the correct position once the angle of the system was within 1° of the specified rotation. This was a

fine enough resolution for this study as the smallest incremental change in rotation was 30°.

The test section was mounted onto a rotary table attached to set of aluminium extrusions through
specially manufactured interfacial blocks at the inlet and outlet. The table allowed for inclination
changes. The inclination of the test section needed to be adjusted so that air could be purged from
the system. For horizontal tests, the inclination of the setup was fixed in place using the clamps to

ensure that the system remained horizontal.

Extruded aluminium sections were used to indirectly attach the test section to a 200-mm Axminster
rotary table. The rotary table held an ER32 12-mm thread collet holder and a 14-15 mme-collet which
held a stainless-steel shaft (length 50 mm; diameter 15 mm). This shaft had a threaded hole bored
into it, which held a screw to lock into the aluminium extrusion, thus completing the interfacial
component between the test section and the rotary table. The extrusion had a profile on all four sides

that allowed screws with a specially designed head to be locked into the profile.
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3.4 Properties of FC-72

Perfluorohexane (CsF14), known as FC-72, was chosen for several reasons. Table 3 lists some of FC-72’s
properties. The main characteristics that supported the choice of FC-72 were as follows:
e itssaturation temperature at approximately atmospheric conditions is 56°C; this is lower than
many electronic components’ maximum operating temperature
e its dielectric properties
e its low surface tension compared to other coolants, such as water and ethanol which would

promote buoyancy driven motion.

Table 3: Properties of FC-72

Property Value source Source

Saturation temperature at 101 kPa (Ts,;) 56°C 3M [142]

Latent heat of vaporisation (hy) 88 kl/kg 3M [142]

Vapour density (p,,) 13.86 kg/m3 3M [142]
Kinematic viscosity (v) 3.8x107 m?/s Chang, et al. [194]
Liquid dynamic viscosity (g;) 0.00064 Pa's Chang, et al. [194]
Vapour dynamic viscosity () 7.19x10°® Pa-s Chang, et al. [194]
Liquid surface tension (o) 0.01 N/m 3M [142]

The FC-72 used during the two-phase experiments was unboiled. Once boiled, the fluid could have
contained a large proportion of dissolved gasses, producing vapour prior to the saturation
temperature being reached during boiling. Three of the liquid physical properties were calculated as

a function of the local fluid temperature and are tabulated in Table 4.

Table 4: Correlations for thermodynamic properties of FC-72 [103]

Property Equation Units
Liquid specific heat (cp,) cp; = 1010 + 1.554T (L )
kg°C
Liquid thermal conductivity (k;) k; = 0.060 — 0.00011T ( w )
me°C
Liquid density (p;) pp = 1740 — 2.61T ("_!i
m

Specific heat, thermal conductivity and density of the liquid was first measured in the fluid at the inlet
thermocouple (T;,;). The value of these properties was updated using the updated local fluid
temperature (see section 5.2). The correlations shown above were calculated by the manufacturer of

the fluid, 3M [142].
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3.5 Chapter summary

The experimental setup located at the University of Edinburgh was updated to include a rotary table,
allowing inclination changes to be made to the test section so that air could effectively be purged from
the flow loop. An infrared camera mapped the surface temperature profile of the heated surface, and
a high-speed camera recorded the flow patterns. Gauge pressure transducers and thermocouples
measured the inlet and outlet conditions. The environmental temperature inside the enclosure and
the laboratory temperature were measured using thermocouples. The rotation of the channel was

altered from a bottom-heated reference position with rotations of 8 =0°, 30°, 60°, 90° and 180° tested.
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4. Experimental procedure

This chapter gives an overview of the laboratory procedures that were followed in the investigation.
The discussion includes the pre-calibration processes, the test matrix and the main experimental test

procedure.

4.1 Calibration

Before the single or two-phase experiments were conducted, special care was taken to calibrate the
thermocouples, the pressure transducers, the infrared camera settings, and the syringe pump flow

settings.
4.1.1 Thermocouple calibration

As mentioned, four K-type thermocouples were used in this experimental study. The first was located
at the test section inlet (T}, ), the second at the test section outlet (T,,;), the third inside the enclosure
(T,) and the fourth within the laboratory. They were calibrated via an OPTIMA T100 thermal
circulation bath which had a temperature measurement uncertainty of £ 0.1°C. The thermocouples
were submerged in distilled water. Calibrations were conducted during steady state isothermal
conditions for target temperatures between 20°C and 60°C at intervals of 5°C. For each target
temperature, 5 min was allowed for the bath to reach thermal equilibrium and steady state. This was
followed by data recording over a period of 15 s at 100 Hz, before the bath was adjusted to the next

target temperature.

A temperature calibration correction curve was created for each thermocouple, based on the raw
thermocouple measurements and the thermal-bath reference temperatures. This corrective curve
was used during data reduction to adjust and correct the logged temperature data. The laboratory
temperature’s curve is not discussed as it was not used in the calculation of any output presented in

this study. The curves are described by equations (4-1), (4-2) and (4-3) below.

Tin = 0.9964T,, + 0.35 (4-1)
Toue = 0.9999T,, + 0.0697 (4-2)
T,, = 0.9851T,, + 0.3498 (4-3)
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All three equations exhibited an error prediction accuracy represented by an R? value of 1 (i.e., the
coefficient of determination). The equations reduced the mean error to less than 0.001°C for each
thermocouple. Calibrations were repeated before the first experiment and after the last experimental,
to check for possible drift in the thermocouple output. No observable drift was evident and the same

calibration correction factors were employed throughout the investigation.

The uncertainty of the temperature measurements was obtained through a combination of bias error
(b;) and random error (p;). The bias error was the uncertainty of the thermal bath’s reference
temperature and was obtained from the thermal bath’s datasheet. The random error was determined
using the standard deviation of the thermocouple measurements at each calibration temperature.
These two absolute errors were combined as shown in equation (4-4) to determine the total absolute

uncertainty.

Sxi = ;blz +p12 (4'4)

The §x; term refers to the total absolute uncertainty of the measurement; this was determined using
the bias error and random error. The random error of the thermocouple at the inlet and outlet as well
as inside the enclosure was £ 0.1°C and was + 0.2°C outside of the enclosure. These random errors
were typical for K-type thermocouples. The bias error was based on the mean error previously
presented for the calibration curves. These two errors resulted in an error of + 0.14°C for the inlet and
outlet thermocouple as well as the thermocouple inside the enclosure. The thermocouple outside the
enclosure was not used in any output’s calculations but had a mean error of 0.03°C and total absolute

error of £0.2°C.
4.1.2 Pressure transducer calibration

Calibration of the pressure transducers was performed with a hand operated manometer (SPER
SCEINEFITIFC® Model 84083). The pressure transducer was connected to the manometer with a gas
tube, after which a hand-operated pump was used to increase the pressure in the tube. Once the
pressure measurement on the digital read-out of the device was stable, the output measurement from
the pressure transducer was recorded. Both pressure transducers were calibrated in-situ within the
enclosure at their intended operating orientation and expected operating temperature (atmospheric

~ 16°C).
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The adjustment to the pressure values was performed by altering the raw data received from the
pressure transducer before it was saved in LabVIEW to an exported file. Both pressure transducers
provided a unique equation to correct the raw data. The equations were similar, shown in equations

(4-5) and equation (4-6)(4-6), because both pressure transducers were of the same model.

P, = 0.2508P,, — 0.647 (4-5)
P, = 0.251P,, — 0.6397 (4-6)

The fitted linear approximations had R? values of 1. Prior to the corrective equations, the absolute
errors in the measurement were approximately 64 Pa. After correction, the error was reduced to 3 Pa

in both cases.

As with the temperature readings, the pressure measurement uncertainty was a combination of bias
and random errors. The bias error magnitude represented the uncertainty of the manometer, which
was 0.025% of the full-scale range used (200 kPa), namely an uncertainty of 50 Pa. The error from the
linear approximations was added, producing a total bias error of 53 kPa. The random error was
determined through calculating the typical standard deviation of the measurements, which was 76 Pa
for the inlet and 77 Pa for the outlet pressure transducers. The total absolute error of the pressure

transducers was 93 Pa and was calculated using equation (4-4).

4.1.3 Infrared camera calibration

As mentioned, the infrared camera had an uncertainty of £2°C. The emissivity of the infrared camera’s
target surface was determined through a technique that uses two surfaces, one with known emissivity
and the second with unknown emissivity both at the same temperature [197]. The known emissivity

surface was used to ensure the camera was functioning as it should.

In this case, surface 1 was the tantalum layer on the microchannel’s surface, which had an unknown
emissivity, whereas surface 2 was covered by insulation tape with a known emissivity of 0.96 [198]. A
calibrated K-type thermocouple was placed on each surface to check the reference temperatures.
They were securely affixed to the relevant surface and forced the soldered thermocouple junction to
remain in contact with the surface. The infrared camera was located above the target surfaces such
that its viewing direction was approximately perpendicular to the surfaces. Because tantalum has a

high reflectivity in the infrared spectrum, the infrared viewing direction was always set to
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approximately 5° from the orthogonal. This prevented self-reflection of the camera on the tantalum

surface, which would have resulted in substantial measurement error.

Once properly set up, both surfaces were subjected to two steady state uniform temperature
conditions, 16°C and 35°C, inside the previously described test facility enclosure. The thermocouple

and infrared camera measurements were performed concurrently.

The infrared camera required inputs to describe the camera’s optics temperature, reflected
temperature and the environmental temperature. These were assumed to be the same at the
atmospheric temperature, which was measured directly by a third thermocouple in the enclosure. The
distance between the infrared camera and the surfaces was recorded in the software and was
measured using a Vernier calliper and remained fixed at 25 cm during the experiments. The emissivity

for surface 2 was set to its known value.

The emissivity of surface 1 was determined using the ratio of the temperature difference between the
two surfaces, as measured by the infrared camera (Tjz; — Tjg,) and the same temperature
difference measure by the thermocouples (T; — T,). For the measurements to be taken, the infrared
camera required an emissivity value to be selected. The selected value was 1, which was

approximately the emissivity of the known surface.

T —T,
e = ARl IR2 (4-7)
T, —-T,

Surface 2 was used to validate the procedure. From equation (4-7), the emissivity of the tantalum
surface was calculated to be 0.8 (+0.09). This is in line with previous studies conducted with tantalum
[45, 54, 160-163, 196]. The uncertainty was high due to infrared camera’s absolute measurement

uncertainty from the manufacture defined at +2°C.

Additional precautions were taken to consider possible environmental influences. The acrylic-glass
enclosure had a high transmittance of over 90% in the visible spectrum but a transmittance
approaching zero in the spectral range of the infrared camera (7.5-14 um). This low transmittance in
the sensory range of the infrared camera ensured no external source could artificially inflate the
temperature measured by the camera. The aluminium base plate on which the experimental setup
was placed inside the enclosure had a reflectance of almost 99% in the infrared spectrum. The

aluminium surface resulted in some radiative reflection, which was corrected for by adjusting the
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position of the infrared camera and the test section. In addition, a cardboard strip was placed on the

aluminium surface if reflections were unavoidable.

4.1.4 Syringe pump calibration

The syringe pump was factory-calibrated and could only be recalibrated by the company post-
purchase. The calibration was checked before the experiments by comparing the displayed volumetric
flow rate output on the pump with the actual measurements, using a beaker and a stopwatch, at three

different mass flow rates.

A 150-mL beaker (PYREX®) which had an accuracy of £5% was used. The syringe pump was set at
50 mL/h, 100 mL/h and 200 mL/h; these rates were close to the volumetric flow rates used during the
main experiments. The rates were comparable, with the difference between the pump setting and the
actual flow rate being less than 1%. From this it was concluded that there had not been significant

drift in the syringe pump’s calibration.

4.2 Test matrix

The goal of this study was to determine the extent to which the buoyancy forces in the channels tested
affected flow behaviour by changing the rotation (8). From literature, it was noted that decreasing the
mass flux would result in the buoyancy effects becoming more dominant. Wang, et al. [163] showed
that with channels of similar hydraulic diameters and the same working fluid as in the present study,
buoyancy effects at mass fluxes between 11.2 kg/m?s and 44.8 kg/m?s, increased heat transfer
coefficients. Based on this information, the mass fluxes (G) selected for this study were 10 kg/m?s,
20 kg/m?s and 40 kg/m?s. The corresponding volumetric flow rates were approximately 53.6 mL/h,

107.1 mL/h and 214.3 mL/h. (Mass flux is defined in this study as G = m/A., with A, = WH).

The associated heat flux ranges were mass flux and channel orientation specific. The first heat flux
tested was selected such that the onset of nucleate boiling would be present. The final heat flux tested
was based on two criteria, firstly heating would not be increased if the maximum measured surface
temperature increased to 150°C or if 7 or more heat fluxes had been tested. The infrared camera could
only measure up to 150°C at an accuracy of +2°C, above 150°C the camera’s sensitivity and accuracy

became less favourable. It was deemed unnecessary to test more than 7 heat flux cases as many
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orientation and mass flux cases would not have had similarly high heat fluxes to which higher heat

fluxes could be compared.

Table 5 lists the test cases that were considered to determine the influence of the channel rotation.
The influence of the rotational orientation was determined by considering 8 = 0°, 30°, 60°, 90° and
180°. All these rotations were tested at all three mass fluxes; and a minimum of four heat fluxes tested.
The heat fluxes reported in this study were based on the net amount of heat absorbed by the fluid
(Q,,6¢), considering the amount of heat lost to the environment and the amount of heat applied to the
heated surface. Often this net heat absorbed was referred to as a heat flux (G,et). Only the net
absorbed heat and effective heat flux are presented in this study using the symbols Q and ¢. Any
variability in the inlet temperature was due to variation in the atmospheric temperature on various
testing days. The saturation temperature variability was due to changes in the atmospheric pressure

on the day of testing.

Table 5: Rotational angle test matrix

Experimental parameter Value
Fluid FC-72
Inlet temperature (T},) 19.5°C+3.5°C
Saturation temperature (Ts,;) 56.25°C £ 0.75°C
Rotational orientations (8) 0°, 30°, 60°, 90° and 180°
Mass fluxes (G) 10 kg/m?s 20 kg/m?s 40 kg/m?s
Net heat input (Q) 26-6W 42-9W 7-11W

Net absorbed heat flux into fluid (q) 3-73kW/m?> 5-13.8kW/m?> 9.6-15.1 kW/m?

The degree of subcooling in this study was high at 36.5°C + 3.5°C. Inlet temperatures, when tightly
controlled, can be increased to decrease the level of subcooling. This can be important as the total
pressure drop and heat transfer coefficient is affected by the level of subcooling [199]. However,
variability in the level of subcooling on the heat transfer coefficient is amplified when the degree of
subcooling decreases [200]. The experimental equipment used in previous studies to increase the inlet
fluid temperature did not result in repeatable inlet temperatures within a narrow range which made
results unusable. Experimental investigations of the effect of subcooling on the heat transfer
coefficient typically suggest that as the subcooling increases to more than 20°C - 25°C the influence in
open systems becomes small [200-203]. It was thus determined that the high level of subcooling,

although variable, would have had little influence on the results from the experiments.
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4.3 Experimental procedures

The experimental procedure was divided into three stages, as follows:
e system preparation
e single-phase experiments to determine the heat loss characteristics from the channels

e the main two-phase experiments.

4.3.1 System preparation

The existing experimental setup, used in previous investigations [45, 54, 133, 160-163, 196, 204, 205],
had endured exposure to several different fluids — including ethanol, water, and binary fluids. This
exposure could have resulted in fluid residue and solid-particle deposition such as dust. These first

needed to be removed.

Before each main set of tests was conducted, the flow path (which included the test section) was
flushed several times with deionised water at a volumetric flow rate of approximately 10 L/s to
remove traces of dust and impurities. Air at a gauge pressure of 37 kPa was then passed through the
flow path for at least 30 min. Furthermore, the acrylic-glass enclosure, which was equipped with an
electric heating element, was heated to 36°C for 5 min to ensure full evaporation and removal of the

water.

To prevent the presence of air bubbles during tests, the syringe pump was preliminarily charged with
previously boiled FC-72 and the flow path was flushed again. This was done while slowly altering the
channel inclination from horizontal flow to vertical upward flow, then to vertical downward flow, and
back to horizontal flow. This process was repeated at least three times. Eventually, visual inspection
of the opaque connective tubing and hosing indicated that the test section and all upstream and
downstream tubing were purged of air and the syringe pump cylinder was empty. The syringe pump
was then filled with unboiled FC-72 and the remaining flow path was re-flushed using the charging

syringe.

The channel’s rotation position was set using the procedure described in subsection 3.3. Care was
taken to match the orientation of the pressure transducers to that used during their calibration. The
infrared and high-speed camera positions were adjusted and clamped in place. Both cameras were

held by test-tube clamps and stands. The position of the high-speed camera relative to the test section
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and the backlight required meticulous adjustment, and care was taken to prevent self-reflection by

the infrared camera.

4.3.2 Single-phase experiments

As mentioned, it was impossible to thermally insulate the test section; hence, substantial heat loss
occurred from the tantalum surface to the atmosphere inside the acrylic-glass enclosure during the
flow boiling experiments. To enable later calculation of the local and average heat transfer
coefficients, it was necessary to determine the test section heat transfer rate into the fluid. However,
during flow boiling conditions, it was quite challenging to accurately and directly determine the inlet
and outlet thermodynamic states of the fluid based on the measured pressure and temperature
values. Therefore, it would be impossible to calculate the heat transfer rate based on inlet and outlet

measurements.

Alternatively, an energy balance could be created between the heat lost from the tantalum to the
surroundings, the total power input to the heating layer and amount of heat absorbed. This method
has been used extensively in the literature with one-sided heated channels with a constant heat flux

and an infrared camera viewing the heated surface [206-211].

To find the heat loss characteristic of each test section orientation, single-phase liquid experiments
were performed. For the liquid flow conditions, several variables could be measured directly. These
included the total heat input, the heat absorbed by the fluid (based on the temperature rise of fluid
in the test section), the tantalum surface temperature (obtained from the infrared camera) and the

surrounding temperature in the acrylic-glass enclosure.

The above measurements enabled the characterisation of the heat loss rate from the heated tantalum
surface as a function of the temperature difference between the tantalum and the surrounding air,
which discussed in section 5.1. For this purpose, steady state single-phase tests were conducted for
each test section orientation at mass fluxes of G = 10 kg/m?s, 20 kg/m?2s and 40 kg/m?s, and at a range
of applied heat fluxes. Each rotation had approximately 21 single-phase experiments at various mass

flux and heat flux combinations that were used to create a heat loss correlation.

In the two-phase region, the range of temperature differences between the tantalum and the

environment were much larger than in the single-phase region, requiring accurate heat loss curves.
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To reduce experimental uncertainty, the single-phase tests were conducted such that the temperature
of the fluid over the test section increased at 5°C intervals at each applied heat flux. In these tests,
steady state was identified when the outlet temperature changed by less than 0.1°C within 3 min, as

measured by the outlet thermocouple.

A text file was created for each experiment. It reflected the date, orientation, voltage, current,
thermocouple and pressure transducer start times, infrared camera start time, channel size, working

fluid and any other observations that could have affected the results.

4.3.3 Two-phase experiments

Once single-phase data was collected, the main two-phase flow boiling tests could commence. The
syringe pump settings were adjusted, and the pump was started. The power input to the tantalum
layer remained off until fluid was seen collecting in the reservoir at the outlet of the setup. The heating
was gradually increased to just below saturation conditions to prevent sudden and unexpected system
instability which could result in damage to the test section or sensory equipment and system seals.
Heat input was slowly increased to the target value until a stationary nucleation site was present in

the channel.

Capturing of the flow behaviour was performed under steady-state conditions. Steady state during
two-phase flow boiling involves natural transient flow behaviour such as the location of the nucleation
site changing cyclically as well as cyclic flow instability. These cyclic variations mean that quasi-steady
state conditions were achieved in this study. Quasi-steady conditions were defined as the outlet
temperature having a variation of less than 0.2°C over a period of 3 min; the nucleation site remaining
fixed (or changing cyclically); and the observed flow pattern remaining consistent or periodic in nature

before data was recorded.

After an additional 3 min of steady conditions, the pressure transducer and thermocouple data were
logged at 100 Hz for 60 s per experiment and approximately 7 min per heat flux. High-speed camera
footage was recorded at between 100 fps and 140 fps, depending on the flow pattern behaviour, for
70 s. This period spanned from before the infrared image started to record until after the infrared
images stopped recording. The infrared footage was recorded at 25 fps for exactly 60 s. The input
power and volumetric flow settings were recorded manually. Care was taken to ensure time

synchronisation between the two computers as well as the cameras.
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Each test case and heat flux condition was repeated three times. Only once this sequence was
complete was the next heat flux and/or mass flux and/or rotation case considered. At the end of each
experimental set, the collected FC-72 in the outlet reservoir was retrieved and stored in a sealed glass

jar until it could be disposed of safely.

As before, a text file was created for each experiment with the date, orientation, voltage, current,
thermocouple and pressure transducer start time, infrared camera start time, channel size, working
fluid and any other observations that could have affected the results. The unique text files (for both
single- and two-phase tests) were saved in a folder made specifically for each experimental repetition,
with high-speed camera images saved directly to the folder. Infrared camera images were captured in
a video format and were renamed after the experiment with the identifiers: orientation, mass flux,
heat flux and test number, before being moved to the correct folder. Thermocouple and pressure
transducer data was saved on a separate computer and was named in the same way as the infrared
images before being moved to the correct folder. All this information ensured that data was correctly

matched up.

When a round of experiments was completed, data recording and all heating were stopped. The

syringe pump continued to pump if fluid was left in the syringe to help cool down the test section.

4.4 Chapter summary

This chapter has described the calibration of the thermocouples, pressure transducers, infrared
camera, and syringe pump, with both bias and random error considered. The test matrices of the
rotation tests were presented, and the typical heat fluxes, mass fluxes and orientation positions
discussed. The methods used to prepare the experimental setup and to conduct the single-phase and

two-phase experiments were also described.
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5. Data reduction

This chapter details the data processing method that was used to derive the test section heat loss
characteristics, heat transfer coefficients, local vapour quality, total pressure drop, surface
temperature metrics and cross-sectional temperature variability. An uncertainty analysis is presented

at the end, discussing the typical uncertainty of measured parameters and output parameters.

Due to the relatively complex nature of the recorded data and the many transient state data-points,
a MATLAB code was developed to automate the data reduction. From this MATLAB code, time-
average local heat transfer coefficients, surface temperature metrics and pressure metrics were
obtained. The code was used to determine the local heat transfer coefficients is shown in Appendix A:

Data interpretation code.

5.1 Heat loss characterisation

As mentioned, diabatic steady state single-phase liquid experiments were conducted to characterise
the heat loss behaviour from the tantalum surface to the surroundings. This section will discuss the

approach used in this study for all rotations, mass fluxes and heat fluxes.

First, the heat absorbed into the fluid (Q) was determined from the change of temperature of the

fluid, shown in equation (5-1).

Q = mcp(Tout — Tin) (5-1)

Here m is the mass flow rate of FC-72, ¢, is the specific heat capacity of the liquid, and T,,,; and Ty,
are respectively the time-averaged outlet and inlet fluid temperatures (obtained from the relevant
outlet and inlet thermocouples). The mass flow rate was calculated from the syringe pump’s

volumetric flow rate setting (V) and the liquid density (p).

m="Vp (5-2)

The specific volume and density values were assumed to be constant and were calculated from
correlations supplied by the fluid manufacturer [142], based on the thermocouple temperature

measurement at the inlet of the microchannel (Tj,). These equations are described in Table 4.
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The rate at which heat was applied was directly measured using ohmic heating with the DC voltage

(U) and the current (I):
Qup=U-1 (5-3)

The voltage and current values were measured using multimeters and were manually logged for each
experiment. The amount of heat lost from the system (onss) was calculated using the applied heat

and the net amount of heat absorbed by the fluid, as shown in equation (5-4).

Qloss = Qap - Q (5-4)

The amount of heat lost to the environment in the two-phase region could not be directly measured.
This situation required the creation of a heat-loss correlation based on single-phase experiments in
which the absorbed heat was directly measured, using equation (5-1). The single-phase correlation
reflected the amount of heat lost to the environment, based on the difference between time and
spatially averaged heated surface temperature (T;) and the environment temperature (T, ). The

calculation is shown in equation (5-5).

AT,y =Ts — Ty (5-5)

A typical heat-loss curve for the single-phase experiments is shown in Figure 8, with heat loss as a
function of the environmental temperature difference. Increasing the heat flux tested produced a
steadily increasing average surface temperature, resulting in a larger environmental temperature
difference. In Figure 8, a representative curve is shown, employing a power function line of best fit to

represent the amount of heat lost at the various environmental surface temperature differences.

1,4

112 I—T—|
= 1 — —
= 0,8 T '_I_'
2 O T ] y = 0.0193x1:2766
= 06 s = E 2
= 0, N e R?=0.9974
T 04 g

] =0—1
0,2 T |—T-—||_J._| +
' R (
o0 | T
0 5 10 15 20 25 30

Environmental Temperature Difference (°C)

Figure 8: Amount of heat lost with increased environmental-to-surface temperature difference at an arbitrary rotation
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The relationship regarding the heat loss rate, as found in the single-phase experiment, was described
with two coefficients. The first was a heat loss coefficient (a) and the second was an exponent loss

coefficient (b). These values are used in equation (5-6):
Qloss = aATebnv (5-6)

Each rotation had a unique combination of coefficients (a and b) based on the data regression analysis.
The heat loss equations correlated to within + 1.49% (+ 0.1W) of the measured AT,,,, values, ranging
from 5°C to 25°C during the single-phase testing. In the subsequent flow boiling experimental data,
significantly higher AT,,,,, values were present, ranging from 5°C to 130°C, due to the increased heat
flux that was needed to sustain flow boiling. Due to the nature of convection, which was the dominant
heat loss mechanism, it was assumed that the heat loss equations were also applicable to the elevated
temperature operating conditions. A further explanation and verification of the use of this approach

is given in section 6.3.
5.2 Heat transfer coefficient

The net heat transfer rate (Q) into the fluid for the subsequent two-phase experiments was
determined using the homogeneous equilibrium model. This model assumed all energy applied by the
heated metal layer was either absorbed by the fluid or lost to the environment. The energy balance

equation is shown in equation (5-7):
Q = Qap - Qloss (5-7)

Here Qap was calculated using equation (5-3), and Q,,ss Was determined from equation (5-6), using
the appropriate a and b values applicable to the particular rotation case under consideration. The
amount of heat absorbed was represented as a heat flux, as shown in equation (5-8) during calculation

of various other parameters.

_ 0
Wi,

q (5-8)

Here the net heat flux (¢) was calculated using the net rate of energy absorbed from equation (5-7),

the width (W) of the channel and the total heated length (l;). The total heated length was subdivided
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into several control volumes, which spanned the width of the channel, depth of the channel and a

distance (Al).

The infrared camera captured an image of the heated side of the channel, which spanned 25 pixels
across the width of the channel and 400 pixels along the length of the channel. A control volume was
the length of a single pixel, which was determined using the heated length (measured with a Vernier
calliper) and the number of pixels along the length of the channel. A visual representation of the

segmentation of the channel’s heated length is shown in Figure 9.

Flow direction Control volume length, Al
‘ ﬂ |<— Control volumes z

z=0

Figure 9: Control volumes used in analysis of local temperatures, heat transfer coefficients and surface temperature values

The control volumes represented were the entire width of the channel in the x direction, the entire
depth of the channel (H) in the y direction and a distance Al in the z direction. This approach allowed
the creation of a local net heat flux (q,) specific to each control volume, with the time-averaged heat
loss (q10ss,2) based solely on the average surface temperature the control volume. The heat applied to
the channel was assumed to be constant at all points on the heated surface. Hence, equation (5-3) for
the total applied heat was converted to a flux using the same approach as that applied for heat loss —
that is, using the surface area of a control volume. This method resulted in different heat losses in

each control volume, with the same applied heat. The approach is shown in equation (5-6):

g, = Qap _ Qloss,z (5_9)
WAl WAl

In equation (5-9), the amount of heat lost based on the average surface temperature across the width
of a control volume was converted to a heat flux using the surface area of a single control volume. The

applied heat was converted to a flux using the surface area of the control volume.
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Heat transfer coefficients were calculated for each control volume, producing local heat transfer

coefficients (a,). These were based on the net local heat flux presented in equation (5-10):

4z

a, =——""-—"-—
“ (Ts,z - Tz)

(5-10)

Here T, , is the local heated surface temperature at the liquid—wall interface and T, is the local bulk
fluid temperature. The T , value was assumed to be the same as the outer heated wall temperature
as measured by the infrared camera. This assumption was based on the small distance between the
inner wetted surface of the channel and the heated external surface. The temperature difference
across the wall thickness was neglected, and it was assumed that the local inner-wall temperature was
equal to the local external heated wall temperature. This assumption was based on the Biot number,
where a value of less than 1 suggests that the thermal gradient is negligible. It was calculated using

equation (5-11).
Bi, = - tw (5-11)

The Biot number (Bi,) was calculated with the local heat transfer coefficient (a,), the thermal
conductivity (k) of the borosilicate glass (which was 1.14 W/mK) and the characteristic length the
thickness of the wall (t,,), 0.35 mm. Biot numbers were calculated at control volumes with the
minimum and maximum heat transfer coefficient and ranged from 0.06 to 0.61. These values were all
less than 1 suggesting thermal stratification through the heated wall was negligible. Thus, T, was
determined via MATLAB as the arithmetic average of the infrared camera pixel temperature values

for each control volume, shown in equation (5-12).

j .
— Zt Z;CTS(xil t]) (5_12)
NN

Ts,z
The term Ty , is the average surface temperature in a control volume, t is the temporal averaging, x is
the spatial average in the x axis direction on the heated surface, T is the temperature measured by
the infrared camera at a position x; in time t;, N, is the number of temperature values across the
channel in the x direction at one time step and N; is the number of time steps taken during an
experiment. The calculation produced a time-average local surface temperature unique to each

control volume.
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The local fluid temperature was also calculated in each control volume and averaged in time. It was
assumed that the local bulk fluid temperature in a control volume remained the same. An analytical
model written in MATLAB was used to calculate the local bulk fluid temperature using the following

relationships, where z = 0 was the start of the heated length.

If in the liquid-phase (T}, ; < Tsq¢):

qWz
Tpz = Tin + - (5-13)
If in the two-phase region:
Ty = Tsat (5-14)

The value of Ty, was determined using the time-averaged outlet temperature measured from the
thermocouple and was cross-checked with the expected thermodynamic saturation temperature at
atmospheric pressure. The inlet temperature (T}, ) was determined from the thermocouple at the inlet

to the channel and was also time averaged.

An image captured by the infrared camera had a size of 640 x 480 pixels. For the analysis of surface
temperature, the infrared images were cropped to the size of the channel, with each image being a
temperature matrix of approximately 400 x 25 pixels after cropping. The channel was not always
exactly horizontal in the frame, resulting the top and bottom pixel locations changing between the
inlet and the outlet. The slanted frame used in the analytical model only encompassed the surface

temperatures on the heated surface, as shown in Figure 10.

Figure 10: Infrared image with corrected frame

In Figure 10 the frame has been corrected both at the top and bottom of the microchannel, resulting
in no temperatures off the microchannel’s heated surface being used in calculations. Further surface

temperature averaging is shown in Appendix B: Averaging infrared temperature values over time.
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For validation purposes, spatially average surface temperatures were calculated to determine the
average heat transfer coefficient in the two-phase region. The same approach to heat flux and the
heat transfer coefficient was used where local heat transfer coefficients were created at all local
control volumes. The time-average local vapour qualities were computed for each control volume,
yielding a vapour quality associated with each control volume. All control volumes with a vapour
quality of 0 or higher had their heat transfer coefficients incorporated in the calculation of an

arithmetic mean.

5.3 Local vapour quality

Vapour quality was determined in the control volume as discussed previously. The vapour quality
calculated was the time averaged vapour quality as transient vapour qualities along the length of the
channel could not be accurately determined analytically. The thermodynamic state of the fluid
entering the control volume was used as the reference vapour quality. The amount of energy absorbed
by the fluid in that control volume was used to determine the change in vapour quality across the

control volume.

The fluid entering the channel was subcooled with a vapour quality of less than 0. Hence, according
to the definition, it was classified as having a negative vapour quality. The degree to which the system
was subcooled was based on the amount of energy required to bring the bulk fluid’s temperature to
saturation conditions. Equation (5-1) was modified with the outlet temperature replaced with the

saturation temperature:

Q = mcp(Tsat —Tin) (5-15)

This amount of energy required to reach saturation conditions was calculated using the time-average
mass flow rate from equation (5-2), the specific heat of liquid FC-72 at the inlet temperature (averaged
in time) from Table 4, the time-averaged inlet temperature (measured by the inlet thermocouple) and
the saturation temperature. All two-phase experiments had heat fluxes initially applied that initiated
flow boiling which resulted in the outlet quality being between 0 and 1, allowing the outlet
thermocouple’s temperature to be used as the saturation temperature. An initial subcooled vapour
quality was then determined using the amount of energy required to raise the fluid to a saturation

temperature and the latent heat of evaporation:
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. mcp (Tsat - Tin)
mheg

Xz=0 = (5-16)

In equation (5-16), the vapour quality at the inlet (y,—o) was determined using the following terms:
the single-phase change in energy required to reach saturation temperature; the mass flow rate,
which was assumed to be constant at all points along the channel; and the latent heat of evaporation
(hrg). The latent heat of evaporation is the amount of energy (kJ/kg) required to convert one kilogram
of a liquid to vapour. In all experimental test cases, the initial vapour quality was negative to a

subcooling of approximately y,-o = -0.4.

From this initial condition of the system, the change in thermodynamic state could be calculated
across each control volume. At least 400 local vapour qualities were calculated, based on the number
of control volumes created by the infrared camera. The amount of energy absorbed in each control
volume was based on average surface temperature of the control volume which significantly affected
the amount of heat lost to the environment, directly impacting the amount of heat absorbed. The
amount of heat absorbed was calculated using the net heat flux in equation (5-9), calculated locally in
each control volume a distance z from the inlet. This heat flux was then converted to a net rate on the

surface area of the control volume:

Qnet,z = Qnet,z(WAl) (5-17)

This net amount of energy absorbed was then used to calculate the net change in thermodynamic
quality across the control volume, which was assumed to the same in the entire cross-section of the
channel. The vapour quality at the outlet of a control volume (y,) was determined using the inlet
vapour quality from the previous control volume (y,_a;) and the net amount of heat absorbed in the
control volume a distance z from the inlet. This analysis approach produced time-average local vapour

qualities based along the length of the channel.

Qnet,z
hhgg

Xz = Xz-a1t (5-18)

The single-phase length was then determined analytically based on the location of y, = 0. The length
of the single-phase region was calculated using the total heated length of the channel (l;), the z

position associated with the commencement of two-phase conditions (z,—), the z position that
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corresponded to the inlet (z;;,;.¢) and the total number of z locations between the inlet and the outlet

(zp).

lop = I 22— (5-19)

The single-phase length ([,) is shown in the equation above as ranging from the inlet (z;;¢¢) to the
point at which two-phase conditions were first found (z,,—,). This distance relative to the total distance
between the inlet and outlet (z,) was used in conjunction with the Vernier Calliper measured heated

length to determine the single-phase length.

5.4 Cross-sectional surface temperature variability

Cross-sectional surface temperature (AT ,) indicates the difference between the maximum and
minimum surface temperature value in a control volume. This value was determined locally at all

control volumes and at all time steps, as shown in (5-19).

ATs,z = Ts,z,max - Ts,z,min (5-20)

The cross-sectional temperature was determined using the maximum surface temperature on the
heated surface at a cross-section (T ; ;mqyx) and the minimum surface temperature on the heated
surface at in a cross-section (T, min) at the same time step. These cross-sectional temperature
differences were calculated at all control volumes at all time steps. The largest cross-sectional

temperature at any location at any time step was then reported.

5.5 Uncertainty analysis

The uncertainty approach used in this study is discussed in detail in Appendix C: Uncertainty
propagation. The bias and random error associated with each input parameter (measured directly by
a device such as a thermocouple) were calculated using equation (4-4), shown discussed again in
equation (5-20). This root of summed squares method was only applicable to parameters that were
directly measured, such as temperature, pressure, voltage, current and length. The uncertainty
calculated for these parameters was an absolute value with the same unit as the parameter (e.g., °C

for thermocouples).
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Each calculated quantity had an uncertainty that was one of two forms: an absolute uncertainty or a
relative uncertainty. Calculated quantities, based on input parameters having the same unit, remained
absolute uncertainties. An example is pressure drop, where the inlet and outlet pressure was the input
parameters and the pressure drop was the calculated quantity, all with the same unit (kPa). Some
calculated quantities — such as applied heat and vapour quality — were calculated with at least two
input parameters that having different units from each other and from the calculated quantity, which
produced a relative uncertainty with % unit. An example of the calculation of the absolute uncertainty

of a pressure drop (€5p) is shown in equation (5-20).

€ap = w’ el%in + El%out (5_21)

Here, the absolute uncertainty is calculated based on the absolute uncertainty of the inlet pressure
transducer (€p, ) and the outlet pressure transducer (€p, ). The absolute uncertainty was calculated
using the root of the summed squares of the uncertainty of each transducer, due to the form of the
pressure-drop calculation where one quantity is subtracted from the other. The equation used to
calculate the uncertainty depends on the form of the equations. If the input parameters were
multiplied or divided, for example, the equation would require a different method of calculation [212],
see Appendix C: Uncertainty propagation. Absolute uncertainties can be converted into relative
uncertainties using the absolute uncertainty of an input parameter or quantity and the typical value

that was calculated:

€ap

OaP = 2p (5-22)

Here, the relative uncertainty of the pressure drop (op) is calculated using the absolute uncertainty
and the typical pressure-drop reading (AP). This relative uncertainty can be either a maximum or a
minimum value, depending on the denominator chosen. A larger reading produces the minimum

relative error, and the lowest typical pressure drop produces the maximum relative error.

An uncertainty propagation for the heat transfer coefficient as well as other calculated parameters
can be found in Appendix D: Error propagation. Here the propagation of an error from input
parameter to the calculated quantity is shown. The uncertainties of each input parameter and
calculated quantity are summarised in Table 6, which lists the minimum absolute uncertainties and

the minimum relative uncertainties.
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Table 6: Absolute uncertainties of the input parameters

Parameter Minimum relative error

Minimum absolute error

Thermocouple temperature (T)
Saturation temperature (Tgq¢)
Infrared camera temperate (T,,)
Channel length (I)

Channel internal width (W)
Channel internal height (H)
Local distance from inlet (z)
Rotational orientation («)
Liquid density (0;)

Pressure (P)

Heat absorbed (Q) +2.48%
Voltage (U) +0.63%
Current (I) 11.23%
Heat flux (q) 2.48%
Heat transfer coefficient (a) 2.8%-6.2%
Volumetric flow rate (V) 1%

Mass flux (G) 4.5%
Vapour quality (x) 3%

+0.14°C

+0.14°C

+ 2°C (factory uncertainty)
+0.02 mm

+0.02 mm

+0.02 mm

+0.09 mm

+1°

+0.37 kg/m3

+93 Pa

+0.16 W

+0.15V

+0.53 mA

+0.17 kW/m?

+7 W/m?K to 35 W/m?2K
+2 mL/hr

+0.16 kg/m?s

In the case where a relative uncertainty was determined a minimum absolute uncertainty was

provided.

5.6 Chapter summary

The heat lost from the system was calculated based on single-phase experiments. These were critical
to the calculation of the local fluid temperature, heat transfer coefficient and local vapour quality.
Rotational effects were further investigated using cross-sectional temperature variations. The

absolute and relative uncertainty of the input parameters and calculated quantities was also

presented.
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6. Experimental heat transfer analysis: rotation

This chapter presents the experimental results for a horizontal channel at different rotational
orientations (0). First, the experimental setup is validated by comparing some of the results to findings
reported in literature. This is followed by flow visualisation to identify the typical flow patterns
associated with the two-phase boiling and the location of nucleation sites, as well as the degree to
which the vapour component of the flow was confined. Heated surface temperature profiles are
presented, showing how the average cross-sectional temperature changes along the length of the
channel. Variations in the cross-sectional temperature are also investigated. Local heat transfer
coefficients are discussed at corresponding axial local vapour qualities. The chapter ends with a
discussion about typical pressure-drop results at various rotations and mass fluxes. Rotation, mass

flux and heat flux effects are investigated where possible.
6.1 Experimental validation

Validation of the experimental setup, test procedure and data-analysis methods was challenging. The
reason was that reference data for a microchannel having the same characteristics as those used in
this study was not available (i.e., internal cross-section of 5 mm x 0.5 mm; circumferentially non-
uniformly heating; FC-72 used as the working fluid at low mass fluxes of 10 kg/m?s, 20 kg/m?s and
40 kg/m?s). Deionised water has been used in published studies with similar system parameters.
However, in the current study it could not be used as its saturation temperature is higher than the

melting temperature of the epoxy used in the test section, at atmospheric conditions (101 kPa).

Microchannels of a similar size (6 mm x 0.3 mm) were investigated by Wang, et al. [163] with uniform
circumferential ohmic heating. They reported the average heat transfer coefficients on the entire
heated surface at a mass flux of 44 kg/m?s, at various heat fluxes. They used the same fluid and data
collection method as in the current study and similarly based their results on measurements from
thermocouples, pressure transducers, an infrared camera and high-speed camera. Because of these
similarities, the method and data analysis used in the current study were validated by creating a test
section having the same specifications as those used by Wang, et al. [163]. Their data is compared in

Figure 11 with data reproduced and analysed using the experimental set-up of the current study.
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Figure 11: Validation curve for experimental setup, bottom-heated (0 = 0°) at mass flux of 44 kg/m?s and various heat

fluxes

It should be noted that the uncertainties in the current study (shown in red) were smaller than those
reported in the reference study (in black). Both datasets indicated that a maximised average heat
transfer coefficient exists at a heat flux of approximately 7.5 kW/m?. There were several cases where
near exact agreement between the two datasets was found. In general, the data produced in the
current study fell within the uncertainty band of the reference set. Based on the agreement between
the two data sets, it was concluded that the current experimental setup — with the associated data-

reduction methods — produced accurate and repeatable results.

6.2 Experimental Repeatability

To assess the repeatability of the results from this study each experiment was repeated 3 times. In
this section a single mass flux and heat flux case at each rotation is presented with the sole purpose
of determining the repeatability of the results. Errors bars for the heat transfer coefficient are a

relative uncertainty of between 2.8% and 6.2%.

In general, variations observed occurred in regions where the flow behaviour was variable. Two-phase
flows are susceptible to flow instability which was observed in two forms in this study. The first is
vapour motion towards the inlet called reverse flow. The second was mixing of the liquid and vapour
phase in the two-phase region which presented as turbulent flow which presents like churn flow. The
instability events were cyclic in nature decreased the surface temperature on the heated wall. The
amount of surface cooling was dependent on the intensity of the flow instability, for instance, how far

the vapour moved towards the inlet during a reverse flow.
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Figure 12: Repeatability testing at a rotation of 0 = 0°, mass flux of 10 kg/m?s and heat flux of 4.3 kW/m?

The heat transfer coefficients at a rotation of 8 = 0° was larger than at other rotations with an average
difference between the highest and lowest heat transfer coefficient at a location of 23.4 W/mK or
8.6 %. In most axial positions the difference in the heat transfer coefficient were within the uncertainty
of the measurement. Between 5 mm and 15 mm from the inlet, repetition 2 had a heat transfer
coefficient that was up to 49 W/mK higher than repetition 1 and 3. This is attributed to transient flow
instability being more intense in this period than at repetition 1 and 3, specifically reverse flow.
Similarly, repetition 1 had a heat transfer coefficient that was up to 45 W/mK higher than repetition 2
and 3 between 25 mm and 30 mm from the inlet. This large deviation is also attributed to transient
flow instability, specifically two-phase mixing. When comparing the heat transfer coefficients in this
case to other rotations, repetition 3 would be chosen for comparison. This is because repetition 3 had

good agreement with at least one other repetition at all times.
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Figure 13: Repeatability testing at a rotation of 68 = 30°, mass flux of 10 kg/m?s and heat flux of 4.6 kW/m?
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The heat transfer coefficients at all axial positions between the inlet and the outlet are near identical
at all repetitions at a rotation 8 = 30°. The average difference between the highest and lowest heat
transfer coefficient at a location was 1.2 W/mK or 1 %. This high level of agreement was due to two
main factors, the first was minimal flow instability and secondly the nucleation sites had little effect

on the flow behaviour.
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Figure 14: Repeatability testing at a rotation of 0 = 60° mass flux of 10 kg/m?s and heat flux of 4.5 kW/m?

At a rotation of 60° good agreement was found between the three repetitions with an average
difference between the highest and lowest heat transfer coefficient at a location was 10 W/mK or 7 %.
A deviation of the heat transfer coefficient at around 22 mm is large compared to the other axial
positions at 24 W/mK. This deviation between the repetitions is within the uncertainty range of the
measurement. The good agreement is attributed to little flow instability and a nucleation site with

less bubble nucleation, growth and detachment.
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Figure 15: Repeatability testing at a rotation of 6 = 90°, mass flux of 10 kg/m?s and heat flux of 4.4 kW/m?
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At a rotation of 8 = 90°, the heat transfer coefficients at all axial positions between the inlet and the
outlet are near identical at all repetitions. The average difference between the highest and lowest
heat transfer coefficient at a location was 1.9 W/mK or 1.6 %. No flow instability was observed, and
the nucleation site did not have nucleating bubbles growing and detaching resulting in little transient

variation.
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Figure 16: Repeatability testing at a rotation of 6 = 180°, mass flux of 10 kg/m?s and heat flux of 4.4 kW/m?

The agreement between the repetitions at a rotation of 8 = 180° is poor compared to the other
rotations. The average difference between the highest and lowest heat transfer coefficient at a
location was 22.9 W/mK or 16 %. The errors bars at 20 mm and 40 mm from the inlet are within the
uncertainty of the measurement. At approximately 60mm from the inlet a difference of 30 W/mK is
observed which is greater than the uncertainty of the measurement. The reasons for this variability is
due to the flow instability which could have periods of up to 20 s which means the time averaged value

could result in different quasi-steady-state heat transfer coefficients.

In all the cases presented good agreement is shown between each repetition with the variability

within the error range for the measurement.

The heat flux associated with the commencement of two-phase flow was also consistent. Each
experimental mass flux, and rotation would have two-phase conditions commence at the same heat
flux. On occasion the fluid had to be slightly super-heated prior to a nucleation site becoming active.
When this was the case the heat flux was then decreased to the heat flux which previously resulted in
the commencement with two-phase conditions. If the heating was decreased below this level two-

phase conditions would cease
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6.3 Single-phase experiments - validation

The single-phase experiments described in section 5.1 are now discussed in this section. The energy
balance approach used in this section required due to the literature review in section 2.6 not
producing an appropriate heat loss equation for natural convection away from the single-sided
heating of a microchannel with a uniform heat flux. Similarly, section 2.5 an appropriate internal
forced convection Nusselt number was not obtained although an approximate value might be

discernible.

An important non-dimensional number to establish for natural convection heat loss equations is the
Raleigh number, as was discussed in section 2.6. The Rayleigh number (Ra) calculation is presented in
Table 7 at two temperatures. The first is a typical surface temperature observed in the single-phase

tests (40°C) and the maximum surface temperature measured during the two-phase tests (150°C).

Table 7: Fluid properties used in the calculation of Gr, Pr and Ra

Property Single-phase values ‘ Maximum value
Tw (°C) 24.5°C
T, (°C) 40°C 150°C
Temperature for 32.25 87.25
air properties (°C)
g (m%/s) 9.81
B (1/K) 0.00327 0.00277
Lc (m) 9.4um
k (W/mK) 0.02588 0.03024
v (m?/s) 1.608x10° 2.201x10°
a (m?/s) 2.208x10° 3.086x10°
Gr 1605 5878
Pr 0.72 0.72
Ra 1169 4193

From the table it can be observed that the Pr number is within an expected value of 0.72. The Gr
number on the other hand is extremely low which results in Ra numbers are also comparably low.
The reason they are so low is due to the characteristic length which for a plate heated from below
which was four times the surface area divided by the perimeter. This single side heated channel had
a characteristic length that became extremely small when cubed. The Ra number thus did not change
substantially between single-phase tests and the two-phase tests ranging between 1100 and 4200.

This small change in the Ra number indicates that the Nusselt number would not change substantially
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between the coldest and hottest portions of the channel. This observation suggests that the single-

phase heat loss equations would be appropriate in the two-phase region.

Verifying the amount of heat lost from the bottom heated surface often requires two main
assumptions. The first is with regards to the geometry of the heated surface and the second is with
the type of heating. The first type of geometric assumption is that the plate is large. This means that
the effect of heat loss from conduction through the channel’s material and convected form the
unheated side is negligible compared to the heated surface. The second type of geometric assumption
is that the plate is an infinite strip. This is not valid as the length of the channel is only 16 times longer
than it is wide. The type of heating is either isothermal conditions or a uniform heat flux condition. An
isothermal equation would not be appropriate as the heating in this case was a uniform heat flux. The
uniform heat flux cases typically are used for pipes or square channels heated on all sides. Most
experimental investigations of bottom heated channels don’t require a natural convection correlation

to be used as the heating blocking cases have a different method for determining the heat lost.

In all cases where the channel is heated from below a set of single-phase equations are created with
the heat lost to the environment calculated from an energy balance of the heat absorbed and heat

lost to find the heat lost [206-211].

Heat loss % were not presented as the absolute heat losses used in the analytical model were absolute
values rather than percentages. In this study the heat loss percentages ranged from 17% to
approximately 32% in the single-phase tests depending on the surface temperature and rotational
orientation. The maximum heat loss was in the two-phase region where the surface temperature had
reached 150°C and only vapour was in contact with the heated wall. At this point most of the heat was
lost to the environment with a heat loss of up to 75%. The Rayleigh number range of these tests were
also small, suggesting that a Natural convection flow regime change was not a factor affecting the

heat loss rate in the two-phase region.

Validation of the heat transfer in the single-phase region was also not directly possible due to the type
of heating applied, channel geometry and mass flux. The internal forced convection Nusselt number
required for validation had to be a high-aspect ratio rectangular channel at rotations from horizontal

heated below to horizontal heated from above, with a uniform heat flux boundary condition on one
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side only, using FC-72, at Pr =12.3 and 14 < Re < 57. A correlation for these test conditions was not

found.

A rectangular channel with an aspect ratio of 10, Reynolds numbers of 14, 28 and 57 could have the
expected Nusselt number for the internal forced convection determined using equation 1-17. This
equation requires a Reynolds number between 20 and 2000 and an aspect ratio between 0 and 20
and a uniform heat flux on three sides. The Nusselt numbers were calculated to be 6.4, 6.2 and 6.1,
for each Reynolds number case. This correlation had an accuracy of 13% which resulted in an error of

0.83.

The single-phase experiments of a bottom heated channel had an average Nusselt number of 4.2. This
means that the Nusselt number for the single side heated case was 2 less than the three-side heated

case. It is possible that this would be appropriate.

In the absence of a correlation to use, the results from the single-phase experiments were assumed
to be accurate. This was based on the observed internal forced convection Nusselt number having a
value in the order of magnitude that would be expected. Secondly, the Rayleigh number on the heated

surface between the single-phase tests and the two-phase tests did not vary substantially.

6.4 Initial observations

This section investigates the flow patterns observed during two-phase boiling of horizontal channels
(@ = 0° and 180°) and rotated channels (6 = 30°, 60° and 90°). High-speed images are used to visually
identify the flow patterns, and infrared images are used to demonstrate the effect of vapour location
on the heated surface’s temperature. The nucleation site location at various heat fluxes and mass

fluxes is presented using the high-speed and time-averaged local vapour quality calculations.

6.4.1 Axial profiles (influence of rotation and heat flux)

Surface temperature profiles are useful in heat transfer analysis as they give a first-order
approximation of the relative heat transfer performance of the system. In the single-phase region, a
rapid increase in the surface temperature accompanied by a short distance between the nucleation

site and the inlet is indicative of a high heat transfer coefficient.

78



In the two-phase region, rotations that had surface temperatures relatively close to the saturation
temperature of the fluid had relatively high heat transfer coefficients. That is, when the same heating
load was applied to the wall, a smaller portion of the heating load was lost to the environment and
the rest was absorbed by the fluid. Regions with poor heat transfer were unable to effectively remove
heat from the heated wall and increase the vapour quality of the fluid. As a result, the heat increased

the heated wall’s surface temperature, and more energy was lost to the environment.

Bubble dynamics were observed on the heated surface with dynamic changes in the hot and cold
surface temperatures, indicative of bubble motion on the heated wall. Bubble motion on the heated
wall is observed as a moving hotspot with the approximate shape of the vapour bubble, surrounded
by relatively colder surface temperatures. Axial positions with a high surface temperature relative to
the wall upstream and downstream can decrease the adjacent surface temperature due to bubble

motion in the cross-sectional direction, for example, away from the heated wall.

The impact of rotation on the axial surface temperature profiles was investigated at rotations of 8 = 0°,
90° and 180° at a mass flux of 40 kg/m?s and heat flux of 14 kW/m?. All rotational cases presented
have a high-speed and infrared image corresponding to the same point in time. The surface
temperature profile is the average surface temperature in each cross-section along the axial length of

the channel and is averaged in time.

The first case presented in Figure 17 is a channel at a rotation of 8 = 0° at quasi-steady state conditions.
Flow occurs from left to right. Points and regions of interest are indicated on the figure, such as the
liquid region, nucleation site, detached bubble, partial confinement region, confinement region and

the vapour slug.

In Figure 17, the time and cross-section average surface temperature at all axial positions is presented.
A gradual increase in the surface temperature was observed, with the rate of increase in surface
temperature decreasing closer to the nucleation site. At the nucleation site, a wall superheat of at
least 6°C and up to 18°C in a single pixel was observed. The local maximum surface temperature was
found at the centre of the horizontal channel, with the nucleation site found at approximately the
same location, as seen in the high-speed image. It is thus concluded that the location of the maximum

wall superheat is a strong indicator of the location of the nucleation site.
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Figure 17: Typical two-phase infrared, high-speed and average surface temperature representations for 8 = 0° at a heat flux

of 14 kW/m? and mass flux of 40 kg/m?s

Complete bubble detachment produced a decrease in the heated surface temperature. The decrease
in the heated surface temperature was due to the increased localised vapour motion in the transverse
direction due to bubble motion from the nucleation site. The buoyancy assisted flow allowed the
vapour in contact with the heated surface to be replaced by liquid. This is important, as the liquid FC-
72 had a thermal conductivity that was higher than vapour FC-72, further assisting in a high local heat

transfer coefficient to be attained.

Surface temperatures remained approximately constant between 25 mm and 28 mm from the inlet.
The steady increase seen between 28 mm from the inlet and the outlet was due to the formation of a
large vapour column. The formation of the vapour column occurred in the partial confinement region
where the bubble grew but did not have its shape influence by the channel’s geometry. Vapour was
present in the centre of the channel and liquid occurred at the extremes of the width of channel. This

created a symmetrical thermal gradient due to the symmetric form of the vapour slug.
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As the vapour slug continued to grow, the channel’s geometry impacted the shape of the slug by
forcing it to grow in the depth of the channel rather than the width. This was the confinement region
where the maximum surface temperature occurred and was located along the centre line of the
channel. The maximum surface temperature was found close to the exit as the portion of the channel
that was filled with vapour was greatest. The vapour quality at the outlet was larger than the rest of
the channel resulting in less high heat transfer liquid available to remove heat from the heated surface,
resulting in a decreased rate of heat transfer from the wall and in turn an increased surface

temperature.

Figure 18 represents a channel at a rotation of 8 = 90°, tested at a mass flux of 40 kg/m?s and heat
flux of 14 kW/m?. The nucleation site cannot be clearly located as the vapour had moved to the top of
the channel, with the nucleation site located at the liquid-vapour boundary. The liquid region, vapour

slug front and vapour slug are shown. The vapour slug is fully confined in the depth of the channel.
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Figure 18: Typical two-phase boiling represented with high-speed and infrared image; average surface temperature plot

with a channel at 0 = 90°; mass flux 40 kg/m?s and heat flux of 14 kW/m?

From Figure 18, the surface temperature profile is observed to increase continually between the inlet

and the outlet. The rate at which the surface temperature increases between the inlet and a point
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roughly 7.5 mm from the inlet slowed until the vapour front of the slug was reached. Thereafter, the
surface temperature continued to increase at a constant rate. The surface temperature then
continued to increase at an ever-slower rate from 18 mm from the inlet, reaching a maximum

temperature at the outlet of around 98°C.

At 6 = 90°, no decrease was observed in the temperature profile, unlike what was observed at a
rotation of 8 = 0°. A decrease in the surface temperature was not observed because the nucleation
site did not produce bubbles which detached from the heated surface producing secondary flow
effects. The nucleation site could also not be clearly identifiable and was presumed to be at the liquid-
vapour interface. These key observations significantly impacted the heat transfer coefficient and was

typical of all rotated channels.

The bubble position, as shown in the high-speed image, is at the top of the channel and is fully confined
in the depth of the channel. As heating continues, the bubble continues to grow towards the bottom
of the channel, the width. A maximum wall temperature is measured at the top of the channel where
the bubble is confined and complete dryout is assumed to have occurred. An asymmetric thermal
gradient is observed across the width of the channel due to discrete large portions of the channel

being filled by both vapour (low heat transfer) and liquid (high heat transfer).

A channel at a rotation of 8 = 180° is represented in Figure 19. This test case had a mass flux of
40 kg/m?s and heat flux of 14 kW/m?. A high-speed and infrared image of the channel is shown, with
the local surface temperature averaged across a cross-section shown in profile. In the high-speed
image, the following elements are indicated: liquid-phase, nucleation site, partial confinement region

and complete confinement region.

Figure 19 shows that when 6 = 180°, there was a steady increase in the average surface temperature
in the liquid-phase region up to 20 mm from the inlet. At 20 mm from the inlet, nucleation occurred.
Between 20 mm and 30 mm, the heated surface temperature plateaued at a constant 65°C, during
which time the bubble growth occurred, and a large vapour slug formed. An accelerated increase in
the heated surface temperature occurred between 45 mm and 50 mm from the inlet. The surface

temperature then increased at an ever-decreasing rate up to the exit.
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Figure 19: Typical two-phase boiling represented with an infrared, high-speed image and average surface temperature plot

for a top-heated channel (6 = 180°) at a mass flux of 40 kg/m?3s and heat flux of 14 kW/m?

From the high-speed image, it is observed that the nucleation site did not produce a clear bubble that
detached, grew, and attached to the main vapour slug. This is an important observation as the
detachment and vapour motion resulted in the surface temperature decreasing between the
nucleation site and the vapour slug (rotation 8 = 0°). Instead, the vapour slug appeared to be attached

to the nucleation site on the heated wall and the vapour slid away.

Between 20 mm and 30 mm, in the region where the surface temperature plateaued, the bubble
dynamics are worth noting. The vapour slug spread to 90% of the channel’s width, then decreased in
width at 30 mm from the inlet to approximately 70%. This would increase the portion of the heated
wall entirely in contact with liquid, allowing the surface temperature to remain low. It is important to
remember that the surface temperatures are averaged in time and the high-speed image is a
representative image showing a single moment from a set of more than 6000 images. Hence, the

simple observation of a bubble width is insufficient to explain the plateau.
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At 30 mm from the inlet, the vapour slug was spread over most of the width of the channel.
Presumably, as heating continued, the vapour slug grew in the depth of the channel and was not yet
fully confined. This growth produces a region on the heated surface where the vapour’s temperature
may increase to superheated temperatures, driving an increase in the heated wall’s surface

temperature.

45mm from the inlet, the bubble became confined and dryout occurred. It was suspected that prior
to this point, a liquid film was in contact with the heated wall and had evaporated. The liquid was
replaced by vapour, which had a lower heat transfer coefficient due to its thermal conductivity being

lower, which resulted in the higher surface temperatures.

A symmetric surface temperature profile was observed about the centre line of the channel. The
maximum surface temperature was reached close to the exit and along the centre line. This

temperature profile is indicative of an even distribution of vapour along the heated wall.

A direct comparison between the channels at rotations of 8 = 0°, 90° and 180° is now presented. All
three cases presented previously were at the same mass flux and heat flux. The surface temperature
profiles are compared in Figure 20, with the cross-sectional average surface temperature calculated
at all axial points; the temperatures were also averaged in time. The figure allows for direct

comparison.
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Figure 20: Surface temperature comparison of channels at rotations of 6 = 0°, 90° and 180° at mass fluxes of 40 kg/m?3s and

heat flux 14 kW/m?

The single-phase region’s temperature profiles were similar at all rotations. The surface temperature

increased between the inlet and the point at which nucleation occurred or where the vapour front
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was located. 8 = 90° had a higher surface temperature in the single-phase region than 8 = 0° and 180°.
This was primarily due to a lack flow instability. Flow instability was not quantitively analysed in this
study, but the effect of flow instability was observed to decrease the surface temperature. This
decrease in surface temperature was attributed the buoyancy assisted cooling that resulted where
the tangential velocity of the liquid and vapour was increased due to reverse flow and turbulent two-
phase mixing. 8 = 90° experienced the most stable flow behaviour of all rotations tested with near
negligible flow instability observed, while 8 = 0° and 180° experienced the most unstable flow

behaviour.

The nucleation sites were at 19 mm, 7.5 mm, and 21 mm from the inlet for 8 = 0°, 90° and 180°
respectively. The horizontal channels displayed indistinguishable surface temperatures up to roughly
11 mm, when the effect of the bubble dynamics around the nucleation site started to affect the
surface temperature. At a rotation of 8 = 90°, the surface temperature 5 mm from the inlet was 5°C
higher than was the case for either 8 = 0° or 180°. This temperature difference grew to 17°C and 25°C

at 30 mm from the inlet, compared to 8 = 0° and 180° respectively.

At the point of nucleation, the wall superheat was 6°C and 8°C for channels at a rotation of 8 = 0° and
180° respectively. The wall superheat at 8 = 90° was difficult to determine as the exact location of the
nucleation site was not known. A lower wall superheat is suggestive of a higher heat transfer
coefficient at that point. The energy supplied was absorbed by the fluid to produce a nucleation site
rather than being absorbed by the wall. Superheated wall temperatures at the point of nucleation are
not of interest to experimental studies but are sought after in computational fluid dynamics

investigations.

In the two-phase region, the surface temperatures of the horizontal channels continued to diverge,
with 8 = 180° measuring up to 15°C more than 8 = 0°. The 8 = 90° rotation continued to display
increasingly slower surface temperature increases closer to the system exit. The 8 = 90° rotation
produce the highest surface temperatures at all positions. The 8 = 180° case yielded a rapid incline in
surface temperature at 45 mm to 50 mm from the inlet. This incline reduced the surface temperature
difference between 6 = 90° and 180° to a minimum of 9°C in the two-phase region. The maximum
surface temperature in a single infrared pixel were approximately 108°C, 115°C and 141°C for channels

at rotations of 8 = 0°, 90° and 180° respectively.

85



The differences in surface temperature produced were the result of bubble dynamics around the
nucleation site, the vapour slug’s settling location and the prevalence of superheated vapour in the
vapour slug. The 8 = 0° case was heated from below, allowing the vapour formed at the nucleation
site to detach and settle away from the heated surface. Complete confinement occurred only at

vapour qualities near the exit of the channel.

The 8 = 90° case produced higher average surface temperatures, despite a smaller portion of the
heated surface being in contact with the vapour slug. The high temperatures resulted from the dryout
that occurred on the heated wall due to complete confinement. It is expected that a small portion of
the vapour in the vapour slug was at superheated temperatures. The horizontal channels displayed a
vapour slug that was thinner than that of the 8 = 90° channel, decreasing the chances of superheated

vapour forming.

The 0 = 180° case was heated from above and showed no bubble detachment or vapour motion away
from the heated surface. Heating from above resulted in the vapour slug forming on and settling on
the heated surface. This settling location produced higher surface temperatures than was the case for
6 = 0°, as vapour was either directly in contact with the heated wall or separated by a thin liquid film.

Vapour confinement occurred at 45 mm to 50 mm from the inlet, increasing the surface temperature.

Figure 21 presents the effect of heat flux on surface temperature profile at a rotation of 8 = 0° and
mass flux of 40 kg/m?s. The surface temperatures shown for each heat flux were averaged in each

cross-section and in time. The nucleation site at each heat flux is indicated.
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Figure 21: Heat flux effect on surface temperature of channels at a rotation of 6 = 0° at a mass flux of 40 kg/m?s and heat

fluxes of 8.2 kW/m?Z, 9.6 kW/m?Z, 12.7 kW/m? and 13.3 kW/m?
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From Figure 21, the location of the nucleation site and the surface temperature profile can be
observed to be influenced by the magnitude of the effective heat flux. In the single-phase region,
between the inlet and the nucleation site, a similar surface temperature profile was observed at all
heat fluxes. The inlet fluid temperature was the same at each heat flux, but the surface temperature
1 mm from the inlet was up to 3°C higher at 13.3 kW/m?than at 8.3 kW/m?. The surface temperature
between the inlet and 10 mm increased at a similar rate at each heat flux. Between 10 mm from the
inlet and the nucleation site, the rate at which the surface temperature increased was nearly identical
for all heat fluxes. The nucleation site was located where the average cross-sectional temperature was

approximately 65°C. The wall superheat at a heat flux of 13.3 kW/m? was the only exception, at 67°C.

In the two-phase region, from the nucleation site to the outlet, the surface temperature continued to
increase. The maximum temperature occurred at the outlet of the channel, where the highest vapour
quality was found. The temperatures were 15.5°C, 20.4°C, 33.8°C and 36.7°C above the saturation

temperature, at heat fluxes of 8.2 kW/m?, 9.6 kW/m?, 12.7 kW/m? and 13.3 kW/m?, respectively.

After nucleation occurred, no notable decrease in the surface temperature was observed, contrary to
the observations in Figure 17. Figure 17 illustrates the typical vapour behaviour and surface
temperature profile at quasi-steady state conditions. The surface temperature profiles in Figure 21
considered instability events in the single-phase region, around the nucleation site and in the two-

phase region, which effected the surface temperature.

The nucleation site was 10 mm closer to the inlet for a heat flux of 13.3 kW/m?than for 8.2 kW/m?.
Increasing the effective heat flux increases the rate at which the bulk fluid temperature reaches
saturation conditions. Once at saturation conditions, a nucleation site could be produced. The effect

of rotation, mass flux and heat flux on the nucleation site are discussed in the next subsection.

6.4.2 Observed flow patterns

All channels had a single-phase region followed by a two-phase region, with the transition to two-
phase indicated by a vapour slug or annular column with or without an identifiable nucleation site.
Horizontal channels had a clear nucleation site, whereas rotated channels had a nucleation site that
was hard to identify but displayed a clear bubble front. All channels experienced slug flow and annular
flow, which consisted of a single large slug which grew larger towards the outlet of the channel during

steady state behaviour.
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The vapour location depended on the channel’s orientation. Horizontal channels had an annular
vapour column that had a bullet-shaped outline that spread the width of the channel. These channels
also had a clear nucleation site where bubbles formed. The bubbles joined the main vapour column in
one of two forms. The first was where the bubble detached from the nucleation site, forming a stand-
alone bubble not attached to the heated surface or the vapour column. Figure 22 (a) depicts this
pattern, with multiple bubbles having detached from the nucleation site, moving downstream to
attach to the main annular vapour column. Bubbly flow is observed in this short region. The second
case was where the vapour column was attached to the nucleation site with a bubbly flow region not
observed, as shown in Figure 22 (b). Neither of the two cases presented were found in rotated

channels.

Flow direction

Figure 22: A vapour slug with (a) bubble detachment and growth upstream, and (b) direct contract with a nucleation site at

a rotation of 8 = 0° and mass flux (a) 40 kg/m?s and (b) 10 kg/m?s

Rotated channels had a nucleation site that was not always clearly visible as in the horizontal channels.
The nucleation site was located at the liquid-vapour interface, with the main vapour column across
the entire depth of the channel, enveloping the nucleation site. This meant that the liquid which
evaporated at the nucleation site immediately coalesced with the vapour column making the
nucleation site’s location near impossible to determine using highspeed images. The vapour was
pressed against the top of the channel (the portion furthest from the ground) with a curved vapour
flow profile at the bottom. The vapour expanded across the depth of the channel at low vapour
qualities and was forced to expand across the width of the channel as the vapour quality continued to

grow. This geometry-enforced expansion is known as confinement and is shown in Figure 23.
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Figure 23: High-speed and infrared image of a channel at a rotation of 8 = 90° with a cross-sectional representation of

vapour bubble confinement

Figure 23 shows a high-speed and infrared image of a channel at a rotation of 8 = 90°, with a cross-
sectional view of the confined vapour slug. The cross-sectional view shows the vapour bubble confined
between the heated and unheated walls, with vapour expansion in the negative x direction. This
confinement produced premature dryout in the vapour region, resulting in high surface temperatures

on the heated wall and significantly lower surface temperatures in the liquid region.

At the point where the cross-section view was drawn, a 46 K temperature difference was found
between the vapour and liquid regions. Further downstream, at the point where the maximum surface
temperature was recorded, a temperature difference of 61 K was found due to the larger local vapour
quality. This discrepancy is of concern to heat transfer, because large thermal gradients can warp
microelectronics or cause burnout. The large thermal gradient was due the vapour location in the
channel and was not due to the channel’s material. Vapour always produces a lower heat transfer
coefficient and therefore higher surface temperature than liquid. This was due to the relatively low
thermal conductivity of the vapour compared with the liquid-phase. This effect of vapour on the

surface temperature was observed at all rotations, mass fluxes and heat fluxes.

Rotated channels experienced substantial confinement at low vapour qualities due to the depth being
a tenth of the width of the channel. This resulted in confinement occurring at lower vapour qualities
than was the case for horizontal channels — which had a width ten times greater for the bubble to

expand across before confinement occurred.
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Mass flux affected the shape of the flow around the nucleation site for horizontal channels. Figure 22
shows a horizontal channel at a mass flux of (b) 10 kg/m?s and (a) 40 kg/m?s. At the mass flux of
10 kg/m?s, the bubble front covered more than 75% of the width of the channel within a few
millimetres downstream of the nucleation site. At a mass flux of 40 kg/m?s, the vapour slug’s profile
became strung-out, the vapour having moved more than 10% of the channel length downstream
before 75% of the channel width was vapour. A mass flux of 10 kg/m?s resulted in only slug flow during
steady state behaviour, whereas a mass flux of 20 kg/m?s and 40 kg/m?s had both bubbly and slug

flow. Rotated channels had an indistinguishable bubble front shape between different mass fluxes.

The nucleation site formed in the centre of the channel for horizontal orientations and at the top of
the channel for rotated orientations. When a cold fluid was on the heated wall, a higher single-phase
heat transfer coefficient was found than where hotter fluid was located. Horizontal channels exhibited
nucleation sites at the centre of the channel due to the maximum fluid temperature being in the
centre. Rotated channels had a nucleation site on the highest point of the channel, where the hottest
— and therefore most buoyant — fluid was located, which reached saturation temperature first and

resulted in a nucleation site. Nucleation sites are further discussed in 6.5.1.

6.5 Wall temperature profiles

Wall surface temperatures were measured using the infrared camera. The readings gave insight into
the thermal stratification on the heated wall and by proxy the fluid. Bubble location effects on the
heated surface were also observed. This subsection investigates the surface temperature profile along
the length of the channel using the average surface temperature in each cross-sectional position. The
cross-sectional profiles are investigated by considering the cross-sectional temperature at all axial
positions. The effect of heat flux on the maximum cross-sectional temperature difference is presented

for all rotations, mass fluxes and heat fluxes tested.

6.5.1 Nucleation site location (influence of rotation, mass flux and heat flux)

Nucleation site locations were affected by the inlet fluid temperature, the single-phase heat transfer
coefficient and flow instability which sometimes resulted in the nucleation site’s location moving. Flow
instability resulted in increased heat transfer performance which meant that saturation conditions
were reached closer to the inlet. This increased heat transfer performance in the single-phase region

was due to increased fluid velocity resulting from reverse flow where the vapour would move up to

90



the length of the single-phase region to the inlet in 2 ms. This rapid motion resulted in the Reynolds
number increasing producing turbulent flow and a resulting increased heat transfer performance.
Thus, an orientation with higher flow instability would have a nucleation site that was closer to the
inlet than the same test case without flow instability. Flow instability was heat flux, mass flux and

rotation dependent.

Nucleation sites normally formed in approximately the centre of the channel, and the distance
between the nucleation site and the inlet depended on the mass flux and heat flux combination. The
nucleation site moved towards the inlet as the heat flux increased, for the same mass flux (see the
discussion above regarding Figure 21). This was due to the local fluid’s temperature increasing from a

subcooled temperature to a saturated temperature more rapidly at higher heat flux conditions.

The distance between the inlet and the nucleation site can be used as an analogy for the heat transfer
coefficient. A shorter distance between the inlet and the nucleation site, at the same flow conditions,
is indicative of a higher heat transfer coefficient. Nucleation site position in the cross-section of the
channel is of interest in tests where bubble detachment occurred. Bubble detachment from a position
close to the top of a channel would not result in measurable secondary flow effects. Bubble
detachment at the bottom of the channel had the possibility of producing measurable changes in the

system’s parameters, such as the heat transfer coefficient.

Nucleation site location is discussed first by considering the effect of rotation and heat flux jointly at
each mass flux tested. A more complete picture emerges when considering the effect of both these

parameters simultaneously. The mass flux effect is discussed later.
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Figure 24: Nucleation site distance from inlet at rotations of 8 = 0°, 30°, 60°, 90° and 180° and mass flux of 10 kg/m?s
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From Figure 24, an increase in the heat flux, at a mass flux of 10 kg/m?s, resulted in the distance
between the nucleation site and the inlet decreasing, for all rotations. At all comparable heat fluxes
(such as 4.5 kW/m?), the nucleation sites of the horizontal channels were within 3 mm of each other,
showing similar heat transfer behaviour. Channels at rotations of 8 = 60° and 90° were closely
grouped, with nucleation sites located within 3 mm of each other for all heat fluxes tested (such as
4.5 kW/m?). These rotations had nucleation site closer to the inlet than the horizontal channels. The
nucleation at a rotation of 8 = 30° was at least 10 mm further from the inlet at all heat fluxes than the

other rotations and up to 18 mm further away.
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Figure 25: Nucleation site distance from inlet at rotations of 8 = 0°, 30°, 60°, 90° and 180° and mass flux of 20 kg/m?s

The distance between the inlet and the nucleation site at all rotations was within 9 mm of each other
at a heat flux of 8 kW/m? and a mass flux of 20 kg/m?s, as is shown in Figure 25. This difference in
nucleation site distance from the inlet for the various rotations was present at all heat fluxes tested.
Channels at a rotation of 8 = 60° and 90° had a near-identical distance between the inlet and
nucleation site, with at most a 2 mm difference, at a heat flux of 9.7 kW/m?2. Horizontal channels,

similarly, had less than a 4 mm difference in their distances between the nucleation site and the inlet.
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Figure 26: Nucleation site distance from inlet at rotations of 6 = 0°, 30°, 60°, 90° and 180° and mass flux of 40 kg/m?s

From Figure 26, at rotations of 8 = 0°, 90° and 180°, the distance between the inlet and the nucleation
site was similar for each heat flux condition. The 8 = 60° case had a shorter distance between the inlet
and nucleation site than the other rotations, and 8 = 30° had the shortest distance at the various heat
flux conditions. The nucleation site in the 8 = 30° case was closer to the inlet than in the 8 = 0°, 90°
and 180° cases, at each heat flux tested; this was because of the differences in inlet temperature to

the system.

Two main factors affected the rate at which the bulk fluid’s temperature increased to saturation
conditions. The two factors were inlet fluid temperature and single-phase heat transfer coefficient.
Higher inlet temperatures required less energy to be added to the system before saturation
temperatures were reached, thus reducing the subcooled distance. A higher single-phase heat
transfer coefficient resulted in a more effective transfer of energy from the heated wall to the fluid,

which meant that a smaller heated area was required to reach saturation conditions.

The distance between the nucleation site and the inlet at the various rotations was expected to be
nearly identical if the inlet fluid temperature was similar. At a mass flux of 10 kg/m?s, the inlet
temperature of the fluid at the various rotations differed by up to 4.9°C. At a mass flux of 20 kg/m?s,
the maximum inlet temperature difference was 3°C. A difference in the inlet temperature of 5.9°C was

found between various rotations at a mass flux of 40 kg/m?s.

These differences in inlet fluid temperature correlated with the distance between the inlet and the
nucleation site. The maximum difference between the furthest and closest distance to the nucleation
site was 18 mm, 10 mm, and 18 mm at a mass flux of 10 kg/m?s, 20 kg/m?s and 40 kg/m?s, respectively

at heat fluxes of 4.5 kW/m?, 8 kW/m?, and 11.2 kW/m?. These findings suggest that to a large extent,
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the variation in inlet fluid temperature was responsible for the differences in distance between the

nucleation site and the inlet.

Single-phase heat transfer coefficients are discussed in section 6.6; these were found not to correlate
with the distance to the nucleation site. Inlet fluid temperature has already been identified as a key
contributor to differences between nucleation site locations. Another important factor to consider is
the buoyancy of the single-phase liquid. The buoyancy of single-phase fluid at a rotation of 8 = 60°
and 90° could account for the shorter distance to the nucleation site. The buoyancy resulted in large
thermal gradients in the transverse direction and the hottest liquid accumulating at the top of the
channel. This would not occur in horizontal channels with buoyancy effects having a less substantial
influence on the distance between the inlet and point at which the fluid reaches saturation conditions.
As a result, 8 = 60° and 90° had nucleation sites closer to the inlet at a mass flux of 10 and 20 kg/m?s.

At a mass flux of 40 kg/m?s, 8 = 60° was again closer to the inlet than the other rotations.

6.5.2 Wall temperature cross-sectional variation (influence of rotation, mass flux

and heat flux)

Cross-sectional temperature variation were examined to assess the magnitude of the temperature
gradient in a cross-section. This metricillustrated the effect of vapour location on the thermal gradient
across a heated surface at different rotations. The cross-sectional variability was investigated first at
all axial locations between the inlet and outlet, and at all time steps. The results illustrated the
differences between the rotational orientations in the single-phase region, around the nucleation site
and around the two-phase region. Second, the absolute maximum cross-sectional temperature
variability was investigated. The maximum temperature variation demonstrated the importance of

the vapour slug’s settling location in the two-phase region.

A high surface temperature variation was indicative of poor heat transfer performance. High surface
temperatures were a relative analytical tool, as ‘high’ or ‘low’ depended on the temperature that it
was being compared to. Elevated surface temperatures meant that much of the available energy was

absorbed by the microchannel (and then lost to the environment) rather than by the liquid.

Large cross-sectional temperature variations measured at specific rotations indicated a large variation
in heat transfer performance in the cross-section. This scenario is dangerous in microelectronics as it

can result in hotspots and warping. Varying the rotation of the channel allowed the buoyancy of the
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heated fluid to be used to change the cross-sectional temperature profile. This was shown earlier,
where horizontal channels had an even symmetrical thermal gradient in a cross-section, whereas

rotated channels had an asymmetrical thermal gradient.

This section first compares the local cross-sectional temperature variation at mass fluxes of 10 kg/m?s,
20 kg/m?s and 40 kg/m?s. The temperature variation was calculated locally at each control volume
location shown in Figure 9, based on the maximum and minimum temperature in the cross-section.
Rotations experiencing lower cross-sectional temperature variation at similar vapour qualities were
deemed to be optimal. Vapour quality was used instead of distance from the inlet, as vapour quality

was fundamental for understanding why large cross-sectional temperature variability occurred.
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Figure 27: Cross-sectional temperature variation at a mass flux of 10 kg/m?s and heat flux of 4.5 kW/m?

Rotation is shown to affect the cross-sectional temperature variation, as is shown in Figure 27.
Channels at a rotation of 8 = 0°, 30° and 180° had temperature variations at the inlet that were nearly
identical. The 8 = 60° and 90° cases displayed temperature variations that were 13 K and 19 K higher
at the inlet, respectively. Horizontal channels reached a maximum temperature variation of 20 K in
the two-phase region. The temperature variation of channels at rotations of 8 = 60° and 90° did not
vary more than 7 K between a vapour quality of -0.2 and the outlet. The 8 = 90° case produced a
surface temperature variation at least 12 K higher than any other rotation and up to 44 K more than

horizontal channels.

Thermal stratification of the rotated channels was far larger than that of the horizontal channels in
the subcooled region (y < 0). This stratification was due to vapour being present in the subcooled
region. The control volume in which saturation conditions were defined to have been met was based
on the average cross-sectional fluid temperature having reached the saturation temperature. As a

result of this model, vapour was present in the subcooled region. The vapour results in poor heat
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transfer on the heated surface primarily due to the decreased thermal conductivity of the vapour
when compared to the liquid. The asymmetric temperature profile is created by vapour at the top of

the channel and liquid in the bottom of the channel.

The maximum cross-sectional temperature variation was found at a rotation of 8 = 90° where the
vapour slug became confined rapidly in the depth of the channel due to the large width-to-height
ratio. The vapour slug in horizontal channels could expand 5 mm in the transverse direction before
becoming completely confined, while 8 = 90° only had the 0.5 mm depth before being confined. The
6 = 30° and 60° cases had temperature variations between those experienced by horizontal channels
and 8 = 90° because the vapour slug requires a larger volume to become confined than 8 = 90° but

less than the horizontal channels.
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Figure 28: Cross-sectional temperature at a mass flux of 20 kg/m?s and heat flux of 8 kW/m?

At a mass flux of 20 kg/m?s, the cross-sectional temperature variations of the rotated channels was
up to 48 K higher than those of horizontal channels, as is shown in Figure 28. The temperature
variation at the inlet was similar at all rotations. Horizontal channels experienced little change in the
temperature variation in the subcooled region while increasing steadily to a maximum near the outlet
in the two-phase region. Rotated channels experienced an increase in the temperature variation in
the subcooled region. The 8 = 90° case experienced an increase in the temperature variation of 40 K
between a vapour quality of -0.4 and -0.2. The 8 = 90° case produced the highest surface temperature
variability at all vapour qualities. 8 = 30° and 90° showed no increase in their respective temperature

variations between a vapour quality of -0.2 and the outlet.

The 6 = 60° case displayed an unexpected temperature variation profile. The temperature variation

increased rapidly between the inlet and a vapour quality of -0.25. A steady increase in temperature
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variation was then observed between -0.25 and the outlet. The maximum temperature variation

occurred at the outlet of the channel.
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Figure 29: Cross-sectional temperature variation at a mass flux of 40 kg/m2s and heat flux of 12 kW/m?

From Figure 29, rotation is observed to affect the cross-sectional temperature variation. Rotated
channels displayed increased temperature variations between the inlet and the outlet, starting in the
subcooled region. The 8 = 30° case produced the highest temperature variation at all vapour qualities,
followed closely by 8 = 60° and 90°. Horizontal channels produced the lowest temperature variations.
Horizontal channels showed increased temperature variation at vapour qualities in the two-phase
region. For all orientations, the absolute maximum temperature variation occurred at the exit vapour

quality.

At mass flux of 10 kg/m?s, 20 kg/m?s and 40 kg/m?s, rotated channels had higher cross-sectional
temperature variations than horizontal channels. This was primarily due to the volume of vapour
required for confinement to occur being less as the rotational angle approached 8 =90°. The relatively
low thermal conductivity of the vapour resulted in a decrease in the Nusselt number, leading to a
decreased heat transfer coefficient and increased surface temperature locally. This two-phase
distribution was enhanced as the rotational angle got closer to 8 = 90°, resulting in the increased cross-

sectional temperature variation.

Horizontal channels displayed relatively low cross-sectional temperature variations in both the
subcooled and two-phase region. In the subcooled region, only liquid was found for horizontal
channels which resulted in cross-sectional temperature variations remaining low and caused only by
thermal satisfaction of the liquid. The increases in cross-sectional temperature variations evident in

the two-phase region of horizontal channels were due to the level of confinement of the vapour
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bubble and the extent to which dryout had occurred in the centre of the channel between the vapour
and heated wall. When not fully confined, the liquid at the edges of the channel produced relatively
lower surface temperatures and increased cross-sectional temperature variation. Once confined,
liquid film thickness between the vapour slug and the heated wall at the centre of the channel is
expected to be the driving factor in the continued increased cross-sectional temperature variation.
From this analysis it can be concluded that for systems which are sensitive to cross-sectional

temperature variations, horizontal channels should be used rather than rotated channels.

The effect of heat flux on the cross-sectional temperature variation was investigated at mass fluxes of
10 kg/m?s, 20 kg/m?s and 40 kg/m?s. The absolute maximum cross-sectional temperature variation is
presented. The maximum temperature variation was chosen from all the calculated temperature
variation at any point on the heated wall and at any point in time. From the analysis presented in
Figure 27, Figure 28 and Figure 29, this value can be expected in the two-phase region of horizontal
channels. In rotated channels, it can occur in either the subcooled or two-phase region. These results

are compared at the outlet vapour quality.
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Figure 30: Temperature variability in a cross-section at a mass flux of 10 kg/m?s

From Figure 30, an increase in the outlet vapour quality results in an increase in the cross-sectional
surface temperature variation, at all rotations. Rotation affected the cross-sectional temperature
variation with rotated channels producing higher temperature variations than horizontal channels at
the same outlet vapour qualities. The rotated channels produced a cross-sectional temperature

variation between 15 K and 33 K higher at an outlet vapour quality of between 0.3 and 0.35.

Horizontal channels seem to have a maximum cross-sectional temperature once the outlet vapour

quality reaches 0.58 for 8 = 0° and 0.54 for 8 = 180°. The plateauing of the cross-sectional temperature
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variation is expected to be due to the liquid film thickness decreasing at a similar rate across the cross-
sectional width of the channel. The symmetric distribution of the vapour across the width of horizontal
channels means that there is a proportional change in the local vapour quality at all cross-sectional

locations.

Rotated channels have an asymmetrical vapour distribution across the width of the channel. Between
the fully confined vapour slug and the heated wall a substantially smaller portion of the cross-section
was high heat transfer liquid. This means that as the vapour quality increases the surface temperature
in the vapour region continues to increase. In the liquid region the surface temperature increases
slower with an increase in vapour quality as the high thermal conductivity of the liquid continues to

effectively remove the heat from the heated surface.
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Figure 31: Temperature variability in a cross-section at a mass flux of 20 kg/m?s

From Figure 31, increases in outlet vapour quality are shown to result increases in the cross-sectional
surface temperature variation. Rotation again affected the cross-sectional temperature variation.
Horizontal channels, however, experienced two plateaus, with a sharp rise between the plateaus
occurring at a vapour quality of 0.35. The 8 = 0° case experienced an increase of 14 K with a change in
vapour quality of 0.05. The 8 = 180° case experienced a more substantial increase of 24 K in cross-
sectional temperature variation with a change in vapour quality of 0.05. Rotated channels experienced

a gradual increase in the cross-sectional temperature variation with an increase in vapour quality.

The 8 = 0° case produced the lowest cross-sectional temperature variations at all outlet vapour
qualities. The temperature variation of 8 = 0° was at least 28°C lower than other rotations at vapour
qualities above 0.35. By contrast, 8 = 60° and 90° produced the highest cross-sectional temperature

difference at all outlet vapour qualities. The 8 = 90° case produced the maximum absolute
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temperature variation, 75 K, at an outlet vapour quality of 0.53; this result was 17 K higher than that

of 8 = 180° and 45 K higher than 6 = 0°.

The rapid increase in the cross-sectional temperature of horizontal channels was due to a change in
confinement occurring at higher heat fluxes. At low heat fluxes, the vapour slug was almost completely
confined in the two-phase region, whereas at higher vapour qualities the liquid below the vapour slug
penetrated the sides of the slug, forcing it to the centre of the channel. This caused a portion of the
heated surface’s cross-section to be in contact with the vapour in the centre and the liquid on the

sides.
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Figure 32: Temperature variability in a cross-section at rotations of 6 = 0°, 30°, 60°, 90° and 180°; vapour qualities of

x =0.12 to 0.38 and a mass flux of 40 kg/m?s

Figure 32 shows that increases in the outlet vapour quality resulted in an increase in the cross-
sectional temperature variation, at all rotations. All rotations experienced an increase in the
temperature variation of 6 K with an increase in outlet vapour quality of 0.1. The magnitude of the
cross-sectional temperature variation depended on the rotation. The 8 = 60° and 90° cases produced
cross-sectional temperature variations of at least 15°C higher than the other rotations at all outlet

vapour qualities.

The 6 = 0° case produced the lowest cross-sectional temperature variations at all vapour qualities. The
even distribution of vapour in the cross-section combined created an event spread of vapour above
the heated surface. The thin layer of liquid between the vapour and the heated surface also assisted

in keeping the cross-sectional temperature lower than at the other rotations.
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For all rotations and mass fluxes tested, an increase in outlet vapour quality was associated with an
increase in cross-sectional temperature variation. It was also found that rotated channels generally
produced higher cross-sectional temperature variations than did horizontal channels. Horizontal
channels experienced changes between complete and partial confinement of the vapour slug. This
change in confinement resulted in both liquid and vapour encountering the heated wall, resulting in

increases in the cross-sectional temperature variation.

From the analysis of cross-sectional temperature variations, it is concluded that rotated channels
could pose a threat to microelectronics sensitive to such temperature variations. Horizontal channels
were found to produce the lowest cross-sectional temperature variations in most cases. The 8 =0°
case produced lower cross-sectional temperature variations than 8 = 180° at some mass flux and heat-
flux combinations, but the reverse was true at others. Thus, the optimal orientation regarding cross-

sectional temperature variation depended on the mass flux and heat flux.

6.6 Heat transfer coefficients

This section discusses the time-averaged heat transfer coefficients calculated locally in each control
volume. The local heat transfer coefficients are presented with the effect of rotation and heat flux
discussed at three mass fluxes. The optimal channel orientation in each case was the one that
produced the highest heat transfer coefficient. The rotations presented are 8 = 0°, 30°, 60°, 90° and

180°.

6.6.1 Influence of rotation

The heat transfer coefficients are discussed with reference to the effect of rotation. The local heat
transfer coefficients at the various rotations are directly compared at the same local vapour qualities.
The vapour quality and heat transfer coefficients presented in this section were based on the time-
averaged inputs: inlet temperature, outlet temperature, temperature inside the acrylic enclosure and

infrared surface temperature.

An analytical model was used to calculate the time-averaged local vapour quality, local fluid
temperature and local heat transfer coefficient. The vapour slug’s size depended on the local vapour
quality. Larger vapour qualities were indicative of a larger vapour slug, which has already been shown

to impact the local heated wall temperature and the cross-sectional temperature variation.
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Two-phase boiling was defined as the point at which the vapour quality reached y = 0. As discussed,
this point did not necessarily coincide with the nucleation site. At the nucleation site, a small portion
of the fluid had reached saturation conditions. The analytical model was based on the average bulk
fluid temperature in the entire cross-section. This could result in a small portion of the cross-section

being vapour at a vapour quality less than 0.

A typical local heat transfer coefficient profile for each rotation at a mass flux of 10 kg/m?s and heat
flux of 4.5 kW/m? is shown in Figure 33. The physical interpretation of the vapour qualities are shown
by indicating various regions of interest. The liquid-phase was the portion of the channel where no
vapour was found. The nucleation region was the portion of the channel where a nucleation site was
found, and vapour first formed. The vapour slug development region is where the vapour slug settled
and started to grow but had not yet become confined. The developed vapour slug was the portion of
the channel where the vapour slug’s growth was impacted by both side walls of the channel with

either partial or complete confinement.
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Figure 33: Local heat transfer coefficient at a mass flux of 10 kg/m?s and a heat flux of 4.5 kW/m?

The magnitude of the local heat transfer coefficients (see Figure 33) are directly influenced by the
rotation of the channel and by the region investigated. In the liquid-phase region, a decrease in the
local heat transfer coefficient was observed due to thermal flow development during sensible heating
and a short portion of the inlet region (<5 mm) having some temperature distortion. The local heat
transfer coefficients are not of the same magnitude at the inlet for two reasons. First, the inlet
temperature was not precisely the same as discussed previously. Secondly, flow instability events
influenced the time-averaged surface temperature in this portion of the channel, effecting the time

averaged heat transfer coefficients. These instability events had large effects on the surface
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temperature measured, the flow regime and the heat transfer coefficients. The analysis of flow

instability fell outside the scope of this study.

The heat transfer coefficient of a channel at a rotation of 8 = 0° increased between a vapour quality
of -0.28 and -0.15. All other rotations either showed a subsequent decrease (6 = 30°, 90° and 180°) or
a consistent heat transfer coefficient (8 = 60°). The improved heat transfer performance of 8 = 0° was
probably due to bubble detachment and growth around the nucleation site. Such bubble motion

increases the local fluid velocity in this region by introducing a tangential velocity component.

Nucleation typically occurred at a single site at all rotations. Horizontal channels generally had
nucleation sites in the centre of the channel, and rotated channels generally had nucleation sites
towards the top of the channel. The 8 = 0° case had a local maximum in the heat transfer coefficient
at the nucleation site. All other rotations experienced no significant change in the heat transfer

coefficient around the nucleation site.

Bubble detachment from the heated surface was observed at a rotation of 8 = 0°. The detachment
resulted in the heat transfer coefficient reaching its maximum value around a vapour quality of 0.
Rotated channels experience no bubble detachment and thus no local peak in the heat transfer
coefficient. The 6 = 180° case experienced an increase in the local heat transfer coefficient. This
increase was caused by bubble motion on the heated surface between the nucleation site and the

vapour slug. An absolute maximum heat transfer coefficient was again found at a vapour quality of 0.

Vapour slug development resulted in a decrease in the local heat transfer coefficient at all rotations.
Increase in the vapour slug’s size resulted in partial or complete confinement of the vapour slug, which
produced areas with dryout conditions. The dryout conditions resulted in high surface temperatures,

which decreased the local heat transfer coefficients.

The rapid increase in the heat transfer coefficient at a rotation of 8 = 0° was primarily due to bubble
nucleation, growth and detachment which produced buoyancy assisted cooling where the motion of
the vapour away from the surface increased the fluid’s velocity vector in the transverse direction
producing a localised increase in the liquid velocity. This was not observed at rotations of 8 = 30°, 60°,
90° and 180° as these rotations have a vapour column directly in contact with the nucleation site. This

meant there was no detached bubble motion resulting in buoyancy assisted cooling.
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Developed vapour slugs became confined after sufficient heating was applied. Vapour slugs at
horizontal rotations were confined in the width of the channel and had to expand into the depth.
Vapour slugs of rotated channels were confined in the depth of the channel and were forced to expand
in the width of the channel. In this region, the heat transfer coefficients appeared to converge to a
similar value. The 8 = 180° case was noted to experience a continual decline in the heat transfer
coefficient, whereas other rotations remained approximately constant at vapour qualities greater
than y =0.3. These findings were probably due to the vapour slug being directly on the heated surface,

whereas other rotations had only partial coverage of the heated surface.
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Figure 34: Local heat transfer coefficient at a mass flux of 10 kg/m2s and a heat flux of 4.5 kW/m?2 at various distance from
the inlet

The local heat transfer coefficient at various axial distances from the inlet is shown in Figure 34. From
this figure the bulk of the effective heat transfer occurs in the region between the inlet and 30 mm
from the inlet. Past this point the heat transfer coefficient are nearly identical. 8 = 60° and 90° have
little change in the heat transfer coefficient between 10 mm form the inlet and the outlet, 20 mm

closer than the other rotations.

Vapour quality and location were shown to significantly affect the surface temperature and therefore
the heat transfer coefficient in sections 6.4 and 6.5. Figure 34 gives no information about vapour
quality at axial locations thus subsequent heat transfer coefficient investigations will be presented

while considering the local vapour quality rather than distance from the inlet.

This study focused on the flow boiling portion of the channel and thus only considered vapour qualities
of y 2 0. The maximum vapour quality worth comparing, from the observations in Figure 33, was

determined to be around y = 0.3. Above a vapour quality of 0.3, the difference between the heat
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transfer coefficients at the various rotations was negligible. The effect of rotation on the heat transfer

coefficients are compared at specific vapour qualities in the rest of this section.

The local heat transfer coefficients at all rotations tested are presented at mass fluxes of 10 kg/m?s,
20 kg/m?s and 40 kg/m?s and corresponding heat fluxes of 4.5 kW/m?, 8 kW/m? and 12 kW/m?. Each
figure compares the local heat transfer coefficient at specific local vapour qualities. The vapour
qualities chosen were based on the observations in Figure 33. The optimal rotation was defined as the

rotation resulting in the highest heat transfer coefficient at most vapour quality cases.
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Figure 35: Local heat transfer coefficient at a mass flux of G = 10 kg/m?s and heat flux of G = 4.5 kW/m?

From Figure 35, rotation and vapour quality are shown to affect the heat transfer coefficient. The
0 =0° and 180° cases produced the highest heat transfer coefficients, at all vapour qualities. The
6 =30° and 60° cases yielded the lowest heat transfer coefficients at all rotations. The highest heat
transfer coefficients, irrespective of the channel rotation, were achieved at a vapour quality of zero.

All channels experienced a decrease in the heat transfer coefficient as the vapour quality increased.

The highest heat transfer coefficient, 440 W/m?K, was recorded at a vapour quality of y = 0 when the
channel was rotated to 8 = 180°. The 6 = 0° case also experienced a maximum heat transfer coefficient
at a vapour quality of y =0, at 390 W/m?K (approximately 11% lower than for 8 = 180°). The worst-

performing case was 8 = 30°, which had a maximum heat transfer coefficient 66% lower than that of

0 = 180°.
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Figure 36: Local heat transfer coefficient at a mass flux of 20 kg/m?s and heat flux of 8 kW/m?

In Figure 36, the highest heat transfer coefficients were recorded at vapour quality of y = 0. The heat
transfer coefficient of 8 = 0°, 60°, 90° and 180° decreased with an increase in vapour quality. The
6 = 60°,90° and 180° cases had local heat transfer coefficients that were within 70 W/m?K at the same
vapour qualities. The 8 = 30° case produced the lowest heat transfer coefficients at around 160 W/m?K
at all vapour qualities except y = 0.2. A second nucleation site caused by a surface imperfection

unrelated to the channel rotation produced the increase.

The 6 = 0° case consistently had a higher local heat transfer coefficient than the other rotational
orientations. For instance, at vapour qualities of y =0, 0.1 and 0.2, 8 = 0° had heat transfer coefficients
that were respectively 100%, 132% and 134% greater than those of 8 = 180°. As before, the lowest
heat transfer coefficient at rotation of 8 = 30°, which were between 60% and 81% lower than for

6=0°

1200
..
E ;QIOOO
£ £ 800 I
o 0
=3 1
§ 5 600 o e S S X=90
Q R N T AR LTI T
(—3 % 400 -: .......... : ......................... ): = Oosl VapOur
S Y D e LTI ALY < Quallty
- O 200 ! ...... X — 2
0
0 30 60 a0 120 150 180

Rotation, 6 (°)

Figure 37: Local heat transfer coefficient at a mass flux of 40 kg/m?s and heat flux of 12 kW/m?
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From Figure 37, rotation and vapour quality are observed to affect the local heat transfer coefficient.
Anincrease in vapour quality produced a decrease in the local heat transfer coefficient, at all rotations.
The 8 = 0° case produced the highest heat transfer coefficient at all vapour qualities. At vapour
qualities of y =0 and 0.1, bottom heating resulted in heat transfer coefficients that were 153% and
201% greater than those for top heating. The 8 = 30° case produced heat transfer coefficients that

were approximately 75% lower than for 68 = 0°.

At mass fluxes of 10 kg/m?s, 20 kg/m?s and 40 kg/m?s, the heat transfer coefficient decreased as the
vapour quality increased. This vapour quality dependence is typical of nucleate boiling. Channels
rotated at 8 =0°, 30°, 60° and 90° displayed increases in the local heat transfer as mass flux increased,
typical of forced convection dominated boiling. The heat transfer coefficient for 8§ = 180° appeared to

be independent of mass flux, typical of nucleate boiling dominated flows.

6 = 0° experienced the highest heat transfer coefficient of all the rotations due to a few factors. The
first was bubble nucleation, growth and detachment enabling buoyancy assisted cooling to occur. This
cooling was observed at some test cases at a rotation of 8 = 180° but not for the rotated channels.
The second was that as the vapour quality increased, a larger vapour quality was required for
confinement to play a role in decreasing the heat transfer coefficient. 8 = 180° had vapour nucleating
on the heated surface resulting in the heat transfer coefficients that were less than 8 = 0°. Rotated
channels, as was previously discussed, experienced confinement at a substantially lower vapour
quality. The regions of low heat transfer performance between the vapour slug and heated wall had a

large effect on the average heat transfer coefficient in the cross-section.

The combination of nucleate boiling and forced convection dominated boiling requires further
investigation to understand the dominant mechanism. Some flow-boiling cases do not have an
inherently dominant mechanism and rely on both mechanisms. In this regard, 8 = 0°, 30°, 60° and 90°
presented as relying on a combination of both mechanisms. The 8 = 180° case presented as being
dominated by nucleate boiling. An increase in the heat transfer coefficient with an increase in heat
flux would be typical of nucleate boiling. A decrease or no change in the heat transfer coefficient with
an increase in the heat flux would be typical of forced convection dominant boiling. The effect of heat

flux is investigated in the next subsection.
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6.6.2 Influence of heat flux

In this subsection, the effect of heat flux on the heat transfer coefficient is discussed. This section
presents each rotation separately at a mass flux of 10 kg/m?s. This is the only mass flux presented

because the heat flux affected each rotation the same way at all mass fluxes.

The rapid increase in the heat transfer coefficient at a rotation of 8 = 0° was primarily due to bubble
nucleation, growth and detachment which produced buoyancy assisted cooling where the motion of
the vapour away from the surface increased the fluid’s velocity vector in the transverse direction
producing a localised increase in the liquid velocity. This was not observed at rotations of § = 30°, 60°,
90° and 180° as these rotations have a vapour column directly in contact with the nucleation site. This

meant there was no detached bubble motion resulting in buoyancy assisted cooling.

Nucleate-dominated boiling experiences an increase in the local heat transfer coefficient with an
increase in the heat flux. This is because a stable nucleation site with bubble growth, detachment and
motion are amplified at higher heat fluxes. Bubble departure size increases at higher heat fluxes,
which produces relatively more intense secondary flow induced by bubble motion. This secondary

motion increases the total fluid velocity, producing higher local heat transfer coefficients.

Figure 38 and Figure 39 represent the local heat transfer coefficients of the horizontal channels. Both
the 8 = 0° and 180° cases experienced an increase in the heat transfer coefficient with an increase in
heat flux. Figure 40 and Figure 42 show the rotated flows of 8 = 60° and 90°. The 8 = 60° and 90° cases
experienced a decrease in the heat transfer coefficient with an increase in heat flux. Figures 33 to 37

are presented from a subcooling of y =-0.2 to the exit vapour quality.
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Figure 38: Local heat transfer coefficient vs vapour quality of a channel at a rotation of 8 = 0° and mass flux of 10 kg/m?s
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From Figure 38, it is evident that an increase heat flux was associated with increased heat transfer
coefficient at most vapour qualities. The effect of heat flux on the heat transfer coefficient is amplified
around a vapour quality of y = 0. This was due to intensity of the bubble nucleation increasing as heat
flux increased. The increased intensity was observed to be both rate and bubble size. It is expected
that the increased intensity resulted in an increase in the transverse velocity of the liquid phase which
assisted in increasing the heat transfer performance. The heat transfer coefficients reduced to
approximately the same value at a vapour quality above y = 0.2 at heat fluxes between 4.3 kW/m?
and 6.1 kW/m?2. The heat transfer coefficient at a heat flux of 7.3 kW/m? remained higher than all

other heat fluxes at all vapour qualities.
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Figure 39: Local heat transfer coefficient vs vapour quality of a channel at a rotation of 8 =180° and mass flux of 10 kg/m?s

At a rotation of 8 = 180°, an increase in heat flux resulted in an increase in the heat transfer coefficient,
as is show in Figure 39. The initial heat transfer coefficients of the various heat fluxes at a vapour
quality of y = -0.2 were within a range of 48 W/m?K of each other. Heat fluxes of 4.4 kW/m? and
4.7 kW/m? experienced a decrease in the heat transfer coefficient as vapour quality increased. At a
heat flux of 5.3 kW/m?, the heat transfer coefficient remained constant up to a vapour quality of 0O,
after which it gradually declined towards the exit. Heat fluxes of 5.5 kW/m? and 6.2 kW/m? showed
an increase in the heat transfer coefficients between the inlet and a vapour quality of y =0, where a

local maximum was found.

These trends can be explained by considering the effect of an increase in heat flux on the intensity of
bubble nucleation. As heat flux increase, bubble nucleation, growth, and detachment occur more
intensely resulting in an increase in the tangential velocity components. This enhances the buoyancy

assisted cooling and allows for a higher heat transfer coefficient to be produced. At heat fluxes below

109



5.5 kW/m? the bubble nucleation was not intense enough to affect the local heat transfer coefficient

as the vapour bubble almost immediately coalesced with the larger vapour slug.

The local heat transfer coefficients for tests at a heat flux of 4.4 kW/m? and 4.7 kW/m? merged to
approximately the same value above a vapour quality of y = 0.27. Similarly, tests at a heat flux of
5.3 kW/m?and 5.5 kW/m? merged to approximately the same value at all vapour qualities. The highest

heat flux of 6.2 kW/m? yielded the highest heat transfer coefficient at all vapour qualities.

The maximum heat transfer coefficient was found at the highest heat flux tested, namely 6.2 kW/m?.
This maximum heat transfer coefficient value was 520 W/m?K, which was 33% higher than that of the
second highest heat flux (5.5 kW/m?2). The maximum heat transfer coefficient at a heat flux of
6.2 kW/m? was also 92% higher than at the lowest heat flux of 4.4 kW/m?at a vapour quality of y = 0.

All the observations discussed for 8 = 180° are typical of nucleate-dominated flow boiling.
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Figure 40: Local heat transfer coefficient vs vapour quality of a channel at a rotation of 6 = 60° and mass flux of 10 kg/m?s

As shown in Figure 40, an increase in the heat flux produced a minor decrease in the heat transfer
coefficient. Heat flux effects were relatively mild at this rotation with the heat transfer coefficients at
all heat fluxes falling with in the error bars of the measurements. For y =0, the maximum heat transfer
coefficient for a heat flux of 3 kW/m? was 295 W/m?K, which was 25% higher than that of the highest
heat flux (4.5 kW/m?2). The heat transfer coefficient of the various heat fluxes reached approximately
the same value at vapour qualities above y = 0.08. This suggests forced convection dominated boiling

occurred without substantial bubble nucleation and detachment.

The only exception to the above findings was the highest heat flux of 4.5 kW/m?, which showed an

increase at a vapour quality of approximately y = 0.15. For this flux, an increase in the heat transfer
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coefficient resulted from a second nucleation site with bubble growth and detachment. The
nucleation site was found at only this heat flux, suggesting some debris might have entered the
microchannel during the test, resulting in the second peak. A high-speed image of the second

nucleation site can be seen in Figure 41.
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Figure 41: High-speed image of a channel at a rotation of 6 = 60°, mass flux of 10kg/m?s and heat flux of 4.5 kW/m?

The secondary nucleation site resulted in a localised nucleate boiling mechanism increasing the heat
transfer coefficient. In the small region around the nucleation site, nucleate-dominated boiling was
the dominant mechanism. The 8 = 60° case experienced forced convection dominated flow boiling

due to the negligible effect of heat flux on the heat transfer coefficient, as is shown in Figure 40.

= 3.5 kW/m?

— 3.8 kW/m?
4 kW/m?

4.2 kW/m?

Increasing heat flux

— 4.4 kW/m?

Local Heat Transfer
Coefficient (W/mZ2K)

-0,2 -0,1 0 0,1 0,2 0,3 0,4 0,5
Vapour Quality, y

Figure 42: Local heat transfer coefficient vs vapour quality of a channel at a rotation of 8 = 90° and mass flux of 10 kg/m?s

As shown in Figure 42, at a rotation of 8 = 90°, the heat transfer coefficient decreased with an increase
in heat flux. At a vapour quality of y > 0.05, the heat transfer coefficient at the two highest heat fluxes
(4.2 kW/m? and 4.4 kW/m?) were approximately the same. Similarly, the heat transfer coefficients at

heat fluxes of 4 kW/m? and 3.8 kW/m? converged to the same value.
The maximum heat transfer coefficient of 218 W/m?K was measured at a vapour quality of y =0, at
the lowest heat flux (3.5 kW/m?). This maximum heat transfer coefficient was 15% higher than that of

the second lowest heat flux (3.8 kW/m?2) and was 48% higher than that of the highest heat flux

111



(4.4 kW/m?). The difference between heat transfer coefficients of heat fluxes between 3.8 kW/m? and
4.4 kW/m? were negligible above a vapour quality of y = 0.15. These observations suggest forced

convection was the dominant flow boiling mechanism.

Heat flux affected the heat transfer coefficients at various rotations differently, depending on the main
mechanism of boiling. As mentioned earlier, two flow mechanisms were observed: nucleate-
dominated flow boiling and forced convection dominated flow boiling. The 8 = 0° and 180° cases
experienced increases in the local heat transfer coefficient as heat flux increased, indicative of
nucleate-dominated boiling. The 8 = 60° case had little change in the heat transfer coefficients as heat
flux increased, indicating forced convection boiling. The 8 = 90° case experienced decreases in the

local heat transfer coefficient as the heat flux increased, indicative of forced convection boiling.

The 8 = 0° case was influenced by a combination of forced convection and nucleation boiling. The
influence of the nucleate boiling mechanism, however, was dominant when considering the heat flux

and vapour quality effects. The 8 = 180° case only experienced nucleate boiling as a mechanism.

The findings for 8 = 60° and 90° were not as expected. Previously, the local heat transfer coefficient
seemed to be nucleate boiling dominated, as a significant decrease in the heat transfer coefficient was
observed with an increase in vapour quality. The 8 = 60° and 90° cases have a combination of nucleate

boiling and forced convection dominated mechanisms.

At a rotation of 8 = 30°, the location of the most upstream nucleation site’s location was affected by
the combination of heat flux and mass flux, which is consistent with the observations from section
6.5.1. A second nucleation site was observed downstream the first nucleation site. While the
experiments were conducted, it was not known if the presence of the second nucleation site was due
to a containment, an imperfection on the microchannel’s surface or bubble dynamic behaviour. An
attempt was made to clear the channel in case it was a contaminant, after which, the nucleation site
reformed at the same location. In the post-experiment analysis, it was found that the second
nucleation site did not change location as heat flux changed, indicating that it was the result of a
contaminant rather than flow behaviour. The attempt to clear the channel of debris must have been

unsuccessful.

Identifying the nucleation site as being a contaminant could have been achieved by removing the

channel, a swapping the inlet in the outlet location (reversing the flow direction through the channel).
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This was not done because the channels used in this study had thin walls and were incredibly easy to
break. Reorienting the entire setup was also not easy to do and the priority was put on keeping the
orientation and inclination of the test section consistent for all single-phase and two-phase

experiments at the rotation of 8 = 30°.

From the analysis it was concluded that the second nucleation site was not a flow phenomenon but
rather a contaminant in the flow passage. This observation does suggest that nucleation sites in this
micro passage can be created by simply placing a surface structure or contaminant at various points

along the heated length and have the heat transfer coefficient enhanced in this way.

As previously discussed, a nucleation site produces a significant increase in the local heat transfer
coefficient as the bubble motion is expected to create secondary liquid motion towards the heated
surface. Both nucleation sites would influence the heat transfer coefficient. At 8 = 30°, heating
occurred mainly from below, allowing any intense bubble growth with detached to move off the

heated surface.

The effect of the second nucleation site was investigated at three mass fluxes (G = 10, 20 and
40 kg/m?s) and various heat fluxes. Each test case is presented with a high-speed image and a plot of
heat transfer coefficients at various heat fluxes. The high-speed image is a representation of the
typical secondary nucleation site with bubble growth and detachment. The X-axis represents the
distance from the inlet, in millimetres, rather than vapour quality. This is necessary to demonstrate

the effect of the second nucleation site.

As shown in Figure 43, an increase in the heat flux resulted in a decrease in the heat transfer coefficient
between the inlet and 20 mm from the inlet. The heat transfer coefficients were approximately the
same at all heat fluxes between 20 mm from the inlet and the outlet. At the maximum heat flux of
6 kW/m?, a localised increase in the heat transfer coefficient was found at the second nucleation site.
This increase was attributed to the bubble detachment and growth from this second site. At the
second nucleation site and a heat flux of 6 kW/m?, a heat transfer coefficient of 137 W/m?K was
measured, which was 69% higher than the other heat fluxes. This increase suggests that when a
significant nucleation site is present, nucleate boiling becomes the dominant heat transfer mechanism
in this region. Forced convection dominated boiling was observed at all locations except the second

nucleation site, for a heat flux of 6 kW/m?2.
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Figure 43: Local heat transfer coefficients at a rotation of 6 = 30° with two nucleation sites at a mass flux of 10 kg/m?s

From Figure 44, the heat transfer coefficient at the second nucleation site decreased with an increase
in the heat flux. The heat transfer coefficients were not impacted by changes in the heat flux in the
single-phase region up to 10 mm from the inlet. A drop of up to 30% in the heat transfer coefficient
was found beyond the first nucleation site. Bubble confinement resulted in the heat transfer
coefficient produced by the lowest heat flux (5 kW/m?) being 44% higher than that of the highest heat

flux (8 kW/m?) at the first nucleation site.
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Figure 44: Local heat transfer coefficient at a rotation of 6 = 30° with two nucleation sites at a mass flux of 20 kg/m?s
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At the second nucleation site, an increase in the heat flux from 5 kW/m? to 8 kW/m? decreased the
local maximum heat transfer coefficient produced from 942 W/m?K to 410 W/m?2K. The lowest heat
flux produced a heat transfer coefficient 130% higher than the highest heat flux, indicating forced
convection dominated boiling. The forced convection behaviour was attributed to the large vapour
quality resulting in a relatively shorter distance for the bubble to move before reaching the vapour
slug. The shorter distance resulted in relatively minor secondary liquid motion from the surface.

Forced convection dominated boiling was observed at all axial locations.
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Figure 45: Local heat transfer coefficient at a rotation of 6 = 30° with two nucleation sites at a mass flux of 40 kg/m?s

The effect of heat flux was more challenging to identify at a mass flux of 40 kg/m?s, with four regions
producing different heat flux dependencies, as is shown in Figure 45. The first region was less than
20 mm from the inlet; here, a nucleation site was found with bubble growth and detachment. In this
first region, nucleate boiling dominated, with an increase the heat transfer coefficient as heat flux
increased. The second region was between 20 mm and 50 mm from inlet. No clear relationship was
observed here between the heat transfer coefficient and heat flux. The lack of a relationship indicates

that forced convection dominated the boiling.

The third region, between 50 mm and 63 mm from the inlet (before the second nucleation site), had
the lowest heat flux (9.6 kW/m?) produce the highest heat transfer coefficient. 9.6 kW/m? produced
a heat transfer coefficient that was 28% higher than those of the heat fluxes 10.3 kW/m?, 11.3 kW/m?
and 11.6 kW/m?2. A heat flux dependence indicated forced convection as the dominant mechanism. In

the final region, between 63 mm from the inlet and the outlet, the second nucleation site was found.
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The heat transfer coefficients here were approximately the same at all heat fluxes, indicating forced

convection dominated boiling.

The effect of a second nucleation on the heat transfer coefficient in this section has shown that
ensuring unintentionally placed microstructures, such as contaminants, are removed from the channel
is paramount. The heat transfer coefficient at a rotation of 8 = 30°, and with a second nucleation site,
was affected by an increase in heat flux. Forced convection was the dominant heat transfer
mechanism at a mass flux of 10 kg/m?s; the second nucleation only produced an increase in the heat
transfer coefficient at the highest heat flux. Forced convection was the dominant boiling mechanism.
This was evident in a decrease in the heat transfer coefficient both before the second nucleation site
and at the second nucleation site, with an increase in heat flux at a mass flux of 20 kg/m3s. A
complicated relationship with both boiling mechanisms dominant in certain regions of the channel
was found at a mass flux of 40 kg/m?s. The 8 = 30° case was generally dominated by forced convection

boiling.

6.7 Pressure drop

Pressure drop was not the primary focus of this study. This study specifically investigated the effect
of rotation, mass flux and heat flux on the heat transfer coefficient. A brief discussion on the total

pressure drop is presented in this section.

The total pressure drop was a summation of many components, including frictional pressure drop,
momentum pressure drop and hydrostatic head. In this experimental study, the system was horizontal
for all tests. The pressure drop due to hydrostatic head was assumed to be negligible. The pressure

drop reported, comprised mainly of frictional and momentum pressure drops.

The total pressure drop reported used the outlet as the reference. A positive total pressure drop
indicated that the pressure at the outlet was higher than the pressure at the inlet. A negative pressure
drop indicated that the pressure at the inlet was higher than the pressure at the outlet. The pressure

measurements used were time averaged at the inlet and outlet and across experimental repetitions.
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Figure 46: Total pressure drop at rotations of 8 = 0°, 30°, 60°, 90° and 180°

From Figure 46, the total pressure drop is shown to be affected by rotation at the heat flux and mass
flux combinations presented. Total pressure drop was found to decrease from a rotation of 8§ = 0° to
180° at mass fluxes of 10 kg/m?s and 20 kg/m?2s. At a mass flux of 40 kg/m?s, no clear effect of rotation
was observed. The highest total pressure drop at most rotations — positive for 0°, 30°, 60°, 90° and
negative for 180° — occurred at a mass flux of 20 kg/m?s. These results indicated that a large positive
total pressure drop was dominated by the momentum pressure drop, whereas a large negative total

pressure drop was dominated by the frictional pressure drop.

The negative total pressure drops experienced in the 8 = 180° case indicate that the frictional pressure
drop was much larger at this rotation than at the other rotations. It is posited that in the other
rotations, vapour was generally located far from the heated surface, producing larger vapour
velocities, and increasing the momentum pressure drop. The vapour moved faster when it was farther
from the heated surface, yielding a smaller drop in frictional pressure. By contrast, in the 8 = 180° case
the heated vapour was on the top surface, causing constant friction between the fast-moving vapour
and the heated surface. It seems likely that flow instability might also play a role in this finding, with
reverse flow and vapour motion towards the outlet. This would result in increased pressure at the
inlet and decreased pressure at the outlet, producing large negative pressure drop readings. Pressure

instability fell outside the scope of this study.

6.8 Chapter summary

In this chapter, validation of the experimental setup and data reduction method was shown to
produce accurate results, which were congruent with literature. Heat transfer coefficients were

calculated locally. The effect of rotation and heat flux were found to be significant due to their effects
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on the location of bubble nucleation and growth and the presence of bubble detachment. The 6 = 0°
case produced the highest heat transfer coefficients at most combinations of mass flux and heat flux.
The 6 = 180° case was nucleate boiling dominated. The 8 = 0°, 60° and 90° cases were dominated by

both nucleate boiling and forced convection. The 8 = 30° case was dominated by forced convection.
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7. Conclusion

Experimental studies on the effect of gravitational orientation on flow-boiling in microchannels have
shown that the largest difference in local heat transfer coefficient between top- and bottom-heated
channel occurs on the section of the heated surface that experiences bubble nucleation and departure

[44, 213].

Few studies have investigated rotational effects experimentally and none has been conducted in
microchannels with one-sided heating with a high aspect ratio at intermediary rotations, which is
relevant to non-stationary electronic components and equipment that do not have a fixed
gravitational orientation. These influences have not yet been investigated specifically for FC-72, which

is a suitable fluid for electronic cooling.

The purpose of this study was to increase this breadth of knowledge in the literature by producing
heat transfer coefficient data for FC-72 in a single horizontal microchannel with a high aspect ratio,
heated on one side at rotations between bottom and top heated. This data is necessary in electronic
cooling applications where the orientation can be chosen e.g., server rooms or is not fixed, e.g., laptop

computers as well as manned and unmanned aircraft.

The experimental facility used in this study was a modified version of the decommissioned
experimental setup from the University of Edinburgh, allowing for rotational and inclination
orientations to be altered. The once through system used flow boiling of FC-72 in a microchannel
which had a visually transparent layer of Tantalum applied, facilitating single-sided heating to occur.
Infrared thermography was used to measure temporal variations of the heated surface temperatures

in the axial and transverse direction to be captured.

Heat transfer analysis of the rotational experiments is discussed in chapter 6. In this chapter the
validation of the experiment setups and data reduction process is shown to produce accurate results
with good agreement with literature. 8 = 30°, 60° and 90° were found to have significant asymmetric
surface temperature gradients which could result in warping of electronic components. 8 = 0° and
180° had symmetric thermal gradients with a lower risk of electronic component warping due to
thermal gradients than 8 = 30°, 60° and 90°.The heat transfer coefficients were calculated locally with
the effect of rotation and heat flux found to be significant due to their effects on the location of bubble

nucleation, growth and presence of bubble detachment. 8 = 0° was found to produce the highest heat
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transfer coefficients at most mass flux and heat flux combinations. 8 = 0° and 180° were nucleate
boiling dominated with increases in heat flux producing increases in the heat transfer coefficient; also,
an increase in the local vapour quality resulted in a decrease in the heat transfer coefficient. 8 = 30°,
60° and 90° are forced convection dominated with a decrease in the heat transfer coefficient as heat
flux increase and no clear nucleation site; also, it is observed that an increase in local vapour quality
produces a decrease in the heat transfer coefficient. The optimal channel was found to be 8 = 0° with

the lowest cross-sectional temperature gradients and the highest heat transfer coefficient in all cases.
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Appendix A: Data interpretation code

The code use to interpret the local heat transfer coefficients; local vapour quality; local fluid
temperature, heat flux and many other parameters was calculated using a MATLAB code. This code is

presented below.

for © = 1:3
single phase
wvoltage input
Empere inpu

“
1w
in

oot
w

H
It
1}

]
1]
[EET | IS P SV [ IS B S B

= streoat(str_base num);
STI_OUTPUt = sSTtroat(str_base,output):
folder name = uigetdir(str);

heat_loss_a_|
heat loss_b
heat_loss_a_ 82;

heat loss_c_ 1 0.0662;

y
]
Wom
H
i
i
il
o

D-IMI
oo
I

[ ]
[T

I
[

H|H [

e
[

Figure 47: Data interpretation code page 1
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dy= vz l-yv r ul;
mu=-1%(y 1 u-yv_r ul/d len;
m_1 -l*(y_ 1 _l-v_r 1}/d_len;
for p = 1:d len
y_zip) = mu*{p-li+y_1 u;
if roundi{y uipl}l<y_uip)
¥ ui{pl = round(y uip}l+l;
elses
¥ uipl = round(y uipll;
end
v _1lipl = m 1% {p-1}+¥_ 1 1;
if round{y_lip}l>v_lip)
¥ _1l{p) = round(y 1l({p}}-1;
sls=
v_1l{p) = round(y¥_l(p}};
end
end
¥y uil};
¥_ulend);
¥ _1{l};
¥_liend);
for v = 1l:d y
for = = 1:{d len)
x_position_temply,x) = =t=x_l-1;
¥ _posiition temply,x) = v ulx)+y;
end
end

save file name
#place To sStart
®str = input({'direct

remembesr to add V after last w
where

%choose folder by cli

% create a i array with all the information form the wvarious

% files that are pr =2d by the infrared ca
files=dir(fullfile(folder name,"*.mat'));
%files=dir(fullfile(folder_name, 'Snap*.mat"})};

count = 0;

for i = l:length(files)
fdetermine the average surface temperaturs between the widchs

nd
%finish and put it in a matrix

$create location by joining the two strings
i ation = strjoini{{str,files{i} .name});
c jeen two joined strings
on = regexprep(full location,” ",'');

Figure 48: Data interpretation code page 2
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%1load the

if i == 1

[%,¥] = size(Frame);

temp matrix = zerosid_wy,d_len);
end
for = 1l:{d v}

4
for 1 =1:i{d_len)
temp_matrix{k,l} =
Frame (y_posiition_tempik,l),x_position_temp(k,l))+temp _matrixik,1l);
and

end
count = count +1;
#max surface temp valus transisntly
max_surface_temp walue trans(i) = max(max(Frame)});
delta_surface_time = &0/length(files);
surface temp_time (i) = delta_surface_time®i;

Fmax surface temp 1
[Fx,Fv] = size (temp

max_Frame temp = max{max(temp matrix]);
for i1 = 1l:Fx

location num = 0;
or k = 1l:Fy
if max_Frame_temp == temp matrix(j,k)
location _num = location num +1
location max_surf temp{i,location num} =
{j/Fxz) *heated length mm;
=nd

end

adj_temp = temp_matrix/count;

_ n{{str,save_file name});
le _name = regexprep{full file name, ' ",'");

¥save to Excel .xls format file
csywrite (full_file_ name, adj_temp):

o
oo

end
R

Figure 49: Data interpretation code page 3
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%secting up standard expsrimental setup

% full matrizx has all the wari
% computation. First c
% are the inlet and outl

wvalues reguired for the heat transfsr
mn is the me matrix. Second and thrid coloum
respectively.

Fourth coloumn is

2T Lemperatu

& average o=

perature in the channel assuming 2 linsar incresass in
% temperature through channel CHEARNGE THIS WHEN USIHG FC-72. Fifth column
% the averages surface tempsaturs measured by the infrarsed camsra. this

% does not = save the heat transfer cosfficients in an ousput file

%#this code produces graphs of imlet/outlet pressure and transient heat

fctrasnfer ficient. It alsc produces mass flow rate, max sxpected temp

#change, actual temp changs, mass flux, average hesat transfer
coefficient,

%heat flux

Rget the time step size and freguency of the sguipmsnt
display('standard settings")

delta t temp_pressure = 0.01;
channel depth_mm = 0.5;
channel width mm = &;
length of experiment_s = &0;
h_fg_Jkg = 88000;

iR
%add input numbers
%standard experiment = input{'is this a standard experiment 0 = yes; 1=
no: "};
standard experiment = 0;
if standard experiment == 1
delta_t_temp pressure = input('What was the period (1/f) for temp and
pressurs: '};
channel depth mm = input{'Depth of channel in mm: '};
channel width mm = input({'Width of channel in mm: '};
length of experiment s = input('length of time of experiment in s:
"1i
h fg Jkg = input('normally 22000J/kg: "};
=nd

%input heat
ginput W = woltage input V* (Ampere input_mR/1000); %W

fmass flux To mass £low rate

volumetric flow rate m3s = wolumetric flow rate m3s/3600; %ml/s
volumetric_flow_rate mds = wvolumetric flow rate m3s/l000; %L/s
volumetric_flow rate m3s = wvolumetric flow rate m3s/1000; %m3/s
cross_secticnal_area m2 = channel depth mm*channel width _mm/l000/1000;

im2
channel length m = heated_length mm/1000; %m

L3

Figure 50: Data interpretation code page 4
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#find temperaturs an
%place to start lookin

STE_Temppres;
: regexprep{file destination,' ',"");
¥l=dlmread(file destination); %load

resonakle nams for the data

temp C = K1(:,[2,3]1};
atm temp_C = ¥1{:,4};

of full matri= from thermocouples

total_devisions = time (end) f{delta_t_ temp pressure);
= delta_ t_temp pressure;

= IR start;
temppers_start;

2 =

t_IR = datevec(tl);
t_temp = datevec{tl);

delta t = 100% (etime{t_IR,t_temp)};
delta t_end = delta t+({length_of_experiment_s*100};

pres_kPa = Xl (delta t:delta t_end, [6,7]);
time_ave _matrix{l,l} = mean{cemp Cidelta t:delta_t_end,l}};

e_ave_matrix{l,2} = mean{temp C{delta_t:delta_t_end,2}};
time awve matri={l,3} = mean{atm temp_ C(delta_ t:-delta t_end,1l}};

¥bluk fluid te
cpl JkgC_bulk=

1014+ (1._544*{{time_ave matrix(l 1)+time awve matrix(l, 2)})/2)}; %barber

%p _FC72_kgmd_sat = 1740-
iz(1l,l)+cime_ave matrix(l,2))}/s2)}; %barber
1740- (2 _6l*time ave matrix(l,1l}); %barber

= time_ awve matrix(l, Z}-time ave matrix{l 1};

mass_flow_rate_kgs = volumetric flow_rate mi3s*p FCT72Z_kgm3_sp; %*kg/s
2%

#find surface tempearture matrix originally exported at the beginning
¥this code

timport surface tempreaturs matrix

str_IR = strcati{str, 'IRRVE csv'}
surface_temp_ walues = csvread{str_IR);

Figure 51: Data interpretation code page 5
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[¥s,x5] = sizeisurface_temp walues}):

2IE averaged I
IR ave_y = zeros(l,xs};
Delta T max min cross = zeros(l,xs);
for i = 1l:=xs
for j = 1l:ys
IR _ave_y(l,i} = surface temp wvalues(j,i)}+IR ave_vw(l,i);
Delta T max _min cross{l,i} = max{surface temp walues(:,i}))-
min(surface temp walues(:,i}}:
and

and

incre_¥s = channel width_mm/¥s;
¥_position(l) = incre_ wys/2;
for 1 = Z:ys
y_position(i) = y_position{i-l}+incre_ys;

Raverage heat transfer cosfficisnt

IR awve y = IR _ave y/vs;

IR ave_v x = mean{IR ave_y

[IR ¥, IR x] = size (IR awve
s

I
¥l
heat_absorbed_single_pha =

; mass_flow_rate kgs* (time_ave matrix(l,2)-
time ave matrix(l,l))*cpl_JkgC bulk;

act_temp = IR_ave_y;

for i = 1l:length{IR_ave_y)
if i<l0
IR ave_y({i) = IR _ave w{il;
elseif i>=10 && i< (length(IR ave_v)-10)
IR ave_y({i) = (sum(IR_ave y(i-5:({i+8)}}}1/1L;
and

ined interms of surf
coeffiacient along

if single_phase ==
display(" "I
displayi(" t calibration')
displayi(": ut W')
display(ginput_W}
display( "absorkbed W")
displayiheat_absorbed_single phase)
display( 'atmospheric tcemp')
displayitime_awve matriz{l,3})
display('surface temp")
displayimean (mean(surface temp wvalues))}
display("average outlet tempaturs")

Figure 52: Data interpretation code page 6
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display(((mean{temp_C(:,Z))-mean(temp_C(:,1)}) /2] +mean(semp_C{:,1}])
stop

ginput_W_local = ginput W/ {xs);
= time_ave matrix(l,l):
q_absorb(l) = 0;

g cum = 0;

j=1:

cpl JkgC bulk({l} = 1014+{1.544%(
_local{l) = 1014+{l.544%

ime_awve matriz{l, 1}
ix{l,1

TilmE_ave_mat

kgm3d_spi{l}) = 1740-{Z_6l%*cime awve matrix(l,1l)};
owW_rate_kgs_bulk(l)

a i

3_sp(l);
for i = 1:IR =x

if £& g cum<=heat absorbed single phase
1 JkgC_localii-l) = 1014+{1.544*T_local(i-1}}:
T local(i} T local (i-1}+({g_absorb{i-1))/{cpl_ JkgC_ local {(i-
l)*mass_flow_rate_kgs_bulk{i-1)));
elss
T localli) = time_ave matrix(l,Z);
end
if 1 ==
T_local{i} = time_ ave matrix{l, 1};
end
if T local{i} »>= time_ave matrix{l, 6 Z}
T locali{i} = time_ave matrix({l,Z);
end

DT acm{i) = IR _ave y{l,il-time awve matrizil,3);

g_loss (i) =
{{heat_loss_a p*(D_T_atm({i)}“heat_loss_b p)l/{xs})+{((heat_loss_a 1*D T atm(i)
}theas loss_c_ 1) /=s);

g_absorkb (i) = ginput_W_local-g_loss(i};

h local{i) =
g_absork (i) /(D T _htl{i)*(channel width mm*heated length_mm/1000/10

x_position local (i) = ({i/IR x)*heated length mm;

FIR x});

p_FC72_kgm3 bulk(i) = 1740-(2_el*T_locallil});
mass_flow_rate_kgs_bulk(

-

volumetric flow_rate mi3s*p FC72 kgmd_bulk(i);

x_local{i) = (g_cum-
heat_absorbed single_phase)/(mass_flow rate_kgs_bulkii)*h_f£fg_ Jkg);
cal{i} = 0.06-0.00011*T local {i};

'4TLchannel_wid:h_mnflJEC'
+{channel depth_mm/10

h_local{i)*{
width_mm/100

* (channel depth mm/1000}} /(2% {{channel_
11}k _localii);

ufi)} =
mass_flow_rate_kgs_bulki{i}/((channel width mm/1000}* (channel depth mm/1000]}*p
CT2_kgm3_bulk(i}l;
Ri al{i) =
(5. 8L*(1/{{IR_ave w{l,i}+T local{i)}/2})* (IR _ave w(l,i)-

Figure 53: Data interpretation code page 7
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I _local{i))*{(2*(channel_ widch_mm/100 1/ ({{channel_w

idth_mm,/1000} + (channel depth_mm/1000

c:abs_tp_x [ = q:absar'::. (i)s

IR ave_vwi(l,i);
H_ [q_cu.m—

heat absorbed single phase)/(mass flow _rate kgs _bulk(i)*h fg Jkgl:

if 3 ==

x_start = =_position_local{i);
and
i = j+1;

kE local{i) = 0.06-0.00011*T local{il;

Nu_'_ cal{i) =
h_local{i)*{{4* (channel width_mm/1000}* (channel depth_mm/1000}}/ (2% {{channel
width_mm/1000}+ (channel depth_mm/1000}}))/k_loecaliil;

if T local{il==time_ ave matriz(l,
h_awve sum tp = sumi{h local tp)/lengthih _local_ tp):
h_awe = sumig_abs_tp_x)/(imean{I_loc_tp)-
time_awve matrix(l,2))*{{2* (channel width_mmt+channel depth mm))}* (heated length
_mm-x_start) /1000/1000));
heat_flux_abscrbed tp =
sum(g_absorb}/{(channel widch_mm* {heated_ length mm-x_startc)/1000/1000));
end
end

time_ave matrix{l,4) = mean{mean(surface temp wvaluss));

Rdconstants for heat transfer co an
mass_flux = mass_flow_rate 25

_sectiomal_area m2; Tkg/m

for temperature and plotting
emp_pressure) *length of_ sxpesriment_s)

pressure in{i 1} = pr

pressure_out{i,l} =p

D_pressure(i,l) = pre
end

actual_ temp change mean = time_ave matrix{l, 2}-time awve matriz(l,1);
heat_flux_applied =

ginput_W/ {channel width mm*heated length mm/1000/1000);:
heat_flux_ abscorkbed =

sum(g_absorb} / (channel width mm*heated length mm/1000/1000);

®x_exitc = (sumig_absorb)-
heat_absorbed single_phase) /(mass_flow_rate kgsiend) *h_fg_ Jkgl:

pixel size = (heated length mm*channel width_mm] / (zs*ys) ;
beep

i

Figure 54: Data interpretation code page 8
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= streoat|
= =trcat|
= streoat|
streoat (str_output,
= strcat(str output,
= strcocatis output,
= streoac| output,
= strcat(str_output, "h_
= STroat(str_output,

= strcat(str_cutput,

= STrCat(sStr_outpus,

= strcat(str_cutput,

= STrCat(sStr_outpus,

= strecat(str_output,
STrCat (STr_outpus,
streat (str_outputs,
STrCat (STr_outpus,
streat (str_outputs,
streoat (str_outpus,
streoat (str_output,
STrCat (STr_outpus,
streoat (str_output,
STrCat (STr_outpus,
streoat (str_output,
= STrCat(sStr_outpus,

str_save file

str_save_file
str_save_file
str_save fi
str_save_£i
str_save_ fil
str_save_£il
str_save f£i
str_save_£i
str_save_£il
str_sawve_£fil
str_save_f£i
str_save_f£fil
str_save_£il
str_save fi
str_save_f£i
str_save_ fil

e =]

1oL

LY

S I PR I SO PR B
[

L]

|

b= S = o S F ]

L]
W
]

str_save fil
str_save_£i
str_save_f£i
str_save_file
str_save_£il
str_save f£i
str_save_file

i

v
[T T S T 5 O T 5 R R

L
11
L}

"

i
|
n

LEL I SR U B e = ]
1

csvwrite (str_save_file €,= position 1
csvwrite(str_sawve_ file 7,Delta T ma= min cross}
csvwrite (str_save_file 8,h locall

csvwrite (str_sawve_file 9, D pressure]
csvwrite(str_save_file 12,x local}
csvwrite(str_sawve_file 17, pressure_in)
csvwrite(str_save_file l8,pressure_out)

csvwrite (str_sawve_ file 13 max surface temp walue trans)

h = figureil);
hold on
subplot {2, 2

2f experimsnt (s)')

Figure 55: Data interpretation code page 9
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title{'absorbed wattage")

®xlakel {'Time since start of experimsnt (=) ')
vlabel {('abscrk W')

grid on

saveas (h, str_sawve_file_ 1]

hold off

h=figure(2);

hold on

subplot(2,2,1]

plot{x position local,T_local)

grid on

itle{'T local")

xlabel {'distance down the channel in mm')
wlabel {('"T local C')

subplot(2,62,2)
plot{x_position local, IR awve_¥y)

grid on
itle{'IR =
zlabel ('dis
ylakel {"IR temp
subplot(2,2,3]
plot{x_position local, D T ht)

grid on

citle{'OT"}

zlabel ('d ance down the channel in mm')
¥lakel {("DT in C")

subplot (2,2, 4]

plot{x position local,h loecal)

title{'h local")

xlabkel {'distance down the channel in mm')
wvlabel {('"h local W/m2EK'}

grid on

saveas (h, str_save file 2)

hold off

channel in mm')

h = figurei(i);

hold on

title{'Transisnt 1 Inlet Data')
xlabel {"Tims 2f experimsnt (3] ')
wvlabel {'Pressure g in kFa'}

plot {time_plotting,pressure_in)

grid on
saveas (h,str_save_file_3)
hold off

mean_in = mean (pressure_in);
location_press_peak in = find{pressure_in>={mean_in+2Z));

peak in = [];
for i = l:length{location_press peak in)
peak in(i) = pressure_ in{location_press peak in(i))-mean_in;

ena

if lengthipeak_in)=0
max_in = max{peak_in):

Figure 56: Data interpretation code page 10
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mean_peak in = meanipeak in);
end

mean_out = mean{pressure_ocut);
location press _peak cut = findi{pressure out>=(mean ocut+2}};

peak out = [1;
for 1 = l:length{locaticn_press_peak out)

peak out(i) = pressure out{location_press_peak out{i})-mesan out;
=nd

if lengthipeak out)>0
max out = max{peak out);
mean_peak out = mean(peak out);
end

h = figure(d);
hold on
title{'Transi
xlabel {"Tir i
wlakel ('Pressure nge In kFa')
plot{time_plotting,pressure_out)
grid on

saveas (h, str_save file 4}

hold off

plot{time_plotting,D pressure)
grid on

grid on

saveas {(h,str_sawve file &)

hold off

plot{x posiction_local,h local, '."}
grid on
itle{'Heat transfer cosfficient at axial positions downstream of the

xlabel ("Distance
wlabel {"Local heat
saveas (h,str_sawve file_ 10}
hold off

h = figure(8);

plot{x posiction local,Delta T max min cross,'.')
grid on

title{'Delta T in a cross sectl
xlakel ("D nee from channel
vlabel ("max minus min temp in

Figure 57: Data interpretation code page 11
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saveas (h,str_sawve_file 11}
hold

E {2 local,h loeal,'.")

grid on

title({'Eeat transfer cosfficient at warious gualities')
zlabel {("gualicy'

vlabel {"local heat transfer coefficient (W/mKE) ")

saveas {(h, str_save_file_13)

hold off

figure(ld);
d on
6 {x_local, T local,'."}
le{'Local temperaturs vs guality check')
=label {"gualicy
wvlabel {"Local temperatursin
grid on

saveas (h,str_save_file_l4)
hold off

for i = 1:1040
loss_check(i) =
heat_loss_a p*{i~heat loss_b_pl+{heat_loss_a_ l1*i}+heat_loss_c_1;
temp_check(i) = i;

h = figure(ll);

1 on

(temp_check, loss_check,".")
le{'Eeat loss vs Termpat
xlabel ("Delta T')

vlabel {"heat loss W'}

grid on

saveas (h, str_sawve_file 15)

figure(ll);
d on
vy

xlabel ('t
grid on
saveas (h, str_save_file_ le)
hold off

d on
le{'Location
xlabel ('tims In

max surface temp measuremsnt’)

wvlabel {"location of max temp in mm from inlet')
saveas (h, str_save_file_20)
plot{surface_temp_time(l, :),location_max_ surf_temp(:,1l),'b."]

Figure 58: Data interpretation code page 12
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title{'Hus=s=l HNumber ws guality'})
=xlakel {"gual ]

vlabel {'Nusselt number local')
saveas (h,str_save file 22)
plot{x_local,Bu local, 'b."}

title{'Richardson Number vs guality')
mlabel {'gual ]

wvlakel {"Richardson number local')
saveas (h, str_save file 23]}

plot{x local,BRi local,'b."}

hold off

csvwrite (str_save file 24,Wu local}
csvwrite (str_save file 25,Ri locall
csvwrite(str_save file 21,location max_suri_ temp)

display(' ")

display(' "]

display(' ")

display(' ")

display('im tant output values'})
display('2 phase local heat transfer')
displayimean(h_local_tpl)

display('2 phase awverage h awverage in cross section

display(heat_flux absorbed tp)
display('DT_max')
display(max(Delta T max min_cross})

if ~isemptylipeak out)
display("Humkber of psaks out')
display(length{peak ocut))
display("Psak pressurs out')
displayimax_out)
display("Mean preassure peak above average')
displayimean peak out)

if lengthipeak_in)=0
display("Number of peaks in'}
display(length{peak
display("Psak pressurs in')
displayimax_in)
display("Mzan preassurs peak shove average')
displayimean peak in)

end

display|'heat flux applisd’
display(heat_flux applied)

Figure 59: Data interpretation code page 13
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display('ef wve heat flux')
display(heat_flux absorbed)
time_ave_matrix(l,Z}

str
% pause
%= close 211
if t ==
clear all
close all
cle
=lssif © ==I
clear all
close all
cle
=nd
besp
end
besp
toc

heat_flux absorbed

Figure 60: Data interpretation code page 14
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Appendix B: Averaging infrared temperature values over time

The surface temperature needs to be averaged across time due to the sampling rate of the infrared
camera being lower than the DAQ this is done by first getting the temperature gradient in time

between the two instances.

ﬂ _ 7_ws,h,n+1 - Ts,h,n (1)
At 2

. . L AT . .
This temperature gradient in time, v the subtraction of the average surface temperature at the
end of the time interval minus the average surface temperature at the start of the time interval divided

by 2.

The number of instances the DAQ took a set of measurements between each infrared image is
determined by dividing the frequency of the infrared camera with the frequency of the DAQ. This yield

the number of increments. Between each measurement.

finf
/) DAQ

Nine = (2)

Nipn¢ is the number of increments, ff, is the frequency of the infrared camera and fp,q is the
frequency of the data acquisition system. This is used to find how much of the temperature gradient

had been covered at the point where the next DAQ temperature measurement was taken.

AT AT 1 )
AtNy,, At Np.

The portion of the gradient that had been covered in each increment is determined using equation (3)

AT
AtNinc

with representing the temperature change in one increment. The temperature at an increment

i+1 is the sum of the temperature at the current increment and the change in the temperature for

each increment as shown in equation (4).

_ _ ) AT
Ts,h,n,i+1 = Ts,h,n,i L AtN;, . “
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Appendix C: Uncertainty propagation

Uncertainty in a measured quantity was due to many different sources depending on the value being
measured. Generally, the sources of uncertainty are generalised to be either biased errors or random

errors. In this study the biased errors have been minimised and assumed to be zero in many cases.

Random errors in the study lead to an uncertainty in the measurement and cannot be completely
nulled. This random uncertainty is represented either as o which is the relative uncertainty

represented with a % or as € which is the absolute error and has the same units as the measurement.

The relative uncertainty is a value that scales with the measured value which is useful when
representing quantities that are a function of many parameters, for example heat transfer coefficient.
Absolute uncertainty is useful when the uncertainty of a variable is constant and does not scale, for
example infrared temperature measurements which have a fixed uncertainty irrespective of the

temperatures being measured.

This study had several different variables that had components that were the sum or subtraction of
two or more parameters; products or quotient of two or more parameters or a combination of sum,

subtraction, product or quotient.

When a variable is a function of two summed or subtracted parameters the relative uncertainties are
summed using the root squared sum method. This case requires that the uncertainties used be the

absolute uncertainty of parameters.

f,y)=x+y (5)

€ = /ef + € (6)

Equation (5) shows that the variable, f (x, ), is a function of both x and y and that the two parameters
are summed. The absolute uncertainty of the function, €, is represented as the root squared sum of
the absolute uncertainties, €, and €,,, as shown in equation (). However, this absolute uncertainty is

often not what is of interest requiring the conversion between the absolute and relative uncertainty.

_ ¢
Ty

(7)
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In equation (7) the relative uncertainty of the function, oy, is calculated from the absolute uncertainty
by dividing the absolute uncertainty with the expected value of the function f(x,y). The reported

relative uncertainties are for the largest uncertainties.

When a variable is a product of two parameters the uncertainty is not defined using the absolute
uncertainties but rather their relative uncertainties. The same method is used as before when combing

the uncertainties by taking the root squared sum of the relative uncertainty.

f,y) =xy (8)

9
of = ’a,?+0§ ©)

Equation (8) shows that the function f is defined by the product of parameter x and y. The relative
uncertainty of f, o, is the root squared sum of the relative uncertainties of both parameters shown in

equation (9).

When defining the saturation temperature of FC-72 the temperature is a function of a logarithmic
expression. This results in the determining of the uncertainty of the function f with its parameters

inside a logarithmic function as shown in equation (10).

f(x) = log (x) (10)
of = oy logyo(e) (11)

In equation (11) the relative uncertainty of the function f is simply the product of the log of e and the

relative uncertainty of the parameter. This produces a relative uncertainty for the function.
Often more than one of these methods are required when determining the uncertainty of a variable

or parameter. This results in the uncertainty being calculated in several different ways to get the single

output uncertainty.
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Appendix D: Error propagation

In this appendix the error propagation for various measured and output parameters will be shown.
The first section will involve the measured quantities with their minimum and maximum, absolute,
and relative uncertainties. The equations from Appendix C will be used extensively in this section and

are referred to in each case.
Current and voltage

Current (I) and voltage (U) were measured using MASTECH® MS8239 multimeters which had
uncertainties of 1%+10 for the current (mA) and 0.5%+2 digits for the voltage (V). The first portion of
the absolute uncertainty €; was the error due to the 1% of the measured value taken at the reading
that would result in the minimum value. The second component of the absolute uncertainty €; was
from the two decimal places of each reading (0.01) and the 10-digit error. The current had a typical
reading with two decimal places and ranged from around 43.00 mA to 83.00 mA. The relative
uncertainty of current is determined using the total uncertainties from the percentage error and the

digits associated error:

€ (43-0.01) + (0.01 * 10)

Olmax = T 23 =+41.23% (12)
e (83:0.01)+(0.01 %10 13
Gt min = TI _( )83( ) _ +1.12% (13)

The maximum relative uncertainty was calculated to be +1.23% at 43 mA and the minimum was
calculated to be £1.12% at 83 mA. The minimum absolute uncertainty was +£0.53 mA from the 43 mA

reading and the maximum absolute uncertainty was +0.93 mA from the 83 mA reading.

Voltage readings ranged from 70 V to 135 V with uncertainty calculated as 0.5 of the measured value
and 2 digits added of the last decimal place which was tens for the voltage reading. The maximum and

minimum relative uncertainties are shown in equation 14 and 15.

ey (70-0.005) + (0.1 %2
Oymax =~ = ( )+ ) _ +0.79% (14)

70
150 - 0.005) + (0.1 % 2 15
ev_( )+ (0.1%2) 1 ooy (15)

Oumin = 77 150
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The maximum relative uncertainties was +0.79% from the 70 V reading and the minimum relative
uncertainty was +0.63% from 150 V reading. The absolute uncertainties were +0.55 V from the 70 V
reading and +0.15V from the 150 V reading.

Thermocouples

Absolute uncertainties from the temperature measurements were determined from the calibration
was t 0.14°C. The temperature of the fluid at the inlet and outlet was fixed for all experiments at
19.5°C at the inlet and 56.25°C at the outlet. The resulting relative uncertainty was +£0.71% at the inlet
and +0.25% at the outlet. The atmospheric temperature measurement had an absolute uncertainty
of £ 0.14°C and was approximately 24°C for all experiments with a corresponding relative uncertainty

of £ 0.58%.

Infrared Temperature

The infrared camera’s maximum absolute uncertainty was that specified by the supplier at +2°C.
Typical surface temperature measurements during two-phase experiments ranged from 40°C to 150°C
with corresponding relative uncertainties of +5% and +1.3%. The single-phase measured
temperatures ranged from 20°C to 70°C with corresponding relative uncertainties of +10% and

+2.9%.

Channel geometry
The channel’s geometry was measured using a Vernier calliper which had an absolute uncertainty of
+0.02 mm. Typical geometric sizes of the channel were: a width of 5 mm, height of 0.5 mm and heated

length of 80 mm. The corresponding relative uncertainties were + 0.4% for the width, + 4% for the

height and £ 0.025 % for the heated length.

In the rest of this section the relative uncertainty of the calculated outputs are shown.
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Heated surface area

The heated area was the product of the heated length (£ 0.025 %) and width (+ 0.4%) of the channel.

This resulted in a relative uncertainty of £0.4%. Calculated using equation 9 from Appendix C.
Cross-sectional area

The cross-sectional area was the product of the width (+ 0.4%) and the height (+ 4%) of the channel

which had an uncertainty of +4.02%. Calculated using equation 9 from Appendix C.
Environmental temperature difference

The environmental temperature was the difference in temperature between the heated surface and
the environment. The infrared camera’s relative uncertainties were between + 5% and + 1.3% and
the absolute uncertainty was + 2°C for the two-phase experiments with a maximum of £10% from
the single-phase experiments. The environmental temperature difference had an absolute uncertainty
of £0.14°C and a relative uncertainty of £ 0.58%. The absolute uncertainty of the environmental
temperature difference was calculated using equation 6 and was + 2.005°C. The relative uncertainty
was calculated using equation 9 and was calculated to be between £ 5.03% and + 1.4% for the two-

phase experiments and up to 10.02% in the single-phase experiments.
Absorbed heat

The amount of heat absorbed by the fluid was calculated as an energy balance between the applied

heat and the heat lost to the environment. As is shown below:

Q = Qap - Qloss (16)

The amount of heat applied (Qap) was a function of the voltage and current measurements while the

amount of heat lost (Q,,¢) Was a function of the temperature difference between the heated surface
and the environment and correlation from the single-phase testing. Starting with the amount of heat

applied, it was calculated using the following formula:

Qup=U-1 (17)
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The relative uncertainty of the voltage ranged from + 0.76% to + 0.63% and the current ranged from
+ 1.23% to + 1.12%. The relative uncertainty for the applied heat was calculated using equation 9 and
ranged from + 1.45% and + 1.29%.

The amount of heat lost to the environment was calculated form a power function fitted to

experimental single-phase data. The power function had a typical form of:

Qloss = a(AT)b (18)

“a” and “b” are coefficients, and the environmental temperature difference. Typical coefficient values
were 0.0193 for a and 1.2766 for b. The heat loss equation was only used for the two-phase
experiment and as a result only the heat loss in the two-phase region were calculated. The relative
uncertainties of the environmental temperature in the two-phase region ranged from + 5.03% to
+ 1.4%. calculating the relative uncertainty of the heat loss required the use of the following two

equations from Dunn [214]:

00 = Q" (\/ (b - O'AT)Z) (19)

onss = 0.0193(AT)12766 20)

The heat loss uncertainty was calculated to range from + 0.15% to &+ 0.03%. The R? of the fitted curve
was at most 0.9788 which a possible error of up to 2.12%. This needs to also be considered and was

incorporated using equation 9 to produce an actual relative uncertainty from + 2.13% and + 2.12%.
The resulting amount of heat absorbed in the two-phase region incorporated relative uncertainties of
the amount of heat absorbed (+ 1.45% and + 1.29%) and the amount of heat lost (+ 2.13% and
+ 2.12%). The relative uncertainty of the amount of heat absorbed was calculated using equation 9
to range from + 2.58% to + 2.48%.

Heat Flux

The heat flux was calculated using the absorbed heat and the surface area:

(21)

P
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The relative uncertainty of the absorbed heated ranged from + 2.58% to + 2.48% and the heated

surface area was fixed at + 0.4%. The relative error of the heat flux ranged from + 2.6% to 2.5%.

Mass flow rate

The mass flow rate was calculated as follows:

m="Vp (22)

In the equation above the Volumetric flow rate was fixed and specified by the syringe pump which

had an uncertainty of 1%. The density was calculated using an equation from the manufacture 3M:

p=1700 — 2.61T (23)

The mass flow rate was calculated at the inlet and was assumed to be constant throughout the
channel. The temperature at the inlet had an uncertainty of + 0.71% with a coefficient of 2.61. This
meant that uncertainty was determined using the coefficient and the temperature’s uncertainty which
was calculated to be + 1.85%. From these calculations the mass flow rate had a fixed uncertainty of

+ 2.1%.

Single-phase fluid temperature

Single-phase fluid temperature were calculated using the following equation:

qWz

Ty = Tin +
b,z in m Cp

(24)

Where the temperature in each cell was based on the temperature entering the cell and the amount
of heat absorbed by the fluid. The amount of heat absorbed by the fluid was based on the absorbed
heat flux, distance across which heat was absorbed, the mass flow rate and the heat capacity of FC-

72. The heat capacity was calculated using an equation form 3M:

Cpy = 1010 + 1.554T (25)
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The relative uncertainty of the inlet temperature conditions was + 0.71% with the specific heat’s

relative uncertainty calculated to be + 1.1%.

The uncertainty of the amount of heat absorbed in each control volume was based on the relative
uncertainty of each of the 4 components and calculated using an extended form of equation 9. The
uncertainties for the heat flux ranged from + 2.6% to 2.5%, for the width was fixed at 4+ 0.4% and for
the mass flow rate was + 2.1%. The relative uncertainty of the amount of heat absorbed was between

+ 3.54% and + 3.47%.

The temperature at the inlet to the two-phase region was based on the inlet thermocouples
measurements which were an absolute uncertainty of + 0.14°C and relative uncertainty of + 0.71%.
This relative uncertainty of the local fluid temperature in the single-phase region was thus based on
amount of heat absorbed up to that point and the inlet fluid temperature measured by the inlet
thermocouple. This resulted in a local fluid temperature relative uncertainty between + 3.6% and

+ 3.54%.

Two-phase fluid temperature

The temperature of the fluid in the two-phase region was the same as that measured at the outlet.

This meant an absolute uncertainty of + 0.14°C and a relative uncertainty at the saturation

temperature 56.25°C of + 0.2%.

Interfacial wall to fluid temperature difference

The difference in temperature between the fluid was calculated as follows:

AT =T, —T, (26)

and the heated wall had different uncertainties in the single-phase and two-phase region. The wall
temperature uncertainty ranged from + 5% to + 1.3%. The fluids temperature uncertainty in the

single-phase region was between + 3.6% and + 3.54% and fixed at + 0.25% in the two-phase region.

The interfacial temperature difference uncertainty in the single-phase region ranged from + 6.2% to

3.8%. In the two-phase region the interfacial temperature difference ranged from + 5% to 1.32%.
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Heat transfer coefficient
The heat transfer coefficient was calculated as follows:

qz

Ay = ———F7—
“ (Ts,z - Tz)

(27)
The relative uncertainty of the absorbed heat flux ranged from + 2.6% to 2.5% and the temperature
difference between the heated wall the fluid’s temperature ranged from + 6.2% to 1.32%. The
resulting uncertainty of the heat transfer coefficient was from between + 6.7% to + 2.8%.

Vapour quality

The local vapour quality at the inlet was calculated using the following equation:

Tile (Tsat - Tin)

Xz=0 = — (28)

mhsg
Uncertainties of the specific heat was fixed at + 1.1%, the saturation temperature was + 0.25% and
the inlet temperature was 0.71%. The uncertainty was calculated using equation 6 and 9. The resulting

uncertainty of the inlet vapour quality was 1.33%. The local vapour quality was measured using the

following equation

Qnetz
Xz = Xz-Al + = - (29)
mhfg

In this equation the amount of heat absorbed, and mass flow rate are used to determine the amount
of heat absorbed up to that point. The relative uncertainty of the absorbed heat ranged from + 1.45%
and + 1.29%. Using an expanded form of equation 9 the resulting uncertainty of the local vapour

quality ranged from + 2.25% to 2.15%.

Mass flux

Mass flux was calculated using the following equation:

G =m/A, (30)
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The uncertainty of the mass flow rate was+ 2.1% and the cross-sectional area was + 4.02%. The

resulting relative uncertainty was 4.5%
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