HYDROPNEUMATIC
SEMI-ACTIVE SUSPENSION SYSTEM WITH
CONTINUOUSLY VARIABLE DAMPING

By

André Gerhard Vosloo

Submitted in partial fulfilment of the requirements for the degree

Master of Engineering
(Mechanical Engineering)

in the

Department of Mechanical and Aeronautical Engineering
Engineering, Built Environment and Information Technology

UNIVERSITY OF PRETORIA

-
\
~Y

Y &
OGS/\ ?,000 >
NaTym peR®

June 2019

© University of Pretoria



SUMMARY

HYDROPNEUMATIC SEMI-ACTIVE SUSPENSION SYSTEM
WITH CONTINUOUSLY VARIABLE DAMPING
By

André Gerhard Vosloo

Supervisor: Prof. P.S. Els
Department: Mechanical and Aeronautical Engineering, University of Pretoria
Degree: Master of Engineering (Mechanical Engineering)

Keywords: Semi-active suspension; Hydropneumatic; Variable damping; Skyhook control

A well-known challenge in vehicle dynamics is to design a vehicle that will not only keep the occupants
comfortable, but will also ensure safe and stable operation during various manoeuvres over multiple
driving surfaces. A soft and compliant suspension is generally required for good ride comfort, while a
stiff suspension with a low centre of mass is required for improved handling. These contradicting
factorsin the design process is commonly referred to as the ride comfort versus handling compromise.

A newly developed semi-active hydropneumatic suspension system is proposed to reduce or negate
this compromise by being able to change its characteristics according to the dynamic state of the
vehicle. The unit is equipped with two proportional solenoid valves that can provide continuously
variable damping. In addition, the valves are able to completely close off flow to compressible gas
volumes to provide four discrete stiffness characteristics.

This suspension system is based on a previously developed suspension that had only two state (open
or closed) valves, which provided discrete damping characteristics. A thorough investigation of the
older system proved that the system was capable of addressing the ride comfort versus handling
compromise. The purpose of this study was to investigate whether the updated design could deliver
improved performance and to recommend focus areas for future research initiatives.

The suspension system’s characteristics were determined experimentally by actuating the unit on a
test bench. Results indicated that the unit produced the desired stiffness, low damping and response
time characteristics. A mathematical model of the suspension unit was developed and validated
against experimental data. The model was used in single degree of freedom simulations to investigate
both passive and semi-active controlled performance. Results indicated that the suspension could be
semi-actively controlled for improve ride comfort. However, the magnitude of improvements with
semi-active control, which includes a suitable response time, proved to be rather insignificant
compared to the optimum passive suspension.

The findings proved that the suspension system was capable of successfully reducing the ride comfort
versus handling compromise. Compared to the previous model, it is expected to deliver improved ride
comfort and handling performance when implemented on the vehicle.
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Chapter 1:
INTRODUCTION

This chapter will provide the reader with background to the origin of the problem and why a solution
is required. The origins of the suspension system used in the study will briefly be mentioned, as it is
essentially a continuation of multiple other studies that form the basis of the design. Application of
similar systems in the industry will also be investigated. Furthermore, the chapter will provide the aim
and overview of the study.

1.1 Background

In vehicle dynamics, the suspension system plays the vital role of establishing the link between the
road (through the tyres) and the vehicle body. It not only has to manage the vertical dynamics, but
also the rotational (roll and pitch) dynamics induced by the driver and road interface. The fundamental
purpose of a vehicle’s suspension system can be narrowed down to two functions: first, to provide
handling or road-holding that allows the vehicle to be controlled in a safe and stable manner by the
driver and, secondly, to isolate the passengers from the road disturbances by providing ride comfort.
However, the design of a vehicle’s suspension system always involves a compromise between these
two functions. Designing for handling requires a stiffer suspension system with low suspension travel,
combined with a low vehicle body centre of gravity that will decrease body roll. On the other hand,
designing for ride comfort requires a compliant, soft suspension system with more suspension travel
that will be able to absorb the road disturbances.

Passive suspension systems, currently equipped on all lower-end passenger vehicles, have fixed
stiffness and damping characteristics that cannot be changed during operation. However, some
vehicles are used on vastly different terrain, ranging from smooth highways to rough cobblestone or
dirt roads. Furthermore, the vehicle could be carrying a load, which also drastically change the
optimum characteristics required. It is therefore a huge challenge to design a passive suspension
system for such a large operating range and the designer invariably has to make a trade-off by
sacrificing one or the other.

A simple example of this is a sports car that will handle well on smooth roads, but is very
uncomfortable on rough roads, compared to an off-road vehicle or SUV (sports utility vehicle) that is
much more comfortable on a rough road but lacks the handling and stability. Although sedan-type
passenger vehicles also sacrifice some handling and stability for comfort, SUVs, pickups and off-road
vehicles are most susceptible to the negative effects. This is because they are expected to travel at
highway speeds, but also have off-road capabilities where they will experience much rougher roads
requiring more suspension travel. Their higher centre-of-mass design make them prone to rollover,
which could lead to a fatal accident.

A passive suspension system is evidently not capable of achieving the desired combination of handling
and ride comfort characteristics and invariably leads to a compromise. However, controllable
suspension systems have the potential to reduce or eliminate this compromise. By using such a
suspension system, the spring and damper characteristics could be changed according to the type of
road the vehicle is travelling on, the load it is carrying or the dynamic state of the vehicle in order to
achieve improved handling and/or comfort.
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Controllable suspension systems can be classified according to energy requirements, response time
and the variability of its spring and damper characteristics. Various technologies have successfully
been incorporated in controllable suspension systems to achieve the variable spring and/or damper
characteristics. Each class and technology has specific benefits and drawbacks. For a comprehensive
presentation see Els (2006), Savaresi et al. (2010) and Guglielmino et al. (2008).

The proposed controllable suspension that forms the topic of this study, is a newly developed
prototype originating from the hydropneumatic 4-state semi-active suspension system, 4S, (Els,
2006). The 4S,, appropriately named, since it can provide two stiffness characteristics by selectively
blocking flow towards two independent accumulators, as well as two damping characteristics by
altering the flow path through or around a damper pack. The 4S5, was found to successfully reduce the
ride comfort versus handling compromise.

In an attempt to improve the 4S4, continuously variable damping was initially investigated through
the use of magneto-rheological (MR) fluid technology. Such a system uses an electromagnet to
generate a magnetic field, thereby greatly increasing the viscosity of the suspension fluid (now MR
fluid). Grobler (2016) investigated this proposition with a new design, referred to as the MR4S,, which
replaced the solenoid valves and damper packs with two MR valves controlling the flow to each of the
two accumulators. Heymans (2017) further optimised the valve and its design, which showed much
improvement and promise, but concluded that the system inherently lacked a few of the desired
qualities.

An alternative approach to incorporate continuously variable damping is used in the suspension
system that forms the topic of this study. This suspension, which is based on the 4S,, can be referred
to as the 4-state semi-active suspension system equipped with continuously variable damping
(4S4CVD). It makes use of proportional, bi-directional flow-control solenoid valves that can control the
flow to provide variable damping or completely block the flow to limit the amount of compressible
fluid or gas, resulting in a set of discrete spring characteristics. The 4S,CVD will be discussed further in
section 2.2.

This study does not include the design process of the 4S,CVD. It focus is on investigating the feasibility
of the 45,CVD by experimentally determining the suspension characteristics, developing a model and
using it in simulation to evaluate its potential performance.

1.2 Research objective

The purpose of this study is to investigate whether the newly developed prototype 4S,CVD could
effectively solve the ride comfort versus handling compromise. The vehicle for which it is ultimately
intended is a Land Rover Defender 110. Its performance should also be compared to the previous
solutions in order to evaluate if any improvements had been realised. In order to determine this, the
suspension system should be experimentally characterised. The data should then be used to develop
and validate a model that could be used in simulation to analyse the performance of the suspension
system, combined with a suitable control strategy. An accurate model would also be required as it
could be a powerful tool for use in future research initiatives investigating other aspects.

Since this is the first investigation into this prototype, the process will be kept as simple as possible
and as complicated as necessary. Consequently, the vertical dynamics would primarily be considered.
It should be noted that suspension characteristics also affect other ground-vehicle dynamics such as
roll, pitch and yaw and therefore complete suspension control would be a matter of global chassis
control improvement. These aspects are to be considered once the vertical dynamics have successfully
been analysed in order to justify further research.
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The study aims to conclude by providing a justified recommendation regarding the feasibility and
possible implementation of the suspension system based on the experimental and simulation results.
This would include comparing the newly developed prototype to previous versions to determine the
improvements, if any. Possible improvements, alternative solutions and areas that would require
further investigation should be proposed in order to support the continuation of the research.

1.3 Overview of study

This document is organised as follows:

Chapter 1: Introduction

This chapter provided background information to the problem and the suspension that form the topic
of the study. The research objective has been defined to help understand and guide research and
investigations throughout the study.

Chapter 2: Literature review

A thorough literature review of all relevant topics related to the study is presented to describe the
problem in detail, highlight challenges and formulate possible solutions. These topics include ride
comfort and handling, controllable suspension and its classification, hydropneumatic suspension
development at the University of Pretoria, suspension and vehicle modelling as well as suspension
control. The chapter will conclude with a detailed problem statement.

Chapter 3: Characterisation

In this chapter, the experimental setup used to characterise the suspension is presented, along with
the testing procedures, experimental results and extracted suspension characteristics. These
characteristics would include the spring, damper, response time, friction and flow-block ability.

Chapter 4: Suspension modelling

The extracted suspension characteristics and tests results are used to develop a mathematical model
of the suspension unit in this chapter. Each sub-system in the model is discussed and validated
according to experimental results. Possible suspension characteristics are presented and compared to
previous suspension systems.

Chapter 5: Simulation and control

In this chapter, the mathematical model of the suspension is used in simulation to analyse the
potential performance of the unit. The vehicle and suspension model used in simulations is discussed.
Passive and actively controlled ride comfort performance is evaluated and compared.

Chapter 6: Conclusions and recommendations

The final chapter concludes the overall study based on the results obtained. Recommendations
regarding the capabilities of the current suspension system and focus areas for future research and
investigations are discussed.

Department of Mechanical and Aeronautical Engineering 3|Page
Vehicle Dynamics Group

© University of Pretoria



Chapter 2:
LITERATURE REVIEW

This chapter provides a detailed review of relevant literature to fully comprehend and study the
problem the research aims to address. Literature required to reach the research objectives is also
identified and discussed.

2.1 Ride comfort versus handling

Ride comfort and handling were already briefly mentioned in section 1.1, where the requirements for
good ride comfort and those for handling were shown to be opposing design factors. Having a soft
suspension for good ride comfort versus a stiff suspension for handling, highlighted the fact that a
passive suspension system involves a compromise between ride comfort and handling. This section
aims to further investigate the ride comfort versus handling compromise and how it can be used to
evaluate the performance of the suspension system. These criteria also play a critical role in the
development of a control strategy for the suspension system to achieve the optimum characteristics.

2.1.1 Ride comfort

Ride comfort can refer to various factors which can cause discomfort to its occupants such as
vibrations, temperature, ergonomics, etc. In this study we consider the vibration based ride comfort.
This is predominantly associated with the vertical dynamics of the vehicle, which is caused by the road
disturbances exciting the vehicle. According to Gillespie (1992) vibrations ranging from 0-25Hz
determines the perceived vehicle ride, while higher frequency disturbances are classified as noise.
Ride comfort is fundamentally a description of how comfortable the occupants perceive the ride to
be. However, it may be difficult to quantify or compare these subjective perceptions. This is especially
challenging as the human body is known to be more sensitive to certain frequencies than to others.
Furthermore, other variables such as posture and demographics could also play a role in how
comfortable the occupant perceives the ride (British Standards Institution, 1987).

To objectively evaluate ride comfort, the vertical acceleration response of the vehicle subjected to a
disturbance is commonly used throughout literature. In simulation and experiments the input
disturbance can be a step or bump; a measured road, such as a Belgian paving; or even a frequency
sweep to expose the system to an entire range of frequencies (Savaresi et al., 2010). As the human
body is more sensitive to excitations at certain frequencies, a weighting function is applied. Ride
comfort is described as follows by Harty (2003): “Ride comfort is a frequency weighted measure of
vertical acceleration, together with subjective assessments of harshness over lateral features and
other secondary behaviours.”

There are a few methods to objectively evaluate ride comfort. However, a comparative study done by
Els (2005) concluded that any of the four methods considered by him could be used to objectively
determine ride comfort. This study will focus on the assessment of ride comfort according to the
British Standard BS 6841 (British Standards Institution, 1987). The method consists of measuring
vertical acceleration, applying a frequency weighting function and then calculating the root mean
square (RMS) value of the weighted accelerations. The frequency weighting function W, specified by
the BS 6841 for seated persons in the vertical direction, is illustrated in Figure 2.1. This weighting is
used by Paddan and Griffin (2002), who stated that maximum passenger discomfort occurs in the
frequency range from 4 to 8Hz. Knowledge of human response to different frequency vibrations would
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allow the designer to tune or control the suspension system for better ride comfort. After weighting
the vertical accelerations, the RMS is determined as in eq. (2-1).

(2-1)

where X represents the acceleration, N the total number of data points and n the data point number.
The weighted RMS of the acceleration, Xgps can then be used to determine the harshness of the ride,
or alternatively directly compared to data obtained at the same vehicle speed and road conditions in

another vehicle or suspension setting.
Frequency Weighting Function

[ Wh Filter

Weighting

L .. L L P
10’ 10° 10 10°

Frequency (Hz)
Figure 2.1: BS 6841 Frequency weighting

2.1.2 Handling

Handling is generally associated with the lateral, yaw and roll dynamics of the vehicle due to steering
inputs by the driver. According to Gillespie (1992), handling is associated with the cornering behaviour
of a vehicle and implies the responsiveness of a vehicle to driver input or ease of control.

Another property associated with handling in regard to suspension performance is the road-holding
capabilities of a vehicle. Road-holding refers to the ability of the vehicle, more specifically its tyres, to
keep contact with the road over uneven surfaces and during dynamic vehicle conditions. This is critical,
since the longitudinal and lateral forces the vehicle can generate is strongly related to the vertical
wheel load (Savaresi et al., 2010). Increased road-holding would therefore result in better overall grip
resulting in, among others, improved corning capabilities and stopping distance. Savaresi used tyre
deflection or the change in distance between the wheel and the ground to determine the ability of
road-holding or handling. The aim is therefore to not only keep the wheel in contact with the road,
but to also reduce the change in vertical load.

Although vehicle rollover, where a vehicle tips over onto its side or roof, could be related to handling,
it is not necessarily a property of a vehicle’s handling capability. Gillespie (1992) defines roll as a
function of roll stiffness, which is therefore also a function of suspension stiffness. Excess roll,
combined with a high centre of mass during lateral acceleration-generated manoeuvres, could lead to
rollover. Consequently, SUVs and off-road vehicles with high centres of gravity are prone to rollover
before the limits of tyre side force are generated. Rollover has a higher fatality rate than any other
type of vehicle accident. A mere 2.1% of all accidents in the USA in 2010 involved rollover, however,
rollover still accounted for 35% of fatalities from passenger-vehicle accidents (National Highway
Traffic Safety Administration, 2010). It is therefore paramount that rollover be prevented when
considering handling.
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Although ride comfort has been extensively researched, a single unambiguous method to objectify
handling performance is not as clear in the vehicle dynamics field. Handling tests can be divided into
two main categories: steady-state handling tests and dynamic handling tests, which are also referred
to as transient response tests (Els, 2006). A constant radius test is the most common steady-state
handling test. It compares lateral acceleration to steering angle while the vehicle gradually increases
speed while maintaining a constant radius turn (Gillespie, 1992). A severe double lane change
manoeuvre (International Organization for Standardization, 1999) is a commonly used dynamic
handling test. This test can either be performed closed loop, where the vehicle is corrected to stay on
a path; or open loop, where a prescribed steering angle versus time is applied. These steering inputs
can be manually applied or computer controlled.

A study conducted by Uys et al. (2006) investigated criteria for handling measurement in order to
determine switchover from a ride comfort suspension setting to a handling suspension setting. Their
results indicated that roll angle, lateral acceleration and yaw rate were interrelated for several of the
manoeuvers considered. They concluded that roll angle, within acceptable limits, was a suitable metric
to measure handling in order to determine the moment of switchover.

2.1.3 The ride comfort versus handling compromise

Section 1.1 discussed many of the well-known reasons that force engineers to compromise between
ride comfort and handling when designing vehicle suspensions. Characteristics required for good ride
comfort conflict with those required for good handling and stability. Optimum passive suspension
characteristics for ride comfort and handling were investigated on a landmine-protected vehicle (Els
and Van Niekerk, 1999) and a Land Rover Defender 110 (Els, 2006). Both studies highlighted that, for
all handling cases considered, much higher spring and damper characteristics were required, while all
the ride comfort cases considered required soft springs and low damping when compared to the
baseline vehicle. These optimum characteristics were used to successfully develop and implement a
hydropneumatic semi-active suspension system to effectively reduce the ride comfort versus handling
compromise (Els, 2006).

Savaresi et al. (2010) includes various studies which focused on finding the optimal performance of a
semi active suspension evaluated in terms of comfort and handling. In these studies a quarter-car
model (to be discussed in section 2.5) was used to analyse the effect damping has on the vertical
dynamics. Figure 2.2 shows the effect passive damping has on comfort and road-holding: The vehicle
chassis resonance can be noted at about 2Hz, while wheel resonance is around 13Hz. When
considering road to body height response, it is evident that, at the critical comfort perceiving
frequencies (4-10Hz), lower damping would improve ride comfort, however, at low frequencies (<2Hz)
high damping would actually be beneficial. The opposite is evident when considering road to tyre
deflection. At frequencies below 2Hz and above 13Hz, higher damping would provide better road-
holding, while low damping would actually provide better road-holding at the frequencies between
these parameters. It was concluded that there is a clear compromise between optimal road-holding
and ride comfort. Interestingly, it also shows that designing purely for ride comfort or road-holding
would also include a degree of compromise between the frequency ranges. The optimal damping is
therefore based on the road disturbance excitation which can either be biased towards ride comfort
or road holding.
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Figure 2.2: Frequency response of passive suspension (Savaresi et al., 2010)
Road to chassis displacement (left), Road to tyre displacement (right)

2.2 Hydropneumatic semi-active suspension development at
the University of Pretoria

The investigation into a new prototype suspension that is the topic of this study, is based on multiple
other prototypes and studies done at the University of Pretoria. In order to recognise where this
system aims to make advancements, the previous systems and their respective studies had to be
reviewed. As is commonly used in literature, suspension force resisting compression and relative
compressive displacement or velocity is considered negative and extension or rebound considered
positive. This convention is used throughout this report.

2.2.1 The 4-state semi-active suspension system (4S;)

The University of Pretoria initially developed a semi-active hydropneumatic suspension system with
the intent of solving the ride comfort versus handling compromise on a Land Rover Defender 110 (Els,
2006). Els identified the challenge and need for vehicles that offer good off-road capabilities (high
ground clearance, large suspension travel and soft springs), but also good handling and stability on
smooth roads at high speeds (low centre of gravity and stiff springs). The suspension system focused
on wheeled military vehicles and SUVs.

Els (2006) conducted full-vehicle model simulation and determined that, in order to eliminate the ride
comfort versus handling compromise, at least two discrete spring and two damper characteristics
were required: A stiff spring and high damping suspension for handling, or a soft spring and low
damping suspension for ride comfort. The suspension system developed by Els is appropriately called
the 4-state semi-active suspension system or simply 4S,, as it is capable of two discrete damping as
well as two stiffness characteristics, which can be combined to give four different states. The different
states is achieved by channelling the fluid flow through the various switching of solenoid valves, as
shown in Figure 2.3.

The 4S, design consisted of two pressurised accumulators (with floating pistons), with two state (open
or closed) solenoid spool valves that could block or open certain flow paths. With valve 3 opened, both
gas volumes could be compressed, which yielded low stiffness, while when closed, only accumulator
1 could be compressed resulting in higher stiffness. The damping states were controlled by having
bypass solenoid valves (valves 1 and 2) for each damper leading to the accumulators. With the bypass
valves opened, low damping was achieved, while when closed, the fluid was forced through the
damper pack resulting in high damping.
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Els (2006) characterised the 4S, on a hydraulic test bench, as shown in Figure 2.4. The spring
characteristics were extracted by slowly compressing the unit to negate any damping. Similarly, the
damping characteristics were extracted by actuating the unit with a constant velocity triangular
displacement wave input. The pressure drop over the damper and valve was then measured to derive
the force versus velocity characteristic.

To solve the ride comfort versus handling compromise, the 4S5, was designed with up to 300mm of
suspension travel configured with two modes or settings namely: ride comfort (low damping and a
soft spring) and handling (high damping and a harder spring). The valve response time, which
determined switching time between these modes, was between 40 and 100 milliseconds. Based on
optimisation (Uys et al., 2007) and design limitations, the 4S, had a combined accumulator volume of
0.5 for comfort mode or, by closing off flow to the large accumulator, 0.1l for handling mode.

The spring characteristics of the 4S, are shown in Figure 2.5. Note that it does not show any hysteresis,
since these are model-generated characteristics; the modelling of the pneumatic spring will be
discussed in section 2.4. The negative displacement referred to compression, resulting in a negative
force that resisted compression and zero displacement was the point where the suspension was in
static equilibrium as installed on the vehicle. The damping characteristics due to the pressure drop
over the valve are shown in Figure 2.6. The baseline in the graph is the stock rear damper and is
included to indicate that the 4S, has much higher damping for handling and similar damping for ride
comfort. However, due to the 4S5, being mounted vertically rather than at an angle as with the stock
damper, it experiences higher velocities, which translates in a higher than expected damping force.
The valve block pressure drop was therefore too high and the “low” damping achieved was not low
enough to improve the ride. Els concluded that, for significant ride comfort improvements, the low
damping of the 4S, should be less than 50% of the baseline value.

transducers

Valve 3 (2 state)

Valves closed — “high"spring rae
Valve open - “low” spring rate

Accumulator 2
Accumulator 1

Valve block

Damper 2

Damper 1

Valve 2 (2 state)
Valve clased - “high” dangping / Valve 1 (2 state)
Valve open - “low” damping Valve closed - “high” damping
tag
Strut

Valve apen — “low” damip

Figure 2.3: 4S, Design layout (Els, 2006) Figure 2.4: 45, on Test Rig (Els, 2006)

To control the switching between the ride comfort or handling modes, a running root mean square
(RRMS) of vertical and lateral acceleration were compared. This will be discussed further in section
2.6. The study concluded that the 4S4, combined with a suitable control strategy, could successfully
eliminate the ride comfort versus handling compromise.
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Figure 2.6: Measured 45, Damping characteristics (Els, 2006)

After successful implementation, Uys et al. (2007) used the 4S, model in full-vehicle simulations to
investigate which spring and damper settings would ensure optimal ride comfort at different speeds
on five different road profiles. Optimal spring stiffness seemed to be the softest possible, however, a
trend towards increasing stiffness was observable with increasing velocity and road roughness. It was
concluded that this was due to preventing bump and rebound stops, which were prone to occur with
increasing velocity and road roughness. Optimum damping settings were, however, less predictable
or consistent. It was noted that less damping was required as speed increased and more damping was
required as the road roughness increased.

Based on this study by Uys et al. (2007), the advantages of being able to continuously change the
damping and stiffness characteristics to the suit the road and speed are clear. Obtaining continuously
variable stiffness is quite challenging, since it would require a possibly expensive external compressor
of some kind. This would add an energy requirement, thereby changing it to an active suspension
system. Alternatively, additional accumulators could be added to allow more discreet settings, but this
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could raise another challenge due to packaging limitations. Continuously variable damping, on the
other hand, showed great promise as literature already indicated multiple methods without greatly
increasing cost, complexity or energy requirements. This, along with other advantages of having
continuously variable damping, led to an investigation to integrate MR technology into the 4S,.

After the successful implementation of 4S, a series of investigations focused on incorporating
continuously variable damping based on magneto-rheological (MR) technology (Meeser (2015);
Grobler (2016); Heymans (2017)). Heymans ultimately concluded that the MR equipped 4S, (MR4S,)
inherently cannot sufficiently further be improved to achieve the desired combination of response
time, flow blocking and damping characteristics. Although MR technology in dampers have been
proven commercially, these investigations showed that with the current design the technology was
unable to meet the demands of a high-pressure hydropneumatic suspension system.

2.2.2 Semi-active suspension system equipped with continuously
variable damping (4S4CVD)

This study follows an alternative approach to incorporate continuously variable damping within the
4S, design concept (Els, 2006). As previously mentioned, this study does not include the design process
of a new hydropneumatic semi-active suspension with continuously variable damping. Most of the
design was completed before this study commenced and was manufactured during the initial stages
of this study. Therefore, the investigation will focus on the experimental characterisation, modelling
and simulation of the unit to form conclusions and recommendations regarding the current design.
The newly designed 4S, with continuously variable damping (4S,CVD) is shown in Figure 2.7 and the
flow diagram that clarifies the flow path of the suspension fluid in Figure 2.8. The bypass valves,
damper packs and shut off valves in the 4S, are essentially replaced by two solenoid flow-control
valves. These valves are responsible to restrict flow for increased damping, and blocking flow to
decrease the compressible volume for a higher stiffness.

Further changes in the design include a reduction in the piston diameter from 50mm to 32mm. This
reduces flow rate and could help by lowering the low damping limit and reduce overall package size
as smaller accumulators could be used. Furthermore, the floating piston design is replaced with rolling
diaphragms, which could reduce the friction and thus make the system more responsive to smaller
inputs. As with the 4S4, the accumulators can be charged through a non-return valve with nitrogen
gas. Similar to previous designs, nitrogen is used in the pneumatic spring gas as it is an inert gas that
is fairly inexpensive and makes modelling much easier as, unlike air, it is a pure substance,. The
suspension fluid or oil used is Shell Tellus S2V46 due to its stability across the range of operation. The
design allows for fluid pressure measurements in front and behind each valve, as well as measurement
of the gas pressure in the accumulators. As with previous designs, the 45,CVD would use spherical
bearings on the strut and piston rod to allow the suspension to swivel, the output force would
therefore be only in the axial direction with negligible moments that could add considerable friction
or cause damage.

The suspension system includes four valves instead of the two used in the MR4S,. The two extra valves
is an additional feature to the design, which could allow ride height control or possibly a cross-linked
suspension for future investigations. Ride height control would be very beneficial. It would ensure
optimal clearance in compression and rebound while in ride comfort mode (higher ride as the soft
suspension will use more travel), while lowering the ride height in handling mode (lowering the centre
of gravity which has numerous proven benefits for handling). This does, however, not form part of this
study.
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Figure 2.8: 45,CVD layout
Full design layout (left); manufactured and testing layout (right)

The valves selected for the design were ZL72-31 and ZL72-30 solenoid, electrically variable, pressure-
compensated flow-control, spool valves from Hydraforce (Hydraforce, 2013). The number 31 in the
valve code indicates that the valve is normally open while 30 indicates that it is normally closed (as
shown in the respective performance diagrams in Figure 2.9). The lines refer to the flow direction,
port 3 to 2 refers to flow from the strut to the accumulator and port 2 to 3 vice versa. As indicated, 0-
1.5A variable current is required to change the allowed flow and vary the damping. Due to safety and
efficiency, valve V2 would be NC, while valve V1 would normally be open. If control of the valves
should fail, the suspension would therefore effectively revert to a passive, one-accumulator
pneumatic spring that would be quite stiff.

For the purposes of this study, only valve V2’s cavity was machined, the suspension fluid could
therefore only flow between accumulator 2 and the suspension strut, while flow to accumulator 1 and
ports P and R was physically blocked. This was done to reduce the complexity and variables by having
only one valve to characterise and model at a time.
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Figure 2.9: 45,CVD valve specification (Hydraforce, 2013)
ZL72-31 normally open (left), ZL72-30 normally closed (right)

2.3 Response time of semi-active suspensions

Response time is the time required for controllable suspension to transition from the initial damping
or stiffness state to 63.2% of the final state, or one time constant. This would also determine the
bandwidth of the system (Goncalves et al., 2003). It should, however, be noted that literature
sometimes referred to a 95% change (Koo et al., 2006), which rather gives an indication of the time

required for the system to fully respond.

Savaresi et al. (2010) described a controllable damper essentially as a combination of an electrical and
a mechanical sub-system with the electronic command and deflection speed as input, as shown in
Figure 2.10. The current driver (electrical sub-system) turns the electronic voltage command into a
physical signal or current that drives the valve. The response time of this system contribute an initial
or electrical delay. After the solenoid is charged sufficiently the valve (mechanical subsystem) is
actuated which causes a decrease or increase in flow area and results in a damping force, F; due to
deflection velocity, x. The process of increasing or decreasing pressure drop before settling was
defined as the transient response (Els, 2006). The inherent transient response of the valve, combined
with the electrical delay, form the response time of a semi-active suspension.

x

Command I Fy
signal Electrical Mechanical

)
Figure 2.10: Controllable damper block diagram

Koo et al. (2006) investigated various aspects that affect the response time of a semi-active MR
damper. The driving electronics, which is similar for most semi-active systems, uses a command signal
to generate the current needed to power an electromagnet. Koo found that in order to deliver the
maximum required 1.5A, the driver response time could be greater than 10ms. He also noted that the
larger the current step increase the longer the response time. Koo furthermore studied the effect
system compliance had on the response time by adding a rubber layer between the damper and the
mount. Results indicated that increased system compliance significantly reduced response time and
that it was an important design factor to consider. In his study, the response time of the damper was
determined by actuating the unit with a constant velocity and charging the electromagnet halfway
through the stroke.
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Van Rensburg et al. (2002) did a comprehensive study on the time delay of a semi-active damper that
consisted of a pilot valve to open or close a control valve. The system response was determined on a
hydraulic test bench that could control the flow and pressure. A physics model with fluid-dynamics
simulation software was then developed. It was concluded that the test-bench dynamics greatly
influenced both the experimental as well as the simulated values (based on extracted parameters),
obscuring actual valve dynamics. Furthermore, the fast-acting sub-systems in hydraulic systems made
it difficult to obtain accurate values for use in the model. He suggested that a high-bandwidth test
bench and a model thereof could resolve these challenges.

For the 4S., Els (2006) determined the response time by using the test rig shown in Figure 2.4. This
was done by blocking the damper orifices and closing the valve, compressing the strut until the
required pressure difference was obtained and then opening the valve. It was also done in the
opposite direction (extending before opening). Although Els did not model the response time, it was
taken into account empirically by interpolating between the initial and final state during the transient
response time (as determined experimentally).

This section presents some of the challenges related to accurately determining and modelling the
response time of a semi-active suspension and possible solutions used previously. The response time
could be influenced by testing equipment having a limited bandwidth. It is also evident that the
development of a physics-based model for the complex fluid-flow problem would be no simple task
and would require further research. Van Rensburg et al. (2002) and Els (2006) both considered systems
where the valves were either open, closed or transitioning between these states. The 4S,CVD with
continuously variable valves would therefore increase the complexity and could be even more
challenging. The significance and effects of response time relating to suspension control will be
discussed in greater detail after the control strategies have been discussed in section 2.6.

2.4 Suspension modelling

Simulation is vital to ensure the successful design and development of a new suspension system and
control strategy. Simulation of the system is a cost-effective and productive method to analyse the
characteristics and control strategies in order to highlight shortcomings and to optimise the system
by testing possible improvements. In order to obtain meaningful simulations an accurate model of
the suspension system is crucial to ensure the simulation results represent that of the actual system.
If the model needs to be solved in real time, a trade-off between accuracy and computational
efficiency would also need to be considered for vehicle implementation. The model of the 4S,CVD
should be able to replace the 4S, model, in order to allow full vehicle simulations on a Land Rover
Defender 110. This section will present literature related to modelling the 4S,CVD and its respective
sub-systems.

2.4.1 Architecture of models

There has been extensive research and investigation using a 4S; and the vehicle in simulation.
Thoresson et al. (2009) developed a full-vehicle model of the Land Rover Defender 110 in MSC
Software’s Automatic Dynamic Analysis of Mechanical Systems or simply ADAMS suite (Msc Software,
2016). The vehicle model was run in co-simulation with MATLAB/Simulink (Mathworks, 2015), which
relied on feedback from the suspension model. This simulation interface and the sub-system in the
suspension model (MATLAB M-file) is illustrated in Figure 2.11. It should therefore be noted that a
new model, with velocity and displacement as input and the suspension force as output, could simply
substitute the 4S, model in order to conduct a full-vehicle simulation.
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Van Der Westhuizen and Els (2015) developed the latest model of the 45, that divided the system into
four sub-models to account for the damper, friction, bump stop and spring as shown in Figure 2.11.
The damper force is calculated based on the pressure drop over the damper pack or valve, while the
frictional force is simply modelled as an external force to account for the friction of the seals in the
strut and floating piston. Some damper models would also account for the friction. These sub-models
will be discussed further in the sections that follow. The spring force is calculated by a physics based
model which determines the pressure of the gas.
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Figure 2.11: 45, model interaction (Van Der Westhuizen and Els, 2015)

2.4.2 Hydropneumatic spring

The hydropneumatic spring force, F; is a function of the gas pressure in accumulator, P,.., and the
piston rod area, Apiston:

Fs = Pyee X Apiston (2-2)

Thus, by determining the gas pressure through a model, the spring force can be determined. A
thorough comparative study of five different gas models to calculate the gas pressure in a
hydropneumatic suspension has been done by Van Der Westhuizen and Els (2015). The study
compared three ideal gas (IG) law variations (isothermal with the energy equation (EE), isothermal
and adiabatic) and two real gas approaches (Benedict Webb Rubin (BWR) equation with and without
the EE). Figure 2.12b illustrates the response of each model subjected to the input in Figure 2.12a.

The study concluded that the BWR real gas model with the EE gave the best correlation and that it
was recommended for high-accuracy applications. However, the IG model combined with the EE was
only slightly less accurate than the BWR model. Furthermore, the isothermal model was accurate for
low frequency excitations, while the adiabatic model was accurate at higher frequency excitations. A
less accurate model would consequently require less computational power. A trade-off might
therefore be required for applications where the solve time or computational power is restricted.
Since accuracy is of utmost importance for this study and real time implementation was not
considered, only the BWR model with the addition of the EE will be discussed. The other gas models
could possibly replace the spring force sub-model if needed.
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Figure 2.12: Response of different gas models (Van Der Westhuizen and Els, 2015)

BWR real gas approach:

The BWR real gas approach was stated by Els (2006) to be appropriate for use in the typical operating
temperature and pressure ranges required for hydropneumatic springs. It adds corrective terms to
the 1G law to predict the gas characteristics more accurately, as shown in eq. (2-3).

C v
BoRT; — Ay — =5 -z
p_ Rl 0% 0 ng+bRTg—a+C(1+§)e v? (2-3)
v v? v3 V3T

The pressure, P, is therefore a function of the gas temperature, T, and specific volume, v, with the
rest of the variables being BWR constants for nitrogen, as given in Appendix A.

Energy equation approach to determine gas temperature:

To determine the gas temperature, the heat transfer or EE has to be considered. If there is a significant
heat transfer between the gas and its surroundings, it is taken into account using the EE or the first
law of thermodynamics for a closed system, as in eq. (2-4).

U=Q—-W or mu=Q-W (2-4)
The rate of change in internal energy, U, is the rate heat transfer, Q, subtracted by the rate work, w,
done to the system.

In order to apply the method used by Otis and Pourmovahed (1985) to model a hydropneumatic
spring, Els and Grobbelaar (1993) made the following assumptions:

e The hydropneumatic suspension system is closed.

e Noinertia effects were present during the gas compression.

e The process was seen as a homogeneous, quasi-static gas compression.

e The effect of the thermal capacity of the piston rod and cylinder wall was considered

negligible.
The convective heat transfer between the gas and the environment could be approximated by:
0= me, (T — Ty) (2-5)
T

where m the mass of the gas, ¢, is a specific heat constant, T; the ambient temperature and t the
thermal time constant.
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The thermal time constant is a measure of the heat transfer coefficient between gas in a closed
container and its surroundings. This could be measured experimentally by subjecting the
hydropneumatic system to a step decrease in gas volume. The time it takes for the gas pressure (or
temperature) to drop by 63% after initial compression is the thermal time constant (Pourmovahed
and Otis, 1990).

Furthermore, the rate of piston work can be defined by:
W =PV (2-6)

The change in internal energy due to changes in temperature and volume is given by the
thermodynamic relation:

dv (2-7)

opP
du = CUdTg + [Tg <67> —-P
97y

Equations (2-5), (2-6) and (2-7) can then be substituted into (2-4). After simplification and
mathematical manipulation it results in the differential equation as proposed by Otis and
Pourmovahed (1985):

=Ty #[TR TyBR 26,  TghR 2 ( l)e—vy—z (2-8)
v v2 ngvz v3 v3ng v2

g T Cy

Equation (2-8) is a first-order differential equation that can be solved by means of the fourth-order
Runge Kutta method to determine the needed gas temperature, T;. However, the specific heat, ¢,
first needs to be determined as given by Otis and Pourmovahed (1985):

6 (C, c 3cr2 1\ _x
_ .0 = s Z 2-9)
Cv—Cv-l-—(— )-l-—( —)e v (
T\v v/ T;\y v?

where the ideal gas specific heat, ¢, temperature dependence can accurately be approximated by
(Jacobsen and Stewart, 1973):

N, N; Ns Ngy2e”
¢d=R|m5 +=5 + =+ (N, — 1) + NsTy + NgT2 + N, T3 + ——— (2-10)
v Rty T e m DRI RIS NS 0

where y = Ny /T, and N; to Ng are constants for nitrogen as listed in Appendix A.

To ultimately determine the gas pressure, eq. (2-10) and then (2-9) needs to be calculated, which is
then substituted into eq. (2-8) to determine the changes in gas temperature. Finally, the gas
temperature can be derived to solve the gas pressure in eq. (2-3). Note that eq. (2-8) to (2-10) also
require the specific gas volume, which will now be discussed.

Approach to determine specific volume:

The specific volume is merely a function of the amount or mass of nitrogen gas, m, and the volume of
the accumulator, V, that changes relative to the strut displacement.
v=V/m (2-11)

The volume of the accumulator required in eq. (2-11) can be determined if the suspension fluid was
assumed to be incompressible, which would mean that the volume of the fluid displaced by the piston
rod would be the same amount by which the accumulator volume changes.
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However, by assuming this during the validation of the 4S, model, Els (2006) found that it led to
significant errors. He found that the model had to take the compressibility of the fluid into account as
shown in Figure 2.13. The compressibility of a fluid can be expressed as:

AV = (E) Vo (2-12)
B

where AV and AP is the change in fluid volume and pressure between two conditions respectively, 5
the bulk modulus of a fluid and V, the total volume of the fluid at atmospheric pressure. Thus, the
volume of the gas can be compensated by the amount the fluid is compressed as it is a closed system.
Figure 2.13 shows experimental data measured by Els (2006) during characterisation of the 4S,
compared to an isothermal model with and without accounting for compressibility of the fluid. Since
the actuation was at a very low frequency, the isothermal model is expected to be accurate, however,
this was established only after accounting for the compressibility of the fluid.
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Figure 2.13: 45, stiff spring characteristics (Els, 2006)

2.4.3 Controllable damper

The full mathematical modelling of controllable dampers, especially non-linear behaviour, is not a
trivial issue and has been an extensively researched topic in the recent past. According to Savaresi et
al. (2010), if the semi-active damper exhibits linear force versus velocity characteristic for various
commands, it can be approximated by:
Fy = c(Dx + Fysign(x)

c() =yl + ¢ (2-13)

0<1I< I
where F is a constant that would account for the frictional force that is dependent on the direction
of the compression velocity and damping coefficient, ¢, dependent on the current, I. However, most
dampers do not produce this linear force versus velocity relationship. Literature which is focussed on
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control of the suspension systems often uses a simplified linear models, which sacrifices accuracy for
controllability, see e.g. Savaresi et al. (2010); Guglielmino et al. (2008). This study focuses on
developing an accurate model, therefore, control orientated models would form part of future studies
that investigate optimal control strategies.

A popular model used to capture the non-linearity and hysteresis in dampers is the first order dynamic
Bouc-Wen model (Savaresi et al., 2010):

Fy = co(Dx + ko(D(x — x¢) +y(Dz (2-14)
7z =—BD|x|z|z|"t = §(Dx|z|" + A()x

where (c,, k,, x,, 7, 5,8, A,n) are model parameters dependent on the current input, I, and z is the
internal state that is responsible to model some dynamics and the hysteresis. Through optimisation
procedures these parameters can be determined to approximate the experimental results. Variations
of the Bouc-Wen model have been developed, such as Spencer Jr et al. (1997), which included more
variables to capture the non-linear behaviour of a MR damper. Note that these models have been
developed exclusively for a damper unit and not a hydropneumatic suspension unit. Thus, some
models, such as in eq. (2-14), accounted for the displacement dependent force due to pressurised gas
that would be otherwise be accounted for by the pneumatic spring model in hydropneumatic model.
This can be excluded by setting k, = 0. Various parameters of the Bouc-Wen model are dependent
on the command or current input, I. From a control design viewpoint, this makes the model difficult
to be tractable (Savaresi et al., 2010).

Spencer Jr et al. (1997) further mentioned black-box models, such as neural networks, splines,
polynomials, with various degrees of complexities. These models aim to capture the non-linear input-
output relationship though various methods:

Fy = f(x(®),x(t), ..., 1(t),i(t)) (2-15)

where, inputs include suspension deflection and velocity, command input and rate, etc. Such a model
has been successfully been implemented with control and was validated by Els (2006) in the 4S, model
by using a lookup table based on experimental results. This would use suspension setting or command
and deflection velocity as inputs to provide the output force.

The response time of the system could essentially also form part of the damper model as it determines
the state during the transient change of the damping characteristics. Some of the complex methods
of modelling the system, presented in Figure 2.10, was already discussed in section 2.3. In literature
(Savaresi et al., 2010), the dynamic behaviour is often neglected or simplified by adding a simple first
order delay between the command signal and the resultant output damping force.

Physics based models have also been used to calculate the damping force or valve dynamics. André
(2013) developed such a model for a semi-active suspension which relies on a pilot controlled poppet
valve system to control the damping. Similarly, Vaughan and Gamble (1996) developed a model that
represents the physical dynamics of a proportional solenoid valve. Both of these studies focused on
optimising the valve design parameters and the valve controller. This required extensive testing of
each subsystem separately rather than a suspension unit as a whole.

This section presented some of the various methods of modelling the damper/valve sub system. The
primary focus of this study is to determine the characteristics of the suspension unit and develop a
model which can be used in simulation. Modelling and optimisation of the mechanical valve itself or
the electrical sub-system (current driver) is therefore not the primary concern. Black-box or fit models
as used by Els (2006) have been proven to accurately model and simulate a controllable damper by
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capturing non-linear dynamics without requiring extensive testing of each subcomponent. The current
driver should, however, be characterised so that the response of the mechanical sub-system (valve)
could be determined. It should also respond adequately in order for the response of the mechanical
system to not be limited by electrical sub-system. Optimisation and control (e.g. Pl or predictive
control to reduce response time) of the current driver would further improve the system response
time (Savaresi et al., 2010). Nevertheless, this should be considered only after the prototype
suspension unit’s performance was found to be sufficient.

2.4.4 Flow split

For complete analysis of the 4S5,CVD a fully defined model that included both accumulators was
required. The challenge was in determining the fluid flow through each valve that was restricting flow
to the accumulator. For example, if the one valve was set at high damping while the other was set at
low damping, the fluid could be flowing through the low damping valve at a higher rate. Furthermore,
different flow rates could be due the amount of gas or volume in each accumulator being different, as
was the case in the 4S5, that had both a small and a large accumulator. Theron and Els (2007), as well
as Heymans (2017), determined the flow rate from and to each accumulator in the 4S, and MR4S,
models respectively by considering the following equilibrium equation:

Q3 = ApistonX = Q1 + Q2 (2-16)
Q3 = [(erac X Q3) + (1 - erac)Q3]

where Q5 is the fluid flow rate out of the suspension strut, due to the strut velocity, x. @; and Q, is
the flow through valves V1 and V2 respectively (as depicted in Figure 2.14), which is a function of the
flow split faction, Qfrqc. The model therefore used the strut flow rate and estimated an initial flow
split to determine the flow through each valve. The estimated flow rates were used to calculate the
change in volume of each accumulator, which was used to calculate the pressures, P; and P, of each
accumulator using the pneumatic spring model. Furthermore, the pressure drop over each valve, d Py
and dPy, could be calculated using the damper model based on the fluid flow rate. These were then
used to evaluate whether the equilibrium condition based on the pressure is the strut, P; was met:

P1+APVl:P3:P2+APV2 (2'17)

If this condition was not met, the model iteratively changed the assumed split, Q rqc, Using a gradient-
based solver and recalculated the pressures until equilibrium was met or the error was within the
defined limits. Once this condition was met, the total suspension force was the product of the
equilibrium or strut pressure, P; and the piston rod area, Ay;ston. Heymans (2017) successfully
implemented this method and concluded that, when sampling at 1000-2000Hz, the model returned
acceptable equilibrium errors. However, he stated that the model was detrimentally affected by large
input velocity spikes, such as a step displacement input, since the iterative solver consequently failed
to solve the non-linear highly complex system. By including an iterative solver in the MR4S, model,
computational requirements were considerably increased when compared to a simplified lookup table
or polynomial as with the 4S,. He showed that sampling at 2000Hz required up to 300 seconds to solve

one second of simulation with Belgian paving as input.
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Figure 2.14: Fluid flow model
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2.4.5 Friction

For an accurate model of the 45,CVD, the fictional forces due to sliding between the seals and the
piston rod and strut cylinder should also be considered. A vast number of friction models have been
developed over the years which can be applied to describe the frictional interaction between two
materials, for a comprehensive overview see (Armstrong-Hélouvry et al., 1994). Some models simplify
the friction to be a constant force as previously shown in eq. (2-13), while other models such as the
Bouc-Wen model in eq. (2-14) capture it empirically. More complex models takes the pre-sliding
(stiction), transitional and sliding or coulomb friction into account. For control based models the
transition from static to sliding friction is important to reduce the destabilising effect (Guglielmino et
al., 2008). Depending on the application the designer can therefore opt for a more or less advanced
friction model.

The 4S, (Els, 2006) has been subject to various studies which investigated the friction of
hydropneumatic suspension systems. Due to the friction forces generally being quite small relative to
the damping and spring forces they are often neglected. Els (2006) neglected friction forces in the
model of the 4S5, and although a slight offset between the predicted and measured force output could
be noted, the simulated and measured force output correlated very well. Therefore, with the frictional
force being sufficiently low, the accuracy of the friction model seem to not be critical to ensure
representative simulation results.

Van Den Bergh (2014) later investigated how various friction models of the 4S, effect the accuracy of
vehicle dynamic simulation. He concluded that neglecting friction has significant impact on the
accuracy of the results. Furthermore, it was concluded that complex high computational demand
friction models do not yield significant increases in accuracy over a rudimentary look-up table which
is based on experimental data. It can therefore be concluded that a look-up table, which approximates
test data, will be sufficient for this study.

2.5 Vehicle modelling

The spring and damper model needs to be combined with a suitable mathematical model of a vehicle
to investigate the dynamic response of the system due to road disturbances. Various vehicle models
with increasing degrees of complexity have been developed to provide reliable models for design and
performance assessment. Models are selected based on the information, computation power and
accuracy required. Frequently used conventional vehicle models will briefly be discussed in this
section.

A vehicle can be divided into two main sub-systems: the sprung mass (chassis) and the unsprung
masses (wheels, axles and linkages), which is connected via elastic and dissipative elements
(suspension, tyres, etc.). This system representing the vehicle is subjected to various inputs from the
driver, road or external disturbances (e.g. wind). If the total vehicle body can be assumed to be rigid,
the total motion of a vehicle can be described by six degrees of freedom (DOF), three rotational DOF
about each axis (pitch, roll and yaw) and three translational DOF (lateral, longitudinal and vertical)
(Guglielmino et al., 2008). Vehicle models are often simplified by including motions of interest and
disregarding those that do not add value or significant accuracy.

2.5.1 Quarter-car vehicle model

As mentioned previously, ride comfort is essentially concerned with the vertical dynamics. The most
trivial representation of such a ride model is a 1DOF simplified quarter-car model in which the tyre
mass and stiffness are neglected. By incorporating the unsprung wheel and tyre dynamics, the very
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popular quarter-car model with 2DOF can be developed, as represented in Figure 2.15. x5 refers to
the road disturbance that is the same as the unsprung mass, M,, displacement x, in the case of the
simplified version. The simplified version of the quarter-car reproduces the resonance of the body
mass quite well, but the wheel resonance vanishes, as shown in Figure 2.16. According to Savaresi et
al. (2010) this model may still be used when the focus is on ride comfort that is defined by the chassis
or sprung mass motion with respect to road unevenness. Poussot-Vassal et al. (2010), Guglielmino et
al. (2008) and Savaresi et al. (2010) were some of the studies that successfully incorporated quarter-
car simulations to analyse the ride comfort and road-holding performance of semi-active suspensions
and control strategies. Heymans (2017) also conducted basic quarter-car simulations to assess the
performance of the MR4S,.
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Figure 2.15: Quarter-car vehicle model
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Figure 2.16: Frequency response comparison of quarter-car models (Savaresi et al., 2010)
Quarter-car model (dashed line) and its simplified version (solid line)

2.5.2 Higher-order mathematical models

Quarter-car models are restricted to vertical translation, these models are often extended to 4DOF
half-vehicle models to include either pitch or roll of the sprung mass. Dorling et al. (1995) implemented
such a model that included roll to study achievable dynamic response with idealised active suspension.
The next step is a full-vehicle model that includes the vertical translation of all four wheels, as well as
the vertical translation, pitch and roll of the sprung mass, which adds up to 7DOF. The complexity of
a full-vehicle model can be increased to include other factors, such as chassis compliance and
bushings, which effectively allows an unlimited number of constraints that would all need to be
characterised.
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Els (2006) developed a model of a Land Rover Defender with 14 unconstrained degrees of freedom to
assess the performance of the 4S, and control strategy combination. Thoresson et al. (2009)
developed a refined ADAMS model thereof, which was validated against experimental results and
used in a suspension optimisation study.

Guglielmino et al. (2008) listed parameter uncertainty and long simulation running time as drawbacks
of full-vehicle models. Citing these reasons, he was of the opinion that they were not always the best
choice for control design, especially in the early stages of the design. A less complicated model is
preferable, reserving the higher-order models for further refinements and optimisation.

2.5.3 Conclusion

Based on the literature reviewed it is clear that the vehicle models used is dependent on the design
phase of the project, as well as the respective control strategy under consideration. Initial suspension
investigations all seemed to favour quarter-car simulations due to their simplicity and unobscured
results. Although quarter-car simulation is a valuable tool, care should be taken not to assume
simulation results as an accurate representation of the actual response without further investigation.
Also note that a validated full-vehicle model of Land Rover Defender 110 has already been developed,
which could at least be used in future simulations with the 4S,CVD. Simulation models should be
developed with regard to the parameters being investigated and should be kept simple but capable
of providing acceptably accurate results.

2.6 Semi-active suspension control

In order to solve the ride comfort versus handling compromise, the 45,CVD needs to be combined
with a suitable control strategy to change the suspension characteristics to suit the situation. The
literature on semi-active suspension control is vast. Any measureable parameters, ranging from driver
inputs to accelerations, can be used as input to the control strategy to determine which suspension
characteristics are most suitable. Furthermore, several strategies, which includes many variations and
combinations of known strategies, are developed for specific suspension and vehicle combinations.
Although literature on semi-active springs and also hydropneumatic semi-active suspensions are not
as common, it can be integrated in the semi-active damper control strategies. There is also a strong
tendency to combine control strategies to achieve optimum ride comfort, handling and safety in all
circumstances. This is not a trivial exercise as it requires many simulations, tuning and testing for all
circumstances (Savaresi et al., 2010).

To assess the feasibility and performance of the 45,CVD, the selected control strategy needs to be
kept as simple as possible and as complicated as necessary in order to reflect the capabilities of the
suspension. The current focus is on a more fundamental understanding and assessment rather than
the development and tuning of a new control strategy. Model-predictive control and other predictive
strategies would therefore not be considered, even though literature has shown great promise (Canale
et al., 2006).

Some control strategies tries to actively control the high frequency relative suspension deflection,
while a more “passive” control strategies determines a suitable characteristic and keeps it
uncontrolled until the road condition or dynamic state of the vehicle changes. For example, for a
constant sinusoidal road disturbance, active control would change the characteristics during the
compression and extension phase, while passive control would determine the best characteristic and
keep it until the disturbance changed in magnitude or frequency. Consequently, such active control
would theoretically be superior, however, it requires a fast-responding system and preferably
continuously changeable characteristics. This will be made clear upon further investigation into
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control strategies. The most common suspension control strategies that actively controls the relative
deflection are skyhook, groundhook and hybrid control strategies.

Skyhook is a comfort-oriented control strategy that aims to reduce the vertical dynamics of the vehicle
body. Groundhook is a handling or, more specifically, road-holding oriented control that aims to
reduce the dynamic tyre force. Hybrid control is a combination of both strategies aimed at reducing
both body acceleration and dynamic tyre force. However, according to Savaresi et al. (2010) and
Guglielmino et al. (2008) the hybrid strategy is not straightforward and requires accurate tuning.
Furthermore, it depends heavily on the type of road and is often combined with estimators. In an
attempt to simplify and ensure that clear and meaningful results are extracted, such a hybrid control
strategy is therefore not considered.

2.6.1 Skyhook control

The skyhook control strategy, originally developed by Karnopp et al. (1974) considered a hypothetical
damper being connected to a fixed pointin the sky in order to reduce vertical oscillations of the sprung
mass independent of the input at the base, as shown in Figure 2.17 (left). This system could be
modelled as:

Mok = —k(x; — x3) — Cskyxl (2-18)

where ¢y is the damping coefficient of the ideal skyhook model. This model is, of course, not
physically possible, however, it can be approximated by using a semi-active suspension model, as
shown in Figure 2.17 (right), with a controllable damper. The controllable damper with damping
coefficient, Ccontrottapie thus changes to produce the damping force determined by the skyhook
controlled system. For example, when the sprung mass and base is moving away from each other and
the sprung mass is moving upwards, the dampers in both models would exert a force in the same
direction. However, if the sprung mass was moving downwards instead, the controllable damper
would be unable to match the direction of the force. In such a case, the damper force would try to
approximate the model by minimising its force.

This logic can be summarised by:

_ o Csk 5(1 xlx >0 _
Fd = CcontrollableX = FSk,y - { icd (2 19)

0 XX <0

F, is force exerted by the damper, x refers to the relative velocity (X; — %) and the ideal skyhook
damping coefficient, cs.,, is a tuneable parameter determined by the damping ratio, :

Csky = 20+ ksMg (2-20)

Determining the optimal skyhook parameters is no trivial matter. Poussot-Vassal et al. (2006)
developed a reduced order observer model combined with a suitable cost function to implement
optimal skyhook control in simulations with great success. Although this control only requires the
velocity of the sprung and unsprung mass which is relatively easy to obtain, vehicle implementation it
is more challenging as these parameters inevitably also include noise and drift. Savaresi et al. (2010)
could successfully implement skyhook control by using measurements from accelerometers on the
sprung and unsprung mass, as well as a potentiometer for the suspension deflection. Most of these
studies, such as conducted by Poussot-Vassal et al. (2006) and Savaresi et al. (2010), use a linearized
spring and damper model which greatly simplifies the numerical problem.
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Figure 2.17: Skyhook model
Ideal configuration (left), semi-active suspension configuration (right)
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2.6.2 Response time and control

The success of a relative motion control strategy, such as skyhook, relies on a fast-responding
suspension system that is able to react promptly to disturbances. Tsampardoukas et al. (2008)
assessed the performance of a hybrid control strategy when the response time was incrementally
increased from 5 to 20ms. His simulation results showed that the performance deteriorated as the
response time increased. Although not investigated further, the unavoidable delay is one of the
reasons why designers are actively investigating estimators to reduce, or possibly eliminate, this effect
(Canale et al., 2006).

The controllable bandwidth of the suspension essentially limits the efficacy of control at higher
frequency disturbances and employing the control strategy outside the bandwidth could have a
detrimental effect on the performance. This is not well-documented in literature, as most semi-active
suspensions used in literature are ideal zero-delay or fast-responding MR dampers with a reported
response time of less than 50ms. With such a system response, the bandwidth stretches over the
frequency range of importance. A high-pass filter is also commonly employed to filter the high
frequency disturbances or noise, which offer stability to the control strategy (Savaresi et al., 2010).

As discussed previously, the incorporation of MR technology in the 4S, design indicated some
limitations, which were to be investigated with use of electro-hydraulic valves in the 45,CVD. The
manufacturer did not specify the response time of these valves and they could therefore very well
respond slower than the systems considered in literature. In a comprehensive analysis of the response
time of MR dampers, Koo et al. (2006) presented results indicating a 20ms response time (for a piston
rod velocity higher than 20mm/s). Most of the literature investigating continuous control strategies
used this response time of 20ms or even less (Spelta et al., 2008; Tsampardoukas et al., 2008; Sammier
et al., 2003). The 4S, (Els, 2006) with a spool valve similar to that used in the 45,CVD had a response
time of only 50-100ms. If commercial electrohydraulic dampers were considered, the state of the art
continuously controlled electronic suspension (CES) developed by Ohlins (Ohlins Racing, 2018) would
arguably be the leader in the industry. In a mostly confidential optimisation study of a recent CES valve
by André (2013), some of the results presented showed the valve to have a response time of around
35ms (excluding the driver response). This suggested that the valve would respond slower than those
used in control based investigations.

2.6.3 4S; and MR4S, control

For a comparative analysis of the 45,CVD’s performance, the control strategies investigated with the
4S, (Els, 2006) and MR4S, (Heymans, 2017) and their efficacy is considered.
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4S,4 control

As part of the development of the 4S,, Voigt (2006) studied several control strategies with the aim of
developing an appropriate ride comfort control strategy for a hydropneumatic suspension system
consisting of a two-state spring and a two-state semi-active damper. Voigt found that the skyhook
control performed unsatisfactory due to the non-linearity of the system (two discrete modes). He also
found that the skyhook control performed better at low frequencies, but deteriorated at higher
frequencies due to the valve response time. Voigt concluded that it was not possible to notably
improve ride comfort by actively controlling the spring and damper when the characteristics had been
optimised for ride comfort.

The 4S.’s control strategy to switch to ride comfort or handling mode was ultimately determined by
comparing the rolling root meat square (RRMS) of the vertical and lateral acceleration. If the lateral
RRMS acceleration exceeded that of the vertical, or was higher than 0.3 g, the suspension switched to
handling mode. The vehicle would otherwise remain in ride comfort mode. The vehicle-implemented
strategy was thoroughly analysed in various situations. Most notably it could successfully deal with a
severe double lane change manoeuvre (International Organization for Standardization, 1999) at a
speed of 80km/h despite its response time delay. This strategy successfully equipped the 4S, to solve
the ride comfort versus handling compromise, yet it was simple enough to implement as it merely
required two accelerometers to measure the vertical and lateral acceleration.

MR4S4 control

As the MR4S, could continuously vary damping, the implementation of the skyhook control was once
again investigated (Heymans, 2017). Although the MR4S, was never physically tested with a control
strategy, the simulations with the validated model provided valuable insights. Heymans found that,
with the characteristics of the MR4S,4, employing skyhook control deteriorated ride comfort due to
the damping being inherently too high. This was verified by artificially decreasing the damping by a
factor of 10, which resulted in the skyhook control effectively improving ride comfort by actively
controlling the suspension characteristics. This highlights how the skyhook can only effectively be
applied if the low damping limit is sufficiently low.

2.6.4 Conclusion

The literature review into the background of control strategies indicated that control could become
very complex and demanding. However, the classic skyhook control has been identified as a strategy
that could be used to assess the performance of the 45,CVD. No conclusive studies were found to
investigate maximum allowable response time for improving performance related to specific
bandwidths. Reviewing control of the 4S, and MR4S, revealed how non-linearity, slow response time
and a too high lower damping limit could result in the skyhook control not performing adequately.
Although the skyhook control is quite unsophisticated, successful implementation thereof could justify
exploring other more refined control strategies and combinations thereof in future.

2.7 Conclusion and problem statement based on literature
review

In chapter 2, a thorough review of literature was presented to explain the fundamental concepts in
this research initiative, which formed the basis of the investigation. Ride comfort and handling were
shown to have opposing design requirements that involves a compromise. Furthermore, the optimal
suspension characteristics continuously change based on the road disturbance and dynamic state of
the vehicle. Hydropneumatic semi-active suspension development at the University of Pretoria was
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presented which provides background to the 45,CVD and performance improvements it aims to
achieve.

Methods of modelling the suspension and its subsystems as well as vehicle models to analyse the
performance of the 4S,CVD in simulation were presented. Lastly, an overview of suspension control
was given and important characteristics required for successful control were identified. The
knowledge gained through the literature reviewed, could be used to successfully characterise and
model the 45,CVD to analyse its performance in simulation.

Ultimately the problem that the 4S,CVD aims to address is whether the 4S,CVD could be implemented
to improve the ride comfort and handling of a Land Rover Defender 110 currently equipped with the
4S,. This guided the decision-making and analysis to allow future investigations to build on the
research and findings presented in this study. For example, a full-vehicle model was already available
for future use and a suspension model developed in such a way that it could be incorporated in future
investigations would therefore be beneficial. This study serves as the preliminary analysis, with the
focus on key parameters pertaining to the feasibility and possible improvements, in order to make
recommendations.

Based on the literature review, the following parameters requiring further analysis have been
identified:

1. Stiffness characteristics provided by the pneumatic spring. Although the pneumatic spring concept
in the 4S, is very similar to that of the 4S5,CVD, it has a different accumulator design and a smaller
piston area. The 4S,CVD would therefore have to operate under much higher pressures due to the
decreased area. The aim is to characterise and model the pneumatic spring of the 45,CVD and to
compare it to the spring characteristics of the 4S,.

2. Damping characteristics, with special attention to the lower damping limit and the ability to at least
dynamically block flow to an accumulator and achieve increased stiffness. In previous versions of
the 4S, it was clear that the lower limit of damping was too high, which resulted in sub-optimal
ride comfort. The suspension should thus have low enough damping for improved ride comfort.
The valves should be able to block flow sufficiently in order to provide dynamic stiffness for
handling manoeuvres.

3. The rolling diaphragm accumulator design aimed at reducing the friction. Reducing the floating
piston induced friction could result in improved suspension performance, especially with regard to
ride comfort as some of the discontinuous force output could be negated. The overall
implementation and effectiveness of this design would have to be analysed.

4. The response time of the 4S,CVD to change its characteristics. Although also dependent on a
current driver, the main focus of the study is on the inherent dynamic characteristics of the valve,
rather than developing an optimised driver. The literature reviewed emphasised some of the
challenges related to accurately determining and modelling this complex performance indicator.
Without accurately extracting parameters on a high performance flow and pressure controlled test
bench, it is apparent that attempting to develop a physics model would be futile. As this is the first
study on the 45,CVD, it would be beneficial to conduct simulation-based analysis before an entire
study on the exact response time of the valve was done. For such an analysis, precisely determined
response times and models might not be essential to draw meaningful conclusions.

5. It should be investigated whether the new prototype would allow the successful implementation
of the skyhook control to improve ride comfort. It was noted that there was a lack of literature
investigating slower response systems and the bandwidth that could successfully be applied to in
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order to improve ride comfort. Such an analysis could be valuable as it could specify response time
requirements and also recommend a cut-off frequency for control. These improvements should be
compared to discrete damping used in the past to assess the benefit of having the ability to
continuously vary the damping.

The main research question addressed by this study is: Can the 45,CVD be implemented to significantly
improve ride comfort and handling of the Land Rover Defender currently equipped with the 45,? This
also requires addressing other important questions such as: How does response time affect the
performance and what is recommended? Would the current design be sufficient with regard to the
damping, stiffness and response time characteristics? In order to successfully answer these questions
the suspension system needs to be characterised and modelled which can then be used to conduct
simulation based investigations.
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Chapter 3:
CHARACTERISATION

The literature review made it clear that characterising the 45,CVD would be required to achieve the
research objective and address the problem statement. Consequently, this chapter describes the
process of complete characterisation of the 45,CVD. Although most of the 45,CVD was essentially
designed before this study was initiated, it was manufactured only during the initial stages of this
study. In order to ensure relevant information, manufacturing is not discussed. However, relevant
modifications of the initial design are included as it affects or limits future results. All the design
modifications, experimental setup and testing procedures used to ultimately obtain and present the
experimental results are discussed.

3.1 Design modification

During the initial assembly and charging of the 4S,CVD it was found that the rolling diaphragm was
prone to tear or even burst when it was forced (due to pressure differential) into the machined flow
ports which can be seen in Figure 2.7 previously shown. Furthermore, as shown in Figure 3.1, the
diaphragm did not have a piston on the inside to support it and ensure it rolls as recommended by the
manufacturer. Without such implementation, the diaphragm could crush or buckle instead of
smoothly rolling to retain its shape and form. Due to these reasons, the design was slightly modified
to include an extrusion preventer and cover plate. These modifications reduced the maximum volume
of a single accumulator from 0.270 litres to about 0.19 litres. Consequently, the smaller gas volume
reduced the actuation displacement range or stroke that could be utilized during experimental
characterisation due to the maximum operating pressure now being reached at a smaller
displacement. The design specification of 300mm travel was therefore not achieved and some of the
results such as response time were limited which is further discussed in section 3.3.3. The volume
could simply be increased in the second design iteration by using a larger diaphragm and a valve block
with a larger accumulator volume.

Extrusion
Preventer

Piston

494
%

Diaphragm Diaphragm

Cover plate

Figure 3.1: Diaphragm accumulator design
Manufacturer specification (Freudenberg, 2017) (left), modified 45,CVD design (right)

3.2 Experimental setup

Characterisation of the 4S,CVD requires an experimental setup that could support the suspension unit
and subject it to predetermined dynamic inputs. Furthermore, it requires electronic systems for
control, data acquisition and signal conditioning. The following section describes the experimental
setup.
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3.2.1 Valve block

A critical part of characterisation involves knowing the fluid flow through each valve in order to
qguantify the damping each valve is responsible for. Due to the lack of flow sensors with the required
dynamic response and operating pressure, directly measuring the flow through each valve was not
possible. To calculate the fluid flow due to compression or extension the piston speed and area can
be used by assuming the oil to be incompressible or compensating for compressibility by means of the
bulk modulus. However, with the designed system of two flow paths (one to each accumulator), the
flow due to piston displacement splits up between the valves based on the resistance of each flow
path which could be different. In order to simplify the setup and to ensure that accurate results could
be extracted, the fluid flow was restricted to one flow path (see Figure 2.8 for flow path). This was
done by machining only one of the valve cavities, as shown in Figure 3.2, which left all the other flow
paths physically blocked until they could later be machined. The suspension fluid would therefore flow
from the suspension strut to the accumulator side through the valve, as indicated in Figure 3.3.

Machined
Valve Cavity

Figure 3.2: Machined valve block

Suspension strut ” Accumulator ‘“l: 2 !

AAANMS
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Figure 3.3: Proportional valve (without solenoid)

3.2.2 Charging procedure

After manufacture and assembly, the 4S,CVD could be charged with the suspension fluid and
accumulator gas. The chosen suspension fluid is Shell Tellus S2V46 due to its low cost, availability and
stability across the range of operation. As with mostly all hydropneumatic suspension systems,
nitrogen is used as accumulator gas, since it is inert with well-defined properties.

The spring characteristics are primarily dependent on the volume and the mass of gas in the
accumulator. The compressibility of the oil can be taken into account by using the bulk modulus of the
fluid. However, there are other unavoidable compressible elements in the system due to air mixing
and diffusing into the fluid during filling or possibly getting trapped behind seals and the valve. This
makes it is difficult to accurately determine the exact volume of gas which is representative of the
whole system. The 4S, (Els, 2006) encountered similar challenges, however, characterisation of the
45, could still be sufficiently performed. The volume in the proven spring model was iteratively
changed until it matched the results, it is therefore not critical to know the exact volume. As the
composition of air is predominantly nitrogen, and the air in the system is so small in comparison to
the nitrogen it was included in the volume of nitrogen without inducing noticeable errors. By “tuning”
the gas volume, the volume can be matched while also compensating for other compressibility that is
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not included in the model. Based on the specifications and measurements, the filled accumulator
volume was calculated as 0.19 litres. It is therefore expected that a representative volume to be
slightly more than this by compensating for any trapped air. Although applying a negative pressure to
the fluid could reduce some of the air in the system, the current charging procedure was found to be
sufficient for the purposes of this study.

The charging procedure started by removing a filling bolt on top of the valve block and a bleed bolt on
the accumulator cap and then fully extending the suspension strut. The suspension was filled with
fluid through the top of the valve block. The filling bolt was reinstalled and the suspension was fully
compressed, which caused the fluid to flow through the valve and compress the accumulator to
release any air. This also forced enough fluid to flow to the accumulator side of the valve, thereby
ensuring that this volume was filled with fluid when the accumulator was charged. The accumulator
drain bolt was then reinstalled, the strut extended and the filling bolt was removed. The accumulator
was charged with nitrogen through the non-return filling valve to 100kPa, which caused the diaphragm
to expand fully and push the excess fluid through the valve and out of the top of the valve block. The
unit was then tilted and tapped to remove any of the trapped air in the system while adding additional
fluid and was then left fully extended in a vertical position overnight. The unit was given a final top-
up before reinstalling the filling bolt. The final step was to charge the accumulator from 100kPa to the
required pressure. The maximum static vertical wheel load for the fully laden Land Rover Defender
test vehicle is 800kg (Els, 2006). Based on this, 7MPa was selected as a suitable charge pressure, which
requires 5.63kN of force before the unit starts to compress. Although the optimal gas pressure and
volume for the 4S,CVD had not yet been determined, this pressure combined with the smaller gas
volume (which results in a larger pressure gain per displacement input) would allow for
characterisation of the 45,CVD across its range of operation.

3.2.3 Test rig setup

To accurately characterise the 4S,CVD, a rigid support frame and mountings were required to limit
results from being influenced by deflection in the frame. The fully charged unit was installed on an
existing test rig, as shown in Figure 3.4. The whole support frame was fitted to the top of a 25kN
Schenck hydropulse actuator, which was fixed to a vibration isolation test block. The top mounting of
the 4S,CVD was fixed to the support frame, while the bottom mounting was fixed to the actuator
piston via a load cell to record force. The various displacement inputs were provided by the actuator,
which vertically translated the bottom mounting and piston rod while the rest of the system was fixed
to the frame. Both mountings still allowed the spherical bearings to rotate freely to avoid inducing any
additional forces and moments due to slight misalignments. The actuator also had an internal linear
variable differential transformer (LVDT), which could be used to measure the actuator displacement.
Three 50MPa KYOWA PLG-A pressure transducers were used to measure the accumulator gas
pressure as well as the fluid pressure before and after the valve. The solenoid that was installed onto
and controls the valve was powered by the current driver. The test rig setup shown in Figure 3.4
therefore relied on actuator displacements and current powering the solenoid as input.

3.2.4 Current driver

As mentioned previously, the valve response time is influenced by the electric circuit that switches the
valve. However, the valve could start to respond before the driver transience have passed and some
overlap could therefore occur. This could obscure results, since the main focus is on the valve response
time rather than on a combination of both the driver and the valve. Ideally, a current driver with a
zero response time would allow the precise determination of the valve response time. However this
is not possible due to the inductance of the solenoid, current takes time to build up to generate the
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necessary force to actuate the valve. The response should therefore be fast enough to reduce or
possibly eliminate this overlap in order to allow an accurate valve response time to be determined.

Pressure
Transducers

Solenoid Valve

. Non-return
Filling valve

Top mounting

Bottom
Mounting

Support frame

Load Cell

Actuator
Piston

Figure 3.4: 45,CVD test rig setup

It was initially investigated whether a Hydraforce EVDR-0101A current driver would have sufficient
response time and accuracy to power the solenoid and control the valve. The current driver can be
controlled continuously with a user-defined voltage or a digital command signal. The current through
the solenoid directly relates to the magnetic force which actuates the valve. Therefore, the faster the
desired current through the solenoid is achieved, the faster the valve can be actuated. To evaluate the
driver, a current sensing circuit was developed as in Figure 3.5. The current can be determined by
measuring the amplified voltage across a 10milliohm low-side sensing resistor. The voltage due to a
maximum of 1.5A through the sensing resistor was amplified by an AD620 instrumentation amplifier
up to 10V. A data acquisition (DAQ) module generates the voltage control signal and also records the
measured voltage of the current sensing circuit as shown in Figure 3.6.

Solenoid sy c V- Ref [>
- of valve —
Current provided by>_/-U-p Iné Out Amplified
the driver current R.unee VOItage
Rsense —In- V+{—05V
—Ra M) Rg
Rg
Figure 3.5: Current sensing circuit
Voltage
control Solenoid
i Current | Current
paq |-Sandl . Valve
driver
i Current
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circuit

Figure 3.6: Current driver command and output logic
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Instrumentation delay

There are inherent delays in the instrumentation between generating the command signal and
recording a measured signal. This delay, shown in Figure 3.7, was captured by connecting the voltage
command signal that would switch the current driver directly to the DAQ to be recorded. This delay
was therefore a combination of generating, sending, receiving, filtering and recording the signal. The
same delay would be included when recording the response time of the current driver. Thus, in order
to extract the true response time of the current driver, this instrumentation delay should be
subtracted. For the 1kHz sampling rate that was used the 40ms delay was larger than expected.
However, according to the specifications of the DAQ used (National instruments, N14472) the anti-
aliasing filter is responsible for a delay of 39 samples, which translates to 39ms, therefore the 40ms is
simply 1 sample delay which is reasonable.

Instrumentation Delay

Command Signal

. Recorded Signal
2 <> tdelay =40ms <>

Current Driver Signal [V]

1 | L ! \ | \ | l
0.8 0.9 1 14 1.2 1.3 1.4 1.5 1.6 1.7
Time [s]

Figure 3.7: Delay between command and recording signal

Hydraforce current driver performance

The response time of the Hydraforce current driver was investigated by comparing the user-defined
command signal with the recorded current as derived from the voltage across the sensing resistor.
The Hydraforce current driver was configured to deliver 1.5A for a voltage command above 9.5V and
OA for acommand below 0.5V. Any voltage signal between these limits delivers current proportionally.
Step command signals were given to charge or discharge the solenoid and the time it took for the
current to reach 63% of its final value was used to determine the response time. An example of
charging the solenoid from 0A to 1.5A is given in Figure 3.8. The current measurements recorded were
shifted by -40ms to account for the instrumentation delay, shown in Figure 3.7, to enable comparison
with the user-defined command signal.

The extracted response time of the current driver for the various charging and discharging current
steps is shown in Figure 3.9. The response time of charging the solenoid ranges from 103ms down to
98ms for a larger step, while discharging ranges from 61 to 70ms for larger steps. This is far larger than
expected, and literature (Koo et al., 2006) also mentioned response times of 10ms. This would likely
add an additional delay to the valve response and obscure the performance of the valve. Thus, a fast-
responding new current driver, had to be developed to extract the response time of the valve. Further
investigation into why this driver responded in such an undesirable manner was not conducted.
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Figure 3.8: Example of current driver response
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Figure 3.9: Hydraforce current driver response times extracted

Alternative current driver

Since the focus of this study was primarily on the suspension unit itself, a basic fast-responding current
driver that could provide a step-up or step-down current was developed. A dual output bench power
supply with current and voltage regulation (Rs Components, 2018) was combined with a metal-oxide-
semiconductor field-effect transistor (MOSFET) controlled switching circuit, as shown in Figure 3.10.
Consequently, this current driver could not deliver a continuously variable current for a given
command signal as was possible with the Hydraforce current driver. NMOS is an N-channel MOSFET
that can be saturated or switched by a 5V command signal that, in turn, switches the P-Channel
MOSFET, PMOS. R2 and R3 are pull-up and pull-down resistors respectively, which ensured that the
MOSFET operated appropriately. The command signal was therefore able to connect a secondary
current-controlled output in parallel with the other, yielding a step increase in current or a decrease
when it was revoked. Resistor R1 was required for power dissipation when both supplies were
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connected with a possible voltage difference between them, while having a common ground. As the
MOSFETs used are specified to switch within 1ms, the success of this current driver depended on the
ability of the power supply to generate and maintain the selected current.
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Figure 3.10: Dual output power supply current driver and sensing circuit diagram

The response time and accuracy of the dual output power supply current driver was also investigated
by comparing the user-defined command signal to the recorded current as derived from the voltage
across the sensing resistor. One channel of the power supply was continuously connected to the
solenoid, while the other could be connected by saturating the MOSFET with the command signal.
One channel was thus always in current-controlled mode, while the other was initially in voltage-
controlled mode since it was not connected to the solenoid. When the MOSFET is saturated and the
solenoid connected, the other channel transitions into current-controlled mode by reducing the
voltage to match the set current. An example of the response time tests results is shown in Figure
3.11. The response was therefore influenced by the voltage the channel was set at before the MOSFET
is saturated. In order to minimise the delay and variables, the voltage was set at 24V for all the tests.
The slight current overshoot should not affect the damping response times as the current driver
settled to the required current much faster than the valve. This was later confirmed to be the case.

The extracted charging and discharging response time of the current driver, compensated for the
instrumentation delay, is shown in Figure 3.12. These results showed response times for charging the
solenoid from an initial current of OA and discharging to a final current of OA. The results showed
satisfactory response times with less than 1.5ms for discharging the solenoid, while charging took
1.5ms to 5.7ms. Charging response time is therefore dependent on the current step size. This should
be sufficiently faster than the valve, which would later be confirmed and corresponds to reviewed
literature. Tests were also conducted where the initial charge current was more than OA. The results
showed that the response time still corresponded to those presented for an initial current of OA.
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Figure 3.11: Example of dual output power supply current driver response time test results
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Figure 3.12: Dual output power supply current driver response time

3.2.5 Control, data acquisition and signal conditioning

The experimental setup consisted of recording six analogue input channels and controlling two output
channels sampled at 1kHz, as shown in Figure 3.13. The two output signals for the actuator and current
driver were created in MATLAB on the computer system and a modular National Instruments signal
generator then converted the digital signal to an analogue signal. The actuator signal was sent to a
Zwick K7500 servo controller (Zwick Roell, 2018), which relied on displacement and force feedback
from the LVDT and load-cell to accurately and safely control the actuator’s two MOOG valves. The
current driver signal was a 5V switching signal that connected the additional power supply output.

The six input channels were captured by a National Instruments data acquisition (DAQ) module with
a-10V to 10V input range that converted the analogue signals to digital data stored on the computer.
The pressure transducer signals were amplified by an AD620 and filtered with a LTC1062, 280Hz low-
pass filter. The load-cell and LVDT force and displacement feedback signals that were sent to the servo-
controller were also amplified and filtered with a 400Hz low-pass filter before they were sent to the
DAQ. These digital signals were converted to their respective units by using their respective conversion
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factors. To avoid large phase shifts, relatively high cut-off frequency filters were used. Some channels
still required some additional filtering, in which case a zero-phase-shift low-pass filter was
implemented in post-processing. Filtering was, however, limited during the response time tests to
avoid inducing any time shifts.
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* @® Solenoid
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Current sense y <

Modular I/O 4 Servo-valve
Computer system

[ e

Controller -—l
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Figure 3.13: Experimental setup schematic

Before conducting experiments, all the transducers and measuring equipment were calibrated and
zeroed to ensure accuracy of the results. Force and displacement limits were also set to protect the
suspension unit and pressure transducers from the unnatural and possibly dangerous actuator output.

3.3 Experimental results

This section presents and discusses the results extracted during experimental testing of the 4S,CVD.
The input or method of extraction is also mentioned. Results include the characterisation parameters
required to develop an accurate model. All tests data were recorded at a 1kHz sampling rate.

3.3.1 Spring characteristics

The spring characteristics of the 45,CVD were determined by using a triangular-wave displacement
input with a frequency of 0.005Hz or period of 200s, resulting in a velocity of Imm/s. A very slow
constant velocity input was used to avoid including any damping effects, with Omm referring to the
fully extended state; for a single cycle the strut was compressed to -115mm and then extended to
-15mm. The range of -115mm to -15mm was used to safely avoid physical restrictions and high
pressures. A sequence of three cycles were repeated to extract the spring characteristics of the
4S,CVD. Figure 3.14 shows the load-cell measured force and the force derived from the accumulator
pressure for the strut displacement. The one-accumulator stiffness of the 45,CVD was then compared
to that of the 45, (Els, 2006).

The hysteresis in the pressure-derived force could be attributed to the heat transfer between the gas
and the surroundings. The load-cell measurement was also susceptible to this effect. However, friction
in the seals and, possibly to a lesser extent, the resistance provided by the diaphragm rolling could be

Department of Mechanical and Aeronautical Engineering 36|Page
Vehicle Dynamics Group

© University of Pretoria



the reason for the larger hysteresis captured by the load-cell. These frictional forces were not captured
by the pressure measurement. Although the test frame is reinforced and extremely stiff, hysteresis in
the test frame could possibly also be a contributing factor, but was assumed to be negligible. Overall,
the two forces corresponded very well. A very slight offset could be attributed to the frictional force
not being symmetrical for extension and compression. This will be investigated further in section 3.3.4.

When comparing the 4S,CVD and 4S,, it was evident that the current one-accumulator 4S,CVD
resulted in a stiffness that was between the soft and stiff setting of the 4S,. This was, to some degree,
expected, since a volume of 0.191 was less than both the 0.1l for the stiff 4S, setting and 0.5! for the
soft setting. However, the piston rod diameters between the two units differ and equal volumes would
therefore not result in the same stiffness characteristics. Due to making the decision of focusing on
characterising a single accumulator, it was not deemed critical for the single accumulator 4S,CVD to
have similar stiffness characteristics to the already optimised 4S,. A validated 4S,CVD model could
instead be used to find the exact combination of accumulator volumes which would produce similar
soft and stiff settings. The one accumulator would have to have a smaller gas volume to exclusively
produce the stiff setting that could be combined with the other larger accumulator to produce the
lower stiffness. The exact accumulator volumes will further be investigated in section 4.7.

Force vs Displacement
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Figure 3.14: 45,CVD force versus displacement characteristic

3.3.2 Damping characteristics

The damping characteristics of the 45,CVD essentially comprises of the pressure drop over the valve
and the valve block channels or ports. This is dependent on the flow rate and current applied to the
solenoid. Consequently, to extract the damping characteristics, the flow rate and current were kept
constant for each test run. Different frequency triangular wave displacement inputs were used to
obtain the various constant velocity inputs. For each current setting, the suspension unit was
subjected to constant velocity inputs, as shown in Figure 3.15. The derivative of the measured
displacement input was used to represent the velocity input. Although the command was an ideal
triangular displacement wave, it was evident from the velocity input that the actuator needed some
time to respond, that it overshot slightly and only then achieved the desired constant velocity. To
ensure this did not affect the results, only data within an upper and lower displacement limit was used
to extract the damping characteristics for a specific velocity.
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Measured displacement input for 200mm/s
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Figure 3.15: Example of recorded data used to extract damping characteristics
(a) Displacement input, (b) Velocity input, (c) Pressure response

As previously discussed in section 2.2.2, the 45,CVD design consists of a normally open (NO) and a
normally closed (NC) solenoid valve. This is to incorporate a safety aspect where if the control system
would fail only the 1 valve would be open, therefore resulting in a stiffer spring better for handling
and stability. Both valves were installed and characterised separately.

Normally open valve damping characteristics

To extract the damping profile with the NO valve installed, the solenoid current was varied from 0A
to 1.2Ain 0.3A increments. At each of the five current settings, the velocity was increased after each
test run until a sufficient pressure drop could be recorded. The pressure-compensated flow-control
valves produced exponentially increasing damping as the flow increased. In addition, there was a slight
delay in the control electronics to immobilize the actuator after the imposed force limit was exceeded.
This, combined with the illustrated velocity overshoot, meant that the maximum pressure drop was
limited to ensure the pressure remained well below the 50MPa limit of the pressure transducers. The
pressure response for 0.9A at 200mm/s is shown in Figure 3.15 (c). The accumulator pressure, P1, and
pressure after the valve, P2, were virtually identical, indicating no pressure drop over the diaphragm.
The damping of the unit could therefore be defined by the difference between P2 and the strut
pressure, P3, which accounted for the pressure drop over the valve as well as the ports and channels.

The various velocity and currents tested to obtain the force versus velocity characteristic for the NO
valve are shown in Figure 3.16, along with the baseline (stock) dampers and 4S, damping for
comparison (Els, 2006). As expected, the flow-control valve provided progressive damping, increasing
exponentially as the absolute velocity increased for each current setting. These results could be used
to fit and validate a model to determine the resultant pressure drop or damping force for any given
velocity and current combination. The manufacturer’s low resolution flow versus pressure drop
specifications, shown in Figure 2.9, could also be used to generate a force versus velocity curve for
comparison. However, the viscosity of the oil used during testing was 46mm?/s, while the
manufacturer used oil with a viscosity of 32mm?/s. This, combined with the additional restrictions of
the valve block ports and channels, made such a comparison challenging.
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When comparing the damping characteristics of the 4S,CVD, it was evident that the 45,CVD was
capable of a much lower damping setting than the 4S, which was known to be too high (Els, 2006).
Figure 3.16 compares the damping a single valve would have. However, the two-accumulator design
in ride comfort mode would allow flow through two valves, which would decrease the damping of the
45,CVD even further (up to a factor of 2). Based on the recommendation made by Els (2006), which
stated that damping should be 50% less than the baseline value for significant ride improvements, the
results therefore indicated the desired low damping that should yield improved ride comfort. Testing
of the 2 accumulator version of the 45,CVD is required to prove this. In terms of the hard setting, the
1.2A setting was slightly lower than the hard setting of the 4S,. However, the valve could
proportionally increase the damping up to being fully closed; a higher current setting of about 1.3A
should therefore provide similar or even higher damping.

Damping Characterisitics
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Figure 3.16: 45,VD force versus velocity characteristic with the normally open valve

Normally closed valve damping characteristics

The pressure drop over the NC valve is inversely proportional to the current, however the maximum
flow rate is the same as the NO valve, as previously shown in the manufacturer specifications (Figure
2.9). Therefore, by altering the current, both valves should be able to achieve similar damping
characteristics throughout their operating range. The same method used to extract the NO valve
damping characteristics in Figure 3.16 was used to determine the NC valve damping characteristics
presented in Figure 3.17. The results indicated that both valves do indeed produce the same low
damping characteristic. However, increasing the damping with 0.3A current steps, shows that the
damping with the NC valve increases more when compared to the NO valve that was also changed at
0.3A steps. The shape defining the force vs velocity relation remains similar and consequently, the
current could be manipulated so that both valves could produce the same force versus velocity
characteristics. For example, applying 0.8A with the NC valve would produce similar characteristics to
0.9A with the NO valve.
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Figure 3.17: 45,VD force versus velocity characteristic with the normally open and normally closed
valve

High and low pressure damping comparison

Even though the valves are pressure compensated, the accumulator was charged at a different
pressure and retested to confirm whether the damping characteristics were indeed independent of
the pressure. This was done to ensure that the 45,CVD’s damping characteristics were still applicable
when changing the accumulator charge pressure is changed. The same method used to produce the
previous damping characteristics (Figure 3.16) was used to determine the characteristics for 7MPa
accumulator charge pressure which was then be compared to 5MPa previously used. The results, as
presented in Figure 3.18, confirms that the damping is independent of the charge pressure. This is to
be expected, as the valves are pressure compensated. Only a few tests were therefore conducted to
confirm this and to justify the applicability of the damping characteristics for different charge
pressures.

Damping characteristics for different accumulator charge pressures
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Figure 3.18: 45,VD force versus velocity characteristic for different charge pressures
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3.3.3 Response time

To accurately extract the true response time of the 4S,CVD, all aspects causing delays in the recorded
measurements had to be considered. Comparing the user-defined command signal to measured
response signals could include a combination of delays from the instrumentation, actuator, current
driver and valve. Implementing a constant velocity input, as previously shown in Figure 3.15,
eliminated the effects of the actuator response time. However, the remaining instrumentation,
current driver and actual valve response time had to be investigated separately in an attempt to
quantify the delay of each component. As mentioned previously, the main focus of this study was the
response time of the solenoid and valve combination to generate the desired damping force. A
suitable current driver could be developed and optimised in future. The instrumentation delay along
with the newly developed current driver and its response time has previously been sufficiently
investigated and quantified in section 3.2.4. The current driver delivers the desired current within 6ms
for extreme cases (0OA to 1.5A) and discharges within 1.5ms for all cases. All the data presented here
has been shifted by 40ms to compensate for the instrumentation or recording delay.

In this section the valve response time, with reference to the pressure drop over the valve rather than
the physical valve displacement is presented. As the literature indicated, accurately extracting the full
response time profile of the valve proved to be challenging. To extract the response time, the 4S,CVD
was actuated by a constant velocity input and the command signal actuating the valve was sent
effectively halfway through the stroke, as shown in Figure 3.19. To account for the response time, the
command signal was advanced by 50ms. The measured pressure drop before and after the valve was
switched evidently needed to settle in order to effectively determine the response time. Figure 3.20
shows an example of the tests results and how the response time was determined.

Measured input Velocity response for compression stroke
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Figure 3.19: Valve response time input

However, by using this method it was not possible to determine the response time of the valve to fully
close by means of displacement control, since the pressure drop would continuously rise at a dramatic
rate that could possibly damage the unit. To determine the response time of the valve closing, a bypass
channel could be implemented, as used by Els (2006) for the 4S, and Van Rensburg et al. (2002) in his
tests. Another possibility was to control the actuator in force rather than displacement control. This
would raise other challenges. Closing the valve needed to be timed so that the valve was closed before
the end of stroke was reached. Evidently, this has the danger of also causing damage. It was therefore
decided to determine the response time to a high damping or nearly closed state that still allowed
some flow. This should also give a clear indication of what the response time to fully close would be.
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Figure 3.20: Illlustration of extracting valve response time

Because of the relatively short usable stroke of the 4S,CVD, it became quite difficult to achieve the
steady pressure drop before and after switching at higher velocities. Not only did the total time
completing the stroke decrease, but the higher the required velocity became, the more the actuator
overshot. Figure 3.19 shows a velocity input determined by differentiating the measured displacement
input, which indicates the overshoot. The displacement overshoot also translated into a pressure
overshoot, which first had to settle, as shown in Figure 3.21. This became a problem when attempting
to extract the response time at low damping, since it required higher velocities to generate a
noticeable change in pressure drop after switching. In an attempt to account for this, the command
signal was slightly delayed to allow the pressure drop to settle before switching. As the actuator
control was already tuned and increasing the gas volume requires redesign, the only other solution
was to decrease the input velocity. However, this resulted in a reduced pressure drop and could
obscure the results for low current settings (low damping) that required higher velocities.

Figure 3.22 shows the test results of attempting to extract the response time of charging the solenoid
from OA to 0.6A with an input of 200mm/s. Even with the fairly low velocity, the combination of
overshoot and a mere 50kPa difference between the initial and final pressure drop made it impossible
to extract a representative response time. The decision was therefore taken to focus on determining
the response times charging the valve to higher damping (0.9A and 1.2A).
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Figure 3.21: Valve response with overshoot Figure 3.22: Unclear valve response
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Figure 3.23 shows the response times extracted using the same input method illustrated in Figure 3.19
for various pressure differences between the initial and final pressure drop. The excitation velocity
was increased for a higher pressure difference and decreased for a lower pressure difference. Only
limited results could be extracted for the 0.9A state, due to the above-mentioned reasons. It can be
noted that closing the valve to the 1.2A state responded under 50ms, while the 0.9A state was faster
at about 37ms. Opening from 1.2A and 0.9A to 0A damping state was much faster at under 8ms and
12ms respectively. From the results it was evident that closing the valve took notably longer than
opening it. The response time when closing the valve increased slightly as the pressure difference
increased, however when opening the valve the response time decreased as the pressure difference
increased. This could be attributed to the pressure drop resisting to close the valve, but assisting to
open the valve. Therefore, increasing the pressure drop (closing the valve), the solenoid valve had to
work against the force due to the pressure drop, while when opening, the force assisted the valve.

The response time could be influenced by the initial current or the step size, consequently the current
dependent response time was also investigated. Figure 3.24 shows the response time closing the valve
to the 1.2A state from different initial states (ranging from 0 to 0.9A) and then opening it from 1.2A
to the same initial state. These response times were all recorded at a pressure difference of about
190kPa. When closing the valve, the response time increased the lower the initial current state was.
Closing from the 0.9A to the 1.2A state only required 17ms, while from OA it required about 48m:s.
This was to be expected, since larger steps required the valve to physically move more. However,
when opening the valve, the response time decreased the lower the final current state was. Opening
from the 1.2A to the 0.9A state required 14ms, while to OA it required only about 6ms. Interestingly
this was opposite to closing the valve, since a smaller current step resulted in longer response times.
Upon further investigation it was found that this could be attributed to the current driver taking
slightly longer to respond in such cases.

Pressure dependant response time
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Figure 3.23: 45,CVD pressure dependant response time

Preliminary response time tests were also conducted with the NC valve installed in the 4S,CVD. Results
indicated response times very similar to the NO valve. Both valves took roughly the same time to close
or increase the pressure drop, while opening or decreasing the pressure was rapid. More tests could
be required to fully extract the response time profile for the various dynamic conditions to confirm
this.
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Figure 3.24: 45,CVD current dependant response time

Concluding remarks

Tests were conducted in order to create a profile and extract the response time for various dynamic
states. It remained clear that the response time was also dependent on the test system, as suggested
in literature (Van Rensburg et al., 2002). It was noted that, the higher the input velocity and the larger
the force variance became, the more difficult it became for the actuator to accurately maintain the
defined input. Without being able to control the pressure drop over the valve and sufficient flow it
was not possible to extract the full response time profile. Thus, to accurately determine the response
time for such a complex continuously variable valve a more controlled environment, such as a high
bandwidth test bench, would be required to produce the dynamic states. The current driver in this
study was developed only for testing purposes. It is therefore advised to use the current driver which
would be implemented with the vehicle setup in future testing to determine the response times, since
it would produce the most representative results. However, the results presented should be sufficient
to develop a model and analyse the performance of the 45,CVD.

3.3.4 Friction characteristics

The spring and damping characteristics previously presented were derived from pressure
measurements that excluded the friction-induced force. To determine the total force output of the
unit and analyse the friction of the new design, the friction characteristics had to be determined.

The friction characteristics were extracted by various triangular displacement, constant velocity inputs
ranging from 0.5mm/s to 200mm/s. The measured load cell force included the spring and damping
component. Although it was possible to eliminate the spring-force component by removing the
accumulator bleed bolt so that the pressure was at atmospheric, the high internal pressure acting on
the seals affects the friction. Breytenbach (2009) proved this friction and strut pressure dependence
by characterising the friction of the 4S, at various charging pressures. He noted that the frictional force
increases with pressure and that it is likely caused by hydraulic pre-loading of the seals in the system.
He however concluded that the friction pressure-dependence in the working range off the system is
small enough to be considered negligible. In an attempt to minimize the pressure-dependence
affecting results, the friction was extracted when the suspension was compressed by 50mm with the
accumulator charged as previously (7MPa).
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The previously determined spring and damping forces were subtracted from the measured force to
yield the friction force, as shown in Figure 3.25. The 4S, friction profile (Van Den Bergh, 2014) is
presented alongside the results for comparison. It was noted that the maximum friction of 380N or
40kg occurred during compression at a velocity of 0.3mm/s and settled at just above 100N or 11kg for
velocities above 200mm/s. The friction was slightly higher during the compression stroke, which
corresponds to the pressure and force results presented for the stiffness characteristics in Figure 3.14.

The results showed that there was still stiction, or stick slip friction, that could hamper the
performance. However, when comparing the results to the 4S, with a floating piston design, it could
be seen that the kinetic friction at higher velocities was considerably less: About 50% less for
compression and 30% less for rebound. The larger peak friction of the 4S,CVD could be attributed to
the actuation velocity being less than the minimum velocity used during the 4S, testing. Additionally,
the higher pressures associated with the 4S,CVD, different seal tolerances and designs could also be
contributing factors. The rolling diaphragm design resulted in lower kinetic friction, however, the
friction at low velocities (stick-slip) did seem to be marginally more.
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Figure 3.25: Friction characteristics of 45,CVD

3.3.5 Flow blocking

The success of the two-accumulator design of the 4S.,CVD relies on the ability of the valve to
successfully block flow to decrease the compressible gas volume. Emphasis was placed on determining
if the valve had the ability to sufficiently block flow rather than accurately quantifying it. This was done
by compressing the unit at maximum velocity for a 3mm step input so that negligible fluid was leaked
during compression, as shown in Figure 3.26. A conservative approach was used by not increasing the
step size further, since the pressure increased drastically and could damage the unit. The pressure
increase shown was due to the fluid being compressed and, as the fluid leaked past the valve, the
pressure dropped. The pressure drop over the valve, AP, could be used to account for the volume
decrease, AV, due to compressible fluid using eq. (2-12) where the bulk modulus is 1.4GPa as specified
by manufacturer (Shell, 2016) and V;, derived from the CAD model as 275ml.

With the total volume of leaked fluid being equal to the volume decrease, AV, the valve leakage rate
could be determined by taking the derivative thereof to produce the data shown in Figure 3.27. A
maximum leakage of marginally less than 0.2ml/s was noted at a pressure differential of 5.5MPa. To
put this into perspective, a mere 100mm/s input produces a flowrate of about 80ml/s. Hydraforce
(2013) specifies a maximum internal leakage of 6ml/s, however, one can assume that this is at its
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maximum operating pressure of 24MPa, which is essentially three times more than what was tested
in this instance.

Accurately quantifying the flow block ability would again present the same challenges discussed during
the valve response results in section 3.3.3. However, the preliminary results indicated that the valve
would be more than capable to sufficiently block the flow to one accumulator and provide the dynamic
stiffness required in manoeuvres. Results presented still included uncertainties, since air in the fluid
might have affected the bulk modulus of the fluid and the volume of fluid being compressed was an
estimate based on the CAD model rather than an accurate measurement.

. Pressure response
10 -
9 -
£
E. & P1 - Accumulator
g P2 - After Valve
2 P3 - Strut
8
=
=9
6L
5L
4 | | | | | | | |
5 10 15 20 25 30 35 40
Time [s]
Figure 3.26: Pressure response for a step input with the valve closed
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Figure 3.27: Approximate valve leakage for step input

3.3.6 Thermal time constant

The thermal time constant was required for the pneumatic spring model incorporating the energy
equation, as discussed in section 2.4.2. This was determined experimentally by displacing the strut
with a step input at the maximum achievable velocity to approximate adiabatic compression. This
compression leads to an increase (or decrease in the case of rebound) in temperature, which then
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takes time to return to ambient temperature. The time required for the temperature to change by
63% constitutes the thermal time constant. This was determined by using pressure measurements
thatis analogous to the temperature based on the ideal gas assumption. An example of the test results
is shown in Figure 3.28. Various tests were conducted and summarised in Table 3.1. The thermal time
constant was greatly influenced by various factors, such as the step size and also the initial and final
pressures. However, Els and Grobbelaar (1993) suggested that value differences of up to 30% still
resulted in acceptable predictions. The average value of 4.13 seconds was therefore assumed as the
future thermal time constant for the 4S,CVD model.

Thermal Time constant for a S0mm compression

Initial Pressure after step

-

©w

I3
I

=y
w
I

Accumulator pressure

7=3.12s

12265

Accumulator Pressure [MPa]

12 [

Final isothermal pressure

10 15 20 25 30 35 40 45 50 55 60
Time [s]

Figure 3.28: Example of 45,CVD thermal time constant test

Table 3.1: Thermal time constant results

Step size Pinitial Pfinal AP 63% change T

StrokeType | =1 ] [MPa] [MPa] [MPa] [MPa] [s]
Compression 50 13.99 11.67 2.32 12.53 3.19
Compression 25 12.59 11.38 1.21 11.83 3.51
Compression 25 10.7 9.68 1.02 10.06 431
Rebound 50 6.49 7.85 1.36 7.35 4.42
Rebound 25 8.26 9.16 0.9 8.83 4.24
Rebound 25 7.38 8.07 0.69 7.81 5.12

3.4 Conclusion

This chapter explained the experimental setup to characterise the 4S,CVD and presented the results
along with a discussion. The results indicated that the unit was capable of the desired stiffness and
damping characteristics. However, to accurately determine the correct accumulator volumes, a model
is required for further investigation. Although it was concluded that further testing would be required
to accurately extract the full response time of the valve, the results justify further investigation of the
performance in a simulation-based analysis. The rolling diaphragm design successfully reduced the
kinetic friction compared to the floating piston design, however, stick-slip friction remained a factor
that could hamper ride performance. The results also showed that the valve is capable of sufficiently
blocking flow, however, further testing would be required to accurately quantify the performance.
Consequently, sufficient results were extracted to pursue the development of a model that can be
used in simulations.
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Chapter 4:
SUSPENSION MODELLING

Chapter 3 described the experimental characterisation of the components of the 45,CVD where the
spring characteristics, damper characteristics, friction and valve dynamics have been measured. This
chapter discusses the development of the mathematical model of the 45,CVD and its sub-systems.
The models of the individual components (accumulator and valves) are validated against test data to
guantify the accuracy of the results. A model of the full 4S,CVD, with two accumulators and two valves
are developed using these components.

4.1 Model philosophy

The aim was to develop a mathematical model that could be used in vehicle dynamic simulations to
investigate the performance of the 4S,CVD and the effects of changing certain parameters. A validated
full-vehicle model of the 4S4,-equipped Land Rover Defender, which is also the intended subject vehicle
for the 4S,CVD, has been developed by Thoresson et al. (2009). Consequently, the model is developed
with the intent of replacing the 4S, model and integrating it into the full-vehicle model in future. The
model could therefore be developed in MATLAB, which similarly requires strut velocity and
displacement but, in addition, also the current command signal as input. The current command signal
could either be user-defined or determined by a suitable control strategy. With these three inputs,
the force is calculated for each time step.

The layout and operating principles of the 45,CVD were discussed in section 2.2.2, which showed the
manufactured and testing layout along with the final design layout in Figure 2.8. The model was
initially developed with a one-accumulator testing layout so that it could be validated by comparing
predicted force output with the measured results. The force output is directly related to the pressure
of the suspension fluid in the strut cylinder. This pressure is determined by a combination of the
accumulator pressures, as well as the corresponding pressure drop, AP,q1e, Over the valves and
channels due to the fluid flow rate. The accumulator pressure depends on the gas volume of the
accumulators that changes relative to the strut displacement, while the damping depends on the fluid
flow that changes relative to the strut velocity. The output force could be determined by combining
the frictional force, Fr, with the product of the strut pressure and piston-rod area. For the single-
accumulator 4S4CVD, the force output of the model, Fyg,cyp+ can be described mathematically as:
Fys,cvpr = —[A X (APyqive + Paccu)] + Fe (4-1)
where A is the piston rod area, AP, 4 the pressure drop over the valves, P, ., the accumulator
pressure and F; the friction force. This modelling approach and its sub-models can be described as in

Figure 4.1. The suspension model, the 45,CVD Matlab-file, can be integrated in the desired vehicle
model. Each sub-model will be discussed in the sections that follow.

x %% Ty,
B T Hydropneumatic
i accw “gn+s | spring model
4§,CVD X1
Vehicle model I Matlab-file AP a1ve Damper model
(Po, Vo, Tg,)
F x
454CVD Fr Friction model

Figure 4.1: 45,CVD model layout and interaction
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The validated single- accumulator and valve model will be extended to a full, two-accumulator model
of the 4S,CVD, as previously discussed in section 2.4.4. The full model can be used to investigate
accumulator volumes and control strategies for optimal performance. Experimental testing of the full,
two-accumulator 4S,CVD does however, not form part of this study and some uncertainty regarding
the accuracy of the full model remained.

4.2 Accumulator pressure

The accumulator pressure was proven to be accurately determined by the BWR real gas model
combined with the energy equation, as discussed in section 2.4.2. The following steps were followed
to calculate the pressure for every time step in this model. To accurately determine the volume of the
accumulator, V for a given displacement input, x the compressibility of the oil is taken into account
as:

V=Vy+xA+AV,; (4-2)
where the volume decrease of the oil, AV,;; due to its compressibility is determined by using the bulk

modulus, S of the oil:

AP
AVyi = (?) Vo,oit (4-3)

AP refers to the difference in pressure of the oil between filling which is assumed to be the same as
the current accumulator pressure. V ,;; is the volume of the oil which the unit was filled with. The
mass of the nitrogen, mg, that the accumulator is charged with, can be determined by using the ideal
gas law, defined as:

_ BV
~ RT,
where Py and V, is the pressure and volume the accumulator is charged with, at an ambient
temperature, Ty and R the universal gas constant for nitrogen. The specific volume of the nitrogen can
then be determined by:

my (4-4)

v=V/my (4-5)

The rate at which the oil volume changes, AV,;; is assumed to be negligible, thus the rate of specific
volume change of the nitrogen is determined based on the strut velocity, x:

v =xA/m (4-6)

This is then used to calculate the specific heat, c,, using eq. (2-9) and (2-10). The change in gas
temperature, T, is then determined by the first-order differential equation in eq. (2-8). Finally, this is

used to calculate the accumulator pressure, Fy, using eq.:

C A
BoRT, — Ay — =2 AN oz
RT, ! Tg +bRTg _a+c(1 +v2)e " (4-7)

accw 1y v2 v3 v3TZ

Thus, ultimately, Pyecy = f(VO,PO,Tg,x, X). For the one-accumulator validation model this sequence
of calculations is executed once for every time step, before moving on to determine the pressure drop
over the valve. As illustrated in Figure 4.1, with the initial conditions V,, and P, specified, Ty, x and x
is given to the model which calculates the accumulator pressure. With Tglassumed as 25°C the model

calculates the gas temperature which is used as input for the next time step, T9n+1'
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4.3 Pressure drop over valve

For an accurate physics-based model to determine the pressure drop over the valve, it is advised that
each sub-component of the valve and the channels or ports is tested and modelled separately. Since
the suspension system as a whole was tested, such a model therefore does not form part of the study.
A continuous model capable of calculating the pressure drop for any velocity and current combination
within the operating conditions is required for simulation and control. It was decided to develop a
pressure drop versus velocity and current model and to then account for the dynamic behaviour in
the form of response time, which will be discussed in the section that follows. Various methods were
investigated, however, it was found that using the thin-plate spline method for interpolation and
smoothing achieved the best results. Linear, cubic and thin-plate spline interpolation, along with
locally weighted scatterplot smoothing (LOWESS), were compared and is discussed in Appendix B.

Figure 4.2 shows a surface plot of the model along with the data points extracted during the
experimental testing, as previously shown in Figure 3.16. The thin-plate spline interpolation method
was applied to the experimental data to create a surface plot for all the current settings, ranging from
0 to 1.2A. Due to the large pressure drop differences between the 0.9A and the 1.2A setting, some
undulations could be noted on the surface plot at -200mm/s, which would not be representative of
the actual damping. Overall, the data did, however, seem to be predicted adequately. To analyse this
more carefully, the model output and test data is presented in a pressure versus velocity plot in Figure
4.3.

As the model is based on an interpolation method, it approximates the test data very accurately. More
importantly, the pressure drop for current settings between the tested values, such as 0.45A and
0.75A, provided representative results. The model seems to slightly “flatten out” the predicted
pressure drop at higher velocities (i.e. made it less exponential) as indicated by the red arrows in Figure
4.3. To analyse the previously noted undulation between 0.9A and 1.2A, 1A and 1.1A are presented.
In this instance, it is evident that the model does not effectively preserve the shape of the pressure
drop and subsequently becomes less accurate. This can be attributed to the sharp increase in pressure
drop at 1.2A. To develop a more refined model, extra data points are required and it is recommended
that additional testing should be conducted in this region. However, it is expected that the valve would
not continuously operate within this region, as it represents fairly high damping. Therefore, the model
is assumed to be sufficient for this application. This fairly basic method of predicting the pressure drop
over the valve does yield adequate results. After validating the model, it should provide representative
simulation results.

By providing a current and velocity input, this model can therefore determine the pressure drop over
the valve. This can be added to the pressure determined by the pneumatic spring model to increase
or decrease the force output of the 45,CVD. When the suspension is compressed (negative velocity),
the resultant pressure drop is positive, irrespective of the applied current. This can be subtracted from
the pressure determined by the pneumatic spring model to increase the force output. For extension
of the suspension, the output force would consequently be less.
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Figure 4.2: Surface plot of model and data pressure drop over valve
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Figure 4.3: Model and data pressure drop over valve

4.4 Response time

1000

Section 4.3 discussed the model that can determine the pressure drop over the valve for a given
current and velocity combination. However, this is based on the experimental data extracted at a
constant velocity and current setting. To capture the dynamic behaviour of how the pressure drop
over the valve change, the response time, discussed in section 3.3.3, can be incorporated into the
model.

The model only considers the velocity input at the given time step to determine the pressure drop. It
therefore assumes that previous velocity inputs doesn’t affect the current pressure drop calculation.
For example, when the previous iteration’s velocity input to the model is 100mm/s and the most
recent input is 300mm/s, the model output will only use the given input velocity to calculate the
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pressure drop. This assumption is made based on the expectation that the velocity would change
gradually if a small enough sampling time is used. If the model results in discontinuous or unrealistic
force spikes in simulation, this assumption would have to be revised and would possibly require
additional experimental data to accurately predict the behaviour.

Dynamic response would, however, be included in the model with regard to changing the valve’s
solenoid current. For example, when the current is changed from OA to 1.2A (irrespective of the
velocity) the pressure drop needs to gradually increase to the 1.2A level instead of a step increase.
Since the model uses solenoid current as an input, the possible electrical instrumentation delay and
current driver response time is not accounted for in the model. The electrical delay and the current
driver delay can be used to model the demand signal and output current signal which is sent to the
suspension model. However, for the purposes of this study, these were assumed to happen
instantaneously. Although such delays were shown to be up to 10ms, they would have to be
determined for the setup that would be used on the vehicle.

Section 3.3.3 stated that the response time of the valve was influenced by factors such as pressure
differences before and after switching, the magnitude of the current step, as well as the input velocity
or flow rate. This complex system would require a comprehensive set of experimental data or a
physics-based model to accurately predict the response time. In order to simplify the model the
dynamic behaviour is therefore taken into account empirically.

The model is developed based on the response time results presented in Figure 3.20 and Figure 3.23.
Whenever the current changes, the pressure drop is calculated based on a fraction, Pr.q between
zero and one as:

APvalve = APvalve,i + Pfrac (APvalve,f - APvalve,i) (4'8)

where APyq e, is the pressure drop calculated by the damping model before the current has been
changed, APyq 1y f is the pressure drop calculated by the damping model for the most recent current
and velocity input. This allows the pressure drop to gradually increase to that of the new current and
velocity combination. The model uses the response time, t,.s, to determine when the pressure drop
changes 5%, 63%, 95% and 100% respectively, as shown in Table 4.1. This was based on experimental
response time data such as shown in Figure 3.23. In between these points, Matlab’s smoothing spline
interpolation with a smoothing parameter of 0.99999 is used to calculate the fraction, as illustrated in
Figure 4.4. Two additional data points were added for a fraction of zero and one to improve the shape
of the spline.

To simplify the model, a constant response time can be used. Results showed that OA to 1.2A took up
to 50ms for certain conditions, while smaller steps showed responses faster than 30ms. Based on
these results, 40ms is was used as the response time for current changes in the empirical model. This
is a relatively conservative approach, since all the smaller current changes would happen much faster,
however, the more extreme cases could take slightly longer than 40ms. This reduced the amount of
variables and ambiguities when analysing the performance in simulation. With this method the effects
of the response time can also be analysed effectively by simply increasing or decreasing the response
time that is used to calculate the fraction.

This method of modelling the dynamic response could be modified to include the response time
dependence on the current step or the difference in the pressure drop before and after switching,
(APyqive,f — APyqive,i)- This was not included in the current model and could be considered in future.
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Table 4.1: Fraction data points for changing 1. Response time model

pressure drop
1 |-
Fraction Time For 40m_s osl
Prrac response time -
0 —0.25 X tps —10ms g 067
0 0 Oms & o4l
0.05 0.25 X tpps 10ms =
0.63 tres 40ms 021
X  Data
0.95 1.25 X tes 50ms 0 Spine
1 1.5 X tyes 60ms
0.2 ‘ : ‘ :
1 1.65 X tres 66ms 0 0.02 0.04 0.06
Time [ms]
Figure 4.4: Interpolation to calculate
fraction

4.5 Friction

Van Den Bergh (2014) showed that friction force has a significant effect on the simulation results of
hydropneumatic suspension systems. However, he concluded that the accuracy gained by using a
complex model over a rudimentary look-up model based on experimental data does not justify the
additional computational demand. Therefore, to include the frictional force in the model, the friction
force is modelled according to the experimental results previously shown in Figure 3.25, rather than
a complex physics-based model. Piecewise cubic Hermite interpolation of the data points was used to
calculate the frictional force for a given velocity input. The results indicated that the frictional force
remains constant at higher velocities. Consequently, an additional data point is added at -1000mm/s
and 1000mm/s with the force equal to what was measured for -300mm/s and 300mm/s respectively.
The resultant model, along with the experimental data, is presented in Figure 4.5.

Friction force model

400 —
300 -
200
100 —
2 M3
I — K
g 0
Q
o
-100 & B
-200
-300 X Experimetal Data
E Friction model
400 ! ! ! ! I
-600 -400 -200 0 200 400 600

Velocity [mm/s]
Figure 4.5: 45,CVD friction model

4.6 Model validation

After each part of the single-accumulator 45,CVD based on eq. (4-2) had been modelled, the next step
was to validate the output of the model and to analyse its accuracy. The model was validated
according to tests conducted to characterise the 4S,CVD, as well as an additional dynamic road input.
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4.6.1 Hydropneumatic spring

To validate the pneumatic spring or accumulator pressure and friction model the same 1mm/s
triangular displacement input used during experimental testing to produce Figure 3.14 is used as
input. Due to the noise of the measured actuator input, the digital command signal was used as the
model input. When the noisy measured displacement signal is used as input, it results in a similarly
noisy velocity signal. The noise in the velocity signal is used as input to the damping model which then
leads to inaccurate damping and friction forces.

The displacement input, load-cell measured force and model-predicted force responses are shown in
Figure 4.6. The measured and model-calculated forces correlate extremely well for this input. Figure
4.7 shows a force-displacement comparison of the measured force and model-calculated force. For
more focus on the pneumatic spring model, the force derived from the measured and calculated
accumulator pressure times in the piston rod area is also shown. The force output of the model
includes the friction model, while the accumulator pressure output is the pneumatic spring model
only. Due to uncertainties regarding accumulator volume and initial accumulator charge pressure,
these variables were tuned iteratively until a good correlation was achieved. This could be justified to
some extent, as other factors such as compliance in the test bench weren’t accounted for and there
could be a temperature difference between filling and testing. The estimated accumulator volume
was 0.19[ and the pressure gauge read 6.9MPa after filling, however, the best fit was achieved with
0.16! and a charge pressure of 6.6MPa. From Figure 4.7, it is evident that, after tuning, the model is
capable of accurately predicting the accumulator pressure for the given displacement input.
Furthermore, the force output, including the friction for a £1mm/s velocity input, correlates very well
with the measured force output. It is also proved that the model accurately compensates for the
compressibility of the oil, which would otherwise have resulted in an overestimated force output at
higher pressures. The hysteresis with regard to heat transfer between the environment and the unit
is also accurately included. Higher velocity inputs, however, results in more heat generated. This needs
to be investigated to further validate the model in terms of heat transfer. The stability and accuracy
of the hydropneumatic spring model is evaluated at higher velocity inputs in the next section as the
force output is then not only function of the hydropneumatic spring, but also a damping model.

Force Response for ITmm/s constant velocity input
I I

‘ -10
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s NN e Calculated Force || -20
Displacement input

= Z
Z
14 ! ! : -120
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Time [s]
Figure 4.6: Measured and calculated force response with no damping
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Force vs displacement of model
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Figure 4.7: Measured and calculated force versus displacement with no damping

4.6.2 Damping

To validate the damping force calculation of the model, similar triangular displacement inputs can be
used, but requires higher velocities to generate significant damping. The pressure drop or damping
calculated by the model is essentially equivalent to the output presented in Figure 4.3. The pressure
drop versus velocity is therefore not presented, but rather the pressure and force response as well as
the force displacement.

The measured 800mm/s constant velocity input, along with the measured force and calculated force
for OA solenoid current, are presented in Figure 4.8. Figure 4.9 shows the measured and calculated
accumulator and strut pressure for the same input. The corresponding force-displacement graph is
presented in Figure 4.10. The model-calculated and the measured force generally correlates well,
while the pressures correlates even better. The initial force offset can be ascribed to the residual force
due to stiction, which disappears as the actuator displaces the strut. Some force discrepancies can be
noted when the input or actuator changes direction, however, the model returns to the measured
force within 20ms. This can possibly be attributed to not taking into account the inertial properties of
the piston rod, bearing and mounting that has mass of more than 10kg. During full-vehicle simulation
these properties can be accounted for by combining them with the unsprung mass so that the dynamic
effects are taken into account by the multibody dynamic vehicle model. It is could also possible that
the friction model, which was developed with constant velocity inputs, does not accurately predict
the force in such dynamic situations. Since the damping model was developed using constant velocity
inputs, there were some concern that it would not be capable to accurately calculate the pressure
drop in dynamic situations where the velocity changed abruptly. However, as the calculated pressure
responses correlate so well, it can be concluded that the model accurately predicts the pressure drop
even in these dynamic conditions.
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Force Response for 0A & 800mm/s constant velocity input
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Figure 4.8: Measured and calculated force response with 0A damping
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Figure 4.9: Measured and calculated pressure response with 0A damping
. Force vs displacement for 0A & 800mm/s constant velocity input
2 -
=
]
2 st
-6
-
Measured Force (Load-cell)
-------- Force output of model
8 \ I \ I \ \ I I
-110 -100 -90 -80 -70 -60 -50 -40 -30
Displacement [mm]
Figure 4.10: Measured and calculated force versus displacement with 0A damping
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To validate the model for other damping settings, a solenoid current of 0.6A with a 600mm/s constant
velocity input was used. The measured and calculated force response, along with the displacement
input, are presented in Figure 4.11. The corresponding pressure response is shown in Figure 4.12 and
the force displacement in Figure 4.13. The model produces a similar output to the OA current setting
where the pressure responses correlate very well. The measured and calculated force also show good
correlation, but includes the same discrepancy after the input underwent a change in direction.
Comparing measured and calculated output for these two cases show that the model can accurately
predict the force output.
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Figure 4.11: Measured and calculated force response with 0.6A damping
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Figure 4.12: Measured and calculated pressure response with 0.6A damping
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Force vs displacement for 0.6A & 600mm/s constant velocity input
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Figure 4.13: Measured and calculated force vs displacement with 0.6A damping

4.6.3 Response to a road input with constant damping

For further validation, the decision was taken to use a dynamic input based on an artificially generated
class-D road, based on the ISO 8608 standard (International Organization for Standardization, 1995).
The road has a total displacement of 180mm, which exceeds the stroke length of the 45,CVD used
during testing. This was then reduced to 80mm by scaling the total displacement input by a factor of
0.44,i.e. itis not a true representation of a class D road anymore. The decision was taken to apply a
constant current to the solenoid to avoid possibly damaging the unit when high current is applied with
high velocity. This also reduces complexity and possibly remove ambiguity in the results. The scaled
road profile in the spatial domain is converted to the time domain, based on the speed a vehicle would
drive over it. Although the displacement would remain unchanged, increasing the “vehicle speed”
results in the input signal being at a higher velocity. A vehicle speed was determined iteratively so that
the maximum input velocity does not exceed the tested velocity for the chosen solenoid current. For
a 0.9A solenoid current, a vehicle speed of 10km/h was selected as it results in a maximum input
velocity of 400mm/s. This is within the parameters used during the characterisation tests and would
generate adequate damping while not producing damaging damping forces. Due to the above-
mentioned limitations, this input is not necessarily appropriate for actual usage, however, the aim is
to have some dynamic input which can be used for further validation.

An extract of the measured and calculated force, along with the displacement input, are presented in
Figure 4.14. The sudden “steps” or discontinuities in the force response are caused by friction in the
system. The suspension is fixed while forcing it with a specific input and as the direction of the input
velocity changes the direction of the frictional force changes, resulting in a discontinuity. In reality the
actual actuation of the suspension would be different due to the filtering effects of the tyre and the
vehicle body being able to translate vertically, however, this can still be used to validate the model.
Overall, the model-calculated force output correlates well with the measured force. The largest offset
can be noted at large displacements where the force predicted by the model is marginally higher than
what was measured, as can be seen at 5.3 seconds in Figure 4.14. It is estimated that this could be due
to the pressure dependence of the frictional force as mentioned in section 3.3.4. At 5.3 seconds the
piston is extended, resulting in a positive friction force. Because the pressure is higher than what was
used to develop the friction model, the frictional force is therefore larger than what the model
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calculates which would explain the slight offset. A pressure dependent friction model could be
investigated for improved accuracy in future.
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Figure 4.14: Measured and calculated force for an artificial road input

4.6.4 Response time

As a final step in the validation process, the dynamic response of the model when changing the
solenoid current is analysed. The decision was taken to validate the model according to experimental
data that focused on extracting the response time, as presented in Figure 3.20 and Figure 3.21. As
previously mentioned in section 3.3.3, the response time tests had to be conducted at low velocities
in order to allow sufficient time to accurately extract the response time and to reduce the actuator
overshoot. Evidently, a very low pressure drop over the valve is created. Figure 4.15 and Figure 4.16
show the measured and calculated pressure drop when switching the current from OA to 1.2A at
100mm/s and OA to 0.9A at 150mm/s respectively. The model output for using the default 40ms
response time and the experimentally determined response time is included. In order to create
comparable results, the measured input signal was again used as input to the model. The noise was
reduced by using a smoothing spline function.

Overall, the model-produced pressure drop correlates fairly well with the measured pressure drop.
However, the model does seem to produce a slightly larger pressure drop for the 1.2A damping in
Figure 4.15 and for both damping settings in Figure 4.16. Upon further inspection of the pressure drop
model on a finer resolution (Figure 4.3), it was noted that the pressure drop model is responsible for
this offset. The damping or pressure drop model was developed by focusing more on the broad data
set, which effectively biases the higher velocities and pressure drops. Consequently, the model does
not predict the very low pressure drops accurately in some cases.

In an attempt to improve the model, the lower velocity data points were also weighted, however, this
causes the high velocity and large pressure drop predictions to become inaccurate. More experimental
data points would allow for a better fit and possibly solve this compromise, alternatively a low velocity
and a high velocity damping model could be utilized. Although the model could be refined further in
various ways, the decision was taken that the current model can sufficiently calculate the pressure
drop for the current application. Future research initiative could investigate other methods, e.g.
artificial neural network, to model the damping and response time.
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In terms of the response time, the model uses 40ms for all cases. As expected, the model responds
slightly faster than the measured data for OA to 1.2A damping in Figure 4.15, but marginally faster
than OA to 0.9A damping in Figure 4.16. Increasing the response time of the model to 55ms for the OA
to 1.2A case, the pressure drop rate follows the measured pressure drop extremely accurately. The
same can be done for the 0A to 0.9A case by decreasing the response time to 30ms. This proves the
model is capable of accurately calculating the pressure drop when changing current. Evidently, a slight
compromise is made by choosing the response time to be 40ms for all cases. It does, however, reduce
uncertainty when investigating the effects of the response time in simulation. The model could clearly
be improved by adapting the response time based on, for example, the pressure drop or the current
step size. These improvements did not form part of this study and the current method was deemed
sufficient.

Pressure drop over valve for 0A to 1.2A
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Figure 4.15: Measured and calculated pressure drop response time for 0A to 1.2A damping
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Figure 4.16: Measured and calculated pressure drop response time for 0A to 0.9A damping
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4.7 Full 4S4CVD model

After validating the single-accumulator and valve model according to experimental data, the model
can be extended to the full, two-accumulator model of the 4S,CVD intended for vehicle
implementation. Experimental testing of the full, two-accumulator 4S,CVD did, however, not form
part of this study, and can therefore not be validated. However, as mentioned in section 2.4.4, Theron
and Els (2007) developed a model that predicts the flow split between the two accumulators. Good
correlation between the predicted force output and measured experimental results of the 4S,
demonstrates that the incorporation of flow-split modelling is a suitable and accurate strategy.

The full 4S,CVD model consequently consists of the same validated pneumatic spring and damping
model. The input to these models is determined by the fraction of fluid flowing along each respective
path, as indicated in Figure 2.14. The fluid flow caused by displacement of the piston rod, Q3, and the
equivalent flow split can be described by eq. (2-16):

Qs = Apistonx =0, +0Q;

(2-16)
Qs = [(Qrac X Q3) + (1 — Q) Q5]
Vi P, V2
Qi apt ta2 10
PN B

AP, 93| AP,

Tl

Figure 2.14: Fluid flow model

Q, and Q; is the flow rate through the valve to accumulators 1 and 2 respectively. Qrq is the fluid-
flow fraction where 1 would mean that all the fluid flows to accumulator 1 and 0 that all of it goes to
accumulator 2. The correct flow split will result in the system being in equilibrium, so that there is no
pressure differential. For the system to be in equilibrium, the accumulator pressure and pressure drop
over the valve needs to equal the strut pressure which can be described by previously presented eq.
(2-17). This equation can be rewritten in terms of both the accumulator pressures and pressure drop
as in eq. (4-9). The flow split is then calculated by using Matlab’s fminbnd function, a minimiser
function that iteratively changes the flow split (starting at 0.5, limited between 0 and 1) until it finds
the minimum for eq. (4-9). The maximum allowed iterations for the minimiser function was set at 500
and the threshold or tolerance for allowed minimum set at 10Pa.

P; =P, + APy = P, + APy, (2-17)

(Py + APy1) — (P, + APy,) = 0 (4-9)

Accumulator pressures, P; and P,, are calculated with the hydropneumatic spring model discussed in
section 4.2 and the pressure drop over valves 1 and 2, APy4 and APy, are calculated with the damping
model discussed in section 4.3. For a compressive input, increasing the flow fraction would therefore
increase accumulator 1 pressure, P;, as more fluid flows to the accumulator decreasing the volume.
The pressure drop over valve 1, APy, would also increase due to the increased flow. However, the
pressure of accumulator 2, P,, would decrease and the pressure drop created over valve 2, APy,
would also be lower. The opposite would happen if the fraction were to be decreased. The minimiser
function determines the split for each time step before the force output can finally be determined by
eq. (4-10):

Fys,cvp = (AX P3) + Ff (4-10)
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Inter-accumulator flow error

When first analysing the output of the model, it was found that the model produces an unexpected
pressure offset between the two accumulators after a given input. Figure 4.17 illustrates this in the
pressure response sampled at 1kHz for an artificial triangular displacement, 400mm/s constant
velocity input with 0.9A current supplied to both valves. The pressure differential between the two
accumulators should be negligible after 1.1s, since there is no velocity input to create a pressure drop
over the valves. After further investigation it was found that this offset is due to the model not being
capable of accurately predicting the force output when given an artificial input where the velocity
changes from 0 to 400mm/s in 1 time step. The problem arises from the model only considering fluid
flowing from the strut and accumulator, but not from one accumulator to the other. With a 400mm/s
input there is fluid flow and a pressure differential between the accumulators due to the different
pressure drop over the valves. In the following time step the input could change to 0Omm/s which
equates to no fluid flow calculated in the model. This results in zero pressure drop over the valves, but
there is still the residual pressure differential between the accumulators carried over from previous
solve step, but now no flow to allow recalculation to satisfy equilibrium. This translates into an
inaccurate prediction of the force output, which is clear when checking if the system satisfies
equilibrium as defined in eq. (2-17). Figure 4.18 shows the corresponding error, which should be
approximately 0 if equilibrium is reached.

The decision was taken to incorporate a strategy that allows flow between the accumulators when
the piston velocity becomes low and equilibrium is not satisfied after the flow split has been
calculated. After the appropriate flow split is calculated and the equilibrium error is more than 1Pa, a
minimiser function is again used to iteratively change the amount of fluid flow between the
accumulators, Q5¢,1. The flow to each accumulator can then be defined by eq. (4-11).

Q1 = Q1 + Q201
Q2 = Q2 — Qzto1

This flow is used to calculate the accumulator pressures and pressure drops within the respective
models, which is then used to assess equilibrium with eq. (2-17). Figure 4.19 shows the pressure
response of the model that includes this inter-accumulator flow strategy. After 1.1s the model now
allows fluid flow from accumulator 1 to accumulator 2, even though there is no fluid flow caused by
the piston displacement. Figure 4.20 shows the corresponding equilibrium error, which now is less
than 0.1Pa. Evidently, incorporating this inter-accumulator flow strategy greatly increases the
accuracy of the full 45,CVD model.

(4-11)

It is not clear whether Heymans (2017), or Theron and Els (2007) who previously employed the flow-
split strategy, would have encountered the same flow split problem when their model is subjected to
an artificial input where the input velocity abruptly reduces to zero between time steps. It is possible
that their mathematical model is set up different so that it is still capable of reaching an accurate,
equilibrium state without needing the proposed inter-accumulator flow strategy.
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35Pressure response for 400mm/s input with 0.9A damping
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Full 4S4CVD characteristics

The optimisation study by Uys et al. (2007) determined that a total accumulator volume of 0.1/ and
0.5 for the 4S, provided optimum ride comfort and handling performance. A similar study is required
to investigate which accumulator volumes would be optimum for the 45,CVD. As a first estimate, the
accumulator volumes and charge pressure of the full 45,CVD model is selected to produce similar
stiffness characteristics as the already optimised 4S,. After exploring different accumulator volumes
and charge pressures with the full 45,CVD model, it was found that a total volume of 0.27[ at a charged
pressure of 3.65MPa provides a similar soft spring characteristic, as shown in Figure 4.21. Any
combination of the two accumulator sizes could essentially be used to make up the combined volume.
Having two different size volumes does allow an additional stiffness characteristic. However, to
achieve a similar hard spring characteristic of the 4S, an accumulator volume of 0.145! is required,
which requires the remaining accumulator volume to be 0.125! to achieve the desired total volume.
This effectively eliminates a 3™ stiffness setting as these volumes produce similar stiffness
characteristics. Alternatively, volumes of 0.161 and 0.111 can be used, which produced a characteristic
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that was both lower and higher than the hard 4S, setting, as shown in Figure 4.21. It should however
be noted that Els (2006) stated the hard stiffness of 4S5, to be sufficiently high. Therefore it might be
better to increase the total volume, which decrease the soft stiffness of the 4S,CVD, but allows more
freedom in selecting different accumulator volume combinations. Future research initiatives which
focus on finding optimal volumes would address this problem.

Full 4S 4CVD stiffness characteristics
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&
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Figure 4.21: Possible stiffness characteristics for the two-accumulator 45,CVD

The force output of the full 4S,CVD model is essentially always a combination of a spring, friction and
a damping force. The damping or force versus velocity characteristics can however, be artificially
extracted by determining them from the total pressure drop over the valves as calculated by the
model. Figure 4.22 shows the possible damping characteristics of the 45,CVD, along with the 4S,
damping characteristics and the stock or baseline damper for comparison. The characteristics were
determined using a 100mm sine wave as input, with the frequency chosen to produce a reasonable
damping effect. The soft spring allows fluid to flow to both accumulators, while the stiff spring blocks
flow to one accumulator by supplying a 1.5A current. To simplify the process, it was assumed that
there is no leakage past the valve, since tests presented and discussed in section 3.3.5 indicated it to
be negligible. In the case of the soft spring, both valves were provided with the same current. When
flow is allowed to both accumulators, the flow rate through each valve is reduced, which consequently
reduces the damping. With the stiff spring, all the fluid is forced through one valve and the damping
effect is therefore larger. The 45,CVD would thus be capable of producing any damping characteristic
from the lower OA damping limit (when the fluid flow to one accumulator is blocked) up to and past
1.2A damping, until effectively blocking all flow.

From Figure 4.22 it is evident that the 45,CVD is capable of producing much lower damping than the
baseline and 4S.. Els (2006) stated that the 4S, damping should be 50% less for significant ride comfort
improvement. When comparing these characteristics, it could be concluded that the 45,CVD soft
spring is capable of producing around four times less damping than the soft 4S,. Based on this, the
45,CVD would therefore already be capable of providing better ride performance. When considering
how the 4S,CVD would affect the handling capabilities, the high damping (1.2A damping) can be
compared to the 4S, hard or handling setting. In Figure 4.22 it is evident that even with the stiff 4S,CVD
setting it provides extremely low damping at velocities below 150mm/s. Although it is possible to
increase the damping at low velocities by further increasing the current supplied to the solenoid valve,
this would then have a knock on effect of then causing severe damping (effective lock-up) at velocities
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below 200mm/s. It is expected that this will be detrimental to the handling capabilities of the vehicle.
This problem arises from using flow control valves which causes an exponential increase in damping
instead of a more linear increases as with the 4S,. Therefore, although the 4S,CVD would result in
increased ride comfort, it would decrease handling due to negligible low speed damping.

Full 48 4CVD damping characterisitics
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Figure 4.22: Possible damping characteristics for the two-accumulator 45,CVD
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Computation time

Although optimisation of the computational efficiency or simplification of the model did not form part
of the study, it was important to illustrate the computational demand of the current model. The time
it takes to find a solution can be influenced by various factors, but is predominantly based on the
computer’s central processing unit. With a fairly capable 3.2GHz processor, the time required to solve
1s of simulation for various inputs is given in Table 4.2. The artificial road input used is equivalent to
the one previously used and discussed in section 4.6.3

Table 4.2: Solve time of the full 45,CVD model

Time [s] required Time [s] required to
Model input Suspension setting to solve 1s of solve 1s of
simulation at 1kHz | simulation at 200Hz
500mm/s triangular 0A damping, soft spring 25.6 5.39
displacement 0.9A damping, soft spring 26.1 5.49
constant velocity 0A damping, stiff spring 1.06 0.22
0A damping, soft spring 26.5 5.58
Artificial road input | 0.9A damping, soft spring 27.3 5.75
0A damping, stiff spring 1.09 0.23

The soft-spring setting took considerably longer to solve due to incorporating the highly iterative flow-
split and inter-accumulator flow strategies, while these strategies are not required for the stiff spring
setting. When comparing the various damping settings, it can be concluded that lower damping takes
marginally less time to solve. This can be attributed to the higher damping in the model requiring more
iterations converge to a solution that satisfies equilibrium. Decreasing the sampling rate of the model
directly relates to a shorter solve time, however, this could decrease the accuracy of the model. It is
estimated that the sampling time can safely be reduced to 200Hz, because the frequencies below 80Hz
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predominantly effects ride comfort. The time required to solve 1s of simulation at 200Hz is also
presented in Table 4.2. Decreasing the sampling frequency by 5 times decreased the solving time by a
factor of about 4.75. However, the sampling rate is especially critical when the model includes a
control strategy as it adds additional delay in the response and it was therefore kept at 1kHz for the
remainder of this study.

4.8 Conclusion

This chapter presented the modelling and validation process of the single-accumulator 4S,CVD that
was used in the characterisation testing. This model proved to be capable of accurately predicting the
experimentally measured force and pressures for the various inputs considered. It also accurately
models the dynamic behaviour when changing the solenoid current by gradually changing the
pressure drop at the specified response time.

The validated model was further developed according to the final design layout that consists of two
accumulators and two continuously variable valves. This model incorporates both an iterative flow
split and an inter-accumulator flow strategy that determines the flow to each accumulator. However,
this model has yet to be validated according to test data and, as a result, there is some uncertainty
regarding the accuracy thereof. The computation time of the full 4S.CVD model is was also
investigated, which highlighted the computational demand of the model when passively controlled.
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Chapter 5:
SIMULATION AND CONTROL

This chapter investigates the dynamic response and control of the 45,CVD through simplified quarter-
car simulations. Passive control simulations are conducted to evaluate the 4S,CVD’s capabilities and
to establish how the characteristics can be changed to influence the response. These results can be
used as a baseline in a comparison to the performance of an active skyhook-controlled 45,CVD. The
effects of response time and controller gain on the skyhook control algorithm are also investigated.
This investigation should indicate whether the 4S,CVD and active skyhook control can provide
improved ride comfort performance and support further investigation. All simulations are performed
at a rate of 1kHz.

5.1 4S,CVD simulation model

A model of the single-accumulator 45,CVD has successfully been developed and validated. This model
was extended to the final design layout consisting of two accumulators and valves that have yet to be
validated according to experimental data. However, including the flow-split and inter-accumulator
flow greatly increased complexity and computational demand. The control strategy has to control
both valves, while taking the ever changing flow split and inter-accumulator flow into consideration.
Including these additional variables could obscure the results and make it difficult to draw definitive
conclusions. Furthermore, including a control strategy exponentially increases the computational
demand. Actively controlled simulations conducted with the single-accumulator model, as presented
in Figure 5.12, took longer than 30 minutes to solve. Since this study focused on evaluating the possible
performance and feasibility of the 45,CVD, the decision was taken to conduct simulations with the
validated single-accumulator model as defined in eq. (4-1). Although the accumulator volume of the
validated model can be modified to match the soft, medium and hard spring settings, all the fluid flow
passes through one valve as shown in Figure 5.1. The simulation model would therefore have slightly

higher damping than the full model.

N
7o

Accumulator 1 Accumulator 2

(o]
Figure 5.1: 45,CVD simulation model

5.2 Single degree of freedom model

After the vehicle modelling literature review, as discussed in section 2.5, the decision was taken to use
a simplified quarter-car or single degree of freedom model to conduct a simulation based investigation
of the 45,CVD. The study focused on the vertical dynamics associated with ride comfort. Including
additional dynamics, such as vehicle roll, pitch or yaw, would complicate the model without really
adding value to the validity of the investigation. Furthermore, a full quarter-car model includes the
unsprung or wheel resonance that is important for analysing the road-holding capabilities of the
wheel, but not necessarily the ride comfort. A simplified quarter-car or single degree of freedom
model would therefore be capable of producing acceptably accurate results to highlight the 45,CVD’s
capabilities and could possibly justify a more detailed investigation.
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The single degree of freedom model is illustrated in Figure 5.2. The model consists of an input or
excitation displacement, x;, which results in the displacement response, x,, of the sprung mass, M,
due to the force applied by the 4S,CVD. For this study a sprung mass of 400kg was used, since the total
body and chassis (sprung mass) of the Land Rover Defender was determined to be 2025kg (Uys et al.,
2006). The relative motion between the input and sprung mass determine the suspension deflection,
X = x5, — x4 that is used as input to the model to calculate the force output. The equation of motion
describing the system can therefore simply be defined by eq. (5-1) as:

MX, = Fas,cvp* (5-1)
The single-accumulator force output can ultimately be described by the sub-model model inputs as:
Fys,cvpr = f0,%,Vo, Po, Ts, 1, tres)

" I

X

45,CVD

P NP NN ‘sz
Figure 5.2: 45,CVD single degree of freedom model

The model therefore only considers vertical motion only and neglects any suspension kinematics.
However, the suspension would be mounted vertically, which reduces the inaccuracy that would arise
from the road input not being in the same plane as the suspension deflection. Furthermore, the model
does not include any bump stops. Care should thus be taken when subjecting the system to harsh
excitations, since it could cause the suspension to deflect outside its operating range.

5.3 Passive control analysis

Multiple passive control simulations were conducted to investigate the effect of different damping
and stiffness settings on the ride comfort. The simplified quarter car model is subjected to a frequency
sweep and an artificially generated road profile. The sprung mass dynamics are evaluated and can be
used as a baseline for the active-controlled simulations. The effect of friction in the suspension on the
ride comfort performance was also investigated.

5.3.1 Effect of damping and stiffness on ride comfort

Frequency sweep

The dynamic response of the sprung mass with different suspension settings was investigated with a
sinusoidal frequency sweep or chirp input. The input changes from 0 to 30Hz at a 20 seconds/Hz,
resulting in a 600 second simulation time. The frequency was slowly increased to allow sufficient time
for the system to essentially reach a steady-state condition for the excited frequency range. The input
was set up to approximate an acceleration between -1m/s? and 1m/s? throughout the frequency. This
could then be used to approximate the frequency response of the sprung mass acceleration. Figure
5.3 shows the input displacement and acceleration used to excite the mass, along with the response
for 1.2A damping.
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Figure 5.3: Example of frequency-sweep excitation and response in time domain

The corresponding unweighted frequency response of the sprung mass for different damping is shown
in Figure 5.4. Despite the slow sweep, the sprung mass frequency response was still noisy at some
frequencies. This is due to the excitation frequency changing before the sprung mass reaches a steady
state. Although further increasing the sweep would reduce the noise this was assumed to be sufficient
to make meaningful conclusions.

Although the force displacement relationship of the hydropneumatic spring is non-linear, it can be
linearized by considering a specific displacement range. With a sprung mass of 400kg, the soft, 0.271
45,CVD needs to deflect about 120mm to support this mass. The stiffness coefficient can then be
determined by considering a range around 120mm deflection. The stiffness coefficient of the soft
45,CVD, linearized across specific ranges, is listed in Table 5.1, which is based on the force
displacement characteristic previously shown in on Figure 4.21. Due to the progressive increase of
force per displacement, the stiffness also increases as the on the displacement range increases. The
stiffness can be used to calculate the natural frequency of the sprung mass using eq. (5-2) is also
included in Table 5.1 for each stiffness.

fon=1/2n X \/k/m (5-2)

Table 5.1: Stiffness coefficient of the soft 45,CVD

Linearized range about 120mm Stiffness, k Natural frequency, f,
[mm] [kN/m] [Hz]
+-10 (110 to 130) 20.5 1.14
+-20 (100 to 140) 21.25 1.16
+-60 (60 t0180) 24.17 1.24
+-100 (20 to220) 30.17 1.38

The natural frequency of the sprung mass therefore depends on the deflection range in which the
suspension is operating. The natural frequency of the sprung mass can be see with the amplitude spike
at 1.2Hz irrespective of damping setting in Figure 5.4. This correlates to the natural frequencies
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presented in Table 5.1, which would suggest that the suspension is operating at +-50mm deflection
about 120mm to result in a similar natural frequency. The invariant or crossover point, where the
magnitude of the response remains the same irrespective of damping, can be noted at about 1.85Hz.
It was evident that increasing the damping decreased the amplitude response at frequencies below
the invariant point, but slightly increased the response at higher frequencies. However, the lower
frequencies carried less weight compared to the higher frequencies, based on the weighting function
shown in Figure 2.1 of the BS 6841 standard (British Standards Institution, 1987). This illustrates how
a passive damper has to make a trade-off between damping out the resonant frequency and high
frequency filtering. Figure 5.5 shows the unweighted frequency response of the sprung mass for
accumulator volumes of 0.271, 0.161 and 0.11[, which represents the soft, medium and hard settings
respectively. The natural frequency at 1.2Hz can be seen shifting to higher frequencies with increased
amplitude as the stiffness was increased. Evidently, the increased amplitude and higher natural
frequency would lead to decreased ride comfort. Interestingly, Figure 5.5 also shows 2 amplitude
spikes (2Hz and 3.4Hz for the hard setting) which would suggest multiple natural frequencies.
However, due to using a single degree of freedom model it expected to only have 1 natural frequency.
The bulk modulus of the fluid that’s incorporated into the model could result in an additional natural
frequency, however, the “spring stiffness” due to the compressibility of the oil is so high that the
natural frequency would be higher than the 15Hz range considered. The multiple natural frequencies
can therefore be attributed to the stiffness of the 45,CVD not being linear and as the deflection range
changes so does the natural frequency as illustrated in Table 5.1.

Investigating the response of a frequency-sweep excitation demonstrates how the 45,CVD can change
it characteristics to influence the amplitude and natural frequency of the sprung mass. Fundamentally
itis already possible to see how changing the characteristics according to the excitation frequency can
be used to reduce the amplitude of the response.

_ Unweighted frequency response of 4S4CVD _ Unweighted frequency response of 4S4CVD
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Figure 5.4: Frequency response of sprung mass Figure 5.5: Frequency response of sprung mass
for changing damping for changing stiffness
Road

In order to quantify the effect of different damping and stiffness settings, the decision was taken to
subject the single degree of freedom model to a road input. The weighted RMS of the sprung mass
acceleration can then be used to objectively evaluate the ride comfort according to the BS 6841
standard. The road input derived from a class-D road based on the ISO 8608 standard (International
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Organization for Standardization, 1995), as depicted in Figure 5.6 which shows the profile in the spatial
domain. A class-A road would be classified as smooth while a class-H road would be extremely rough.
The profile was converted to a time-domain input based on the speed of the vehicle travelling over it.
By using a single degree of freedom model, the sprung mass connects directly to the input and there
is no filtering effect of the tyre. This, combined with the use of a point follower model, as opposed to
more complex tyre model which includes the enveloping dynamics of the tyre going over obstacles,
results in extremely harsh inputs. For example, using an input based on a vehicle speed of 80km/h
results in an extremely harsh input with velocities exceeding 2m/s. As the goal was to compare the
response across a range of damping settings, such a harsh input falls outside the validated range of
the high, 1.2A damping setting. To reduce the harshness and allow stable, accurate simulation across
different damping and stiffness settings, the road input was based on a vehicle speed of 10km/h.
Although this is not necessarily a practically relevant simulation, due to limitations previously
mentioned, it can be used to compare and evaluate the different damping settings. An extract of the
170s long road input and typical sprung mass displacement response is shown in Figure 5.7. As the
tyre is not included in the model, the results do not represent the true capabilities of the 4S,CVD,
however, it can be used to investigate the robustness of the model and used as a baseline to evaluate
control strategies.
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Figure 5.6: Classification of road input Figure 5.7: Time response of road input

Simulation of various 45,CVD damping and stiffness combinations subjected to this road input were
conducted. The frequency-weighting function, shown in Figure 2.1, could then be applied to the
sprung mass acceleration response of each simulation as per the BS 6841 standard. The RMS of these
weighted sprung mass accelerations and the ride comfort ranges according the standard are shown
Figure 5.8. This clearly indicates how the 45,CVD’s damping and stiffness characteristics influence the
ride performance when subjected to a typical road input. The lowest damping and stiffness setting
provided the best ride comfort and could be used as a baseline for optimum passive-controlled ride
comfort. This degraded as the stiffness or damping was increased. A fairly uncomfortable ride was the
optimum that could be achieved with the soft stiffness and low damping. Medium stiffness was only
able to achieve an uncomfortable ride, while the hard stiffness achieved a very uncomfortable ride.
As the damping between 0A and 0.3A is negligible, the ride comfort also remains unchanged, however,
as the damping was further increased the ride comfort also degraded. The 1.2A damping clearly
produces excessive damping, since it resulted in an extremely uncomfortable ride irrespective of the
stiffness.
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Weighted RMS of sprung mass acceleration
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Figure 5.8: Weighted RMS acceleration of sprung mass for different damping and stiffness settings

5.3.2 Effect of friction on the ride comfort

The model with 0A damping and soft setting was then subjected to the same road input used in section
5.3.1. To analyse how the model responded with the effective discontinuity at zero velocity or when
crossing zero velocity, the friction force versus the suspension deflection velocity is shown in Figure
5.9. From this it is clear that due to how the model is set up, the velocity input sometimes jump for -
30mm/s to +30mm/s. This results in the friction force to jump from -0.2kN to 0.1kN between time
steps, effectively cutting out some of the higher friction force spikes. The way the simulation is set up
this is unavoidable, but increasing the sampling rate (currently, 1kHz) would decrease discontinuity
and smoothen out the friction force output.

Friction force output of model vs velocity
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Figure 5.9: Zero-crossing response of model

Stiction in a suspension causes the system to be less responsive to smaller inputs and is expected to
degrade the ride comfort performance. The characterisation results, discussed in section 3.3.4,
indicated that the 4S,CVD has reduced friction (50% less for compression and 30% less for rebound
compared to its 4S, (Els, 2006) predecessor. To assess the improvements and effect of friction on the
ride comfort, the friction in the model was artificially changed. The weighted RMS acceleration sprung
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mass was used to quantify the effects, as shown in Figure 5.10. Figure 5.9 illustrated that the model
produces somewhat unnatural frictional force where the friction doesn’t necessarily smoothly
transition between time steps, therefore, the results shown in Figure 5.10 shouldn’t be considered as
a good indication rather than a true representation of real world results.

- Effect of friction on weighted RMS of sprung mass acceleration
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Figure 5.10: Weighted RMS acceleration of sprung mass for different percentage of friction

Not uncorpfortable

As expected, the ride did degrade as the friction was increased. Based on the input given, completely
removing friction in the model reduced the weighted RMS acceleration by up to 40%. This is a fairly
large improvement and therefore there is some uncertainty regarding the validity of this. The friction
model used, produces discrete force spikes for every small alternating velocity. The data used to
develop and validate the model was from long constant velocity inputs, therefore it did not take into
account any compliance in the system that was expected to play a dominant role for small alternating
displacements.

In an attempt to quantify the improvements made by using the rolling-diaphragm design 45,CVD, the
100% and 120% friction can be compared, where 120% would represent the floating-piston 4S, design.
Decreasing the friction by 20%, according to the 4S,CVD’s model, reduced the weighted RMS
acceleration by 0.185m/s2. This represents a decrease of about a 15%, which constitutes a fairly large
improvement. This also suggest that a simplistic friction model, based only on the deflection velocity,
might not be an accurate or reliable method of quantifying these improvements. It is therefore
suggested that a more sophisticated friction model should be developed if the improvements were to
be accurately quantified. Using this friction model with noisy measured displacement inputs could
therefore cause inaccuracies in the model. For such a case it might be better to remove the friction
model as majority of the forces are created by the damping and spring model. However, it could still
be concluded that the reduction of friction in the 4S,CVD with the rolling-diaphragm design would
produce better ride comfort performance.

5.4 Active skyhook control analysis

The passive control simulation showed how the response could be influenced by changing the
45,CVD’s damping and stiffness characteristics. It therefore further indicated that the 45,CVD damping
characteristics could actively be controlled to produce better ride comfort. For this study, the actively
controlled capabilities of the 45,CVD was investigated through the use of basic skyhook control. Since
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the focus was on ride comfort, all the active-controlled simulations used the model with a 0.27liter
accumulator volume (soft spring).

The skyhook control theory was discussed in section 2.6.1 and illustrated in Figure 2.17. It essentially
changes the damping characteristics to approximate a system where a passive damper is connected
between a fixed point in the sky and a sprung mass. The control logic controlling the force output of
such a system can be described as in eq. (2-19):

_ Cskyxl x1x >0 (2_19)

FS’W‘{ 0 k<0

The desired skyhook damping force, Fgyy, is therefore a function of the damping coefficient of the
figurative damper that can be calculated by using the damping ratio, {, as in eq. (2-20).

Csky = 2G4/ ksMs (2-20)

This damping ratio is a tuneable parameter that determines the amount of damping the control
strategy will try to add to the system. Determining the optimal skyhook parameters is no trivial matter.
Poussot-Vassal et al. (2006) developed a reduced order observer model combined with a suitable cost
function to implement optimal skyhook control in simulations with great success. Such complex
control strategies does however not form part of the study. The decision was taken to run each
skyhook controlled simulation with constant parameters which would still indicate possible
performance of the 4S,CVD. A ratio below 1 would reduce the amplitude of sprung mass oscillations
(underdamped), while more than 1 eliminates oscillations (over damped). The effects of these
parameters will be further investigated in section 5.4.1. The damping force of the 4S,CVD, Fd4s4CVD

can calculated by:

Fd454CVD = dPygipe X A (5-3)
where the model calculates the pressure drop over the valve as a function of solenoid current and
suspension deflection velocity respectively, dP,q1,e = f(I,%). To control the valve in the model
according to the skyhook control theory a minimiser function was utilised. It finds a solenoid current
that results in the minimum difference between the desired skyhook damping force, Fg, and the

actual damping force, Fd4s4cvu' The solenoid current would therefore continually be changed for the

45,CVD’s damping force to best approximate the desired skyhook damping force. Test data used to
develop the damping model ranged from a 0 to 1.2A solenoid current. The decision was therefore
taken to also limit the maximum allowed current for the control strategy to a range of 0 to 1.2A.

5.4.1 Skyhook damping ratio

The skyhook damping ratio of eq.(2-20) determines the damping coefficient of the figurative skyhook
damper. It therefore directly influences the magnitude of damping force in the control logic. To
effectively analyse the possible ride comfort performance of an actively controlled 4S,CVD, the effect
of damping ratio was first investigated.

Step input

In order to illustrate how the skyhook control logic changed the response, the model was first
subjected to a step input. The decision was taken to use a 200mm upward step at a velocity of
400mm/s. Figure 5.11 shows the sprung mass displacement response for a skyhook damping ratio
ranging from 0.2 to 2 for a Oms and 40ms valve response time. 40ms was used as it corresponded to
the 4S,CVD’s response time. The input step and sprung mass response with passive control and 0A
damping is also presented for comparison.
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Considering the response with no delay, it is evident that the amplitude of oscillations reduces as the
damping ratio increases. Interestingly, even though the damping ratio was more than 1, the sprung
mass still oscillated. After further investigation it was determined that this can be attributed to the
45,CVD having extremely low damping at low velocities as indicated on Figure 4.22. Because the
damping model was restricted to operate within 0 to 1.2A, damping it wasn’t possible to generate the
required damping, resulting in an underdamped system as seen by the constant oscillation (even
with { = 2). To prove this, the damping model was allowed to extend to a 1.5A limit and also
presented alongside in Figure 4.22. With the damping model now able to produce higher damping, it
is possible to restrict oscillation, resulting in an overdamped system as to be expected. Note that the
damping model was only created with experimental data up to 1.2A, therefore the 1.5A is based on
how the model was extrapolated past 1.2A. In real life 1.5A would simply mean that the flow would
be blocked, however this data wasn’t included in the damping model as it causes it to become
inaccurate at velocities leading up to 1.2A. Additional experimental data and possibly a different
method of modelling the damping is required to accurately model the entire operating range (0 to
1.5A) which would allow the damper to produce the damping required by skyhook control strategy at
low velocity.

When comparing the zero delay to the 40ms time response, it is clear that the amplitude of oscillations
increases for the same damping ratio. This is to be expected, since the sprung mass moves further
before the additional damping force is applied to restrict the oscillations. Although the amplitude still
reduces as the damping ratio became larger, the reduction is much less in comparison to the Oms
response time. The frequency of the oscillations are also slightly lower the higher the skyhook damping
ratio becomes.

Sprung mass response with 0ms response time Sprung mass response with 40ms response time
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Figure 5.11: Step input and sprung mass response for different skyhook damping ratios
Oms response time (left), 40ms response time (right)

The step input displaces and disturbs the sprung mass causing it to oscillate at its natural frequency.
The step input highlights how the natural frequency is influenced by active control without considering
other excitation frequencies. In order to understand the total effect, a frequency sweep or a road
input can be used to excite the sprung mass across a range of frequencies.
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Frequency sweep

As a further investigation, a frequency sweep at 20seconds/Hz was conducted with the same 0 to 30Hz
input as used in Figure 5.4. Figure 5.12 shows the unweighted frequency response of the sprung mass
acceleration for various skyhook damping ratios. Simulations were conducted for a response time of
both Oms and 40ms. Although the frequency range of interest exceeds the 15Hz presented, the 10-
15Hz range essentially already indicated what the rest of the frequency response would be. The
frequency response was therefore limited to 15Hz for clarity. The OA and 1.2A passively controlled
solenoid current responses are also presented for comparison. Since the control logic was limited
between OA and 1.2A, the actively controlled responses are expected to fall mostly within the OA and
1.2A passively controlled response.

From Figure 5.12 it is evident that increasing the skyhook damping ratio decreases the amplitude of
the natural frequency response for both response times considered. This is to be expected as a larger
skyhook damping ratio relates to a larger damping force. Comparing the different 0Oms and 40ms time
responses, it could be noted that, for the same damping ratio, the Oms response time reduced the
amplitude more than the 40ms response time. The difference became more prominent at higher
damping ratios. This correlates to what was noted in Figure 5.11. For frequencies above 3Hz it can be
seen that a higher skyhook damping ratio leads to a larger response compared to lower damping
ratios. The larger response time also produces slightly larger responses for the equivalent damping
ratio at these higher frequencies. Note that the 4 to 8Hz frequency range is critical for ride comfort,
as these frequencies are perceived as most uncomfortable and also carry a larger weight according to
the BS 6841 standard (British Standards Institution, 1987). Therefore, the higher damping ratios that
produced an amplitude close to the 1.2A level, rather than the lower OA level for this range, would
not produce good ride comfort.

Higher damping ratios generally moved the frequency response to the 1.2A passively controlled
response, while lower damping ratios moved the response to the OA passively controlled response.
Therefore, some sort of a trade-off still existed between filtering out the lower natural frequency or
high frequency responses. However, the lower damping ratios still seemed to follow the 0A damping
response well at higher frequencies, while reducing the lower natural frequency response. This could
produce improved ride comfort over passively controlling the solenoid valve at OA.
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Figure 5.12: Unweighted frequency response of sprung mass for frequency sweep
Oms response time (left), 40ms response time (right)
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5.4.2 Response time

After investigating the effect the skyhook damping ratio had on the sprung mass response, the
influence of the valve response time was investigated. In an attempt to quantify and compare the
performance of the suspension unit, it was subjected to the road input used in section 5.3.1, as shown
in Figure 5.6. Based on the findings of Figure 5.12, the decision was taken to focus on the lower
skyhook damping ratios as they showed the most potential. Figure 5.13 shows the weighted frequency
response of sprung mass accelerations for a skyhook damping ratio of 0.2 and 0.4 for various valve
response times. The corresponding RMS of the sprung mass acceleration for different valve response
times are presented in Figure 5.14. For clarity, only the weighted frequency response of specific
response times are presented.

For a skyhook damping ratio of 0.2, the reduction of the response at the natural frequency (1.3Hz)
was negligible compared to passively controlling the valve with 0A. However, the amplitude of the
response at higher frequencies was noticeably lower for response times lower than 10ms. The
improvements of actively controlling the suspension with a response time of 40ms indicate some
improvement, although less than the faster response times, while with a response time of 100ms
improvements seem marginal.

For a skyhook damping ratio of 0.4, the amplitude of the response at the natural frequency is
significantly reduced. With a 5ms response time the peak amplitude response is reduced by 14%, while
12.6% for 10ms, 7% for 40ms and 4% for 100ms response time respectively. As expected, the
improvement depreciates with increased response time. Actively controlling the suspension with 5ms
and 10ms response times seem to decrease the response at the higher frequencies. For 40ms and
100ms response times the amplitude of the response seem smaller at the more critical low
frequencies, but generally larger, at higher frequencies than passively controlling the solenoid valve
at OA.
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Figure 5.13: Actively controlled weighted sprung mass acceleration of sprung mass for road input
Skyhook damping ratio of 0.2 (left), Skyhook damping ratio of 0.4 (right)

When comparing the response with damping ratio of 0.4 and 0.2, it can be noted that the response is
a function of the response time as well as damping ratio. To quantify the frequency response in terms
of perceived ride comfort, the RMS of the weighted sprung mass acceleration can be used. Figure 5.14
shows the unweighted, weighted and optimum passively controlled RMS of sprung mass accelerations
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for various response times and damping ratios. The unweighted RMS of sprung mass accelerations are
included to aid understanding of how the system responds and can justify the validity of the results.
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Figure 5.14: Actively controlled RMS acceleration of sprung mass for road input
Unweighted (left), Weighted (right)

In the unweighted case, the higher 0.4 skyhook damping ratio was capable of producing the lowest
RMS of sprung mass acceleration. As the response time increase, the acceleration response also
increases for each damping ratio. The higher the damping ratio is, the more it is affected by an
increasing response time. By increasing the skyhook damping ratio in the control logic, the 4S,CVD
consequently produces a larger damping force. Because the system is underdamped, adding
additional damping would decrease the natural frequency acceleration response of the sprung mass.
However, as the response time increased, the control logic was incapable of applying the damping
force effectively, which caused the RMS of the sprung mass acceleration to rise. In the unweighted
case, the natural frequency responses greatly influence the magnitude of the RMS value.

The frequencies between 4Hz and 8Hz are perceived as most uncomfortable and carry the most
weight when applying the BS 6841 weighting function. Reducing the natural frequency therefore
becomes less critical. This is evident when analysing the weighted RMS values, since the 0.4 damping
ratio produced the best ride comfort only when the response time was 5ms. Furthermore, it produced
the worse ride comfort with a response time of 40ms than what was possible with passive control.

From the weighted RMS values it can be concluded that, the lower the response time is the better ride
comfort the skyhook control strategy is able to provide. Furthermore, the optimum skyhook damping
ratio is dependent on the response time of the suspension. The lower the response time, the larger
the damping ratio in the control logic should be to achieve optimum ride comfort performance.
However, even with a response time of 100ms some ride improvement could be obtained if a low
damping ratio was used in the control logic.

Section 4.4 discussed how the response time of the 45,CVD has been simplified to 40ms. Based on
this, from the results it can be concluded that actively controlling the 45,CVD according to the skyhook
logic with a damping ratio of 0.1 would provide improved ride comfort. The optimum actively
controlled weighted RMS of acceleration achieved was 0.733m/s? with a response time of 5ms and
{ = 0.4. For a response time of 40ms, 0.7496m/s?> was achieved using { = 0.1. With the optimal
passive suspension the weighted RMS of acceleration achieved was 0.7657m/s?, this means that active
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control with 5ms resulted in 4.3% improvement and with 40ms only 2.1%. Based on these results the
magnitude of improvements are rather insignificant. Passively changing the damping to the road
input, rather than using an active sky-hook control strategy is effectively be just as good, especially
with a higher response time.

5.5 Conclusion

This chapter investigated the performance and capabilities of the 45,CVD through single degree of
freedom model simulations. Passive simulations showed how the different damping and stiffness
characteristics of the 45,CVD could influence the response of the sprung mass. The effect of friction
was also investigated and it was concluded that the 4S4CVD’s reduced friction through the use of
rolling diaphragms would translate into improved ride comfort. Active-controlled ride comfort
performance of the 4S,CVD was investigated through the use of skyhook control logic. It was found
that fast response times, combined with a suitable controller damping ratio, could produce improved
ride comfort performance. Active control of the 4S,CVD could provide better ride comfort than what
was achieved with passive suspension, however, the magnitude of improvements which includes a
suitable response time doesn’t seem significant when compared to optimum passive suspension.
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Chapter 6:
CONCLUSIONS AND RECOMMENDATIONS

The suspension characteristics required for vehicle ride comfort and handling are on opposite sides of
the design spectrum. Generally, a soft and compliant suspension is required for good ride comfort,
while stiff suspension with a low ride height is required for improved handling. A passive suspension
system therefore has to make a compromise. Controllable suspension attempts to negate this
compromise by changing its characteristics to suit the dynamic state of the vehicle. Although a fully
active controllable suspension is able to add additional energy to the system, it is much more
expensive, energy intensive and complex than a semi-active suspension. A newly designed semi-active
hydropneumatic suspension system was proposed that is expected to provide improved ride comfort
and handling performance. The suspension is equipped with two proportional solenoid valves that can
provide continuously variable damping. In addition, the valves are able to completely close off flow to
one of two compressible gas volumes to provide discrete stiffness characteristics. This study set out
to characterize and model this newly developed 45,CVD.

As the 4S,CVD is based on the previously developed 4S., a great deal of previous research and
investigation relating to the 4S, is also applicable to the 4S,CVD. Previous investigations proved that
the 4S,, combined with a suitable control strategy, could successfully eliminate the ride comfort versus
handling compromise. It was concluded that significant ride comfort improvements were possible if
the lower damping limit could be reduced by as much as 50%. A high amount of friction was noted,
which could be attributed to the floating-piston design. This causes the suspension to be unresponsive
to smaller inputs and reduces ride comfort. Further simulation-based analysis indicated that the
optimum suspension characteristics for ride comfort differ based on the road undulations. Therefore,
a single set of ride comfort suspension characteristics would still not be able to always produce
optimal ride comfort. Active control strategies were also investigated, however, it was found that the
4S, was unable to utilise them for improved performance. This could be attributed to the discrete
damping characteristics.

This led to the development of the 4S,CVD that aims to address these shortcomings. The variable flow-
control valves aims to produce a lower damping limit for ride comfort. Furthermore, the valves were
capable of continuously varying the damping, which could enable active control for improved
performance. The rolling diaphragm aims to eliminate the friction associated with the floating-piston
design. This study presented the process followed to investigate these aspects and the feasibility of
the 4S5,CVD.

6.1 Conclusions

6.1.1 Characterisation

The suspension was successfully characterised by actuating the unit on a test bench, as outlined in
Chapter 3. A single accumulator version of the unit was used for characterisation to ensure that the
valve dynamics could accurately be captured without having to account for two flow paths. The spring
and damping characteristics, friction, response time and the flow-block ability of the 4S,CVD were
extracted by subjecting the unit to various inputs while controlling the valve.

Results indicated that the unit is capable of producing the desired spring and low damping
characteristics. The 4S5,CVD was capable of producing continuously variable damping based on the
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current supplied to the solenoid valve. The extracted damping characteristics indicated that the
4S5,CVD is also capable of producing the desired low damping, which is less than 50% of the 4S,. It was
noted that the 4S,CVD provides very low damping at low velocities even with high current (1.2A)
supplied to the solenoid valve. It is possible to increase the damping at low velocities by further
increasing the current supplied to the solenoid valve, however this would then have a knock-on effect
of causing severe damping (effective lock-up) when the velocity is slightly increased. This problem
arises from using flow control valves which causes an exponential increase in damping instead of a
linear increase.

Accurately determining the full response time profile of the valve proved to be challenging. Initial
testing indicated that the manufacturer-supplied current driver responds too slowly to allow
extraction of the valve response time. A dual-channel power supply, combined with a fast-switching
circuit, was developed to investigate the valve response time. The dynamic performance of the test
setup directly influences the efficacy of extracting the response time. Without being able to precisely
control the pressure drop and flow, it was not possible to extract a full and accurate response time
profile. However, even with the limitations, valuable results were obtained. The response time was
found to be dependent on the current step and the change in pressure drop created due to the
changing solenoid current. Except in the extreme cases, the results confirmed that the valve is capable
of responding within 40m:s.

In comparison to the 4S,, the rolling-diaphragm design successfully reduced the suspension friction by
about 50% for compression and 30% less for rebound. It can be concluded that the rest of the frictional
force is due to the piston rod and strut seal. Although the friction of floating piston in the 4S,is
eliminated with the 4S,CVD design, the higher operating pressure limits the magnitude of
improvement realised. Results also showed that the valve is capable of sufficiently blocking flow. It is
expected that, at the very least, it would able to provide the dynamic stiffness required for handing
manoeuvres. However, further testing is required to accurately quantify the amount of leakage.
Consequently, satisfactory results were extracted to warrant developing a model for further
simulation-based investigations.

6.1.2 Suspension modelling

The experimentally extracted characteristics were used to develop a validated mathematical model,
as discussed in Chapter 4. Using a combined physics-based and empirical approach the 4S,CVD model
consists of various sub-models responsible for mathematically incorporating each characteristic. The
spring model or force due to displacement was accurately predicted by a BWR real gas model,
combined with the energy equation. To model the damping or force due to velocity and solenoid
current, a thin-plate surface spline was fitted to the experimental data. The valve response time is also
incorporated in the model by ensuring that the calculated pressure drop gradually changes at the
specified response time. A friction model that uses the deflection velocity as input is also included.

A single-accumulator 45,CVD model was developed and successfully validated by comparing it to
experimental data. This model was extended to the final design layout of two accumulators and two
continuously variable valves. The model successfully incorporated the proven iterative flow-split and
inter-accumulator flow strategies that determines the flow to each accumulator. Simulations of the
full model were conducted to illustrate the possible damping and stiffness characteristics. Depending
on the accumulator volumes, the 4S,CVD allows for a soft, medium and hard stiffness as well as a full
lock setting compared to the soft and hard settings offered by the 4S,. This could be utilised when a
medium setting would produce better ride comfort or handling performance than the hard or soft
setting. The computation demand of the full 45,CVD model was also investigated, which highlighted
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the computational demand of the model when passively controlled. The computational demand of
the 4S,CVD model was also highlighted where passive control was found to take up to 30 seconds to
solve 1 second of simulation.

Overall, the model proved to be capable of accurately predicting the force output for the various
inputs considered. The model could therefore be used to further evaluate the possible performance
of the 4S,CVD through passive and actively controlled simulations.

6.1.3 Simulation and control

In Chapter 5 the mathematical model was used to investigate the passive and actively controlled
performance of the 45,CVD through single degree of freedom simulations. Passive simulations showed
that the 4S,CVD can increase the damping to reduce the natural frequency response. However, this
also increases the higher frequency response of the sprung mass. Using a stiffer suspension setting
shifts the natural frequency response peak to frequencies which are critical for ride comfort.
Consequently, optimum passively controlled ride comfort was achieved with the soft spring setting
and low damping. Simulations investigating the effect of friction proved that the 45,CVD’s reduction
of friction through the use of rolling diaphragms translates into improved ride comfort.

Skyhook control was used to investigate if the 4S,CVD could actively be controlled to improve ride
comfort performance. The results proved that the lower the response time is, the better ride comfort
the skyhook control strategy is able to achieve. Furthermore, the optimum skyhook damping ratio is
dependent on the response time of the suspension. In order to achieve optimum ride comfort
performance, it was found that the lower the response time was, the larger the damping ratio in the
control logic should be. With a response time of 100ms, ride comfort improvement could still be
achieved if a low damping ratio is used in the control logic. The 4S,CVD, with a response time of 40ms,
could actively be controlled with the skyhook control logic to provide better ride comfort than what
was achievable with passive control. However, the magnitude of improvements with a response time
of 40ms doesn’t seem significant when compared to optimum passive suspension.

6.1.4 Final comments

The research proved that the 45,CVD successfully incorporated continuously variable damping in the
proven vehicle-implemented 4S.. It can actively be controlled with the skyhook control logic to further
increase ride comfort. The new design also reduced the inherent friction and lower damping limit that
increases ride comfort performance. Furthermore, the 4S,CVD allows for an additional stiffness
setting that could be utilised for improved performance. It was however noted that due to the flow
control valves the 45,CVD’s damping is extremely progressive, i.e. the damping at low velocities are
very low, which exponentially increases at higher input velocities. It is possible that a control strategy
could compensate for low damping at low velocities by increasing the current as this don’t necessarily
require such a fast response (low velocity damping usually associated with controlling the sprung mass
roll and pitch). This was not investigated further and recommended for future work. Although the
45,CVD improved various aspects of the 4S,, further investigation and possible refinements are
required to determine whether it is a suitable successor to the 4S,.

6.2 Recommendations for future research

As this was the initial investigation of the newly designed 4S,CVD, future research is critical for
successful development and implementation. The following key areas were identified and are
recommended for future investigation:
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6.2.1 Characterisation

e During testing of the high damping setting it was found that a small increase in velocity can
lead to an exponential increase in pressure drop over the valve. This can be attributed to the
flow-control valves. It was also found that, due to inherent delays, the actuator exceeds the
force limits before switching off. Therefore, to protect structural integrity, valves and pressure
transducers a safety valve could be added in the testing unit. It could also be beneficial to
incorporate a blow-off damper characteristic in the design where if a specific pressure is
exceeded, the damping force increases at a greatly reduced rate per increase in velocity.

e To accurately determine the full response time profile of the valve, further testing would be
required. The response time results were dependent on the test setup and limited the results.
Possible solutions could include a flow-control test bench, including a model of the actuator’s
response or increase the bandwidth of the actuating test setup. However, this would be a
resource intensive investigation and the current tests results could be sufficient.

e Thefinal design or two-accumulator layout should also be tested accordingly and these results
could then be used to experimentally validate the full 45,CVD mathematical model.

6.2.2 Modelling

e The fairly simplistic damping in the 4S5,CVD model is based on interpolation of experimental
data points. 0.3A increments were used, therefore a finer resolution would improve accuracy
model throughout its operating range. This is especially important for high damping where
the valve operates close to completely blocking flow, which is currently only accurately
modelled up to 1.2A. Alternative methods of modelling the damping can be investigated, e.g.
artificial neural network, which can be compared based on accuracy, controllability and
computational demand.

e The 4S,CVD model is computationally demanding. Real-time simulation is not currently
possible and therefore also experimentally implementing the active skyhook control strategy.
Optimising or simplifying the model to allow real-time simulation would need to be
investigated in order to experimentally test active control strategies. It is recommended that
hardware in the loop testing is conducted to investigate experimental implementation of the
model and control strategy combination.

e The 4S,CVD’‘s MATLAB-based model could also be incorporated into the Simulink-based full
vehicle model to allow full-vehicle simulations.

6.2.3 Simulation and control

e The model could be used to determine accumulator volumes, which would result in the
optimal three stiffness settings for ride comfort and handling. A optimisation study similar to
what was used to determine the 4S5, accumulator volumes could be conducted (Uys et al.,
2007).

e This study only investigated possible ride comfort improvements through active skyhook
control. Other ride comfort orientated strategies could therefore also be investigated to
evaluate which strategy, combined with the 4S,CVD, delivers the best ride performance.

e The model should also be used to investigate possible handling performance combined with
a suitable control strategy, such as groundhook, for improved handling or road-holding
performance. This would consequently require a more complex vehicle model, such as a
quarter-car model. The suspension model can be incorporated in the full vehicle model
already developed and used with the 4S,. The possible handling performance of the 45,CVD
can then evaluated by simulating handling manoeuvres and compared to the 4S,.
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e The ride comfort and handling strategies could be integrated in a global strategy that would
continuously determine the optimum suspension characteristics based on the dynamic state
the vehicle is in. For example, skyhook and groundhook control logic could be combined or
integrated into the 4S4’s proven RRMS strategy. Damping would thus always be actively
controlled, while the 4S,’s RRMS strategy would determine the optimal stiffness setting.

e Another consideration would be to incorporate model predictive control in the control
strategy. Model predictive control could improve the performance as it could reduce or
eliminate the negative effects associated with increased response time and also determine
optimal suspension characteristics.

e Having the 4S,CVD modelled and incorporated in a full vehicle model allows various vehicle
dynamic investigations which can utilise the changing suspension characteristics to improve
performance. For example the suspension characteristics can be changed to decrease
stopping distance or incorporated in other control system such as stability control.

6.2.4 Vehicle implementation

The ultimate goal is to implement the 4S,CVD on the vehicle. However, simulations only approximate
the possible performance of the actual system as it is based on an ideal environment. Therefore, to
evaluate the actual active controlled performance of the 4S.,CVD, hardware in the loop testing is
recommended as it includes important aspects such as the noisy measurements used as input to the
model and additional electrical delays. Experimental testing would also require a continuously variable
current driver with a fast response time and a model that could be solved in real time.

If active control should not yield performance increases, passive control of the 45,CVD could still be
investigated. The 4S,CVD’s additional stiffness setting and continuously variable damping combined
with a suitable passive control strategy could be able to produce better ride comfort and handling
compared to the 4S,.

6.2.5 Alternative 4S4CVD concept

This study developed an accurate model and active control thereof in simulation but did not
investigate experimental implementation. During the simulation-based investigations, it became clear
that the success of an active control strategy relies on accurately controlling the additional damping
force. To control the solenoid valves to produce the desired damping force, the fluid flow though the
valve needs to be known. Furthermore, with two flow paths, the different flow rates would need to
be calculated first. However, requiring complex calculations at each time step to determine the flow
through each valve is computationally demanding. Although further investigation would be required
for confirmation, it might not be feasible to implement real time. It would be possible to have two
accumulators of the same volume that yields equal flow rates. However, that would eliminate the
third stiffness setting and also impose limits on the hard and soft stiffness combination.

An alternative 4S,CVD concept is presented in Figure 6.1, which could reduce computational demand
and greatly simplifies the control. This concept replaces the flow-control valves of the 4S,CVD with
two state valves that is only responsible for blocking flow and change stiffness characteristics. A
pressure compensated flow control valve, or rather, a valve capable of producing variable damping,
would then control the damping before the flow split between each accumulator. Due to the flow
control valve not producing sufficient damping at low flow rates, a different valve design (such as a
poppet-type valve) could be investigated which produces a more linear force vs velocity profile.

This would simplify the control as fluid flow through the valve is can be calculated and the control
input can simply be selected to produce the desired damping. With the current 4S,CVD design the
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control input to each valve influences the flow split. If the fluid flow through the one valve is known,
the control input needed to achieve the desired damping force can be determined. However, if that
input is given that changes the flow through that valve (due to flow going through path of least
resistance) and therefore that input won’t achieve the desired damping force. To solve this problem
the system could iteratively be solved until the control input would result in the desired damping
force. This increases computational demand and possibly decreases accuracy due to iterative solving
process when compared to the alternative 4S,CVD concept. This alternative concept could also reduce
or possibly eliminate the need for flow-split calculations, if the damping over the two state valves due
to small flow rate differences would be negligible. For comprehensive model, it would however need
to calculate the flow-split during switching of the two-state valves (which could take up to 100ms) as
that would generate significant damping. This setup would still allow three stiffness settings and
continuously variable damping.

Results suggested that a single valve that was characterised would still produce sufficiently low
damping to improve ride comfort. However, the additional valve adds flow restrictions, which could
increase the damping. This could be compensated for by including a bypass valve, a larger valve or
two valves in parallel.

%pé @' 2-State solencid valve

[

TXl Continuously variable flow control valve
7
/\

—
I/\> Accumulator
NS

Figure 6.1: Alternative 45,CVD concept
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APPENDIX

A. BWR constants for Nitrogen
Constants for the BWR equation (Els and Grobbelaar, 1993):

a =0.115703387 [ — —]

m3\~ N
A, =136.0474619 [( ) ]
kg

m2
33
b = 2.96625 x 10° [(m—) ]
kg
3
B, = 0.001454417 [m—]

3
c= 7.3806143 x 1075 7:— KZ ]

C, = 1.0405873 x 1076 [( ) KZF]

a = 5.863972 x 10~° [ 7:— ]
m3

y = 6.7539311 x 107 [(E) ]

R = 296.797 [k K]

Constants for the calculation of the 1G specific heat capacity for nitrogen (Jacobsen and Stewart, 1973):

N; = —735.210

N2 = 34.224

N; = —0.557648

N4 = 3.5040

Ng = —1.7339 x 107°
Ne = 1.7465 x 1078
N, = —3.5689 x 10712
Ng = 1.0054

Ny = 3353.4061

y = No/T

B. Pressure drop over valve modelling

Various methods were investigated and assessed to determine which method of curve-fitting would
yield accurate results. The decision was taken to first investigate whether a basic surface fit could be
applied to the limited data to approximate the pressure drop over the valve before trying other more
complex techniques. Figure B.1 to Figure B.4 show the model and data comparison for linear
interpolation, cubic interpolation, thin-plate spline interpolation and locally weighted scatterplot
smoothing (LOWESS) respectively. The pressure, velocity and current surface plot of each model are
shown alongside its pressure drop versus velocity for clarification.

As expected, all three interpolation methods approximate the test data given as input very well.
However, when examining the pressure drop output for currents not tested at (especially between
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0.9A and 1.2A) it is clear some methods fall short. The 1.05A pressure drop output given by the linear
and cubic interpolation model can be seen to be biased to the 1.2A data and then abruptly changes
when the velocity exceeds that of the 1.2A data. Evidently, this would not approximate the actual
pressure drop accurately. The thin-plate spline method, on the other hand, shows a much smoother
transition and yields a pressure drop closer to what is realistically expected. Although the shape at 1A
and 1.1A can be seen to slightly deviate from expected results, it is within reasonable bounds. The
LOWESS method, which is essentially a combination of a regression and nearest neighbour method,
does show promising results as it preserves the shape fairly well. However, despite numerous
iterations of tuning it remained unable to provide a smooth and also accurate pressure drop output.
The discontinuities can clearly be noted in the surface plot around 1A and smoothing causes the fit to
deviate from the test data.

It should be noted that, in each case, the inaccuracy appeared when there were large pressure
differences between each of the recorded current settings, for example, between 0.9A and 1.2A at
200mmy/s. For a more accurate fit, additional test data would therefore be required to obtain a more
refined data set as input. The LOWESS and thin-plate spline methods both have the advantage of
extending past the given data, which is advantageous in simulation that would otherwise be
unsolvable when it falls out of bounds. Evidently, the thin-plate spline interpolation method results in
superior pressure drop predictions. For this application the thin-plate spline method was deemed
suitable to predict the pressure drop over the valve for a given velocity and current combination.
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Figure B.1: Linear interpolation pressure drop model
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Figure B.2: Cubic interpolation pressure drop model
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Figure B.3: Thin-plate spline interpolation pressure drop model
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Figure B.4: LOWESS pressure drop model
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