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Summary 

A new type of engine concept is proposed, namely a rotating disk cylinder engine. Unique 

secondary rotors with grooves act as guide vanes for a working fluid to power a main rotor 

with multiple cylindrical pistons. Currently, no literature exists on the proposed device and 

the modelling thereof. The aim of this paper is to determine the dynamic and thermodynamic 

behaviour of the machine so that recommendations can be made for further research work. A 

transient as well as a steady-state thermodynamic model is developed for an adiabatic 

expansion process using first and second law analysis with air as ideal gas. The model is 

compared with experimental results of a piston engine driven by compressed air. Results 

show that the secondary rotor’s angle of rotation is not a linear function of the main rotor’s 

angle of rotation, which suggests a limitation in terms of operating speed. Furthermore, for 

constant power, the efficiency increases as the inlet pressure and speed decreases, while for 

constant efficiency, the power increases as the inlet pressure and speed increases. Results 

show the advantage of using three secondary rotors as it drastically decreases the pressure 

requirement for a constant torque output. The speed and inlet pressure of the device is, 

however, limited by the mass and material properties of the rotors as well as the effects of 

leakage. These limitations have not been considered in this initial analysis of the device and 

are recommended for future work.  
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1 INTRODUCTION 

Power generation from steam has become a necessity for everyday life. In recent years, there 

has been more focus on steam power generation from sustainable heat sources because of 

fossil fuel depletion [1,2]. Compressed air can also be applied as a green energy source for 

power generation [3] as well as transportation [4]. To convert fluid energy into mechanical 

energy, expansion devices are necessary. In terms of renewable energy, expanders are often 

used in applications such as low-grade heat and waste heat recovery [5-7], compressed-air 

energy storage [8,9] and solar power generation [10,11]. Expanders can be categorised as 

velocity or volumetric type [12]. Volumetric expanders can be further categorised as scroll 

expanders [13-16], screw expanders [17-21], reciprocating piston expanders [22] and vane 

expanders [12,23,24]. Bao and Zhao [12] did a review of expansion machines and found that 

the advantages of vane expanders are simplicity, ease of manufacturing and lower costs. 

Other advantages include low speeds, the possibility of using liquids and wet vapors as 

working fluid, and low maintenance [12]. According to Imran et al. [23], vane expanders can 

be further classified into rotary vane expanders [25,26] and revolving vane expanders [27], 

where the cylinder rotates with the rotor, reducing friction. According to Subiantoro et 

al. [27], rotary engines are usually more compact and have better noise characteristics and 

fewer components in comparison with reciprocating engines. 

 

An internal combustion engine, where cylinders are arranged in a radial configuration and the 

crankshaft remains stationary in operation, is also referred to as a rotary engine. Furthermore, 

other rotary engine examples include the Wankel engine [28] and “cat-and-mouse type” 

rotary engine [29]. New methods of converting fluid energy into mechanical energy as well 

as new engine concepts are often proposed and analysed in literature [29-33]. To continue 

making improvements in the sustainability, efficiency and cost of generating power, new 

design concepts have to be evaluated frequently.  

 

A new type of engine concept is introduced and analysed in this paper, namely a rotating disk 

cylinder engine [34]. The proposed machine can be applied for power generation as an 

expansion device using compressed air. The proposed device has some similarities with 

rotating vane expanders and can have the same advantages as were listed above. Figure 1 

shows a representation of the proposed machine concept. The main rotor is shown with a 

smaller secondary rotor, and both rotors are mounted on bearings. Two metallic disks are 
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used for the main rotor, which is connected to a generator in the case of electric power 

generation. The metallic disks also act as a flywheel for stability. The fittings between the 

disks are cylindrical pistons which can move in and out of the grooves of the secondary rotor. 

The compressed steam or air is fed through the shaft of the secondary rotor and controlled by 

valves [35,36]. Up to four secondary rotors can be used simultaneously. The device is 

different from other rotary engines as the unique secondary rotors act as guide vanes for 

maximum torque on the main rotor. The expansion volume is determined by the diameter and 

length of the cylindrical pistons. The proposed device can also be used for gas compression, 

as a hydraulic pump, or for both compression and expansion as in an internal combustion 

engine [37]. Furthermore, the device can be applied as a compressor/expander unit in a heat 

pump [38]. 

 

FIGURE 1 An example of the novel rotating disk cylinder engine concept. 

 

According to Subiantoro et al. [27], leakage can be one of the main issues for rotary engines, 

while lubrication and sealing are listed as disadvantages according to Bao and Zhao [12]. 

Leakage is also a relevant issue for other volumetric expanders [18,39-43]. Other 

thermodynamic irreversibilities related to volumetric expanders include inlet and discharge 

dynamics [40], heat losses [41], oil-flooded mixing [41] and filling [42,43]. The presence of 

incorrect inlet pressures being supplied creates undesirable effects in a helical screw 

expander, called blowdown and blowback, which results in loss of work production [17]. 

Exergy analysis is often applied to determine the performance of a system [22], but it can 

also be applied in the form of entropy generation minimisation [44]. Subiantoro et al. [27] 

applied exergy analysis to a revolving vane compressed air engine. The study found that the 

second-law efficiency decreased with higher operating speed and higher cylinder inertia. 

Xinghua et al. [8] found that there is small deviation between the real expansion process of a 
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scroll expander and the ideal isentropic process, which excludes the effects of intake and 

discharge losses as well as gas leakage. 

 

In this paper, it is assumed that the proposed rotating disk cylinder engine acting as an 

expansion device has some similarities with a scroll expander [8] and a compressed-air 

driven piston engine [4]. The authors could not find an expander or engine in the literature 

that is exactly similar to the proposed device, and therefore a simple dynamic and 

thermodynamic analysis of the proposed device is presented so that further research can be 

done. The proposed machine is modelled without leakage and heat loss to predict its 

performance with air as working fluid. The device is evaluated in terms of isentropic 

efficiency and recommendations are made for further research work. 

 

2 MODELLING 

The rotating disk cylinder engine is modelled as an expansion device for power generation 

using compressed air. The dynamic modelling of the device is done first, after which a vector 

analysis and thermodynamic model is presented. A transient model as well as a steady-state 

model of an adiabatic expansion process is considered.  

 

2.1 Dynamic modelling 

Figure 2 shows an example of the machine with a single main rotor and three secondary 

rotors. As shown in Figure 2, R is the distance between the centre of the main rotor and the 

centre of the fittings (cylindrical pistons) of the main rotor. The machine is designed so that R 

is also the radius of the secondary rotors [34]. The main rotor is designed in such a way that 

its minimum radius is 1.4035R and the maximum diameter of the cylindrical pistons is 

r = 0.345R [34]. A is the distance from the centre of the main rotor to the centre of a 

secondary rotor. By considering the specific position of the cylindrical piston shown next to 

the control volume in Figure 2, the distance, A, can be determined with the cosine rule as 

A = 2Rcos(36). B is the distance from the centre of a secondary rotor to the centre of the end-

point of a cylindrical piston so that B = A – R. The angle of anti-clockwise rotation of the 

main rotor is defined as α, while β is the accompanying clockwise angle of rotation of the 

secondary rotor. L denotes the distance from the centre of the main rotor to the line in which 

direction the force of the cylindrical piston is acting. L is defined as shown in Eq. (1), where 

β is found using Eq. (2). The angular velocity and angular acceleration of a secondary rotor is 

shown in Eq. (3) and Eq. (4), respectively. 
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FIGURE 2 The rotating disk cylinder engine with main rotor and three secondary rotors (with control volume 

and velocities indicated). 

 

 

L/R = Asin(β)/R            (1) 
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The incremental volume is defined in Eq. (5), where d is the inner width of the main rotor, as 

well as the length of the cylindrical pistons, and thickness of the secondary rotors. S2 is the 

distance between the centre of the secondary rotor and the cylindrical piston, where 
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2222

12 LRLASSS  . S is the distance between a main rotor and a secondary 

rotor using a straight line through the cylindrical piston and the secondary rotor centre.  
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2.2 Vector analysis 

From Figure 2, the relative inlet velocity of air, wi, can be calculated with Eq. (6), since 

wi
2 = wi,x

2 + ci,y
2 and U = ΩR. Note that wi

2 = U2 + ci
2 when α = β = 0˚. Furthermore, the 

absolute inlet velocity can be calculated as ci = ii Am / . The relative inlet velocity, wi, is used 

in the thermodynamic modelling of the proposed rotating disk cylinder engine. 
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2.3 Thermodynamic modelling 

2.3.1 Transient model 

An adiabatic control volume boundary around the working fluid on the inside of the 

expansion groove is considered, as shown in Figure 2. To solve the required pressure, 

temperature and mass of the working fluid as a function of α, an ideal gas thermodynamic 

analysis is performed, similar to Xinghua et al. [8]. The input constants are Pi, Ti, LW  and Ω. 

For each time step of α, ΔV and PR are calculated using Eq. (5) and Eq. (7), respectively.  
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The work produced, as a function of α, is  PdVW , where P = PR + P0. The mass on the 

inside of the control volume, m2, per time step of α, is assumed so that T2 can be calculated 

using the ideal gas equation. According to the first law of thermodynamics, m2 can be 

calculated as shown in Eq. (8), where mi = m2 - m1. The mass is calculated in an iterative 

process. 
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For the outlet at P0, a control mass boundary around the air is used so that the outlet volume 

can be calculated as shown in Eq. (9). 
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2.3.2 Steady-state model 

The actual outlet temperature, Te, is calculated with Eq. (10), using the first law and assuming 

no heat loss. An average mass flow rate is used as calculated from Section 2.3.1 in an 

iterative process. 
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The outlet velocity is calculated with Eq. (11). Eq. (10) and Eq. (11) are solved 

simultaneously to determine ce and Te. The performance of the expander can be expressed in 

terms of isentropic efficiency [21]. The efficiency is calculated as shown in Eq. (12).  
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The efficiency can also be calculated as   /)( Is , where WSTI gena
  . The 

entropy generation rate is calculated with Eq. (13) and the exergy transfer by flow is 

calculated using Eq. (14).  
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3 RESULTS AND DISCUSSION 

3.1 Dynamic behaviour 

Figure 3 shows the angle of rotation of each of the three secondary rotors as a function of the 

main rotor’s angle of rotation, according to Eq. (2). Results show that the rotation of the 

secondary rotors is not a linear function of the main rotor’s angle of rotation. The rotation of 

a secondary rotor is thus not similar to the rotation of the main rotor, except when β is close 

to 0˚. The angular velocity of the secondary rotor increases as the main rotor’s cylindrical 

piston moves into the groove of the secondary rotor. The angular acceleration becomes 

negative as the cylindrical piston leaves the groove of the secondary rotor. As the next 

cylindrical piston slides into the secondary rotor, a spike in angular acceleration takes place. 

These results suggest that there exists a limiting factor in terms of the operating speed of the 

device. Furthermore, Figure 4 shows the dimensionless length (L/R) at which the fluid is 

acting onto the main rotor in the case of power generation, according to Eq. (1). To sustain 

the rotation, a force is applied to the main rotor at intervals of 24˚.  

 

 

FIGURE 3 Angle of rotation of the secondary rotors as a function of the angle of rotation of the main rotor. 
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FIGURE 4 Radius at which the force of expanding gas is acting onto the main rotor. 

 

3.2 Thermodynamic behaviour 

3.2.1 Comparison with experimental work 

Results have been compared with experimental work done by Huang et al. [4], in which a 

100 cm3 piston engine was driven by compressed air. Table 1 shows the measured output 

power, rotational speed and inlet temperature for three different cases of the piston engine 

operating at an inlet pressure of 9 bar (absolute). These input parameters have been used in 

the thermodynamic model and the results of the model are also shown in Table 1. The 

simulation results compare well with the experimental results as the largest percentage 

difference is 14.5%. According to Huang et al. [4], the energy conversion efficiency is 

QPiEC / . 

 

Note that the default constants used in the analysis were Ai = 0.0003 m2, cp0 = 1004 J/kgK, 

γ = 287 J/kgK, d = 0.0397 m, Pe = 86 kPa, R = 0.115 m and r = 0.0345 m. Table 1 also shows 

additional simulation results for each of the three cases considered. Note that the load and 

speed adjustment, and therefore a torque adjustment, does have an effect on the average mass 

flow rate, outlet temperature and the isentropic efficiency. Results show that, for a constant 

inlet pressure, the isentropic efficiency decreases as the angular velocity of the main rotor 

increases. This result was also found by Subiantoro et al. [27].  
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TABLE 1 Comparison with experimental work by [4] for inlet pressure of 9 bar. 

Case 1 2 3 

Ω (rpm) 500 750 1000 

Ti (K) 309 309 310 

LW  (W) 500 710 850 

 Exp. Model Exp. Model Exp. Model 

τ (Nm) 10 9.55 8.85 9.04 7.85 8.12 

Te (K) 258 266 260 268 264 272 

Q (l/min) 550 534 760 802 960 1069 

ηEC (%) 6.75 6.24 6.9 5.9 6.2 5.3 

U (m/s)  6.02  9.03  12.0 

m  (kg/s)  0.0123  0.0181  0.0233 

ηs (%)  26.8  25.8  23.9 

genS  (W/K)  6.52  9.72  12.8 

 (W) 
 2456  3627  3835 

 

3.2.2 Pressure requirement 

Figure 5 shows the required pressure on a cylindrical piston of the main rotor to overcome the 

constant power load of 500 W at 500 rpm (see Table 1) if a single secondary rotor is 

considered. It should be noted that for a single secondary rotor, the pressure requirement is 

initially very high due to the initial small torque radius, L, as shown in Figure 4. However, 

the overlapping of the contact times of all three secondary rotors should be considered. 

According to Figure 5, when α is between 0˚ and 12˚ for Secondary Rotor 1, a much smaller 

pressure is necessary to sustain the power load if Secondary Rotor 2 is used. The large 

pressure at Secondary Rotor 1 is thus not required. The overlapping of the secondary rotors 

means that effectively, a force is applied to the main rotor at intervals of 24˚ of rotation to 

sustain the rotation, as also shown in Figure 4. 

 

Figure 6 shows the effect of overlapping of the secondary rotors. The pressure requirement 

becomes relatively constant and is drastically reduced. Note that the pressure requirement is 

still initially larger when α = 12˚ for the first secondary rotor as it takes over the load from the 

previous rotor. It is thus assumed that there is no load on the first secondary rotor until α is at 

12˚.  
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FIGURE 5 Overlapping of the pressure requirement on the main rotor for a constant power of 500 W at 500 

rpm. 

 

 

FIGURE 6 The required pressure in the groove of each secondary rotor for a constant power of 500 W at 500 

rpm, where Secondary Rotor 1 carries the main rotor’s load from 12˚ to 36˚. 

 

TABLE 2 Simulation results at 2.5 bar inlet pressure. 

Case 1 2 3 

Te (K) 267 269 275 

ηEC (%) 22.5 21.2 19.1 

ηs (%) 49.9 48.1 44.5 

genS  (W/K) 2.01 3.05 4.16 

 (W) 
1102 1624 2097 
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The results above show that a much lower inlet pressure is necessary to sustain the main rotor 

at steady state power. Table 2 therefore shows expected results for an inlet pressure of 2.5 bar 

instead of 9 bar. Note that the isentropic efficiencies and energy conversion efficiencies in 

Table 2 are therefore much higher than in Table 1. 

 

Figure 7 shows the required total mass in the groove between the main and secondary rotor, 

for constant torque (see Table 1). Note that more air is required to sustain a larger torque, as 

shown in Figure 7, according to Eq. (8). Furthermore, the required timing of the inlet valve 

for constant power on the main rotor is shown in Figure 8. The inlet valve area as a function 

of α was determined according to Eq. (15) and Eq. (16), where k = 1.4, Ck = 3.864, Cr = 

0.528, C0 = 0.0404 and CD ≈ 0.8 [16,25,35,36]. If   ri CPP /  (for choked flow),

  1/ iPPf . For   ri CPP / , Eq. (16) is applied. The sudden increase in required valve 

inlet area, as shown in Figure 8, is due to the transition from one secondary rotor to another. 

Note that the results above show the required inlet area for constant torque, which represents 

an ideal situation. 
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FIGURE 7 Mass of air in the groove as a function of α and torque for an inlet pressure of 2.5 bar. 

 

 

FIGURE 8 Valve timing for constant torque as a function of α, for an inlet pressure of 2.5 bar. 
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with the angular velocity. It should be further noted that, in this initial investigation, it was 

assumed that no leakage takes place and that no compression takes place at other rotor 
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positions which could resist the rotation of the main rotor. These effects are also 

recommended for further work, where the combined compression and expansion stages can 

be investigated for use in a heat engine. 

 

3.2.3 Efficiency analysis 

Results show that, for a constant torque, the efficiency increases when the inlet pressure 

decreases, as shown in Figure 9. Figure 9 also shows that the efficiency increases as the 

torque increases for a constant inlet pressure. Furthermore, the results from Figure 9 show 

that, for a constant efficiency, the torque increases as the inlet pressure increases. For a 

constant efficiency, a larger power load could thus be sustained at higher speed and inlet 

pressure. These results (as well as the results in Table 1) suggest that for maximum power, a 

high speed and high inlet pressure would be required, as was also found for single screw 

expanders with air as working fluid, and for twin-screw expanders used in organic Rankine 

cycles [19,20]. It should also be noted that the speed of the main rotor will depend on the 

inlet pressure and mass of the rotor. The speed and inlet pressure of the rotor are, however, 

limited by the mass and material properties of the rotors as well as vibrations and pressure 

wave propagations [4]. These limitations were not further considered in this initial analysis of 

the device, but are recommended for future work. The rotors should be designed in such a 

way that the selected pressure ratio is a compromise between the efficiency and power output 

at steady state. 

 

FIGURE 9 Effect of pressure ratio on the exergetic performance of the device. 
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4 CONCLUSION AND RECOMMENDATIONS 

A new type of engine concept was proposed, namely a rotating disk cylinder engine. 

Secondary rotors with grooves act as guide vanes for the working fluid to power a main rotor. 

The proposed engine can be applied in the conversion of renewable energy sources for power 

generation and has potential for low costs in terms of manufacturing. Currently, no literature 

exists on the proposed device and the modelling thereof. The aim of this paper was to 

determine the dynamic and thermodynamic behaviour of the machine so that 

recommendations can be made for further research work. A transient as well as a steady-state 

thermodynamic model was developed for an adiabatic expansion process using first and 

second law analysis with air as ideal gas. It was assumed that there is no leakage and that no 

compression takes place at other rotor positions which could resist the rotation of the main 

rotor. The model was compared with experimental results of a piston engine running at 

speeds of between 500 rpm and 1000 rpm, power output of between 500 W and 850 W, and 

driven by compressed air at 9 bar. The results compared well, with the largest difference 

being 14.5%. Results from the thermodynamic analysis showed that for maximum power at 

constant efficiency, a high speed and high pressure ratio would be required, but for maximum 

efficiency at constant power, a lower pressure ratio and speed is required. The results from 

the dynamic analysis showed that the rotation angle of the secondary rotor is not a linear 

function of the main rotor’s angle of rotation, which suggests a limiting factor in terms of the 

operating speed of the device. Furthermore, results showed that three secondary rotors 

significantly decrease the pressure requirement if a constant torque output is sought. The 

device therefore has potential for high efficiencies in low pressure and low speed 

applications. Further work is recommended, especially in terms of matching the inlet pressure 

with the angular velocity. It is recommended that the device should be tested in an 

experimental setup so that further improvements and innovations on the concept can be 

developed. 
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NOMENCLATURE 

A distance between centre of main rotor and centre of secondary rotor (m) 

Ai inlet area (m2) 

B distance between centre of secondary rotor and centre of groove end-point (m) 

c absolute velocity (m/s) 

cp0 specific heat at constant pressure (J/kgK) 

cv0 specific heat at constant volume (J/kgK) 

d distance between the two disks that form the main rotor (m) 

F force (N) 

g gravitational acceleration (m/s2) 

h specific enthalpy (kJ/kg) 

I  irreversibility rate  

k ratio of specific heats 

L distance from centre of main rotor to the line in which direction the force of 

 cylindrical piston is acting (m) 

m mass (kg) 

m  mass flow rate (kg/s) 

P pressure (kPa) 

Q volumetric flow rate (m3/s) 

Q  heat transfer rate (W) 

r diameter of the cylindrical piston (m) 

R distance between centre of main rotor and centre of cylindrical piston (m) 

s specific entropy (kJ/kgK) 

S distance between rotors using a straight line through cylindrical piston and secondary 

 rotor (m) 

S1 distance between main rotor and cylindrical piston in the direction of the force of the 

 cylindrical piston (m) 

S2 distance between secondary rotor and cylindrical piston (m) 

genS  entropy generation rate (W/K) 

t time (s) 

T temperature (K) 

U cylindrical piston velocity (m/s) 

V volume (m3) 
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w relative velocity (m/s) 

W work (J) 

W  power (W) 

z height (m) 

 

Greek symbols 

α angle of rotation of the main rotor  

β angle of rotation of a secondary rotor 

γ ideal gas constant (J/kgK) 

η efficiency 

ρ density (kg/m3) 

τ torque (Nm) 

  exergy rate (W) 

ψ specific exergy (J/kg) 

φ angular acceleration of secondary rotor (rad/s2) 

Ω angular velocity of main rotor (rad/s) 

ω angular velocity of secondary rotor (rad/s) 

 

Subscripts 

0 stagnation 

1 at state 1 

2 at state 2 

a atmospheric 

d dynamic 

e exit 

EC energy conversion 

i inlet 

L load 

req required 

R resultant 

s isentropic 

x in the x-direction 
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