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ABSTRACT

This paper is focused on a small power refrigeratigcle
demonstration unit to be used at different opegationditions
and in various fields of study. The refrigeratiamitus planned
to be used principally for two different kinds ofudies:
thermodynamic analyses of the refrigeration
performance at different
temperatures; and determination of the heat tragsffficients
during the condensation and evaporation processes.

In order to design and select its different composiea
detailed simulation model was developed. The mtadeds into
account specific data, characteristics and dimassiof the
main components.

In the paper, the main components of the refrigamatnit
are described, the mathematical simulation modeleiwiled
and the main results of the simulation model ass@nted and
analyzed.

NOMENCLATURE

Cp [Ikg K)] Speciic heat capacit

d [m] Diameter

DS K] Degree of superheat

f [Hz] Frequenc

h [J/kg] Specific enthalpy

k [W/(m K)] Thermal conductivit

L [m] Length

m [ka/s] Mass flow rate

N [rac/s] Speed reginm

Ns [rad/s] Synchronous speed

p [kPa] Pressure

Prm [ Number of magnetic pole pairs per phase
q [w] Heat flow

q [W/m?| Heat flux

R [K/W] Thermal resistance

RC Pressure ratio

R Coefficient of determination
S [-] Slip

T [K], [°C] Temperature

\% [m¥s] Volumetric flow rate

Vi [m3 Compressor displacement
w [w] Power
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system
evaporation and condenisati

Greek symbols

o [W/(m?K)] Heat transfer coefficient
ATim K] Logarithmic mean temperature difference
p [kg/m?] Density

n - Efficiency

Subscripts

ac Air-cooled heat exchanger
air Air

cl Convective liquid flov

C Condenser

e External

E Evaporatc

elec Electric

i Internal

in Inlet

is Isentropic

n Nucleate pool boiling
out Outlet

ov Overall

sat Saturation conditions

t Tube wall

ref Refrigerant

Vol Volumetric

w Water
INTRODUCTION

Air-conditioning and refrigeration installationscawnt for
about 30 percent of worldwide energy consumptign Thus
deep knowledge of this type of installations is gfeat
importance in the actual energy and industrial aden Even
though, there are different refrigeration technaegin the
market, the most extended one is the vapor conipress
technology.

As a result, most engineering courses all overwoed
cover, in more or less depth, fundamental and awbaiopics
related with vapor compression systems. Usuallypttederred
method of teaching technological disciplines isadternation
between traditional classrooms, in which the teagiteoduces
the contents of the subject matter or solves exesciand other
activities such as the use of multimedia files, wwaked
applications, simulation software and experimeetglipment.
In the field of refrigeration a broad number of exdes exist,
such as those found in Refs. [2-5].



A number of experimental equipment for lecture aper
compression refrigeration systems exist in the wtark
However, this type of equipment is usually eithepensive or
limited to a set of experiments focused on the destration
principles of the technology rather than on thespmkty of
carrying out detailed and controlled thermodynarmicheat
transfer analyses.

This paper is focused on a small power refrigematio
demonstration unit based in the vapor compressystecThe
refrigeration unit is planned to be used principdibr two
different kinds of studies: thermodynamic analyssthe
refrigeration system performance at different evafjon and
condensation temperatures; and determination of Hbat
transfer coefficients during the condensation awdperation
processes.

The design and selection of its components areskxtuo
meet the following challenges:

1. The user should be able to perform basic theymardic
analyses; as a result, the experimental unit hdzetequipped
with proper instrumentation.

2. The user should be able to perform (and repeat)
experimental tests at the desired operating camdit{basically
condensation and evaporation temperatures); thim
experimental unit has to be equipped with adeqopé&zational
or electronic control systems.

3. The user should be able to calculate the comdiensand
evaporation heat transfer coefficients. This respiithat the
instrumentation used and the operating conditiousd in the
condenser and evaporator should be studied inleldtiai order
to be favorable for measuring the heat transfeffictents with
a reasonable accuracy.

In order to design and select its different compdsiea
detailed simulation model was developed. The mtaleds into
account specific data, characteristics and dimessiof the
main components. In the paper, the main componetie
refrigeration unit are described, the mathematg&iaiulation
model is detailed and the main results of the sih model
are presented and analyzed.

t

DESCRIPTION OF THE DEMONSTRATION UNIT

The mathematical simulation is based on an expeitiahe
demonstration unit which operating scheme is degicin
Figure 1. The demonstration unit consists of theinma
components found in a vapor compression refrigematinit:
compressor, condenser, expansion device and etaporae
compressor and expansion device are commerciakyladble
but the heat exchangers (condenser and evapohatee) been
specially design to perform different heat transfealyses. The
refrigerant used is R134a.

The evaporator consists of a vertical copper tulbe o
diameter 9.52/7.92 mm and 1 m length. The evapor&o
covered by a flexible power heating cable that Happa
uniform heating power along the evaporator lengthe total
heating power supplied to the evaporator (equalttie
evaporator cooling capacity) is adjusted modifyihg heating
cable supply voltage by means of a rheostat. Thggeeant
flows vertically from the bottom to the top of tleaporator.
The refrigerant enters the evaporator as a twoeflasy and
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leaves it as a superheated vapor flow. The dedrsaperheat
at the evaporator outlet is controlled manuallyabgommercial
thermostatic expansion valve.

The condenser consists of two concentric coppeestudf
1 m length which are oriented vertically. The inmerd outer
tubes are of diameters 15.87/14.13 mm and 9.52fdr@2
respectively. The refrigerant condensation takemceplas it
flows downwards inside the inner tube. Water isduas the
cooling medium which flows through the annular spfarmed
by the concentric tubes, in counter current with tafrigerant
flow.

The cooling water flows in a closed loop consistifga
circulating pump and a forced air-cooled heat ergka,
constructed with copper tube of 3/8” in staggeredrgement
and continuous aluminum fins. The cooling watergemture
can be adjusted by controlling the airflow of tla@ fof the air-
cooled heat exchanger by means of a variable fregyudrive.

The compressor is a commercial hermetic compresihr
a displacement of 3.13 éniThe refrigerant mass flow rate is
controlled by varying the compressor supply freqyeiy
means of a variable frequency drive.

Other components of the experimental demonstratiuib
are a thermostatic expansion valve, solenoid vdilter and
proper instrumentation, as depicted in Figure 1.

220/50hz
Variable
frequency
drive

Compressor

5 Evaporator]| = 220/50hz

Varlable

frequency
drive

Condenser

3

>< Fl
Thermostatic Solenold
expanslon valve

valve Refrigerant

tank
Figure 1 Schematic representation of the experimental
demonstration unit.

SYSTEM MODELLING

A steady state mathematical model has been dewkliope
order to simulate the vapor compression demonstratinit.
The model takes into account specific data and déoas of
the components in order to predict the real opegatbnditions
of the unit. The following general assumptions hdeen
considered:

1. The system operates at steady-state conditions.

2. The pressure drops in the refrigerant pipesutirare
negligible.

3. Heat transfer between the heat exchangers aad th
surroundings is negligible

4. The heat losses from the refrigerant and wanes|are
negligible.

5. Saturated liquid conditions are considered ataitlet of
the condenser.

6. In order to obtain the thermodynamic state a th
compressor outlet, the compression process is demsl to be



isentropic. Later, the overall compressor efficiens used to 0.7 — & ol (50 Ha)

calculate the electric power of the compressor. i l‘

In the following sections the basic characteristisd o6 | L 0 nvol (60 Hz)
equations of the main components of the experinhemia are | \!\ A nov (50 Hz)
detalled. g 05 | Best / L% A nov (60 Hz)

S interpretation R
Compressor 'S A -

The Danfoss TL3G hermetic compressor was selectéd w & 04 Ve A4 -8 E‘\

a displacement of 3.13 éniThe refrigerant used is R134a. The 7 & 4 RSN A \\!
manufacturer reports data for the capacity and powe 03 1 A i\\
consumption of the compressor for a condensing ¢eatpre of ‘*f
55°C and an evaporating temperature range of e306t°C, 02 ——tt
measured according to the test conditions of EN 0 5 10 15 20
12900/CECOMAF and ASHRAE standards. COmpression ratio (Rc)

The pressure ratio of the compressor is definethesatio
of the discharge pressure to suction pressure. rdicap to Figure 2 Volumetric efficiency and overall efficiency ofeh
assumption 2, these pressures are the condensatidn compressor as a function of the pressure ratio.
evaporation pressures, respectively. Then, thespresatio is
given by equation (1): The isentropic power of the compressdVg[ can be

0 calculated as stated in equation (6):

—Pc

Res Pe @ Wi =gt hps —y) (6)
. . whereh,;s is the specific enthalpy of the refrigerant vapbthe

The refrlge.rant mass flow rate can .be obtained ftbm discharge pressure and specific entropy of thégesfant vapor

compressor displacement;), speed regimeN), volumetric entering the compressor.

efficiency (1, ) and the refrigerant density at the suction

conditions (o,), as stated in equation (2): The overall efficiency of the compressor is obtdires the

ratio of the isentropic power to the real power stonption
My =, By N/ (2020) ) obtained from the manufacturer data:

The manufacturer reports data for different opemti 77, = W ()
conditions and supply frequencies of 50 and 60 Hhke Weiec
compressor speed\) is related to the supply frequency by

Only the compressor power consumption is given t
equations (3) and (4): y P p p given gy

manufacturer, so only the overall efficiency coulok

2Unlf determined and other compressor efficiencies sughthe
Ns= ®3) indicated or electrical efficiency could not beatdhted.

Pm Figure 2 also shows the values of the compresserativ
Ng-N efficiency as a function of the pressure ratio oted from the
Sm:T (4) manufacturer data. With respect to the resulthefuolumetric
s ] efficiency, two main differences are observed. Titet one is
whereNs is the synchronous speéds the supply frequencpy, that a linear dependence between the overall effiyi and the
is the number of magnetic po_le pairs per phasesasthe slip. pressure ratio cannot be assumed, so a higher potigromial
In our casepy =1 and a typical value of,=5% for small fit should be considered. The second differenceéhi the
motors has been assumed. overall efficiency is affected by the compressorppy
The volumetric efficiency was obtained by a simple frequency (50 or 60 Hz). Anyway, due to the infotiom is
regression analysis from the refrigeration data aciyp only limited to two frequency values (50 and 60 Hhp effect

provided in the manufacturer technical data. Figushows the ~ Of the frequency was neglected and the overaltieficy was
values of the volumetric efficiency as a functidrthe pressure ~ @ssumed to be only a function of the pressure.r&ip (8) is
ratio. It can be seen that a linear dependencésexégween the ~ the result of the regression analysis with a cokeffit of
experimental values of the volumetric efficiencydathe determinatiorR’ of 80%.

pressure ratio, and also that this dependencytisffiected by 43 3

the compressor supply frequency (50 or 60 Hz). Eogndb) is Noy = 12410 [RC” - 53710 [RC”+0.05786RC+0.2139 (8)
the result of the regression analysis with a coigffit of

determinatiorR® higher than 99%. Thermostatic valve

N =-0.02372RC+0.7396 (5) The thermostatic valve is assumed to be perfestiated,
Ve so the refrigerant suffers an isenthalpic procégs b,). The
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thermostatic valve guarantees a constant degreepafrheat at
the evaporator outlet, then:

T, =T (pe)+DS
where Ty
evaporator pressure amstis the constant degree of superheat
controlled by the thermostatic valve.

9)

Condenser

The condenser consists of two concentric coppeesub
oriented vertically of 1 m length. The heat transé&te from the
refrigerant to the cooling medium (water) can beéaoted by
applying energy balances for each stream — equa(it®) and
(11) — and the heat transfer equation (12).

de =My [, =) (10)

de =m, [Cp,, {Ts —T;) (11)
ATy,

c :7!&’(: (12)

where AT, is the logarithmic mean temperature difference
andR: is the overall thermal resistance in the condenser

Re=Rc+Rc*Rec
1 In(dec/dic) 1
aiclirdclle 2K (de  aecHdclle

The condensation process takes place inside thez tobe
of the condenser, so it is affected by the vapow fivhich also
flows downwards. The liquid film is then expectede thinner
than in the absence of vapor flow, so a higher eosdtion
heat transfer coefficient should be expected. Ia Work, the
average heat transfer coefficiemic] has been obtained from
McNaught and Butterworth [6].

The heat transfer coefficientf) for turbulent flow in the
concentric annular duct was calculated accordingdtukhov
and Roizen [7], using a modified form of the Gniski [8]
correlation for turbulent flow in tubes as a funatiof the inner
and outer tubes diameters ratio.

(13)

Evaporator

The evaporator consists of a vertical copper tubd m
length. A uniform heating powergd) along the evaporator
length is supplied by means of a flexible powertingacable.
The heat transfer rate can be related with theigexfint
conditions by applying the energy balance for tbfigerant
flow, as stated in equation (14).

O =Mt [(:hl‘hzt)

The boiling heat transfer process inside the valrtigbe of

(14)

the evaporator is modeled by the additive formula
recommended by Rohsenow and Griffith [9]:
OE =0 +dc (15)
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represents the saturation temperature at the

In this expressiong;, is the nucleate pool boiling heat flux

calculated from Rohsenow [10] based on the assompltiat
the bulk of the liquid is stationary. The tergi is the single-

phase convective heat flux obtained from equatid):(

de=ay I:GTIE ‘TE) (16)
whereaq, is calculated from the Dittus-Boelter correlatidm]
based on the assumption that a single-phase litjowd at
temperaturele flows inside the tube. Rohsenow and Griffith
[9] recommend calculatingy, by replacing the coefficient
0.023 with 0.019 in the Dittus-Boelter correlation.

Refrigeration system
The system COP is obtained from equation (17):
cop=_JE_ 17)

elec

In this equation, the refrigeration capacity iscotdted as
stated in equation (14) and the electric power gomgion of
the compressor is calculated using equations (@)to

Cooling water pump

The Wilo Star-RS 25/7 circulation pump is used foe
cooling water circuit. The total head (kPa) forfelient water
flow rate values (fis) was obtained from the manufacturer
technical data. These values were fitted by a sm@fression
analysis which result yields equation (18) withcef€icient of
determinatiorR higher than 99%.

Ap=- 146810’ V2 -1.427210° ¥, + 6557 (18)

Air-cooled heat exchanger

The forced air-cooled heat exchanger has a heasfema
area of 1 rhand it is constructed with eight copper tubes of
9.5/7.9 mm in staggered arrangement and continalkousinum
fins. The configuration is of a single-pass, crites+ heat
exchanger with both fluids unmixed.

The heat transfer rate is estimated based on metouéa
data (EN-327:2000) by equation (19).

AT,

qacqu:q15E$
where AT, IS the logarithmic mean temperature difference

(19)

between the water and air flows, amgis the heat transfer rate
for a temperature difference of 15 K. Equation (i59%ased on
performance data for an air cooled refrigerant emsér and
not an air cooled water flow heat exchanger. Howesguation
(19) was considered to be valid (or at least coreime) based
on the following considerations: a quick evaluatiofi the
overall heat transfer coefficient indicated thae thir side
thermal resistance was the higher one; the watev fate is
very high, so the water side temperature is neamhstant; and,
the water side flow regime is turbulent, so hightexaide heat
transfer coefficients are obtained.

An energy balance on the air side gives equatiop (2



Oac =Vair air [P [t“-air,out _Tair,in) (20)

whereV,;, is the nominal air flow rate.

Cooling water circuit

A total tube length of 2 m of copper tube of diaenet
15.9/14.1 mm is considered for the cooling watercuit,
excluding the condenser length and the tube-sidgtteof the
air-cooled heat exchanger. The pressure dropsisdhnecting
tubes as well as the pressure losses in the pgongponents,
air-cooled heat exchanger and flow-meter were censd in
conjunction with the pump curve to determine theewdlow
rate [12].

RESULTS AND DISCUSSION
The mathematical model described in the previoasicze

has been programmed using Engineering Equation eBolv

(EES) [13]. The model has been used to simulateaaadlyze
the performance of the experimental vapor compoessi
demonstration unit under different operating cdodi. The
input parameters and operating conditions considéoe the
analysis are indicated in Table 1.

Table 1. Operating conditions and components data.

Parameters Values
Compressct

Displacement 3.13-1¢ n?®

Number of magnetic pole pairs per pt 1

Number of phast 1

Slip 5%

Supply frequenc 50 Hz

Volumetric efficienc' Eq. (5

Overall efficiency Eq. (8)
Condense

Lengtt 1m

Tube material Copper

Inner tube dimeter: 15.9/14.1 mm

Outer tube diamete 9.5/7.9 mm

Condensation temperature 50°C
Evaporator

Length 1m

Tube material Copper

Tube diameters 9.5/7.9 mm

Evaporation temperature 5°C
Thermostatic valve

Degree of superheat 5K
Water pump

Pump curve Eq. (18)
Air-cooled heat exchanger

Nominal temperature difference 15K

Nominal heat transfer rate;f) 450 W

Nominal air flow rate 0.115 s

Number of tubes 8

Tubes length 0.262 m
Tube material Copper
Tubes diameters 9.5/7.9 mm
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Thermodynamic analysis

Table 2 shows the numerical results of the simomati
model, considering the data in Table 1. It candmnsthat for
the given data, the system COP is 1.72. The maximuniment
temperature of 29.4 °C indicates that if the anttiemperature
is higher than this value then it would not be fussto carry
out this experiment (for the given values of corg#ion and
evaporation temperatures). In contrast, if the amibi
temperature is lower than the calculated valuen thiee
experiment can be easily attained if the speeti@ffan of the
air-cooled heat exchanger is adjusted to the requimlue by
means of the variable frequency drive. Similarly,arder to
operate at the input evaporation temperature, #atiig cable
supply voltage should be adjusted by means of keestat in
order to obtain the heating power value (equalh® ¢ooling
power) shown in Table 2.

Table 2. Calculated parameters of the experimeietaionstration unit

Parametel Values

Vapor compression system
Evaporation pressure 350 kPa
Condensation pressi 132(kPe
Refrigerant mass flow rate 1.61%Rg/s
Cooling power 217 W
Condensation heat pov 263 W
Compressor isentropic power 46 W
Compressor electric power 126 W

COF 172
Cooling water circuit

Water flow rate 3.34-1hm¥/s

Inlet water temperature to condensTe) 338.0°C

Outlet water temperature from condense) ( 39.2°C
Air-cooled heat exchanger

Maximurr required ambient temperat (Tairin) 294 °C

Logarithmic mean temperature difference 8.8°C

It is known that for a vapor compression systers, @OP
increases with increasing values of the evaporagorperature
and decreasing values of the condensation temperdtigure
3 shows the numerical results predicted by the Isitioun
model for condensation and evaporation temperatalges in
the range from 35 to 60 °C and from 0 to 15 °Gpeesvely.

Figure 4 shows the results for the pressure ratithie same
cases analyzed in Figure 3. It can be seen thadrdssure ratio
increases with increasing values of
temperature and with decreasing values of the ea#ipa
temperature. As a result, an opposed trend shalexpected
for the compressor volumetric efficiency, whictc@nfirmed in
the numerical results shown in Figure 5. Figurelso ahows
the results for the overall compressor efficieregr the range
of condensation and evaporation temperature vedned/zed,
the pressure ratio is always lower than 6; themmfequation
(8) and figure 2, it should be expected that thesralV
compressor efficiency increases with increasingiemlof the
condensation temperature and with decreasing vabdfighe
evaporation temperature, as confirmed in Figure 5.

the condensatio
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The range of evaporation and condensation temperatu
values that would be possible to test with theigefation cycle
demonstration unit will be constrained by the ambiair
temperature. Figure 6 shows the calculated ambient
temperature values T jnmax) required to perform these
experimental tests. If the actual ambient tempeeais lower
than the values shown in figure 6, then the expemintan be
attained reducing the speed of the fan of the @itexd heat
exchanger by means of the variable frequency drive.
contrast, if the ambient temperature is higher ttte values
calculated in figure 6, then it would not be poksite perform
the experiment with the corresponding evaporatiamd a
condensation temperature values. Results showngimef 6
indicate thatT,inmax) decreases with the decreasing values of
the condensation temperature and with increasihgesaof the
evaporation temperature. This last behavior is ebguk since
when the evaporation temperature is increased ficed value
of the condensation temperature, then the compressitio
decreases and, according to figure 4, the volumefficiency
increases. As a result, higher values of the refagt mass
flow rate and higher values of the cooling and @msétion
powers are obtained.

50
40 &___ 7o b
~~~~~~~~ G - T el
s Be--eo_____ 0 TTTmeeal 0 TTmeeal A
g0 e o
"'E‘ _________ e B . T
EZO ___________ .. T Ao__ 7T O
"h ~~~~~~~~~~~~~~~~~~~~~ ... - TT-A
10 i Tl
N --e
0 : : eem
0 5 10 15
T (2C)
-m-35 -@-40 -aA-45 -B-50 -0-55 -4-60

Figure 6 Maximum required ambient temperature as a
function of the evaporation and condensation teatpees.

Heat transfer analysis

The refrigeration cycle demonstration unit is gitanned to
be used for the determination of the heat transbefficients
during the condensation and evaporation processes.

In a first stage, the condensation heat transfefficent
will be studied for different pure refrigerants arefrigerant
mixtures. Since only fluid temperatures are meabsyreall
temperatures are not measured) a tentative teahnfqu
determining the condensation heat transfer coefficivill be
the use of the Wilson plot method [14] or some tf i
modifications [15]. In order to apply the Wilsonoplmethod
successfully, at least the following conditions desirable: a)
the temperature difference between the condengfrigerant
and the water stream is high enough to be onlylgerffected
by the accuracy of the temperature sensors; bintia thermal
resistance in the condenser is the condensatian thiermal
resistance; and, c) during different experimengtatd the wall



conductive and water convective thermal resistaremaain
nearly constant when compared with the overall niabr
resistance variation.

Figure 7 shows the results for the logarithmic mean
temperature difference in the condens@éT (). It can be

seen that for all the operating conditions congdenT,, - is

always higher than 8 °C, which will be easily meadu(with
sufficient accuracy) in the future experiments.

20 T

15 +

AT e (K)

10 &

[XTEN

0 5 10 15
T (2C)

-m-35

Figure 7 Logarithmic mean temperature difference in the
condenser as a function of the evaporation andersation
temperatures.

-e-40 -4-45 -8-50 -e-55 -A-60

The results of the thermal resistances in the aweteare
collected in Figure 8. It can be seen that the all¢hermal
resistance in the condens&:) increases with the evaporation
and condensation temperatures. For all the casalyzaxd,
results in Figure 8 show that the thermal resistant the
condensation process accounts for more than 9G#eafverall
thermal resistance in the condenser.

0.046 100

0.044
98

0.042

0.04 96

0.038

Rc (K/W)
RiC/RC (%)

94
0.036

0.034

[y
o

T (2C)

-m-35 -e-40 -4-45 -8-50 -e-55 -A-60

Figure 8 R: and ratioR¢/Rc as a function of the
evaporation and condensation temperatures.

All previous results rely on the assumption that theat
transfer coefficients can be determined or estichai®m
published correlations. However, typical accuracésthese
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correlations can be as high as 30%. Therefore aitdty
analysis of the effect of the heat transfer cogffits on the
overall thermal resistance has been performed. rékelts of
this analysis are shown in Figure 9. The water Hieatsfer
coefficient, the condensation heat transfer coefficand the
tube wall thermal conductivity have been multipliegda factor
varied from 0.1 to 10. It can be seen that the eosdtion heat
transfer coefficientdc) has the most significant effect on the
overall thermal resistancdRd). The water side heat transfer
coefficient @) is the next more important factor, though its
effect is much lower. Finally, the tube wall thetmesistance is
negligible. These results show that the experiniemti design
and operating conditions are adequate to experatignt
measure the condensation heat transfer coeffigean if the
water side heat transfer coefficient calculatiomnm be
estimated with accuracies better than 30%.
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MF

Figure 9 Effect of the heat transfer coefficients on the
condenser thermal resistance.

CONCLUSIONS

This paper covered the design and simulation ofmalls
power refrigeration cycle demonstration unit to bged at
different operating conditions and in various fielof study. In
order to predict the performance of the refrigemtunit, the
simulation model accounted for specific data, ctterstics
and dimensions of the main components.

The results of the simulation model indicated thia¢
refrigeration unit will be able to be used for tdifferent kinds
of studies: thermodynamic analyses of the refrig@nasystem
performance at different evaporation and condemsati
temperatures; and determination of the heat tracsfefficients
during the condensation and evaporation processes.

The evaporation temperature will be experimentally
controlled by adjusting the total heating powerggigal to the
evaporator by means of a rheostat that varies ¢laértg cable
supply voltage. On the other hand, the condensation
temperature will be controlled by varying the aivil of the fan
of the air-cooled heat exchanger by means of aabhi
frequency drive. However, it was shown that for som
combinations of the evaporation and condensation
temperatures, it may not be possible to carry loeitetixperiment
because it would require too low ambient air terapees.
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