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ABSTRACT

The absorber tubes of solar thermal collectors have enormous influence on the
performance of the solar collector systems. In this numerical study, the influence of
circumferential uniform and non-uniform solar heat flux distributions on the internal and
overall heat transfer coefficients of the absorber tubes of a linear Fresnel solar collector was
investigated. A 3D steady-state numerical simulation was implemented based on ANSYS
Fluent code version 14. The non-uniform solar heat flux distribution was modelled as a
sinusoidal function of the concentrated solar heat flux incident on the circumference of the
absorber tube. The k-¢ model was employed to simulate the turbulent flow of the heat transfer
fluid through the absorber tube. The tube-wall heat conduction and the convective and
irradiative heat losses to the surroundings were also considered in the model. The average
internal and overall heat transfer coefficients were determined for the sinusoidal
circumferential non-uniform heat flux distribution span of 160°, 180°, 200° and 240°, and the
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360° span of circumferential uniform heat flux for 10 m long absorber tubes of different inner
diameters and wall thicknesses with thermal conductivity of 16.27 W/mK between the
Reynolds number range of 4 000 and 210 000 based on the inlet temperature. The results
showed that the average internal heat transfer coefficients for the 360° span of
circumferential uniform heat flux with different concentration ratios on absorber tubes of the
same inner diameters, wall thicknesses and thermal conductivity were approximately the
same, but the average overall heat transfer coefficient increased with the increase in the
concentration ratios of the uniform heat flux incident on the tubes. Also, the average internal
heat transfer coefficient for the absorber tube with a 360° span of uniform heat flux was
approximately the same as that of the absorber tubes with the sinusoidal circumferential non-
uniform heat flux span of 160°, 180°, 200° and 240° for the heat flux of the same
concentration ratio, but the average overall heat transfer coefficient for the uniform heat flux
case was higher than that of the non-uniform flux distributions. The average axial local
internal heat transfer coefficient for the 360° span of uniform heat flux distribution ona 10 m
long absorber tube was slightly higher than that of the 160°, 200° and 240° span of non-
uniform flux distributions at the Reynolds number of 4 000. The average internal and overall
heat transfer coefficients for four absorber tubes of different inner diameters and wall
thicknesses and thermal conductivity of 16.27 W/mK with 200° span of circumferential non-
uniform flux were found to increase with the decrease in the inner-wall diameter of the
absorber tubes. The numerical results showed good agreement with the Nusselt number

experimental correlations for fully developed turbulent flow available in the literature.
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Nomenclature

A
D
Cr

CuCy, G

(m, n)

Nu, Nu

Pr

surface or cross sectional area, m?

heat flux parameters

concentration ratio of the reflector field

empirical turbulence constants

specific heat of the fluid at constant pressure, J/kgK
Darcy friction factor

Kinetic energy transfer

acceleration due to gravity, m/s°

heat transfer coefficient and average heat transfer coefficient, W/m?K
turbulence intensity at inlets and outlets, or number of irradiated divisions
irradiated division number

thermal conductivity, W/mK

axial dimension and total axial length of tube, m

total number of the axial divisions

mass flow rate, kg/s

numerical surface location

total number of the circumferential divisions

Nusselt number and average Nusselt number
pressure, Pa

Prandtl number

heat transfer, W

heat flux, W/m?

radius and average radius, m

radial coordinate, m



Greek Letters

Reynolds number

source term

temperature and average temperature, K

tube wall thickness, m
overall heat transfer coefficient, W/m?K
velocity and average velocity, m/s

axial coordinate, m

angle span of the irradiated segment of the tube, rad
absorptivity of the absorber tube

turbulent kinetic energy dissipation

emissivity of the absorber tube-wall surface
non-uniform temperature factor

reflectivity of the concentrator mirrors

turbulent kinetic energy generation

viscosity, kg/ms

density of the heat transfer fluid, kg/m*
Stefan-Boltzmann constant, W/m?K*

empirical turbulence constants

conservation variable in governing equations

angle span of each circumferential division, °, or tangential dimension

diffusion coefficient



Subscripts

a free stream air

b bulk fluid property
conv convection

DNI direct normal irradiation
ed turbulent eddy

ef effective

f fluid

i inner surface

I laminar

m at position m

n at position n

0 outer surface

r in radial direction
rad radiation

X in axial direction

tu tube

w wall

) in tangential direction
o0 radiant surroundings

1 Introduction

Solar thermal energy is currently one of the most important sources of clean and
renewable energy, which has enormous potential in reducing overdependence of the global
economy on fossil fuels and in mitigating greenhouse gas emissions. Two basic types of

solar thermal collector systems have been developed over the years and they are the non-



concentrating or stationary collectors and the concentrating collectors (Kalogirou, 2004). The
non-concentrating collectors, which include flat-plate and evacuated tube collectors, are
suitable for low to medium temperature applications. The single-axis sun-tracking
concentrating collectors, which include the linear Fresnel collector, parabolic trough collector
and cylindrical trough collector types, and the two-axis tracking collectors, such as the
parabolic dish reflector and heliostat field collectors, are suitable for medium to high
temperature applications as required in the industrial process heat applications and electric
power generations.

The parabolic trough solar collector has been the most popular concentrator among other
solar concentrating collectors due to the success of the solar electric generating plants in the
Mojave Desert of southern California in the late 1980s. The plant size ranges from 30 MW to
80 MW and a total installed capacity of 354 MW,, which feeds about 800 million kWh per
year into the grid and displaces more than 2 million barrels of oil per year (Abbas et al.
2012), (Grena2010), (Krothapalli and Greska , nd). Another important linear concentrator,
which has received considerable attention for both industrial process heat applications and
electric power generation, is the linear Fresnel concentrator (Goswami et al. 1990). Unlike
parabolic solar collectors, it does not require rotating joints and metal-glass welding at the
ends of each receiver tube (Abbas et al. 2012) and has low maintenance and operation costs.
It also has low construction cost with low wind loads and high ground coverage, which
makes it suitable for installation where space is restricted. These features have motivated a
number of research efforts to improve the general performance of linear Fresnel solar
concentrator systems and construction of solar thermal plants based on the linear Fresnel
approach. The first solar thermal power plant based on the linear Fresnel solar concentrator
was the 1.4 MW, installed in Puerto Errado, Spain and a second one being built, with a

projected power output of 30 MW, (Abbas et al. 2012a). Also, in the USA, Ausra built a 5



MW, compact linear Fresnel concentrator demonstration power plant. In 2010, the first linear
Fresnel concentrated solar power plant was built in South Africa and now two 150 kW
module pilot systems are being constructed at Eskom’s (South Africa’s largest power utility
company) research and innovation centre in Rosherville, Johannesburg (Warwick and
Middleton, 2012). The linear Fresnel solar concentrating collector has also been considered
as an important option for direct steam generation power plants (Abbas et al. 2012). The
direct steam generation systems eliminate the need of using the expensive thermo-oil and
complex heat exchangers and superheated steam can be generated directly using the
concentrating collector. Mills and Morrison (1999) presented the first results from the linear
Fresnel solar concentrating collector installation of 1MWy, at the Liddell power station
completed in 2004. Direct steam generation with the solar array was achieved and optical
performance met the design specifications. Also, in the industrial process heat applications, a
linear Fresnel concentrating collector can conveniently generate temperatures up to 250 °C or
above, but this area of solar thermal technology is almost untouched (Peter, 2008).

The linear Fresnel solar concentrator shown in Fig. 1 consists of arrays of linear mirror
strips, which track the sun in a single axis and concentrate the solar radiation on the receiver
cavity mounted on the horizontal tower. Each mirror element is tilted such that normally
incident solar radiation, after reflection from the mirror element, impinges on the absorber
tube placed along the length of the focal zone of the concentrator (Goswami et al. 1990). The
receiver consists of a compound parabolic cavity with a second-stage concentrator and a
single large diameter absorber tube mounted inside the cavity covered with a transparent
glass. The second-stage concentrator not only enlarges the target for the Fresnel concentrator
but also provides insulation to the absorber tubes (Héberle et al. 2002). Another type of linear
Fresnel concentrator receiver cavity, which recent studies on solar collector receiver cavity

preferred, is the trapezoidal cavity shown in Fig. 2. It consists of multiple absorber tubes



inside the cavity covered with a transparent glass and air trapped inside the cavity. The
backsides of the cavity are also covered with opaque insulation to reduce conduction heat
losses and the front glass pane to reduce convective heat losses. This also protects the
receiver absorber tubes from wind, rain and dirt.

The shortfall of the linear Fresnel solar concentrator is that its concentration factors (10 -
40) are still notably lower than those of parabolic trough concentrators (300 - 1500), but this
can be improved with good optical designs (the mirror separation, shape, width and
orientation). Also, its thermal performance, which this study focuses on, still requires
significant improvement by improving its thermal design models and heat transfer
characteristics of its receiver system. Haberle et al. (2002) studied the optical performance of
the Solarmundo line-focusing Fresnel collector using ray-tracing. The ray-tracing simulation
results showed that the radiation intensity was evenly distributed (between 80% and 100%
intensity) in the lower part and very low in the upper part of the absorber tube, indicating
non-uniform radiation heat flux on the absorber tube. The study also showed that the
distribution pattern did not vary significantly for different angles of incident solar radiation.
Barale et al. (2010) performed optical design of the linear Fresnel collector prototype being
built in Sicily, to optimise the geometry of the linear Fresnel collector for the FREeSuN
project. The study considered all the relevant optical loss mechanisms - reflector surface
errors, tracking errors, shading and blocking due to structure and tracked mirrors, etc. It
found that if the receiver was too far from the primary mirror plane, the contribution of errors
would drastically reduce the optical performance and that using uniform mirror curvature
(one adapted curvature for all mirrors) would prevent the efficient focalisation of all the
mirror rows. Pino et al. (2012) conducted experimental validation of an optical model of a
linear Fresnel collector system using the solar cooling plant with an absorption chiller located

in the School of Engineering, University of Seville, Spain. Eck et al. (2007) investigated the



thermal load of a direct steam-generating tube with 0.15 m diameter absorber tube located
13 m above a field of 52 primary mirrors of the linear Fresnel collector for a 50 MW solar
plant using a finite element method. The study showed that the heat flux distribution was
highest at the bottom of the outer surface of the absorber tube followed by the sides and
abated contribution came from the top. The studies by Goswami et al.(1990) and Mathur et
al. (1991) also showed that flux distribution on the outer-wall surface of the absorber tube
had a peak at the central portion from underneath and decreased rapidly on both sides of the
tube. The studies recommended that the unirradiated portion of the absorber tube should be
insulated to reduce thermal losses.

The few available studies on thermal performance of the linear Fresnel concentrator
receiver absorber tube assumed uniform heat flux distribution on the circumferential outer
surface, which is not really so, as revealed in the above studies. Dey (2004) presented the
design methodology and thermal modelling of a linear absorber of an inverted receiver cavity
for a north-south-oriented compact linear Fresnel reflector. This study assumed uniform solar
flux and gave model equations for the absorber tube sizing and spacing, and the possible
absorber design configurations. Abbas et al. (2012b) carried out a steady-state numerical
simulation of the thermal performance of the linear Fresnel collector receiver tubes of the
trapezoidal cavity to determine the optimum tube diameter and length. It assumed a uniform
radiation flux impinging on the receiver tube. Experimental validation of an optical and
thermal model of a linear Fresnel collector by Francisco et al. (2011) assumed a uniform
radiation flux impinging on the absorber tube. Velazquez et al. (2010) carried out a numerical
simulation of a linear Fresnel reflector concentrator to evaluate its technical feasibility as a
direct generator in a Solar-GAX cycle with a cooling capacity of 10.6 kW. The study also

assumed a uniform radiation flux impinging on the receiver and presented one-dimensional



numerical models for the fluid flow inside the receptor tube, heat transfer in the receptor tube
wall, heat transfer in cover tube wall, and solar thermal analysis in the solar concentrator.
Numerical studies on the influence of circumferential non-uniform solar heat flux
incident on the exterior wall surface of a linear Fresnel collector absorber tube on the heat
transfer from the tube outer-wall surface to the heat transfer fluid are lacking in the literature.
This study, therefore, numerically investigated the influence of the circumferential non-
uniform solar heat flux distribution span of 160°, 180°, 200° and 240° and a 360° uniform heat
flux on linear Fresnel collector absorber tubes on the internal and overall heat transfer
coefficients between the Reynolds number range of 4 000 and 210 000, based on the inlet
temperature. It also compared the influence of circumferential uniform heat flux distribution
on the heat transfer coefficients with circumferential non-uniform heat flux, as the actual heat
flux distributions on the absorber tubes of a linear Fresnel collector are non-uniform and
previous studies were based on uniform heat flux or isothermal wall temperature. The three-
dimensional steady-state numerical simulations are implemented based on ANSYS Fluent
code version 14. The non-uniform solar heat flux distribution on the outer wall of the
absorber tube is modelled as a first order approximation as a sinusoidal function of the
radiation heat flux incident on the circumference of the absorber tube. The tube-wall heat
conduction and the convective and irradiative heat losses to the surroundings were considered
in the model. The convective heat flux loss due to wind effect around the receiver and the
radiative heat flux loss constitute the dominant thermal losses that influence thermal
performance of the receiver absorber tubes of solar thermal concentrating collectors in the
actual operation conditions, and were modelled using first-order approximations. Also,
important simplifications of the model domain were made in order to focus the study on the
heat flux distributions on the tubes by neglecting the possible heat conduction through the

insulated sidewalls and the glass cover of the receiver cavity. A single absorber tube was
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selected, since the tubes are the same and assumed to be exposed to its surrounding, while
receiving the solar heat flux from underneath. The k-¢ model was employed to simulate the
turbulent flow of a heat transfer fluid through the absorber tube. The internal and overall heat
transfer coefficients for four absorber tubes of 10 m long with different inner-wall diameters
and thicknesses modelled with 200° span of sinusoidal circumferential non-uniform heat flux
at the considered Reynolds number range were also obtained from the simulation results.

2. Physical model description

The concentrated solar heat flux, which impinges on the outer-wall surface of the absorber
tube of a linear Fresnel concentrating collector from underneath, results in non-uniform heat
flux distribution on the circumferential surface of the tube. The non-uniform heat flux results
in a non-uniform wall temperature profile around the tube wall and hence non-uniform heat
transfer to the heat transfer fluid in the tube. Fig. 3 shows a single absorber tube model of a
trapezoidal receiver cavity of a linear Fresnel concentrating collector divided into M xN
number of numerical surfaces. The tube consists of wall thickness t, inner radius, R;, outer

radius R, and total length of the tube Lo .

Fig. 4 shows the cross-section of the absorber tube irradiated with concentrated solar heat
flux from the bottom segments. The numbering system for simulating the variation of
circumferential heat flux distribution on the tube is also given. The angle span of the
unirradiated segment in radians is 2z —a and « is the angle span of the irradiated segment of
the tube. The circumferential surface of the tube is divided into N segments and each of the

segments subtends an angle span of ¢ defined as:

27 1)
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where N is the total number of the circumferential segments. In this study, N equal to 36 was

considered. n,_; is the segment (in a clockwise fashion) where irradiation starts and can be

expressed in terms of a.

[N = (r/27) x N]
N = 5

@)

+1

withn=1,2 3. N=36, i =1, 2, 3... I, where | is the number of segments that are directly
irradiated (with a being multiples of 20°):

| =< N )
2r

3. Mathematical formulation

The numerical heat transfer model developed in this study considered the concentrated
circumferential solar heat flux impinging on the outer-wall surface of linear Fresnel
concentrating collector absorber tubes, the heat transferred to the fluid, conductive heat
transfer in the absorber tube wall (radially, axially and tangentially) and the heat flux losses

to the surroundings (via convection and radiation).

3.1 Numerical heat transfer model

Fig. 5 shows the heat transfer components on the control volume (CV) of an element at
location (m, n) on the absorber tube model in Fig. 3, with the following dimensions in the (r,
¢, X) coordinate system: t, ¢, and L respectively. A, and A; are the outer- and inner-wall surface
areas defined in equations (4) and (5), while Ay and A; are the axial and tangential direction

surface areas defined in egns. (6) and (7).

A =LoR, (4)
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A =LoR, (5)
A =3tR,+R) (6)

A, =Lt (7)

By applying an energy balance on the element, the heat transfer model under steady-state

condition is obtained as follows:

qo,(m,n) = qi,(m,n) + qx,(m,n) +qx,(m+l,n) + q¢,(m,n) + (8)

q¢,(m,n+l) + qo,conv,(m,n) + qo,rad,(m,n)
Each term are briefly discussed in the following text.

Jomny 1S the concentrated solar heat transfer on the outer wall surface at location (m, n)

expressed as follows:
qo,(m,n) = qcl;,(m,n)Ao (9)

q;'(m,n) is the solar heat flux reflected by the linear Fresnel concentrator mirror field on the

absorber tube at (m, n). If the location (m, n) is at the un-irradiated segment of the tube, then

Uo,mny Was assumed to be zero for purposes of this study. q; ., is the heat transferred to the

working fluid at location (m, n), which can be expressed as follows:

Qimny = hi,(m,n)'Ai (Tw,i,(m,n) _Tb,m) (10)
where h, . is the local internal convective heat transfer coefficient, T, ... is the local
inner-wall temperature and T, , is the fluid bulk temperature at the axial position m defined
as:

N
Z:n:1 qi,(m,n)
mc,

T

b,m

= Tb,m—l +
(11)
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where 0 i ny is the average inner-wall heat transfer, mis the mass flow rate of the heat
transfer fluid and cp is the specific heat of the heat transfer fluid. q, ) and dy m,n are

the conductive heat transfers in the axial direction modelled from Fourier’s law of heat

conduction (Cengel, 2007) as follows:

koA, = - (12)
qx,(m,n) = tLAX tu,(m,n) _Ttu,(m—l,n))
k u T T (13)
qx,(m+1,n) = tL,A)< tu,(m,n) _Ttu,(m+1,n))

where T, is the average tube material temperature of the element.
The conductive heat transfers in the tangential direction, ;) and 0 mngare also

modelled with the Fourier law as follows with R being the average tube wall radius:

KBy . (14)
q¢,(m,n) = §¢ (Tu,(m,n) _Ttu,(m,n—l))
KAy — _
Qg,(mn+1) = l%—¢(Ttu,(m,n) _Ttu,(m,n+1))
(15)

Ooconymy 1S the convective heat transfer loss from the outer-wall surface at (m, n) to the

surroundings due to wind effect around the absorber tube modeled from Newton’s law of

cooling (Rajput, 2005) as:
qo,conv = ho,(m,n)"A\) (Tw,o,(m,n) _Ta) (16)

where T,

w,0,(m,n

) is the outer-wall temperature at (m,n), T, is the ambient free stream air

temperature and h,, ) is the external convective heat transfer coefficient (Tiwari, 2006)

related to the wind velocity, v, [m/s] around the tube:

h h, =5.7+3.8v (17)

o(m,n) =
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Va = 4.36 m/s was used in this study. q, 4. IS the radiative heat transfer loss to the

surroundings modelled from the Stefan-Boltzmann law of the emissive power of a surface at

a thermodynamic temperature as follows:
4 4
qo,rad,(m,n) = ‘C"tuGSBA) (Tw,o,(m,n) _Too ) (18)

where ¢, is emissivity of the absorber tube surface and osg is the Stefan-Boltzmann constant

(5.67x10® W/m?. K*) (Cengel, 2007) and T., is the radiant temperature of the surrounding.

From equation (10), the local internal convective heat transfer coefficient, h; . . is related to

i,(m,n
the local Nusselt number as follows:

Nu . = 0 mm 2R _ G (m.n -
i,(m,n) K, Lk, [Tw,i(m,n) _Tb-m]

where ks is the thermal conductivity of the heat transfer fluid assumed to be independent of
temperature. The circumferential average Nusselt number of the tube model, which is usually

of more practical interest than the local Nusselt number of the tube, is expressed as follows:

—  R.2R (20)
NUi,m == :
kf

where h, . is the circumferential average internal heat transfer coefficient:

g zr,:lzl qi,(m,n) (21)

hi’m ) 27ZIR| I-(Tw,i,m _Tb,m)

and where T, . is the circumferential average local inner-wall temperature

_ 1 (22)

Tw,i,m = W nlew,i,(m,n)

Another useful value is the average internal heat transfer coefficient on the inner wall over

the full length of the tube ﬁ, in terms of the overall inner wall surface temperature, T,

w,i®
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F] Zmzl Zrl;lzl qi,(m,n) (23)

- 27ZRi LTOT (Tw,i _Tb)

With this the average Nusselt number, Nu; , and overall heat transfer coefficient, U, from
the absorber tube surroundings to the heat transfer fluid in the tube can be determined as
expressed by Duffie and Beckman (1980):

4 (24)
U =| 24P Ry Ry
U, "hR "k, R

0 [ |

u
Here U, is the overall heat loss coefficient due to convective and radiative heat flux losses
from the external surface of the tube. When T,=T, (as are assumed in this paper for

simplicity reasons), this can be written as:
U, =h., +h, (25)

whereh, is the forced convective heat transfer coefficient due to wind defined in eqgn. (17)

and h,, is the average equivalent radiation heat transfer coefficient from the outer-wall
surface of the tube to the surrounding expressed as:
I‘Trad = gtuGSB (-rw,o +Too)(-|TW2,0 +To§) (26)

To determine h;,, and h, numerical simulations were performed at different mass flow rate

and heat flux distribution cases in ANSYS Fluent version 14.0. A surrounding temperature

of 303 K was used in all results.

(1) Circumferential uniform heat flux transfer

In a case where the exterior wall of the tube is exposed to uniform heat flux, the concentrated
solar heat transfer q, (m.n) in eqgn. (8) is considered constant over the circumferential outer-

wall surface of the absorber tube. Therefore, the concentrated uniform heat transfer over the

circumferential outer-wall surface of the tube model in Fig. 3 is implemented as follows:
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q;,(m,n) = Qo X by X A, (27)
wherem=1,23..M andn=1,2,3... Nand qpy, isthe direct normal irradiation heat flux
concentrated on the circumferential outer-wall surface of the tube model and b is the

parameter of the concentrating collector defined as:

Br = & @ 7mi Cr (28)
where ¢, is the absorptivity and &, is the emissivity of the tube-wall surface, y; is the

reflectivity of the concentrator mirrors and Cgis the concentration ratio of the mirror

reflector field (Mathur et al. 1991). This study assumed that the linear Fresnel concentrating
collector has a tracking system to follow the sun, the reflector mirrors are specularly
reflecting and the radiation is normally incident on the concentrator mirrors. The optical
efficiency of the concentrator and the reflectivity of the mirrors were assumed to be 100% for
purposes of this study.
(if) Circumferential non-uniform heat flux

In a non-uniform heat flux case, the heat transfer on the irradiated segment of the
absorber tube is such that the lower central portions of the irradiated segment (n =18 and
n =19, in Fig. 4) receive the highest intensity level of the solar heat flux, which decreases
upwards on both sides of the tube to the unirradiated top segment. The concentrated solar

heat flux on the irradiated segment was implemented in this study as a sinusoidal function of

the direct normal irradiation heat flux (gpy, ) as follows:
Ao mm = 0o sin{f(n—n +1)}
0,(m,n) DNI a i=1 2

q;,(m,n) =0, ifn<ng (29)

Aomny =0, ifn>n_+]I
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wherem=1,2, 3. M,n=1,2 3. Nandi=1, 2 3...1 The sinusoidal function of the
heat flux in eqgn. (29) gave an average intensity level of 97% of the radiation heat flux
distributions at the lower bottom portion of the tube model, which then decreased down to the
unirradiated upper portion of the tube, while in H&berle et al. (2002), the solar flux radiation
distributions was between 80% and 100% at the bottom lower part and very low in the upper
part of the absorber tube. Also in Eck et al. (2007), the proportion of heat flux distribution
was maximum at the bottom of the outer surface of the absorber tube followed by the sides

and then decreased to the top portion of the tube.

3.2 Fluid flow through the absorber tube model

The fluid flow through the absorber tube model in Fig. 3 is assumed incompressible,
steady-state and fully developed turbulent flow. The governing equations for the fluid flow
through the tube are the continuity, momentum and energy equations and the k-g¢ two-
equation turbulent model equations (Yildiz et al. 2006), (Vikram et al. 2010), (Mehmet and
Tiirkan, 1997). These governing equations in cylindrical coordinates (r, ¢, x) are expressed
as follows:
Continuity equation:

30
EM—FE%—I—%:O ( )
r or r ogp  ox

where v,,v, and v, are the radial, polar and axial velocity components respectively.

Momentum equations:

r-momentum:
v V2 oV (31)
P ravr +_¢%+ ><avX -2 :_@-‘_ﬂef VzVr _V_;_%_cfﬁ + 09,
or r o¢ ox r or r- r° og¢

$-momentum:

18



N, v, oV N, V.V v (32)
oy, Lo Yo N Yo ViV 10P 2y Vo 2 V| ;
or r o¢ OX r

X-momentum:

Y
p(vr aV"+—¢av" +V av"] %P

=4 4V, +
ot og ok )T ax MY x T

(33)

2 2
where V? zlg(r ﬁ}+i28_2+8_2 and u, is the total effective viscosity of the
ror\_ or) r°og- Ox

flow defined as:

:uef = lLlI + :ued (34)

4, is the laminar viscosity and s, is the turbulent eddy viscosity defined as:

2
K (35)
/’ted = pr -
&
Here C, is an empirical turbulent constants and ¢ is the turbulent energy dissipation.

Energy equation:

16 10 0 10 Loy OT
-2 T+ L (N T+ (nT)==-2 HeayO1
Far T LD S () rar[r(w )ar}

Ged

1 8 1 :ued aT 8 /ued aT
S S+ ) I | (g + )
ra¢[r(ﬂ' aed)a¢} ax((”' o, o

ed

(36)

Turbulence model equation:

The turbulent flow of the heat transfer fluid in the absorber tube model is modelled using
the k-& two-equation turbulence model obtained from the Navier-Stokes equation (Yildiz et

al. 2006). The k-g two-equation turbulence model is expressed as follows:
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k-equation turbulence model

o ) )+ S (o) = 8[r(u.+ﬁjd)‘2—f}+

y (37)
10(1 Heg oK 0 /ued oK
-~ | = Led - 2 l+G=
ra¢(r(”'+ax)a j+ax(( . K)axj+ e
g-equation turbulence model
1 /ued 88 (38)
=—(prv.e +—— +—(pv, & ru + — |+
(p ) ¢(pv¢ €) (pvx )= o ( (4 og)ar]

18 Heg 88 Hed e
r6¢( (1 + 5)6¢] aX[(| ) J+ (GC, -C,pe¢)

Where C,, C;, C, ,0y, o, ando,, are the empirical turbulent constants in egns. (31) to

(38) given asC, = 0.09, C;=1.43, C,=1.92, 0,=1.0, o,=1.3 and oy = 0.9. The production

term, G, represents the kinetic energy transfer from the mean flow to the turbulent motion
through the interaction between the turbulent fluctuations and the mean flow velocity
gradients (Vikram et al. 2010). The equations (30) to (38) are reduced to convection-

diffusion general equations in cylindrical coordinates in eqgn. (39) and then solved

numerically.
10(prve) , 1 9(VyP)  O(Vyp) _ - V20 4 S (39)
r or r og Ox ? v

2 2
=7, 18[r8¢j+18¢+6¢ + S
?l r or or r2 og? ox? v
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The diffusion coefficient, I, corresponding to the conservation variable ¢ (i.e. mass,
momentum and energy conservations) and the source term S, are presented in Table 1.
3.3 Boundary conditions

The boundary conditions for the absorber tube model with uniform heat flux and non-
uniform heat flux are specified as follows:
Inlet boundary conditions (x = 0):
The mass flow inlet boundary condition is specified as:

m, =, =0kg/s and m, = uniform (40)

Fluid inlet temperature:

T, (¢,r)=T,,=300K (41)

The turbulence variables at the inlet and outlet of the absorber tube are specified using an

empirical relation for the turbulence intensity | (ANSYS Fluent version 14.0, 2011):

2, (42)
V3~ 016
=— ~ T

Vavg Re§

With the fluid Reynolds number based on bulk fluid properties defined as:

7R 4
Re — 2IObeRl ( 3)

Hy
Outlet boundary conditions (x = Ltor):
The pressure outlet-type boundary condition is specified as:
P(g.r)=P, (44)
Absorber tube inner-wall surface boundary condition(r =R,):
No-slip conditions are applied at inside wall surface of the absorber tube:
v, =v,=Vv, =0 (45)

External wall surface boundary conditions (r = Ry):
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A heat flux boundary condition was employed onto outer-wall surface boundary by using a
user-defined function in FLUENT.

q”(m,n) = q;,(m,n) +Uo(Tw,o,(m,n) _Too) (46)

Near-wall flow boundary condition:

The k-g two-equation turbulence model cannot be applied in the regions close to solid
walls where viscous effects are dominant over turbulence (Cheng et al. 2012). The two
methods normally employed in solving the near-wall region flow problems are the low
Reynolds number modelling and wall function method. The standard wall function in
FLUENT (ANSYS Fluent version 14.0, 2011) was adopted in solving the near-wall region

flow in the absorber tube inner wall.

4. Numerical procedure, grid analysis and code validation

The governing equations in egns. (30) — (39) were solved numerically with the finite
volume method described well by Patankar (1980), Ferziger and Perifi (2002) and Versteeg
and Malalasekera (1995). The computational domain, which consists of the absorber tube
and the heat transfer fluid flowing through the tube, was meshed with Hex8 and Wed6 grid
structures. The convective terms in the momentum and energy equations were discretised
with the second-order upwind scheme and the standard SIMPLEC algorithm was used for the
pressure-velocity coupling. The convergence criteria for the continuity and momentum
equations and the energy equation were when the maximum residual were less than 10™ and
107 respectively.
Mesh dependence was also checked in terms of the temperature rise of the fluid. The mesh
were refined by increasing the mesh density until further refinement did not result in any
significant change in the outlet temperature of the fluid. Energy balance checks were also

performed of the heat transfer model, which gave an average percentage error of < 1% of the
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resultant incident heat flux on the tube. The grid refinement test results at a Reynolds number
of approximately 12 000 for uniform heat flux, g, are presented in Table 2. The geometry of

the absorber tubes and the thermophysical properties of the heat transfer fluid and the solar
heat flux and concentrating collector parameters used in the numerical study are presented in
Tables 3, 4 and 5.

The absorber tube diameters were selected based on the internal pressure restrictions on
tubes and pipes by the Austrian Boiler Standard, considering maximum operating
temperature of 350 °C and the corresponding saturation pressure of 16.62 MPa (OneSteel
Building Services, 2003). The thermal properties of the heat transfer fluid and the absorber
tube material are assumed to be constant. The beam solar irradiation heat flux in Table 5 was
generated using the solar calculator of the solar load model built in the FLUENT code. The
beam solar irradiation calculated with the solar calculator in Pretoria, South Africa, with -25°
longitude, 28° latitude and GMT +2 on the selected day, 21 July at 13:00 pm under fair-
weather conditions is 787.263W/m?, which was considered as the period of the year with
lower solar heat flux. Table 5 contains information on the three heat flux intensity levels that
will be considered that results from the concentration ratios: Cg = 10, Cg = 20, and Cg =30.

The validation of the numerical model was carried out by comparing the Nusselt

number, Nu;, determined from the simulation results with the standard empirical correlations
of the Nusselt number in terms of the friction factor, f, Reynolds number, Re, and Prandtl
number, Pr, for fully developed turbulent flow in circular tubes presented in Table 6. The
Gnielinski experimental correlation is considered to give the most accurate results (Cengel,
2007). The Petukhov correlations also give accurate results, but better than the Sieder and

Tate correlation.

Fig. 6 shows the Nusselt number Nu; obtained from the ANSYS Fluent numerical results

and that obtained from the standard empirical correlations in Table 6 in the Reynolds number

23



range of 4 000 to 210 000 for a 10 m long absorber tube modelled with a 360° span of
circumferential uniform solar heat flux distribution with g, = 7.1 kW/m? (Cg = 10). The tube

consists of an inner diameter of 62.7 mm, wall thickness of 5.16 mm and tube thermal
conductivity of 16.27 W/mK. It was found that the Nusselt number obtained from the
numerical model is generally in good agreement with the experimental correlations and gave
average deviations of 5.2% in terms of the Gnielinski correlations, 5.5% in terms of the

Petukhov correlations and 11.3% in terms of the Sieder and Tate correlation.

5. Results and discussion
5.1 Temperature contours of the uniform and non-uniform heat flux distributions

Fig. 7 shows the temperature contours of the circumferential uniform heat flux and the
sinusoidal circumferential non-uniform heat flux distributions of the heat flux in table 5 with
Cr = 10 on the outer-wall surface of the 10 m long absorber tubes subject to convective heat
flux loss due to wind effect and radiative heat flux loss to the surroundings. The heat transfer
fluid flows through absorber tubes are in the x-axial direction, as indicated by the arrows in
Fig. 7. The temperature contours for the a =360° span of uniform heat flux distribution
indicated that the outer-wall temperature of the tube increased in the fluid flow direction and
was greater at the outlet of the tube. The temperature contours for the spans with a = 160°,
180°, 200° and 240° of non-uniform heat flux distribution cases indicated non-uniform
circumferential temperature profiles on the outer-wall surface of the tubes, which increased in
the fluid flow direction and decreased tangentially from the irradiated bottom portion to the
unirradiated top portion of the tubes. The contours also showed that the circumferential outer-
wall temperature of the tubes was greater at the outlet of the tubes and increased with the
increase in angle span of the heat flux distributions on the outer-wall surface of the tubes. The

blue colour indicator at the unirradiated top portion of the tube inlet shows that the fluid
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layers at that portion were unheated, while the bottom portion of the tube outlet was the most
heated portion of the tubes as indicated by the red hot colour.

The non-uniformity of the temperatures obtained for the input values mentioned above are
also demonstrated in Figure 8, where the non-uniform temperature factor, 4, given in

equation (47) is plotted against the circumferential position for different a values.

0= _w,o,(n) _Tb,(m:O) (47)
T, T

b,(m=0)

,o,uniform ™

Here T

w,0,(n

, refers to the average axial temperature for segment n, T, ., refers to the inlet

bulk fluid temperature of the tube and T, refers to the average overall wall temperature

,o,uniform
obtained when a uniform heat flux is applied. If 6 is less than 1, it indicates that the wall
temperature at location n is colder than what it would have been if a uniform heat flux was
applied. If 8 is zero, it indicates that the wall temperature is equal to the inlet bulk fluid
temperature. From Figure 8 it can be seen that for all non-uniform heat flux cases, all tube
locations where colder than with a uniform heat flux case. The peak portion of the profile
corresponds to the lower central portion of the tubes with the maximum incident heat flux,
where the fluid in the tube was mostly heated. It also shows that at the two ends of the
profiles, the outer-wall to inner-wall surface temperature factor was very low, indicating that
very little amount of heat was conducted to the un-irradiated top portion of the tube, where
the fluid was least heated.
5.2 External wall surface uniform and non-uniform heat flux distribution contours

Fig. 9 shows the total surface heat flux contours of the circumferential uniform heat flux
and those of the sinusoidal circumferential non-uniform heat flux distributions on the external
wall surfaces of the tubes in Fig. 7. For the 360° span of uniform heat flux, the contour
showed uniform surface heat flux over the circumferential surface of the tube. For the 160°,

180°, 200° and 240° spans of non-uniform heat flux, the contours showed that the total
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surface heat flux decreased from the bottom central portion, which received the highest
proportion of the concentrated incident solar heat flux to the unirradiated top portion of the
tubes. Also, for the non-uniform heat flux cases, the contours showed that the total surface
heat flux increased with the increase in the angle span of the incident heat flux distributions
and that the heat flux was conducted tangentially to the unirradiated top portion of the tubes.
The total heat transfer at the outer wall of the absorber tubes varied between the uniform and
various non-uniform heat flux distribution cases considered. The non-uniform heat flux cases
were based on the sinusoidal function of the considered heat flux, while the uniform heat flux
cases were based on the uniform distribution of the heat flux around the tubes.
5.3 Sinusoidal circumferential non-uniform heat flux distribution profiles

Fig. 10 shows the sinusoidal circumferential heat flux distribution profiles of the 160°,
180°, 200°, 220° and 240° span of the heat flux in Table 5 with Cg = 10 on the outer-wall
surface of the absorber tube model based on equation (29) and the numbering system
described in Fig. 4. The Fig.10 shows that the peak portion of the radiation intensity profile is
where n = 18 and 19, which corresponds to the lower central portion of the tube. The two
horizontal ends of the profile which has lower radiation intensities refer to the unirradiated
portions of the tube. The sinusoidal heat flux distribution profile is similar to that of ray-
tracing simulation results reported by (Héberle et al. 2002) on the optical performance of the
Solarmundo line-focusing Fresnel collector using ray-tracing. The ray-tracing results showed
that the solar flux radiation was evenly distributed (between 80% and 100%) at the bottom
lower part and very low in the upper part of the absorber tube. This result is similar to that of
sinusoidal heat flux distributions, which gave an average intensity level of 97% of the
radiation heat flux distributions at the lower bottom portion of the tube, indicating where the
tube received the maximum proportion of heat flux as shown in Fig. 10, and then decreased

down to the unirradiated upper portion of the tube.
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Fig. 11 shows the circumferential inner-wall heat flux distribution profiles for five
external circumferential non-uniform heat flux distributions with spans of 160°, 180°, 200°,
220° and 240° based on the sinusoidal function of the heat flux given in Fig 10. It shows that
the circumferential inner-wall heat flux value increased as the angle span of the heat flux
distribution increased. It also shows that the circumferential inner-wall heat flux distribution
was greatest at the peak portion of the profile. This portion corresponds to the lower central
portion of the tube, which received the highest proportion of the incident-concentrated solar
heat flux and the highest heat transfer rate to the fluid. Even though the tangential heat
conduction in the tube wall resulted in the increase in the inner-wall surface heat flux at the
unirradiated upper portion of the tube, the heat transfer to the fluid in these regions was still
significantly smaller than at the lower portion of the tube.

5.4 Heat transfer coefficients for the absorber tube with uniform heat flux distributions
Fig. 12 presents the variation of the average internal heat transfer coefficient with the
Reynolds number for three absorber tubes of 10 m long with the same inner diameter of
62.7 mm, wall thickness of 5.16 mm and thermal conductivity of 16.27 W/mK. The absorber
tubes were modelled with a 360° span of circumferential uniform heat flux distributions of
7.1 kKW/m?, 14.2 kW/m? and 21.3 kW/m? respectively. The heat fluxes were obtained by
increasing the concentration ratio, Cgr from 10 to 20 and 30, thereby increasing the incident
heat flux on the absorber tubes. It was found that the average internal heat transfer
coefficients of the tubes increased with the Reynolds number due to the decrease in the inner-
wall-to-fluid bulk temperature difference with the Reynolds number as shown in Fig. 13.
Also, the increase in the irradiation heat flux incident on the absorber tubes by increasing the
concentration ratio of the heat flux did not result in any significant increase in the average
internal heat transfer coefficient of the tubes. This shows that the average internal heat

transfer coefficient was not affected by increasing the concentration ratio of the external wall

27



uniform heat flux distribution. Thus, Fig. 12 demonstrated that increasing the uniform
radiation heat flux incident on the absorber tube of the same geometry and thermal
conductivity and the fluid flow at same Reynolds number does not result in any significant
increase in the internal heat transfer coefficient. This can be attributed to insignificant
secondary flow influences in the turbulent flow regime.

Fig. 14 shows the variations of the outlet temperature of the heat transfer fluid of the
absorber tubes with the heat flux of 7.1 kW/m? 14.2 kW/m? and 21.3 kW/m? presented in
Fig. 12. It shows that the outlet temperature of the heat transfer fluid for the absorber tubes
considered increased with the increase in heat flux due to the increase in heat transfer rate to
the fluid. Energy balance checks of the heat transfer model were performed. As expected
from the energy balance principle, the temperature increase in the heat transfer fluid
(difference between the outlet and inlet temperatures) with the heat flux of 14.2 kW/m? was
approximately twice the temperature raise for the 7.1 kW/m? case (the exact factor is very
dependent on the overall thermal efficiency of the tube). Similarly, the temperature raise for
the 21.2 kW/m? case was approximately three times that of the 7.1 kW/m? case for all mass
flow rates. As expected it was also found that the outlet temperatures of the heat transfer fluid

decreased with increased mass flow rates.

Fig. 15 presents the variations of the average overall heat transfer coefficients determined
from equation (24), with increase in Reynolds number. It was found that the average overall
heat transfer coefficient increased with the increase in Reynolds number and that it was
approximately the same at higher Reynolds number. This indicated that the average overall
heat transfer coefficient had reached the maximum value and that the heat transfer processes
from the outer-wall surface of the absorber tubes to the heat transfer fluid no longer changed

significantly with the increase in Reynolds number for the absorber tubes and heat flux cases

28



considered. The average percentage difference for the average overall heat transfer

coefficient of the uniform heat flux with Cg = 30 was 1.7% higher than that of Cr = 10 and
0.9% higher than that of Cg = 20. Since each Cr case had approximately the same h, with the

increase in Reynolds number as shown in Fig. 12, the increase in the average overall heat

transfer coefficient as shown in Fig. 15 could be due to the increase in the overall heat loss

coefficient component of the egn. (25), which depended on the convective and radiative loss

coefficients of the tubes. This is especially true since the radiative heat transfer coefficient

does not scale linearly.

5.5 Heat transfer coefficient for the absorber tube with different heat flux distributions
Fig. 16 shows the variation of the average internal heat transfer coefficient with the

Reynolds number for five circumferential heat flux distribution cases considered. For the

360° span case, circumferential uniform heat flux with C; =10 was used, while the

sinusoidal function of the heat flux with C; =10 was also used for the case of the 160°,
180°, 200° and 240° span of circumferential non-uniform heat flux respectively. The average
internal heat transfer coefficients for the circumferential uniform heat flux and non-uniform
heat flux distributions increased with the increase in Reynolds number due to the decrease in
the inner-wall-to-fluid bulk temperature difference and the heat flux losses. The decrease in
heat flux losses with the increase in Reynolds number was due to the decrease in the outer-
wall temperature of the tubes as result of the increase in the internal heat transfer coefficient
resulting from the increase in the turbulent mixing of the heat transfer fluid with the increase
in Reynolds number. The average internal heat transfer coefficient for the absorber tube
modelled with the 360° span of circumferential uniform heat flux compared with that of the
absorber tubes modelled with the 160°, 180°, 200° and 240° span of non-uniform heat flux
distributions is approximately the same. This indicates that, for the Reynolds number range

considered in this study, the effective (average) internal heat transfer coefficient is not
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affected by the exterior heat flux distribution, and that the traditional heat transfer
correlations given in Table 6 could be used without modification to account for
circumferential wall temperature variations.

Fig. 17 shows the variation of the inner-wall-to-fluid bulk temperature difference with
the Reynolds number for the heat flux cases in Fig. 16. The average inner-wall-to-fluid bulk
temperature difference for the absorber tube modelled with the 360° span of uniform heat
flux where Cgr =10 was 57%, 64%, 67% and 71% higher than that of the absorber tubes
modelled with 240°, 200°, 180°, and 160° spans of non-uniform heat flux distributions
respectively. The inner-wall-to-bulk temperature difference is inversely related to the heat
transfer coefficient and directly related to the heat flux losses, which indicates that the heat
transfer coefficient increases with the decrease in the inner-wall-to-bulk temperature
difference and heat flux losses and increases with the Reynolds number. Based on equation
(10), the increase in the internal heat transfer coefficient with the Reynolds number is more
influenced by the decrease in the inner-wall-to-fluid bulk temperature difference than that of
the decrease in heat flux loss. However, the physical mechanism behind this could actually be
due to the turbulent nature of the fluid particles with the increase in Reynolds number.

Fig. 18 gives the profile of the variation of the circumferential inner-wall-to-fluid bulk
temperature difference with different Reynolds numbers for the 200° span distribution case of

the heat flux withCy =10. The profile consists of two portions: the portion where the inner-

wall-to-fluid bulk temperature difference is positive, which refers to the heat flux into the
fluid, and where it is negative, which refers to the heat flux from the fluid. The
circumferential inner-wall-to-fluid bulk temperature difference decreased with the increase in
Reynolds number and is highest at the peak portion of the profile, which corresponds to the
most heated lower central portion of the tube. It also decreased down to the unirradiated

portion of the tube where it was negative for the thermal conductivity and tube-wall thickness
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considered in this study. The circumferential internal heat transfer coefficient of the absorber
tube, which is a function of the circumferential inner-wall heat flux of the tube and the
circumferential inner-wall-to-fluid bulk temperature difference, would also vary along the
circumferential inner-wall surface of the tube. At the unirradiated portion of the tube where
the inner-wall-to-fluid bulk temperature difference is negative, it would also result in the
negative heat transfer coefficient, which indicates that the tube is losing heat from the
unirradiated portion and therefore is required to be insulated.

Fig. 19 presents the variations of the average overall heat transfer coefficients determined
from eqn. (24), with the increase in Reynolds number for the heat flux cases in Fig. 16. As in
the case of uniform heat flux with different Cr in Fig.15, the increase in the average overall
heat transfer coefficient with the Reynolds number also had two parts: the first part with rapid
increase, followed by the second part which nearly remained horizontal, indicating no further
significant change in the average overall heat transfer coefficients with the increased
Reynolds number. It also shows that the average overall heat transfer coefficient for the 360°
span of uniform heat flux is higher than that of the 160°, 180°, 200°, and 240° span of
sinusoidal non-uniform heat flux, which could be due to its higher heat flux of 7.1 kW/m?®and
the consequent increase in heat flux losses than of the non-uniform heat fluxes. For the
circumferential non-uniform heat flux cases with the same effective average heat flux, the
average overall heat transfer coefficients were approximately the same.

Fig. 20 shows the variation of the axial local internal heat transfer coefficient at the inlet
Reynolds number of 4 000 along the tube, modelled with a 360° span of uniform heat flux
and the 160°, 200° and 240° span of non-uniform heat flux distributions. The axial local
internal heat transfer coefficient decreased with the increase along the length of the tube. The
axial inner-wall-to-fluid bulk temperature difference shown in Fig. 21 is inversely related to

the heat transfer coefficient. Therefore, the axial local internal heat transfer coefficient
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decreased with the increase in the inner-wall-to-fluid bulk temperature difference as shown in
Fig. 20, due to the increase in the fluid temperature along the tube length. As it could be
expected, the axial local internal heat transfer coefficient was higher towards the inlet of the
tube, where the thermal boundary layer was thinnest. As the thermal boundary increases and
the flow become more developed, the heat transfer coefficient continued to decrease down to
the tube length. However, the slight change in the decrease rate of the heat transfer
coefficient could be due to the slight increase in heat transfer coefficient which occurred
where the flow tends to depart from the region where the influence of the hydrodynamic and
thermal boundary layer effect could be insignificant. The axial local internal heat transfer
coefficient for the absorber tube modelled with a 360° span of uniform heat flux for the case
where Cr = 10 was 0.64%, 0.61% and 0.53% higher than that of the absorber tubes modelled
with the 160°, 200° and 240° span of circumferentially averaged non-uniform heat flux
distributions respectively.
5.6 Heat transfer coefficients for the absorber tubes with different inner diameters

and wall thicknesses

Fig. 22 presents the average internal heat transfer coefficient for four absorber tubes with
different inner diameters and wall thicknesses, with thermal conductivity of 16.27 W/mK and

modelled with a 200° span of the sinusoidal function of the flux in table 5 withC, =10. It

shows that the average internal heat transfer coefficient of the tubes increased with the
increase in mass flow rate of the heat transfer fluid and also increased with the decrease in the
inner diameter and wall thickness of the tubes. The average internal heat transfer coefficient
for the absorber tube with a 35.1 mm inner diameter and 3.56mm wall thickness was 24.74%
higher than that of the absorber tube with a 40.9 mm inner diameter and a 3.68 mm wall
thickness, 52.79% higher than that of the absorber tube with a 52.5 mm inner diameter and a

3.91 mm wall thickness, and 65.97% higher than that of the absorber tube with a 62.7 mm
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inner diameter and a 5.16 mm wall thickness between the mass flow rate of 0.15 kg/s and
10 kg/s. The variations in the heat transfer coefficients of these tubes could be attributed to
the difference in their conduction and convection thermal resistances resulting from the
differences in their wall thicknesses and inner-wall diameters. These showed that the inner
diameter and wall thickness of an absorber tube and mass flow rate of the heat transfer fluid
have very important effects on the internal heat transfer coefficient of the tube. Fig. 22 shows
that the heat transfer coefficient could be increased by decreasing the tube diameter at
constant mass flow rate and also by increasing the mass flow rate at constant tube diameter
However, decreasing the absorber tube inner diameter to enhance the internal heat transfer
coefficient would result in an increase in pressure drop, since pressure is inversely related to
the tube diameter.

Fig. 23 shows the variations of the average overall heat transfer coefficients with the
increase in mass flow rate of the heat transfer fluid for the absorber tubes in Fig. 22. It shows
that the variation of the average overall heat transfer coefficient for the absorber tubes with
different inner diameters and wall thicknesses also had two parts as in the cases of the
uniform heat flux with different Cg in Fig. 15 and that of non-uniform heat flux of different
angle spans of distributions in Fig. 19. The first part gave a rapid increase followed by the
second part, which was almost horizontal, indicating that there was no significant change in
the average overall heat transfer coefficient with the increase in mass flow rate of the heat
transfer fluid. The average overall heat transfer coefficient increased with the decrease in the
inner diameter and wall thickness of the absorber tubes with the same thermal conductivity of
16.27 W/mK. However, it was observed that the difference between the overall heat transfer
coefficients of the tubes was decreasing as the mass flow rate of the heat transfer fluid kept

increasing. This implies that the average overall heat transfer coefficients of absorber tubes
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with different inner diameters and wall thicknesses, but with the same thermal conductivity
and heat flux of the same concentration ratio are negligible at higher mass flow rate.
6. Conclusion

In this study the influence of concentrated circumferential solar heat flux distributions on
the internal and overall heat transfer coefficients of linear Fresnel collector absorber tubes
were numerically investigated. The tubes were modelled with a 360° span of circumferential
uniform heat flux and 160°, 180°, 200° and 240° spans of sinusoidal circumferential non-
uniform heat flux under steady-state and turbulent flow conditions. In both cases of the heat
flux distributions, the average internal heat transfer coefficient for the absorber tubes
considered increased with the increase in Reynolds number. It was found that the average
internal heat transfer coefficients for the circumferential uniform heat flux with different
concentration ratios were approximately the same, but the average overall heat transfer
coefficient and the outlet temperature of the heat transfer fluid increased with the increase in
the concentration ratios of the incident solar heat flux on the tubes. It was also found that the
average internal heat transfer coefficient for the circumferential uniform heat flux compared
with that of the sinusoidal circumferential non-uniform heat flux distributions on the absorber
tube of the same inner diameter, wall thickness and thermal conductivity, was approximately
the same as that of the non-uniform heat flux distribution cases of a lower average heat flux
than that of the circumferential uniform heat flux. This indicated that the average internal
heat transfer coefficient was not affected by the exterior heat flux distribution; but the
average overall heat transfer coefficient for the circumferential uniform heat flux was greater
than that of the non-uniform heat flux due to its higher heat flux. The average internal and
overall heat transfer coefficients were found to increase with the decrease in the inner
diameter and the wall thickness of the absorber tubes of the same thermal conductivity.

However, decreasing the absorber tube inner diameter to enhance the internal heat transfer

34



coefficient would result in the increase in pressure drop, since pressure is inversely related to
tube diameter.
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Table 1

Equation

Continuity

r-momentum

¢ -momentum

X-momentum

Energy

k - turbulence

& - turbulence

Vr

Vo

Vx

Mef

Mef

Lop
r og

Vy
+T+grﬁ




Table 2

Number of

numerical cells

Bulk fluid outlet

temperature (K)

Change in outlet temperature

due to refinement

145688

327000

436218

585117

652000

306.1629

306.1656

306.1666

306.1657

306.1653

0.0027

0.001

0.0009

0.0004
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Table 3

Outer Inner Thickness, Length,
diameter diameter t [m] Lro7 [M]
[m] [m]
0.0422 0.0351 0.00356 10
0.0483 0.0409 0.00368 10
0.0603 0.0525 0.00391 10
0.0730 0.0627 0.00516 10
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Table 4

Heat transfer fluid Steel
Property (water) absorber tube
Density [kg/m°] 998.2 8030
Specific heat capacity [J/kgK] 4182 502.48
Thermal conductivity [W/mK] 0.61 16.27
Viscosity [Ns/m?] 0.001003 -
HTF temperature [K] 300 -
Emissivity of the absorber tube [-] - 0.85
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Table 5

Concentrato Tube Mirror Beam solar Concentrated
r absorptivity,  reflectivity, heat flux ,qp,, solar heat flux,
factor, ay, [] Vmil-1 [W/m?] q;(m,n) [W/m?]
Crl]
10 0.90 1 787.263 7,085
20 0.90 1 787.263 14,170
30 0.90 1 787.263 21, 256
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Table 6

Gnielinski
(;j(Re—looo)Pr (0.5§3Pr32000 6}

) NTH 3x10° < Re <5x10
correlation Ui =

! 1+12.7(f /8] (Pr™-1)

(10* <Re <10°)
f =(0.790InRe—1.64)
Sieder-Tate | ws sl tho 014 0.7 <Pr<16,700
correlation Hu
Petukhov f 0.7 <Pr<16,700
— |RePr

) - 8 Re >10,000

correlation

Nu; =
1.07 +12.7(f /8)0'5(Pr2’3—1)(
n =0.11for heating and 0.25 for cooling.
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