1 Introduction to vibration-absorbing isolators

Vibration isolation is a procedure through which the transmission of oscillating disturbances ot forces
is reduced. This invelves the insertion of a flexible member between the two vibrating bodies as
shown in Figure 1.1. Most commonly this will be between the equipment and its supporting structure,
where the vibration is emanating from either of the two and transmission to the other is undesirable. 1t
can easily be anticipated that a very soft isolator will achieve this goal. However, the design of such an
isolator is complicated by the fact that the equipment needs to be kept at a constant relative
displacement to the structure at low frequencies.
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Figure 1.1: Isolation system

Miller & Ahmadian {1992) summarized the function of an isolator:
“In the simplest of terms, the ideal mount would have infinite stiffness at low frequencies
and zero dynamic stiffness in the frequency range or the disturbance.”

Mead (2000) agreed:
“The study of vibration isolation must view the whole system in its three parts — the
source system in which the vibration is generated, the veceiver system in which the
vibration is unwanted, and the interconnecting isolation system which must hold them
together with adequate static siiffness and strength, but with the smallest possible

dynamic stiffness.”

This goal can be illustrated graphicaily as shown in Figure 1.2.
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Figure 1.2: Stiffness vs. frequency relationship of an ideal isolator




As can be expected this discontinuous behaviour cannot be realised in practical systems. The goal of
this thesis is to further our understanding of mechanical systems that can approximate this ideal
isolator behaviour. Because of this approximation, a particular type of isolator will not necessarily be
the best in all situations and additional parameters, such as the characteristics of the input, must be
considered in order to arrive at an optimal solution.

Thus, when choosing a suitable isolator for a certain application it is important to define the isolation
objective, One common aim would be to reduce the acceleration of sensitive ¢quipment. This might be
defined as a root-mean-square (rms) vibration criterion, Anothel aim might be to 1ncrease fat;gne life.
A further aim, which will be explored more fully i in this the51s relates to human vibration, In this case
the output spectrum needs to bé evaluated in terms of the ISO 5349 specification on hand-transmitted
vibration. The optimal isoiator choice will therefore depend on both the input spectrum as well as the
evaluation criteria used. In cases where the excitation is tonal or narrow band an isolator with fow
dynamic stiffness at that frequency could be the best choice. In practice, however, random noise and
harmonics will accompany most realistic inputs making the optimal choice less straightforward. The
isolation philosophy is described graphically in Figure 1.3. '
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Figure 1.3: Isolation philosophy

A subset of tonal-excitation problems pertains to systems where the excitation frequency varies over a
limited band. These changes can be a result of environmental changes such as ambient temperature or
operational changes such as {oad. One possible solution to such a problem is to create an isolator that
will continuously change its properties such that the region of lowest dynamic stiffness coincides with
the excitation frequency. Such an isolator can be realised in a number of ways, the most general being
an active isolator. It is, however, also possible to construct a passive isolator with adaptive properties
(termed an adaptive isolator). Figure 1.4 illustrates how the adaptive algorithm seeks to minimise the
objective of the isolator assuming that the input is stationary.
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Figure 1.4: Adaptive isolator

The purpose of this chapter is to classify isolators in order to clarify the contribution of the thesis. The.
classification is not intended to be exhaustive, but examples will be given to illustrate isolator
properties. Three approaches are identified namely passive, adaptive and active techniques. Passive



isolators are defined as resilient devices having no power requirements. Adaptive isolators can change
its properties with some small power cost, while active isolators have a large power requirement.
Passive techniques to reduce the dynamic stiffness of isolators will be introduced. These techniques
are closely related to vibration absorbers and will therefore be termed vibration-absorbing isolators
(VAI). The chapter will close by stating the aims of the research.

1.1 Background

In order to study the stiffness of isolators as a function of frequency it is necessary to define some
terminology. Static stiffness refers to the deflection of the isolator when subjected to a constant force
such as the weight of the equipment. Dynamic stiffness concerns the deflection when the system is
moving and can be expressed as a function of frequency and is defined for frequencies larger than
zero. The common definition of dynamic stiffness is the inverse of the direct receptance; /7/Y in Figure
1.5 where the X, and Y refers to the excitation amplitude (Mead, 2000). It is, however, convenient to
use the blocked (X = 0) transfer dynamic stiffhess (Fy/Y) since it is independent of the mass of the
attachment equipment (m,). It is also possible to define the unblocked dynamic stiffness as F7/(A-1).
This has some advantages, which will be explored later, In this chapter a comparison of various
isolation techniques will be discussed and it will be shown that the blocked transfer dynamic stiffness
is a convenient measure to use. For the sake of brevity the blocked transfer dynamic stiffness will
simply be referred to as the dynamic stiffness. When the dynamic stiffness is divided by the static
stiffness the result is termed the normalised dynamic stiffness. This is an appropriate non-dimensionai
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Figure 1.5: The definition of dynamic stiffness
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For the system shown in Figure 1.5 the blocked and unblocked normalised dynamic stiffness iead to
the same expressions (assuming the isolator mass is insignificant):
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For some of the systems described later the blocked and unblocked dynamic stiffness is not equal. The
unblocked dynamic stiffhess has the advantage that it can be used to derive the system transmissibility.
On the other hand, the blocked dynamic stiffness has the advantage that it only contains the p‘roper_ties
of the isolafor and not of the system being isolated. Therefore, it is indeperident of the hatural




frequency of the system and as such explains the available parameters to reduce the transter of motion
clearly.

This study will further be limited to lunped-paraimeter systems i.c. rigid isolated masses sus'péh'ded on
massless isolators as shown in Figure 1.1. Such an approach is especially valid for low frequencies,
which is the focus of this work. It will also be assumed that the resilient elements are massless, that is,
massless spring and damping elements. The total isoiation system need not be massless as it could
include discrete masses, but these are expressly placed there to change the dynamics of the system and
not to better idealise the spring or damping element behaviour. Due to the inclusion of masses the
applied force (F) will not be equal to the transmitted force (Fr).

Most vibration texts consider both the transfer of force from a vibrating machine to its base as well as
the transmission from a vibrating base to sensitive equipment, The first case is concerned with the
force transmissibility, while the second considers motion transmissibility. For a single degree of
freedom system the conclusions drawn from these two cases are essentially identical i.e. that the
isolator stiffness should be as low as possible. This thesis will be limited to the motion transmissibility
problem, without losing generality.

Several models exist to describe damping. The models that will be used in this work are:
I. Viscous damping £, =c#
2. Hysteretic damping F, = hx = knx
3. Coulomb or friction damping F, = ~sign(*)uN

When comparing the normalised dynamic stiffness of isolators in the frequency domain it is
convenient to use hysteretic damping. It is not possible to use viscous damping for this purpose since
non-dimensionalisation becomes impossible due to the addition of displacement and velocity units. In
addition, although the linear viscous description of damping is mathematically convenient it is often
not very realistic and it has been found that hysteretic damping better describes many comtnon isolator
materials, for instance, rubber (Rivin, 2001). In some cases time-domain simulation is used and in
such cases the use of viscous damping will be necessary.
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Figure 1.6: Damping models (a) hysteretic damper (b) viscous damper (¢) Coulomb damper

Several models exist that describe the properties of an isolator. The most common element is the well-
known Kelvin solid shown in Figure 1.7(c). Often clastomer behaviour is frequency dependent and
can more accurately be described by the model shown in Figure 1.7(d) (Rivin, 2001).






The loss factor is:
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Figure 1.9: Complex dynamic stiffness phasor
Traditionally, isolation is discussed with reference to the single degree of freedom absolute

transmissibility rather than dynamic stiffness (Rao, 1990). The single degree of freedom model is
shown in Figure 1.10.
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Figure 1.10: Mechanical model of a single degree of freedom isolator model

The transmissibility for a system with viscous damping is:
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where ¢ is the damping ratio and w, the natural frequency. When using hysteretic damping the
transmissibility is:
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For both these cases isolation occurs if the excitation frequency is larger than J2 w, as shown in

Figure 1.11.
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Figure 1.11: Single degree of freedom system transmissibility

In cases where the “rattle space” between of the isolated mass and its foundation is limited, the relative

transmissibility is of importance. It is defined as (X-Y)/Y and is related to the absolute transmissibility
through:
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In this thesis the absolute transmissibility will be used exclusively and will simply be referred to as the
transmissibility. The relationship between the system transmissibility and the unblocked dynamic
stiffness can be found by considering the force balance on the isolated mass as shown in Figure 1.12.
The force acting on the mass can be calculated using the unblocked dynamic stiffness in Equation

(1.1).
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Figure 1.12: Force balance for the calculation of transmissibility

The result of the force balance is the transmissibility as shown before in Equation (1.6):

ZF = F_ = mk
k(+ig)(Y - X)=-o'm¥ (1.8)
X 1+in

¥ Y
T+in—| —
ﬂ)ﬂ'




By analysing several systems it was found that the blocked dynamic stiffness is a convenient method
of comparison. In most cases it highlights the important parameters better than the transmissibility
would have. There are, however, some exceptions where the transmissibility is modified by other
factors than the dynamic stiffness, notably by “skyhook™ darping and non-lihear isolators. Jn such
cases the effects will be explained by using transmissibility. The unblocked dynamic stiffness is only
useful when the relationship between dynamic stiffness and transmissibility needs to be explained. In
the following paragraphs the results of several unique derivations will be shown. These derivations
relied heavily on existing vibration absorber literature, but had to be significantly adapted to fit the
field of isolators.

1.2 Isolators

1.2.1 Passive isolators

Passive vibration isolation concepts can most easily be explained with reference to the basic isolator
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Figure 1.13: Mechanical model of a vibration isolator

mnodel shown in Figure 1.13.

The normalised dynamic stiffness is defined as the force transmitted by the isolator when a prescribed
displacement (v} is applied:
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Clearly, the normalised dynamic stiffness can never be less than 1 for a passive isolator. Additionally,
materials tests have shown that for elastomers the loss factor will be a function of frequency and wili
generally increase with frequency resulting in an even more unfavourable situation as was shown in
Figure 1.8 (Oyadiji & Tomlinson, 1994). Miller and Ahmadian (1992} also showed that elastomer an
isolator’s stiffness increases with frequency. Equation (1.9) implies that the stiffness must be as low as
possible. There are, however, practical limits to the lowest stiffness that can be achieved in isolators.
Improving these limits is not within the scope of this work and therefore, throughout this comparison,
it will be assumed that the stiffness is as fow as the technology used will allow.

The passive isolator can be augmented by adding an intermediate mass that will reduce the dynamic
stiffness at high frequencies (Rivin, 2001). These devices are also known as two-stage mounts. The
intermediate mass is inserted as shown in Figure 1.14. The stiffness va_lue_s are chosen _suc_h that the
normalised dynamic stiffness at zeré Hz is the same as for the previous case, which allows fair
comparison.






Several practical isolators display non-linear behaviour. This is often a consequence of their
construction and not necessarily a performance requirement, as is the case with air springs. It is,
however, possible to exploit non-linear behaviour to improve isolator performance- Two types of non-
liniear behaviour in isolators are identified; Firstly, a non-linear load-deflection characteristic is termed
static non-linearity (Rivin, 2001). Examples of static non-linearity include Believille springs, constant
natural frequency isolators and motion-limiting bumpers (Babitsky & Veprik, 1998). Secondly,
stiffness as well as damping that is frequency and amplitude dependent are categorised as dynamic
non-linearities. Flastomeric materials commonly used for isolators exhibit this kind of behaviour as
was illustrated in Figure 1.8.

An important aspect regarding non-linear behaviour of a single degree of freedom system with
Duffing type stiffness is that the amplitude-frequency characteristic of the system “bends” at the
natural frequency. This behaviour reduces the response at the natural frequency without the addition of
damping, but at high amplitudes subharmonic oscillations will deteriorate isolation perforinance.
Subharmonic oscillations cannot occur in systems where the damping exceeds a critical vaiue
depending on type and degree of non-linearity as well as amplitude of excitation (Rivin, 2001).

1.2.2 Adaptive isolators

Adaptive isolation entails the variation of stiffness and damping as shown in Figure 1.16. Adaptive
isolation is also often termed semi-active isofation (Yu et al, 2001).
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Figure 1.16: Mechanical model of a semij-active isolator

It is immediately clear that such a device cannot be used to reduce the normalised dynamic stiffness of
the isolator, As such, these devices are not useful during steady state but can have advantages during
transients. For instance, it is possible to increase the damping during start-up and rundown to reduce
the response, while lowering damping when the excitation frequency is higher than V2 w,. Other
instances where such devices can be used are in cases with conflicting requirements such as
automotive suspensions, which need to be soft for comfort and hard to counteract body forces
resulting from acceleration, braking and cornering. Cases where isolation is not the primary aim of the
isolator falls outside the scope of this work.

1.2.3 Adctive isolators

Active isolation of vibration can be categorised as either feedback or feedforward techmiques.
Feedback control uses the response of the system as the input to the controller while feedforward
control estimates the input directly. Generally, deterministic excitation is treated with feedforward
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control and random excitation with feedback control (Fuiler er al., 1996). Two feedback techniques
will be described. Absolute velocity feedback will be presented first (also termed “skyhoolk™
damping). This is a well-known and effective technique to reduce system response at resonance
(Karnopp, 1995). This technique does not reduce the dynamic stiffness, as does the second technique,
which uses absolute input feedback.
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Figure 1.17: Mechanical model of an (a) active vibration isolator with absolute velocity feedback and
(b) equivalent skyhook damper system

The control force (7.} is a function of negative absolute velocity:

£ (0)=-px% (111

The system transmissibility is [Equation (A.14)]:
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The most advantageous situation occurs when the system damping ({) is zero. In this case the high
frequency roll-off remains -40 dB/decade regardless of the addition of damping by the control force as
shown in Figure 1.18. If system damping exists the high frequency roll-off will be -20 dB/decade.
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Figure 1.18: Transmissibility of an isolator with active damping ({'= 0)

Although many other active vibration isolator concepts exist, one is of particular interest since it is
possible to arrange it in such a way that a system equivalent to the amplified vibration-absorbing

isolator to be discussed in §1.4, is obtained. The model for this isolator is shown in Figure 1.19. It uses
the input characteristics for the control force.
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Figure 1.19: Mechanical model of an active isolator

The control force is:

£ (t)=ai+(y+iff}y (1.13)
where the parameters a, f# and y represent the gains.

The normalised dynamic stiffness is [Equation (A.18)]:
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The undamped dynamic stiffness will be a minimum at the isolation frequency w/ as shown in Figure
1.20. It is possible to change the isolation frequency by varying the stiffness and acceleration feedback
gains. Additionally, negative complex damping feedback can be used to reduce inevitable system
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It is, however, possible to use a vibration absorber as part of a two-stage isolator as shown in Figure
1.22. This type of vibration control strategy is classified as nodalization by Mead (2000). He noted the
similarity between nodalization and vibration isolators and the fact that it reacts the exciting force of
the source by its own inertia forces.

Some authors (Mead, 2000 and Kidner and Brennan, 1999) prefer the term neutralizer to that of
absorber because in their opinion “absorber” implies that the energy is dissipated. ldeally, in a low
damping absorber, rio energy will be dissipated. However, the word absorber is deepIy entreriched in
the literature and the device could therefore be called a Vibration-Absorbing Fsolator (VAI) or a
v1brat10n~neut1aiizmg isolator, In this work the term vibration-absorbing isolator will be used to
describe the device. The refationship between the VAI and the vibration absorber is evident and the
literature on vibration absorbers is extensive. A large proportion is applicable to the VAI, as will be
shown next.

1.3.1 Passive vibration-absorbing isolators

The passive VAI is shown in Figure 1.22. Subscript 4 describes the intermediate (primary) mass and B
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Figure 1.22: Mechanical model of a passive vibration-absorbing isolator (kg = npky and h = nk)

the absorber (secondary) mass.
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The normalised dynamic stiffness is given by [Equation (A.28)]:
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where: @, = J , @y = }

The main concern with the use of such a device is the small bandwidth over which the dynamic
stiffness is low. Here the bandwidth is defined as the frequency range for which the normalized
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mass. The technologies available to effect a change in stiffness are extensive, each with its own
drawbacks and advantages. Methods that are available to vary stiffness can be categorised as follows:
1. Variable spring geometry:

a.
b.

Compression of non-linear springs (Desanghere & Vansevenant, 1994).

Moving a collar on a helical spring to control the number of active coils (Franchek ef
al., 1995).

Changing the moment of inertia of a beam or plate assembly (Walsh & Lamancusa,
1992 and Jensen, 1999).

Varying spring displacement by changing its kinematics. Margolis (1992) used a
variable fulcrum position for this purpose. Ribakoy and Gluck (1998) changed the
angle between the working direction and a set of arigled helical springs to change their
effective stiffness.

2. Variable physical property:

a.
b.

C,

-

Changing air spring pressure (Brennan, 1997b).

Shape memory atloy Young’s modulus modification, (Williams er al., 2000).

Using the magnetostrictive effect to vary the Young’s modulus of a terfenol-D rod
(Flatau ef ai., 1998).

Exploiting the temperature dependence of an elastomer’s Young’s modulus (Ketema,
1998).

Magnetorheological elastomers under the influence of a magnetic field (Jolly e al.,
1996}.

3. Eilectromagnets used to de-stiffen mechanical springs (Waterman, 1988).

Several variable damping methods have been published. Since variable damping is not useful for

decreasing the low stiffness bandwidth it will not be discussed here. The model of an adaptive VAl

with variable stiffness is shown in Figure 1.29.
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Figure 1.29: Mechanical model of an adaptive VAI

The normalised dynamic stiffness for the model shown in Figure 1.29 can be solved in the time

domain using numerical integration. Such an analtysis requires that the hysteretic dampet be replaced

by a viscous damper.
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To calculate the transient behaviour the following set of equations must be solved [Equations (A.52)

and (A.55)}:
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where 4, is the stiffness ratio ky/k and u,, is the mass ratio mgtg. A simulationi of the response of a

system with an initial excifation frequency of 2z is shown in Figure 1.30. The excitation frequeticy is

instantaneously doubled at 100 s and the stiffness is changed at 200 s such that the absorber is taned to
the new excitation frequency. In practice, there will be various delays associated with tuning and these
will be discussed in more detail in §1.4.2. After tuning, some transient behaviour can be observed
which must be controlled by the addition of damping.
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Figure 1.30: Transient response of a VAL (wy=2n,{5=02and Y=1)

If the assumption is made that the frequency changes will only occur occasionally and wili be
separated by long periods of steady state operation, it will be useful to derive the normalised dynamic
stiffness. It is possible to find the normalised dynamic stiffness as a function of the intermediate mass

natural frequency (w,) and the mass and stiffness ratios by rewriting Equation (1.15) [Equation

(A.58)]:
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For tuning purposes the following control force can be used to change the effective stiffness and mass
of the absorber:

L(O)=al% ’xA)+V(xn'xA) . (1.26)

The advantages of using absolute instead of relative velocity feedback will be discussed later in this
paragraph.

The dynamic stiffness for the undamped case is [Equation (A.70)]:
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The following inequalities must be satisfied by the respective gains in order to satisfy the Routh-
Hurwitz stability criterion {Equation (A.72}]:

a > -l

m, + my (128)
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It is also possible to reduce the response in the low-stiffness region by actively reducing damping as
was shown by Kidner and Brennan (1999) for a vibration absorber. This can be done quite simply by
using refative velocity feedback for the control force:

L(8)= By -2,) (1.29)

The dynamic stiffness then becomes [Equation (A.81)]:
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The absorber damiping needs to be minimised, but as before, the gain (f) must comply with the Routh-
Hurwitz criterion for stability [Equation (A.85)]:
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method is that it will compensate for changes in the system and therefore control will be optimal at aii
times. This technique is similar to the method proposed in this work where physical properties are
adapted to maintain optimal isolator stiffness at the excitation frequency. Other control methods have
been suggested, specifically when applied to vibration absorbers aiid these might have benefits for
vibration-absorbing isolators as well, although this was not investigated. These methods include an
active dynamic vibration absorber incorporating a simple electromagnet arrangement used to enact a
force on a penduium (Mizuno & Araki, 1993). The controf system used the theory of output regulation
and could reduce the vibration to a fow level over a wide range of frequencies, forcing it to zero at
several specitied frequencies. Burdisso and Heilmann (1998) found that a dual mass absorber with an
active element inserted between the masses that are elastically coupled to the structure could have the
same effectiveness as a single absorber, but with half the control effort. Filipovi¢ and Schroder (1998)
demonstrated that a feedback compensator can be used to suppress a wide-band of frequencies. Olgac
& Holm-Hansen (1993) introduced a delayed resonator where an actuator fitted between the primary
and secondary masses is tuned using time delay and gaiu. They demonstrated that the delayed
resonator could reduce the primary system response to zero.

1.4 Amplified vibration-absorbing isolators

1.4.1 Passive amplified vibration-absorbing isolators

The third distinction that will be made relate to devices that use absorber mass ampiiﬁcatidn. These
are termed Amplified Vibration-Absorbing Isolators (AVAI) and the characteristics are in many
respects similar to the VAL The first important distinction that can be made is that the absorber mass
is amplified using a lever mechanism, often termed a pendulum in literature (Braun, 1980). This
makes it possible to reduce the mass of the device, but also amplifies damping associated with its
movement. Interestingly it is not possible to increase the low stiffness bandwidth by having a large
absorber mass. It is also important to note that the device has only one degree of freedom, the same as
a simple isolator. A variety of physical implementations exist, as will be shown at the end of this
paragraph, but all of them can be represented by an equivalent pendulum as shown in Figure 1.37.
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Figure 1.37: Mechanical model of a penduium AVAI
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AVAI can have a variety of physical realisations. These include nodal beams, mechanical pendulums,
lead screw arrangements and various hydraulic devices. Some of these are shown in Figure 1.48.
Figures (a) through (c) show schematic drawings of typical devices. Figures (d) through (f) show
models of the major classes of devices and their isolation frequencies. Their relationship with
Equation (1.35) is immediately apparent. Since all of these devices can realise the same low stiffness

region, the final choice will include economic considerations.
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Figure 1.48: Practical implementations of the AVAI (a) pendulum type (Dejardins & Sankewitsch, 1982),
(b and e) LIVE (Halwes & Simmons, 1980), (c and f) hydraulic amplification (Braun, 1980) and (d) motion
transformation system (Rivin, 2001)

Hydraulic amplification isolators are also called fluid mounts and can be designed to have a static
stiffness of 1.5 to 2 times that of an ¢lastomeric isolator with a 10 times (20 dB) improvenient in
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Figure 1.53: Adjustable (a) port length and () port area {Smith & Stamps, 1998)

Duclos er al. (1988) demonstrated a system using an electro-rheological fluid with a number of
parallel ports, each with a valve that can be selectively switched so that the isolator can be tuned at a
number of discrete frequencies. One problematic aspect with regards to tuning is that for some of the
paramneterts the transmissibility at the isolation frequency is a function of the tuning parameter. Tuning
could therefore increase the transmissibility at the isolation frequency so much that no benefit results.

It can be anticipated that an instantaneous change in excitation frequency or stiffness wil} result in
impulsive loading of the system, This can be studied in the time domain by solving the equation of
motion for the AVAI (Equation (1.44) with a = 0}

(1)

¥+2e, (Ni+el()x= {«%«wm] y+2%w, (1) y+ol (1}y (1.49)

(1)

When the stiffness is used as the tuning parameter the current isolation and natural frequencies can be
expressed in terms of the initial values (using Equation (1.48) for the isolation frequency, the natural

w, = Ea)’ @, —\E—a)’ (1.5
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The effect is illustrated in Figure 1.54. The AVALI is initially tuned to the excitation frequency. After a
short transient the displacement settles. At 10 seconds the excitation frequency is doubled when the
displacement passes through zero, exciting the system. In any practical system some delay between the
change in excitation frequency and subsequent tuning is inevitable. Von Flotow (1994) identified three

frequency follows similarly):

delays:
1. Logic delay: Associated with the time needed for data acquisition and to estimate if and how
much mistuning has ocecurred.
2. Actuation delay: Changing any of the parameters needed to adapt the isolation frequency
canhnot happen instantaneously. In fact, instantaneous adaptation will excite the system
impulsively, which could result in unacceptably large response.
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3. Dynamic deiay: The time taken by the system to reach steady-state conditions which can be
found in terms of the exponential time constant as the number of periods before the system has
settled:

I=— (1.51)
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Figure 1.54: Transient response of an AVAI (initially tuned), subjected to an instantaneous frequency
change at =10 and retnned at t=20 s (0 /o; = 0.8, {=0.1and ¥ =1)

It is possible to extend the model of the AVAI by considering the effect of a flexible fulcrum as shown
in Figure 1.55. At first glance it might seem superfluous, but it wifl be shown in Chapter 2 that such a
configuration can be a reasonable compromise between constructability and tuning performance.

Figure 1.55: Mechanical model of an AVAT with flexible fulerum









1.4.3 Active amplified vibration-absorbing isolators

As for the VAI it will be possible to apply various active control forces to the AVAL Miller and
Ahmadian (1992) noted that both traditional feedback and adaptive feedforward including LMS have
been implemented to reject tonal dist‘ufb_ances. They further state that neural network based controllers
will be essential when considering broadband vibration inputs. When consideririg tradit_iohal f_eedb_'ack
control three cases will be identified. Firstly, tuning can be effected by using acgeleration and
displacement feedback. Secondly, damping can be refnoifed by using relative velooity'feedback.
Thirdly, absolute velocity feedback can be used to add a “skyhook” damper to the systém, reducing
the transmissibility at both the natural and isolation frequencies.

The mechanical mode! describing the force transmitted for an active system is shown in Figure 1.59.
The contro] force using input acceleration and displacement feedback to facilitate tuning is:

fo=ai+yy (1.56)

It will also be possible to use the acceleration and displacement of the pendulum mass x.
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Figure 1.59: Mechanical model of an active AVAI for dynamic stiffness

The normalised dynamic stiffness of the active AVAI is [Equation (A.149)]:

o 0]
L =14 R [ -
[k—?[ﬁ-—!]]}’ AR 1) @
r r
(L.57)
)
' ¥

The above equation is similar to Equation (1.14). However, it has the advantage that the feedback
gains are amplified by the mechanical advantage.

In practice it is difficult to build a device with low enough damping. As shown for the active VAI it is
possible to use relative velocity feedback to reduce the damping (§1.3.3). The effect of velocity
feedback must necessarily include a viscous damping miodel and will therefore be explained by
considering the transmissibility of the system shown in Figure 1.60.
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Figure 1.60: Mechanical model of an active AVAI for transmissibility

The control force is:

fo=B{x-Y) (1.58)

The transmissibility is [Equation {A.155)]:
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From the above equation it can be deduced that if negative relative velocity feedback is used it will be
possible to reduce the damping in the system to zero when [Equation (A.158)}:

L, =_,,,§£m; (1.60)
-

If larger negative feedback is used the system will be unstable,

There are several advantages when using an active AVAL The control force needed is less than that
for the VAI because of the mechanical advantage of the pendulum. The tuning speed will be faster
than that for an adaptive system and it should be possible to attain a larger range of isolation
frequencies. McKeown er al. (1995) patented the active AVAI shown in Figure 1.61. This design used
acceleration feedback to shift the isolation frequency up by 10% and down by 25% while consuming a
maximum of 600 W. The system also used negative velocity feedback to reduce the damping such that
the isolation approached :00%.
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1.5 Thesis objectives

This chapter served as in introduction to methods that can be used to reduce the low stiffness
bandw1dth of 1501ators ‘1t relied heavily on vibrafion absorber’ 11terature ‘because thése devices are
retated and very little has been published regarding their use as isolators. It introduced the normalised
dyhamic stiffness as a convenient and intuitive method to compare these devices. In most cases it was

necessary to derive the equations because no references exist. This overview lays the foundation for

the contribution of the thesis.

The focus of this work is the broadening of the effective low-stiffness bandwidth of amplified
vibration-absorbing isolators (AVAls) by adapting system parameters The Ob_]E:CtWeS are to:

i

2.
3.
4

Compare various isolator concepts using the transfer dynamic stiffness.

Develop mathematical modeis for two novel adaptive AVAIs.

Show how these devices can be controlled effectively using optimisation techniques.

Establish a design methodology for adaptive AVAIs for a pneumatic rock drill handle
application.

Verify the mathematical models through experiment.

In order to achieve the above objectives, the following were done:

Comparison of isolators using the transfer dynamic stiffness

Classify isolators according to their mechanical layout as either isolators, vibration-absorbing
isolators or amplified vibration-absorbing isolators and according to their degree of autonomy
as passive, adaptive or active.

Define the blocked transfer dynamic stiffness as a measure of the suitability of an isolator for
a specific excitation type.

Compare isolators using the blocked transfer dynamic stiffness, specifically concentrating on
various techniques to broaden the low stiffness bandwidth. For this purpose techniques
established in the fields of isolators and vibration absorbers will be applied to the AVAI to
show the benefits that can be obtained.

Introduce the concept of adapting isolator properties to minimise the objective of the isolator.
For the case of hand-transmitted vibration the objective is defined as the weighted equivaient
acceleration given by IS0 5345,

Study current techniques of adapting stiffness of springs as a foundation for applying such a
technique to an adaptive AVAL

Mathematical models for novel adaptive AVAIs

Derive and verify the mathematical models of two novel adaptive AVAI designs. Here the
emphasis will be on calculating the response of the devices and for this purpose the dynamic
stiffness is abandoned in favour of the transmissibility properties of the AVAls,

Show that the first AVAI offers low construction cost, simplicity and robustness. Three cases
will be investigated. The first option consists of flexible reservoir walls covering the full wall
area, the second shows the effect of reducing the flexible section of the reservoir wall and the
third considers a single flexible wali.
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¢ Confirm that the second AVAI offers low mass at the expense of robustness. Three
refinements to this design will be investigated. The first refinement derives the non-linear
equation for a system with impact stops. The second mvest:gates the effect of leakage on the
transmlss1b1hty and the third explores a system utilising d1aphragm seals to eliminate leakage.

e Develop general design methodologies for passive and adaptive damped and undamped
devices using optimisation techniques.

Effective control of these devices using optimisation techniques
e Dempnstrate that the adaptive AVAI can be controlled to ensure optimal transmissibility.
e  Show that the obJectwe function exh1b1ts local minima, which must be handled appropriately

to ensure convergence. Also compare different methods of estimating the objectlve function.

o Compare some common optimisation algorithms’ ability to solve various excitation scenarios.

Design methodology for adaptive AVAISs for a pneumatic rock drill handle application

» Investigate current methods of vibration reduction for hand-operated tool handtes.

e Present measurements of the Boart Longyear $215 rock drill vibration and analyse these as
prescribed in ISO 5349,

e Qualitatively demonstrate the suitability of the both AVAls for excitation containing
broadband noise and narrowband tonal excitation.

e Develop a design methodology for the adaptive AVAL with specific application to a
pneumatic rock drill. As part of this design methodology the effect of leakage on the stiffness,
loss factor and tuning speed will be investigated through time domain simulation.
Additionally, techniques for estimating the stiffness of rubber components for various
{oadings will be compared.

e Show that a rock drill handle can be set up in such a way that tuning is achieved through direct
coupling with the supply line, making the use of a control system unnecessary.

e Compare the following: Tuning through air spring coupling to the supply line, an optimisation
based control system and open-loop tuning to the frequency of maximum excitation through
simulation using the measured vibration data.

Experimental verification of the mathematical models
e Experimentaily verify and improve the mathematical models used to design the AVAIs.
e Estimate the system parameters by fitting the mathematical models to the experimental data.
e Show through experimentation that an optimisation control system can adapt the stiffness of
the type I AVALI to find the optimal transmissibifity.

It is believed that achieving the above objectives will extend and contribute to the current knowledge
on these devices.

1.6 Thesis description

Chapter 2 will introduce the two innovative AVAIs that will be studied in this thesis. Mathematical
models are derived in non-dimensional form and manipulated to clearly show their properties and
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specifically the effects of tuning. This is done in a general way without considering application-
specific issues. Chapter 3 will discuss possible control strategies. It will include numerical simulations
that show which methods could be problematic and under which circumstances problems can occur.
Chapter 4 will detail the design methodology for the pneumatic rock drill.’ An introduction to hand-
arm vibration is given, specifically considéring the diseases caused by vibration as well as the ISO
specification used to assess the severity of tool vibration. A large set of measurements of a pneumatic
drill commonly used in South-African gold mining industry is shown, which illustrate its operational
behaviour. In this chapter application-specific issues will be addressed and the design me’_tho_dology for
each device will be applied. Chapter 5 will highlight experimental results obtained from the two
devices. The experiments will show where assumptions made led to inacciurate modelling and how
these can be improved. For the first prototype a control system will be implemented which will
demonstrate that it can tune the device accurately. Chapter 6 will cover the conclusions.
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2 Novel adaptive amplified vibration-absorbing isolators

The two novel types of adaptive AVALI that will be studied are shown in Figure 2.1, with the tuneable
stiffness elements indicated; The type 1 modifies the continuity through the port using flexible
reservoir walls. The primary spring stiffness (k in Figure 2.1(a)) remains constant, The main advantage
of the addition of a degree of freedom to the LIVE isolator is that it simplifies the construction of the
AVAL, The addition of the degree of freedom (u) to aid tuning is considered to be unique. The type I
exploits the high density of a heavy metal slug in replacement of the fluid in the port. The main
advantage of this approach is the reduced size of the device. As far as could be established the
concepts for changing the stiffness of the springs in these ways for both the type I and type IT AVAI
are unique and innovative.
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Figure 2.1: Adaptive AVAI (a) Type I: with adaptive reservoir wall stiffness (b) Type II: with adaptive

stiffness and slug (moveable rigid bodies are hatched, flexible elements are indicated by springs and the
top and bottom reservoirs are rigidly connected)
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Chapter 1 showed the relationship between various isolator concepts using the blocked transfer
dynamic stiffness. This method worked well for frequency domain comparison since the equations
could be normalised easily in terms of non-dimensional parameters commonly used in the field of
vibration. The dynamic stiffness was the best quantity to use for this evaluation because it focused on
the isolator while disregarding the role of the equipment being isolated since it was assumed to be
present in all cases. For this purpose the method proved to be both simple and intuitive.

Since it has already been established that there are advantages when using AVAI the need for the
dynamic stiffness has passed. In this chapter the main consideration is the response of the equipment,
simply finding the best isolator is not enough, the exact response is needed to assess if a design is
feasible, As was shown in Chapter 1 the transmissibility cannot be calculated directly from the
blocked fransfer dynamic stiffness and it will therefore be derived from. the equations of motion for
each concept. The response must then be evaluated against a set of criferia to establish which isolator
should be used as was shown in Figure 1.1. The specific characteristics of these devices will therefore
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be considered using transmissibility and time domain integration. The main properties of the fwo
AVAIls will be shown in this chapter with complete derivations shown in Appendix B.

2.1 Adaptive AVAI with variable reservoir wall flexibility (Type I)

The pendutum equivalent of this class of AVAI was discussed in §1.3.2 (Figure 1.55). Three devices
will be discussed according to the type of flexibility added to the system:

1. Flexibility covering the full reservoir wall.

2. Flexibility covering a reduced area of the reservoir wall.

3. A single flexible wall.

The first device is more advantageous than the second and will be presented in detail. The second
shows the effect of reducing the area of the flexible part of the reservoir wall. Such a device is less
attractive than the first, but can be used to represent a real system more accurately. The single flexible
wall device differs fundamentally from the first two in its principle of operation but has physicai
similarities that wiil be discussed.

2.1.1 Reservoir flexibility covering full wall

ST T
d, §
_/ Ef E‘___. iy L% t gix(!)
~ [ dy i
S ] —~ N 1Xis(f) N
: k c+ | d
é TN e m | w(0) L

Figure 2.2: Mechanical model of an adaptive AVAI with flexibility covering the complete reservoir wall
(my = pAd, A, = nd>/4 and A, = ndi/d)

In Figure 2.2 the u degree of freedom represents the displacement of the reservoir wall. Since the fluid
is incompressible the fluid continuity through the port is {Equation (B.1)}:

A
X, =[1 w—jl]x-»—j—u

where A4, is the reservoir area and 4, the port area. Excitation can occur at the x or the y degree of
freedom. In this chapter excitation will be assumed to be at the x degree of freedom because it has
practical advantages for the experimental device that will be presented later. Equations for excitation

(2.1)
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at the v degree of freedom are shown in Appendix B. If it is assumed that no external forces are acting

on the system the equation of motion is [Equation (B.14)}:

r .
m ( cx+kx

¥y Cdra . r
2 ¥ c+ &, TG ¥ kot ku wku Y - .
0 mb‘ [_éé.,} {u} ’ { —Cu C:i }{u} v i_ —kn lku u - -—mE {I‘ - %]%x (2.2)
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where m, is the mass associated with p degree of freedom, my is the absorber mass, ¢ and k& denote the
primary spring properties and c, and &, the reseryoir spring properties. The above equation can be
transformed to the frequency domain by assuming harmonic excitation:
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Using the second equation in the set defined above it is possible to eliminate the U/ degree of freedom
and to find the transmissibility between the input and the response [Equation (B.17)}:
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Equation (2.4) can be non-dimensionalised by introducing the stiffness ratio and the frequencies w;,
w; and a; {Equation (B.18)]:

T
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The defined frequencies have physical significance. The frequency w, is the natural frequency of the
primary system without the fluid. As was shown in Chapter 1 this frequency should be as low as
possible, requiring a low primary stiffness (k). The second frequency is the natural frequency of the
column of fluid in the port suspended by the membrane. This frequency is a function of the membrane
stiffness, but it will be beneficial for explaining tuning to rewrite it in terms of a constant frequency
(i.e. @, # fk,)) and the stiffness ratio (4 = k/k):

LR (2.6)
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The frequency @; is the isolation frequency at infinite stiffness ratio and is the same as for a LIVE type
AVAL If the area ratio is large then the relationship between w; and w;, is:

L _ _ .
o] =y, g = 14,8, = ] (2.7)
m| B
(%)
The actual isolation frequency will be designdted ;. The isolation frequency can be found by equating
the numerator of Equation (2.5) to zero:

@, Hy A €Dy

i

By introducing the isolation frequency Equation (2.5) can be generalised:

iE3GIEEIE

Notably Equation (2.9) is similar to the equation describing the amplitude of a vibration absorber
{Rao, 1990).

(2.9)

Vibration absorber theory generally identifies two distinet cases (Brennan, 1997b). Firstly, a resonance
of the primary structure is excited and the absorber is used to add damping to the structure at
frequencies in the region of the natural frequency. Such a device is often cailed a tuned damper. A
second case occurs when a large force excites the system and in such a case the absorber is tuned to
excitation frequency. Here only the second case will be considered since operation at resonance for an
isolated system is unlikely. An important difference between a vibration absorber and the type I AVAI
is that the isolation frequency (w,) for the present device is not equal to the absorber natural frequency
(@;). The two frequencies are, however, related through their dependence on the mass and area ratios.
This can be shown by considering the frequency ratios w/w; and @ /@, [Equations (B.21) and (B.22)}:

b 2
(ﬂfm] m’"—ﬂ[i] (2.10)
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The transmissibility can now be rewritten as:
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A typical plot of Equation (2.12) is shown in Figure 2.3. It can be seen from the equation that the
system will approach the transmissibility of the LIVE isolator as the stiffness ratio approaches infinity,
since 1/ approaches zero.

Transmissibility
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Figure 2.3: Undamped transmissibility curve (mp/m, = 0,003, 4,/4, = 10 and 4, = 1 in Equation (2.12))

The objective of the design is for the excitation and isolation frequencies to coincide. The isolation
frequency can be calculated by setting the numerator of Equation (2.12) to zero. Replacing the
frequency ratios in the resulting equation with the ratios defined in Equation (2.10) and Equation
(2.11) yields:

2
1 z:[“’—f] (2.13)
ﬂ{i,l]ﬂg+Lm(Ab} “

A, A, pom, A

n L

¥
Clearly there are multiple solutions for Equation {2.13), but all the ratios will have physical constraints
in practice. Some constraints may even be discrete if standard parts are used, for instance, to achieve a
certain area ratio. Since the primary natural frequency must be chosen as low as feasible the only
parameters available for tuning are the mass, area and stiffness ratios. To find an appropriate choice it
is necessary to investigate their effect on the frequencies of maximum transmissibility. The undamped
frequencies of maximum transmissibility can be found by equating the denominator of Equation (2.12)

to zero [Equation (B.24)]:
2 2 ! 2
@, . \ @, M \ @,

Figure 2,4 and Figure 2.5 illustrate the effect of mass and stiffness ratios on the frequencies of

(2.14)

maximum transmissibility as well as the isolation frequency. At low stiffness ratios and large mass
ratios the isolation frequency approaches the first frequency of maximum transmissibility. It will be
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Each of the above ratios can be written in terms of the parameter ratios as shown before in Equations
(2.13) and (2.14), although not explicitly. It is necessary to solve the parameter ratios using a
numerical method and for this purpose the equations are rewritten as follows:
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In this set of equations there are 5 unknowns (i, 4, tm, 2+/,; and Q,/w;) and four equations, which
requires that one parameter be prescribed. A typical design might prescribe the area ratio (i) and
calculate the required mass and stiffness ratios. The result for a design requiring an isolation frequency
ratio wi/w, = 1.5 and area ratio () of 10 is shown in Figure 2.6. Clearly the frequency ratios of
maximum transmissibility are equidistant from the isolation frequency ratio. The calculated values for
the mass and stiffness ratios are u,, = 0.00182 and p, = 0.65 respectively.
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Figure 2.6; Design result for wi/m; = 1.5

It is also possible for other requirements to exist such as limits on the stiffness, mass and area ratios as

well as on the primary system natural frequency, in which case an optimisation approach can be used
to find suitable parameters.
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The approach described above is suitable for an undamped device. Although unwanted in most cases,
damping will always be present in practical devices, and can influence the design substantially. The
effect of damping will be considered next.

For the damped case the transmissibility can be non-dimensionalised by introducing the frequencies
defined before and the damping ratios in Equation (2.4) [Equation (B.28)]:
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The second damping ratio can be written in terms of the stiffness ratio:
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It is convenient to rearrange Equation (2.17) in terms of the frequency ratio («w/w,) and the stiffness
ratio (1;) [Equation (B.29)}:

@ 1 2 a ey Llagrer) f 2o ez o) ie]
@, H @D, AN @ He Wy @ @, @,
2 2 2
, - lw - 1 a 2 .
PR YAl P Il I U | PPV 00 (N A [ T T N
o, o, w, B@p @ T D o, H, @, @,

The effect of damping on the transmissibility is illustrated in Figure 2.7 and Figure 2.8, The damping
ratio ) is associated with the primary system before the addition of the absorber fluid. The source of
this damping is the primary spring. For the combined system the primary spring damping will
influgnce the response at ali the frequencies of maximum and minimum transmissibility. The damping
ratio {5 is associated with the membrane and the fluid and will only influence the transmissibility at the
second frequency of maximum transmissibiiity and the frequency of minimum transmissibility. The

B | e

effect on the transmissibility at the isolation frequency is less than for the primary damping ratio ;. It
is also important to note that the addition of damping will have a significant effect on the isolation
frequency. Normaily this effect will not influence the design, since the AV AT is designed to have little
damping. In a case where some damping is required it must clearly be accounted for to ensure optimal
tuning,.

In some cases high frequency transmissibility can enter the design requirements, for instance, to limit
noise generation, It has already been shown for the single degree of freedom AVAT that the high
frequency transmissibility is related to the ratio of natural to isolation frequencies and is independent
of ﬁ'equency. For the AVAI with flexible reservoir wall the high frequericy roll-off is -20 dB/decade
when damped and -40 dB/decade when undamped, which is the same as for a normal isolator.
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The robusiness is shown in Figure 2.11.
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Figure 2.11: Bandwidth and robustness (mp/m, = 0.003, Ap/A= 10, ;=0 and g, = 1)

Clearly an optimal value exist for this design, but practically a damping ratio of 0.3 will not provide
adequate isolation and a less robust design will be necessary. One way to increase both the bandwidth
and the robustness is to increase the mass ratio as shown in Figure 2.12. This result should be
interpreted with care, since it presupposes that a certain stiffness ratio can be realised. This might not
be the case in practice, in which case an increase in mass ratio will result in inadequate separation
between the isolation frequency and the first frequency of maximum transmissibility (Figure 2.5)
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Figure 2.12: Transmissibility as a function of mass ratio (¢; /w; = 1.3, A4~ 10 and {;=E; = 0)
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The optimisation probiem is shown in Equation {2.23). In this case five variables were used, but in
practice it will be difficult to prescribe the damping terms. All of the variables were subjected to upper
and Jower bounds to ensure a realistic solution. It is also necessary to provide initial values that will
ensure that the required prescribed isolation frequency is in-between the frequencies of minimum and
maximiim transmissibility. This can be guaranteed by solving the undamped design problem {Equation

(2.16)} first.
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The optimal solution was found using the Matiab function fminceon.m and is shown in Figure 2.14
and Table 2.2. The choice of constraints must be realistic since it is easy to overconstrain the problem,
which will ther have no feasible solution. In this case the ratio of the first frequency of maximum
transmissibility (£,/w;) was chosen to be less than 70% of the isolation frequency ratio and the second
frequency of maximum transmissibility (£2,/w,) was chosen to be more than 130% of the isolation
frequency ratio. The frequencies of maximum transmissibility are found by caiculating the maxima of
the transmissibility equation (Equation (2.17)) defined by the solution of the optimisation problem
(Equation (2.23)). The bandwidth is 6% of the isolation frequency and is also calculated using the
transmissibility equation. These would be typical values used in an actual design. Since the calculated
parameters are dimensionless, the result can easily be scaled to the actual desired isolation frequency.
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Figure 2.14: Optiimial damped transmissibility curve
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Several tuneable configurations have been patented. One used an adjustable length inertia track
(Hodgson & Duclos, 1990) while another used variabie compliance of an air filled chamber (Miller,
1987) as shown in Figure 2.25.

Figure 2.25: Variable compliance tuneable AVA] (Miler, 1987)

Strydom (2000) showed that this AVAI could also be made tuneable by charging the bottom chamber
with air pressure. The model describing this device is shown in Figure 2.26.
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Figure 2.26: Mechanical model of one-sided stiffness
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The continuity is not influenced by the membrane stiffness, as was the case before, It is simply:

A A
Xz =[iwgi~}x+—i-y (2.32)
In_comp_'réssibiﬁt_y requires the membrane displacement to be equal to x. Incompressibility also requires
that the effort réquired to change the distance between the x and y degrees of freedom will depend on
the membrane stiffness.

The transmissibility is therefore the same as for the LIVE absorber [Equation (A.108)]:
2
14220~ [f‘i]

‘X, - a)ii mf
Y - 2
141220 @) X
@, @, J (2.33)
k+k,
where: @, = [~ @ = >
mg fi-—l)fi -I
4, A4, J(”n

Although the construction of this device is different to the type 11 it is mathematically equivalent and
its properties will be discussed in more detail in the following paragraphs. It does, however, have
some practical properties that need some clarification. The main advantage is its simplicity of
construction since it does not require a cylinder that can move axially inside another. One
disadvantage is that it is difficuit to transfer any moment that might be appiied to the device with a soft
spring that is only situated on one side of the device. The moment can, of course, be transferred
through a bearing as long as it adds little damping. This will, however, result in loss of some of the
advantage gained by its simple construction, If pressure is used to change the stiffness of the
membrane, large static displacement will result which could be a problem in a practical device. The
static displacement wili be:

5, =L (2.34)

2.2 Adaptive AVAI with slug (Type I1)

The absorber mass and area ratio determine the overall size of the AVAIL A low area ratio minimizes
the flow-induced iosses through entrance, exit and friction effects. Achieving a large absorber mass is
difficult using fluids due to the toxicity of heavy liguids. For these reasons it was decided to
investigate a device that uses a heavy metal slug instead of a fiquid. The use of a slug is not new, in
fact the very first LIVE type isolators used slugs, which were later replaced by liquids (Halwes,
1981b). These designs were not adaptive. There are several problems with the use of slugs. Firstly the
amplitude is limited, which puts a limit on the area ratio that can be used. In applications where the
input is not known exactly provision must be made for over travel, A second problem with slug type
devices is ensuring that the slug is centred vertically (Figure 2,27), Two methods will be described.
The first uses slug springs to create a differential pressure on the top and bottom réservoirs, thereby

68



encouraging leakage to reach equilibrium. The second method uses rubber stops that will create a
restoring force when the slug comes into contact with the stop.

2.2.1 Slug springs

dy
ik e
0 ~
g el —L
L
LMy i !ﬂ
s :I!j N
f {
ik e | Ch
| L) )

Figure 2.27: Mechanical mode! of an adaptive AVAI with a shug defined by length / and diameter o, and
slug spring properties defined by Ay and cp

The continuity through the port {occupied by the slug} is [Equation (B.39)}:

%, =(1—%]x+—§-i’—y (2.35)

a a

The equation of motion when assuming excitation at the y degree of freedom, is [Equation (B.46)]:

2
B4 2w x+alx =[‘;’—j V2w Y+ aly

i

Equation (2.36) shows the effect of the slug springs. Inclusion of such springs will increase the
isolation (w;) and natural (m,) frequencies, which is undesirable since lowering the frequencies
requires the addition of mass. The springs perform a necessary function of positioning the slug
vertically and it should be possible to use low stiffness springs to achieve this goal. It will also be
possibie to use the slug spring for adapting the isolation frequency, especially since the isolation
frequency will be very sensifive to this parameter. A practical device implementing such a concépt

69









The desiga for the type II device differs from the type I since it has an additional constraint on the slug
travel. An equation will be set up that takes this constraint into account and can then be solved to yield
the size of the device required, The absorber mass can be cajculated as foliows:

. 2
k+k3[§”——1\
— %/ (2.42)
m;[fi_]w

A )4,

my =pAl=

where [ is the length of the slug as shown in Figure 2.30. The excitation frequenicy is knowii and both
the stiffness values st be as fow as possible to decrease the absorber mass (mﬂ) and thef_éfor__e the
mass ratio. The area ratio is governed by the total length of the device. At isolation the amplitude of
the isolated system £X) will be zero for an undamped device. The amplitude of the slug is:

Ai)

Xy =2y (2.43)

u

If the slug amplitude is larger than the length of the slug protrusion (/,) the slug will move into the
port, which will create entrance losses and thereby increase damping, The compressed length of the
slug spring can now be used to calculate the reservoir length:

I =1 +21 ~Y (2.44)

where /. is the compressed length of the spring.
The port serves two purposes that will determine its length. When the AV AT is in a horizontal position
the port length needs to be sufficient to ensure that the slug will not wedge when it is at its maximum

disptacement. Additionally, it offers some resistance to leak flow. A minimum port length must be
specified to determine which designs are appropriate.

The total length of the AVAI can be found using Equations (2.43) and (2.44):

=21 +2[%—IJY +1 (2.45)
== o
INE INES
| . I : :
) dy \ I |
T & :
|
] 17/ w0l | 0
- J4 = s {
~ i o d;, L
T ! |
% Lf LT 3 WD)
E e

Figure 2.30: Definition of dimensions (length [, and diameter d, defines the port geometry)
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Figure 2.38: Mechanical model of a type 11 AVAI with slug stops

The spring force is [Equation (B.65)];
4, . A,
fo= Pk, y—»x+:~{-(xwy)v—31gn y—x+}—(x_y) h

a

The damping force is [Equation (B.66)]:
o A
o g mse i)

The reservoir pressure that drives equalization of the fluid is [Equation (B.67)]:

1 .
p= H(Jfr + 1 - mB‘IB)

(2.51)

(2.52)

(2.53)

Equation (2.53) shows that the addition of stops will increase the pressure in the reservoir. Such a
system is however non-linear, which makes its practical implementation problematic. The complete

equation of motion is [Equation (B.69)}:

2
xz(%] V=20, (i——jf)ma)j(xmy)wm:ffi d(—g'ﬁ-—i]_zgmnz&v[gi—l

; A , ;
where: £ = < T G T & -
4 4
2lm+my -1 |, 2m+my L - @,
A{’ AB
[
A
o, =
nA | -
Aﬂ‘

o

A, =ﬁ{y——x+—ff—(x——y)—sign[y—x-&--gi-(xmy)}i}

AV

i

ﬁ[ﬁ—ﬂ%(é—y)]

L

(2.54)
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Figure 2.39 shows the force and the relative motion. For this simulation the gap ratio was 4/} = 10 and

the excitation amplitude (¥) equal to 1. As can be seen the force is zero when the relative motion is
less than the gap length,

,-\:\‘ 40 T T T
" J
2 1
: A
E ) . . . ‘ :
60 70 30 50 100
2r ' l I -
1r ,«\ l b
8
g o\
) " _
0 1'0 fo 3|o 4|o slo 5b TIO 86 96 100
Time

Figure 2.39: Stop force and relative motion of the slug and reservoir
(kb= 0,01, HY=10,Y=1, @,/ 0= 05and {= ¢ = 0)

2.2.3 Leakage

The previous models assumed that a perfect seal exists between the slug and the port. The effect of

leakage through this space will be considered next. It is assumed that the clearance is smali in relation
to the diameter of the slug.
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Figure 2.40: Mechanical model of a type 11 AVAT with leakage
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If it is assumed that the gap between the port and the slug is smai! the leakage area is;
A, =end, (2.55)

where ¢ is the gap between the stug and the port.

The continuity equation is modified by the leak flow [Equation (B.71)]:
X, :—E"’—y+[1+ E”d;”Ab]x—m_d” x, (2.56)

fd

3

The kinetic energy now includes the mass of the leak flow [Equation (B.72)]:
ip . . .
T = —2-(:715‘:1 +my i+ m i) (2.57)
where: my = pAl, m =pernd],

m is the mass of the port, mp the mass of the slug. my, the mass of the fluid in the gap and is a function
of the fluid density (p)), area {emd,) and the length of the port ([,}. %, is the velocity of the liquid in the

gap.

The mass of the leak flow is coupled to the shug and the port through damping created by the velocity
dependent shear forces acting on these bodies. This is shown in Figure 2.41.

/

Figure 2.41: Fluid damping

The Rayieigh term is [Equation {(B.76)]:
R=.;‘_[c(jc-y)2 ve, (k-2 +e, (4 - 1) ] (2.58)

¢, is the damping resulting from the shear force between the fluid and the port and ¢, the damping
resulting from the shear force between the fluid and the slug.
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The complete equation of motion is shown in Appendix B and leads to the definition of the foliowing
natiiral frequencies and damping ratios that will be used to non-dimensionalise the transmissibility:

k [ k k
@= - T4 e v T T e Ve
my el 2o g8 my| 24l _1]al
o Aﬂ dﬁ A(l da dﬂ
' k <
ol = : = L= — b -, (2.59)
&
——;-—4;1,:-1] 2{m+mu[—i——4z—]] }a)"
c
§f1= ] £

A g :
2l mtmy| L-4—-1] |,
Aﬂ dﬂ

The transmissibility is given by [Equation (B.83)]:
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By noting that a reinforced diaphragm cannot stretch, the continuity equation can be written as
[Equation (B.85)]:

¥y = x4, + (x5 + X) (4, ~ 4,)

A A 24, (2.02)
Xp = — x+ ¥
A, + A4, A+ A4,

The effect on the transmissibility is that the eftective absorber mass is reduced (the diaphragm mass is
neglected). In terms of a device without a diaphragm the effective absorber mass ratio is {Equation
(B.96)}:

(2.63)

The effective mass is therefore reduced for any area ratio larger than 1. Using a diaphragm wifl
therefore increase the overall size of the device. Other practical problems exist such as commercial
availability of suitable large-displacement small-diameter diaphragms.

An aiternative 1o a rolling diaphragm is to insert a diaphragm that can stretch, for instance one made of
thin iatex rubber. In such a case the effective absorber mass will not be affected. There will, however,
be relative motion between the latex and the slug, which will lead to damping. In addition, the number
of cycles that such a latex diaphragm can be subjected to should be investigated.

2.3 Conclusion

This chapter showed the properties of two novel adaptive AVAI concepts. The type | AVAI used
flexibie reservoir walis to adapt the isolation frequency of the device. Conceptual design
methodologies were illustrated for both damped and undamped fixed and adaptive isolation frequency
devices. To determine the effects of tuning, the equations were transformed in terms of constant
frequency ratios and the stiffness ratio, which was the only tuning parameter considered. For a fixed
frequency device the system of equations is underdetermined and some parameters have to be
prescribed or additional constraints should be introduced in the design. For adaptive devices it was
shown that specific choice of the area and mass ratios can influence the tuning range. For damped
adaptive AV Als the transmissibiiity at the isolation frequency was minimised when the area ratio was
minimised and the mass ratio maximised.

The type II AVAI used a metal slug to increase the absorber mass without the use of toxic heavy
liquids. For this AVAI the main spring stiffness was made adaptive. The design methodology is
different from the type I because the trave! of the slug is restricted and must enter the design process to
ensure that realistic area ratios are chosen, Three additional models were analysed. The first
investigated the effect of tubber stops instead of slug springs. The second tock account of leakage
between the port and the slug. The effect of leakage was to increase the isolation frequency. The third
showed the effect of using rolling diaphragm seals fo eliminate leakage. The rolling diaphragm seal
will result in a larger device since the etfective mass is reduced.
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3 Adaptive control methods

Several methods for the control of adaptive vibration absorbers have been studied. Most researchers
sugges'ted the use of open-loop rough tuning followed by a fine-tuning algorithm (Long er al, 1994
and Franchek 1995) Other methods that have been siggested mclude neura! network and fuzzy logic
control (Sun er al., 1995) In this chapter several variations of the first method’s apphcatlon to the type
I'and type II AVAI w111 be dlscussed An opt1m1sat10n approach wzH be used, in contrast to the above
work wluch used constant step size algonthms The choice of vanatlon on this method wﬂl depend on
the characteristics of the mput_ and the AVAI a5 will be shown_. The scenarios mves_tlgated.ar_e. :

1. The machine operates at a constant but unknown excitation frequency for an indefinite period
after it is switched on. In-such a case the AVAI will be tuned to this frequency at start-up only.
An example is a pneumatic drill where the excitation frequency is a function of the supply air
pressure and the drill is used at different locations with varying supply pressure,

2, The machine operates with a constant but unknown frequency for a period after which a near
instantaneous change in frequency occurs to a new and unknown frequency. An example is it
the operational frequency is a function of load in a batch process.

3. The properties of the AVAI changes with time, for instance, as the rubber spring heats up due
to hysteresis, As the properties change, the isolation frequency is adapted fo compensate.
Similar conclusions are reached when the excitation frequency varies slowly with time.

4, A general case that does not require the above assumptions.

The control method that will be investigated is a physical implementation of optimisation where the
objective function is the transmissibility (which is calculated from simulated or measured
accelerometer data) and the variables are physical properties of the AVAI that can be adapted to
minimise the objective function. The available variables can be classified as tuning and damping
variables. Tuning variables are those that change the isolation frequency. For tonal excitation the
isolator should have the lowest possible damping and therefore tuning only will be considered. In
cases where wide-band excitation is present together with prominent tonal excitation, the addition of
damping can be considered. In such cases it might even be beneficial to use the damping as a variable
in the optimisation process. In this chapter it will be assumed that the excitation is tonal and that the
amplitude is not necessarily constant.

3.1 Typel AVAI

If the excitation frequency is tonal and the stiffness is the only variable, the objective function can be
written as the transmissibility given by Equation (2.19) with the stiffness ratio the only variable:

f(:uk)“
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If the initial value can be guaranteed to be between the peaks of maximum transmissibility, the search
direction of a gradient-based method will always be in the direction of the minimum. The following
line search can therefore only find the optimal solution. It is possible that an unconstrained line sedrch
method may step ‘too far, ini Which case the step ‘size must ‘be limited. To ensure that the initial value is
between the frequéncies of maximum transmissibility, the AVAT can simply be tuned to the maximum
stiffness when initialised. The only risk with such a strategy is that it will put the excitation frequency
near the first frequency of maximum tran51n1551btl1ty If pmperly des; gned, the transmissibility should
still be less than 1 even 1f tuned to the maximum isolation ﬂequency This can be seen from Flgure 3.1
whete for large stiffness ratios (and large isolation frequencies) the transmms;blhty is less than 1. Itis
aiso’ poss;ble to initialise the optnmsat;on algonthm by using the isolation frequency aud stiffness ratio
relationship found durmg a characterisation test. If changes in the physwai propemes of the device
occur over time this relationship will not be exact anymore, but it should put the initial value close to
the optimum as well as between the peaks of maximum transmissibility. It also requires that the
excitation frequency be measured before initialisation,

It is possible to formulate a constrained optimisation problem to remove the risk posed by the locat

minimum. The necessary constraint is a lower bound on the stiffness ratio {six) and can be calculated
from [Equation (2.14)]:

2 2 . 2 . 2 z 2
[91} i{i’i} MM[E’_} _i- }_t_fﬁf_[ﬂ} +1 m;ﬁ{‘”u} -0 (3.2)
o, ) i\ D, A\ @, &\ @, b

where €, is equal to the excitation frequency @,. In practice the above value will be found from a

characterisation test and will therefore include the effect of damping. Once the problem has been set
for a specific excitation frequency, continuous monitoring is necessary to ensure that the excitation
frequency does not change. If the excitation frequency does change, it is necessary to recast the
optimisation problem with a new lower bound. Only large changes in excitation frequency will require
the process to be restarted, during which time the optimisation algorithm will maintain optimal tuning
even if isolator physical properties changed slightly.

It is possible to simulate the controf systems suggested above by solving the equation of motion and
calculating the objective function from the simulated response. The process is explained in Figure 3.3.
The optimisation algorithm calls the objective function. The objective function calculates the
transmissibility by solving the equation of motion. The optimisation algorithm now estimates a new
stiffness value and recalculates the objective function. During the second and subsequent objective
function calls, the Runga-Kutta algorithm is restarted with the final value from the previous simulation
as the initial value. This implies that the process of calculating the new stiffness ratio and changing the
current stiffness ratio to the new stiffness ratio requires zero time. Although this is physically
impossible, the purpose of the simulation is to study the performance of the optimisation algorithm
and not the effect of delay and is therefore valid. The effect of delay will be to degrade performance
and this simulation therefore represents the best case.
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The set of equations that needs to be solved are [Equations (C.1) and (C.2)]:

y+2[§i+%§,} - 2 g’zwiu-a-cu1 (1+ )y - o} - 24, 0%~ 0} x =0
e . (33)
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Figure 3.3: Controi flow diagram

The properties of the system that was simulated are w; = 1, 4y/4, = 10 and mp/m, = 0.003. This is the
same system as was used in the previous chapter and only serves to illustrate the method. The solution
was found with F, = 5 Hz and the transmissibility was estimated using the /, estimator. /, evaluated
at the excitation frequency is (Ewins, 2000):

p—

8, (@,
Sy (o,

H(w,)=22 (3.4)

\—o’

In a practical system it will be easier to use the ratio of rms output to input as an estimate of the
transmissibifity, The rms and maximum values calculations are, however,. a function of frequency
content and the number of data points used. At steady state the signals shouid only contain the
excuatmn frequency, but due to impulsive excitation when . the st1ffness ratio is. changed the. two
na.tural frequenicies will also be excited. This has a larger etfect on the maximum values calculation
than the rms since the rms calculation averages the error. One posmble solution is to use -a band-pass
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shown in Figure 3.6. At high damping ratios there wiil be a difference between the optimal value using

this method and the actual minimum transmissibility achievabie, as indicated in the figure.

The objective function, formulated as the square of the difference between the actual phasé-ah'gle'and
the required phase angle (-90°), is shown in Figure 3.7. The device needs to be tunied to the second
minimum. Starting at a large stiffness ratio and limiting the step size will ensure that this miniimum is

reachéd.
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Figure 3.6: Transmissibility and phase angle indicating the difference in tnning frequency
(@7 =1, Ay, = 10, mylm, = 0.003, {; = 0,1, 5 = 0.1 and g, = 2)
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Figure 3.7: Quadrature objective function {0, = L4, 4y/d, = 10, mp/im, = 0.003, {; = 0.1 and SH=0.1)

One major advantage of this method is the ease of implementation. The objective function can be

formulated by integrating the input and response of the AVAT over a period of time Tt

7 =%6[x(z)y(f) di

(3.5)
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process. If this cannot be tolerated by the mechanical system under consideration, this method wilf not
be acceptable. The methods discussed previously will ensure that such a condition cannot occur and
are thez_'cﬂ_)ré safer to use.

3.1.2 Suddén excitation frequency change

ifa step change in frequency occurs the algorithm must adapt the stiffness to the new optimal value
for that excitation frequency. Since optlmlsatwn algorithms are not designed to handle changes in the
objectlve function dunng opum;sat;on the standard Matiab routines did not exhibit the desired
behaviour. A g_radIent.mbas_ed algorithm that does not use explicit line searches was succcssfully used
for this case. Details of the Ifopc algorithm can be found in Snyman (1982). The algorithm handles
constraints with a penalty function approach.

The gradient is determined using forward-difference (Nocedal & Wright, 1999):
_a_f_mf(x+£e,)—f(x) (3.6)

Ix, £
where ¢; is the /™ unit vector and ¢ is chosen to be a small value. An additional advantage of this
algorithm is that the step size can be controlled. This makes it easy to limit the risk that a too low
stiffness ratio will be calculated during the optimisation process. A typical result is shown in Figure
3.11 and Table 3.2.

Table 3 2 Results of Ifopc at constant excitation frequency ratio

Excitation frequency. atio (w,/e;) | Optimal value () | i after 7000's of excitation at @,/o,
1.2 0.7710 0.7571
1.4 1.3414 1.3004
25 T T
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Figure 3.11; Convergence history of ifope with a frequency step from o /o; = 1.2 to o/o; = 1.4 at 7000 s
(0 =1, AyiA, = 10, mp/m, = 0.003, &; = 0.1 and ; = 0.1)
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During optimisation the excitation frequency must be monitored continuously to make sure than an

erroneous value 1s not entered in the look-up table. The frequency change must be evaluated with a

certain tolerance to _acéqu;}t for small changes in the excitation frequency and small errors in the
estimation process. The maximum error that can be allowed is a function ‘of the bandwidth and the rate -
of change in frequéncy.

32 Typell AVAI
The control for the type T AVAIis in most r_e':_spec'ts exactly the s:a.tﬁ_c as for the type I. This chapter

will -not repéat the discussion of the previous paragraphs; instead the few differences will be
highlighted. The most impoitant difference is the objective function {Equation (2.48)}:

2 1 Y 2
[#2)

waﬁﬁwwfﬁ}ﬂéj
4u}£ mn. /uk k mi ﬁ?"

2
1+i3~?{~§'—~3—~(9ﬁ;}
Ju}c mﬁ auk wn

The objective function is shown in Figure 3.17. If compared to the objective function of the type I
AVAL it can be seen that the problem with the local minimum is reversed and that a large initial
stiffness vatue will make it impossible for a local minimiser to find the optimum stiftness ratio.

(3.7)
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Figure 3.17: Objective function vs. stiffness ratio o/ = 1.4 (o/o! =" and {7 = 0.01)
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frequency remains constant, a fine-tuning algorithm will find a new optimal stiffness for that
excitation frequency. If such an optimal value is found, the look-up table is updated. The methods
concentrated on using the transmissibility valve as the objective function. If the input :‘aihp}'_i_tudé is
known ‘to be constant, it is possible to use only one sensor to méasure the response of the system fo

provide the objective function value.

99



	Front
	CHAPTER 1
	1.1 Background
	1.2 Isolators
	1.3 Vibration-absorbing isolators
	1.4 Amplified vibration-absorbing isolators
	1.5 Thesis objectives
	1.6 Thesis description

	CHAPTER 2
	2.1 Adaptive AVAI with variable reservoir wall flexibility
	2.2 Adaptive AVAI with slug 

	CHAPTER 3
	3.1 Type I AVAI
	3.2 Type II AVAI
	3.3 Conclusion

	Chapters 4-6
	Back



