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Highlights 

•Thermal analysis of a parabolic trough collector (PTC) for laminar flow liquid water  

 

heating. 

 

•Buoyancy effects are less significant in flat plate solar water heaters but significantly  

 

enhance PTC efficiency. 

 

•With buoyancy effects, average and axial local internal heat transfer coefficients are far  

 

greater than when neglected. 

 

•Internal heat transfer coefficients increased with heat flux intensity and absorber tube inlet  

 

fluid temperature. 

 

•Friction factors decreased with an increase in the inlet fluid temperature. 
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Abstract 

Non-uniform heat flux profiles on circular tubes are found in a number of heat transfer 

applications, including solar heating. In this numerical study the influence of the 

circumferential angle spans of non-uniform heat flux distributions are considered on the 

secondary buoyancy-driven flow, internal fluid heat transfer coefficients, and friction factors 

in horizontal absorber tubes in parabolic trough solar collector applications for water heating 

in the laminar flow regime.  Inlet Reynolds numbers ranging from 130 to 2200 for 10 m long 

tubes with different inner diameters were considered. Sinusoidal type incident heat flux 

distributions, tube-wall heat conduction and heat losses were taken into account. It was found 

that due to buoyancy-driven secondary flow, overall and local internal heat transfer 

coefficients were increased significantly due to the non-uniformity of the incident heat flux. 

Average internal heat transfer coefficient increased with the heat flux intensity, the incident 

heat flux angle span and the inlet fluid temperature. The effective friction factor decreased 

with an increase in the absorber tube inlet fluid temperature.  It was found that improved 

thermal efficiencies can be achieved for low mass flow rate water heating applications by 

employing parabolic trough collector systems compared to flat plate systems.  

 

Keywords: parabolic trough; absorber tube; heat transfer coefficients; friction factor; non-

uniform heat flux distributions; secondary flow   
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Nomenclature  

A  surface or cross sectional area, m
2
  

Cbond       metal bond thermal conductance, W/mK 

cp   specific heat of the fluid, J/kg K   

D  tube diameter, m 

e                    air-gap width, m  

f  Darcy friction factor 

g  acceleration due to gravity, m/s
2
 

HCE                heat collector element
 

HTF                 heat transfer fluid
 

h, h   heat transfer coefficient and average heat transfer coefficient, W/m
2
K 

I  number of heated divisions 

i  heated division number 

k  thermal conductivity, W/m K   

L, LTOT  axial dimension and total axial length of tube, m 

M  total number of the axial divisions 

m    mass flow rate, kg/s 

(m, n)   numerical surface location                

N       total number of the circumferential divisions 

Nu, Nu  Nusselt number and average Nusselt number 

P  pressure, Pa 

p             centre-to-centre distance, m  

Pr  Prandtl number 

q   heat transfer, W   

q    heat flux, W/m
2  
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R
 

  thermal resistance, K/W                   

r  radial coordinate, m 

Re        Reynolds number  

T, T          temperature and average temperature, K 

t  tube wall thickness, m 

U      overall heat transfer coefficient, W/m
2 
K 

V               kinetic viscosity, m
2
/s 

v, v   velocity and average velocity, m/s 

x  axial coordinate, m 

W          collector aperture, m  

Greek letters 

α         angle span of the heated segment of the tube, ° 

αw       absorptivity of tube surface  

β          thermal expansion coefficient of the heat transfer fluid, K
-1

 

εtu   emissivity of the tube-wall surface 

εg            emissivity of glass surface 

η              thermal efficiency 

μ   viscosity, kg/ms   

ρ  density of the heat transfer fluid, kg/m
3
      

σ   Stefan-Boltzmann constant, W/m
2
K

4
 
 
 

               angle span of each circumferential division, °, or tangential dimension 

ϕin                    incident angle, °, 

                     radius, m 

τg  transmittivity of glass cover 
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Subscripts 

a  free stream air 

atm  atmospheric 

b  bulk fluid property 

conv  convection 

col         collector  

Di  referring to the inner diameter 

f  fluid 

FP         flat plate 

g        glass 

i  inner surface 

m  at position m 

n  at position n 

o  outer surface or reference value 

PT      parabolic trough 

r  in radial direction 

rad  radiation  

s  solar 

tu  tube 

w  wall 

W  referring to width  

x  in axial direction 

ϕ  in tangential direction 

∞  radiant surroundings
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1. Introduction  

Parabolic trough solar collectors are suitable for a wide range of applications, which include 

steam production for power generation, industrial process heating, solar cooling, and 

institutional and domestic hot water system [1]. Besides hot water systems for domestic use, 

several industrial applications require hot water temperatures below 100 °C [2].  Therefore, 

the investigation of single phase water in solar collector tubes is an important one. The fluid 

flow regime could be turbulent or laminar depending on the application and operating 

conditions. The earlier designs and development of parabolic trough solar collector systems 

were focused on large-scale applications suitable for power generation [3], where the 

collectors are operated in the turbulent flow regime to increase the effective fluid side heat 

transfer coefficient which assists in improving the thermal efficiency of the collector system. 

However, opportunities exist to take advantage of buoyancy-driven secondary flow effects, 

which can greatly enhance heat transfer coefficients in the laminar or weak turbulent flow 

regimes. Often, the commercial, institutional and domestic solar water heating systems are 

developed to operate as active systems at high or low mass flow rate or as passive systems 

(e.g. thermosyphons) without the need of a mechanical pump [4] , which inevitably reduces 

the fluid mass flow rate.   

 

Of particular interest in this paper is a parabolic trough type solar collector system application 

where space restriction could exist. Shown in Fig 1 a, is a proposed lay-out for such a system 

which consists of a single fluid tube heated from below via concentrated solar rays reflected 

by a parabolic surface.  This arrangement could be a viable alternative to traditional flat-plate 

collectors which usually are connected in arrays for generating hot water. Flat plat collectors 

have many advantages, such as simplicity of design, but they also have weaknesses. They are 

seldom equipped with sun-tracking systems due to the excessive weight of the heat transfer 
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fluid in the collector tubes, making it difficult to alter the orientation of the plate collector.  

Because they usually suffer from high thermal losses due to their larger absorber surface 

areas required for intercepting the solar radiation, they exhibit poorer thermal performances 

compared to other solar collector types, such as evacuated tube collectors, compound 

parabolic collectors, linear Fresnel collectors, parabolic trough collectors and cylindrical 

trough collectors [5].  By contrast, the adaption of a parabolic trough solar collector system 

intercepts and concentrates the solar radiations on a smaller absorber surface area.  The 

smaller surface area can offset the increase heat loss rate due to higher elevated surface 

temperatures that are obtained (due to the concentrated nature of the incident heat flux) and 

hence lower thermal losses and result in higher thermal efficiency.  
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                              (a)                    (b)                                            

Fig.1 (a) Parabolic trough solar collector lay-out and (b) Flat plate collector lay-out. 

 

In parabolic trough solar collectors, non-uniform heat flux distributions around the tube-

circumference is present due to the reflected concentrated solar rays impinging the absorber 

tube surface from below [6]. For laminar flow regime cases, this will result in a significant 

buoyancy induced secondary flow component within the tube [7], which will increase the 

thermal mixing rate of the fluid. Hereby the fluid that is heated at the lower edge of the tube 

is forced upward and replaced by colder fluid drawn down by gravity. Therefore, increased 

Parabolic trough collector  



8 
 

internal heat transfer coefficients and friction factor characteristics are obtained. The 

increased internal heat transfer coefficient could improve the thermal efficiency of the 

collector system. Unlike with the case of a traditional flat-plate collector, the induced 

secondary flow effects are very much reduced due to heating occurring from the top surface 

of the tubes and where the gravitational force component is not able to induce significantly 

strong secondary flow circulation in the fluid.  

 

The impact of buoyancy driven flow and the effect of partial uniform heating have been 

addressed to some extent in literature. Even though He et al. [6] considered non-uniform heat 

flux boundaries for a parabolic trough collector, they only considered turbulent flow regimes 

where buoyancy induced flow is not significant enough to take into consideration. In a 

numerical example by Patankar [8], where fully developed laminar flow is considered in a 

heated horizontal tube subjected to partial uniform heating on the top and bottom half 

portions respectively, it is shown that more pronounced buoyancy effects are present for the 

bottom-heating case which results in higher heat transfer enhancement than for the top 

heating case. Zeitoun [9] numerically investigated the heat transfer for laminar flow in partial 

uniformly heated horizontal tubes, but without considering buoyancy effect. Other numerical 

studies by Boufendi and Afrid [10], Touahri and Boufendi, [11] and Piva et al. [12] and 

experimental studies by Ghajar and Tam [13], Mohammed and Salman [14], Coutier and 

Greif [15], Bergles and Simonds [16] for the laminar flow only considered uniform heating of 

a horizontal tube, indicated that both the Nusselt numbers and friction factors are much 

higher than those obtained by neglecting buoyancy-induced secondary flow. Forristall [17] 

carried out a heat transfer analysis and modelling of a parabolic trough solar receiver. He 

assumed uniform heat fluxes, thermodynamic properties and temperatures around the 

circumference of the tube for laminar and turbulent flow conditions. However, buoyancy-
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driven secondary flow was not investigated. A parametric study by Manikandan et al. [18] on 

a parabolic trough solar collector system was also based on uniform heat flux, while 

buoyancy-driven secondary flow was not considered.  

 

The influence of buoyancy-driven secondary flow on the forced-convective heat transfer 

processes due to circumferential non-uniform heating of an absorber tube in a laminar or 

weak turbulent flow regime still remains unexplored. Little to no information could be found 

that would be useful to thermal design engineers that could indicate the effect of buoyancy 

induced flow for cases where heat flux is non-uniform at low mass flow rates. Further to this, 

fully developed flow at the inlet of a heat transfer tube is seldom present in real world 

applications. The limited amount of information could be due to the complexity of such 

thermal boundary conditions and the difficulties in achieving the non-uniform thermal 

boundary conditions in an experimental set-up and also the interaction needed between ray-

tracing and the numerical modelling of the heat transfer fluid [6]. When considering the 

buoyancy-driven secondary flow phenomenon, the classical heat transfer correlations found 

for uniform heating condition could be inappropriate for non-uniform heating boundary 

condition. 

 

Due to the lack of information, as highlighted above, our aim in this study is to numerically 

determine the influence of the circumferential spans of a non-uniform heat flux distributions 

on the internal convective heat transfer and friction factor characteristics for an absorber tube.  

This work therefore gives an indication on whether an adapted parabolic trough solar 

collector system could be a viable heating approach for users of high volumes of hot water, 

and indeed so, what the anticipated heat transfer coefficients could be. 

 



10 
 

In Section 2 of the paper, the thermal principles at work in an adapted linear trough collector 

is considered, which can be used to identify the operating condition which will favour the 

selection of such a system above  a flat-plate system, with specific focus on the internal heat 

transfer coefficient.  Sections 3 and beyond of the paper is dedicated to determining the 

effective heat transfer coefficients and friction factors numerically.  

 

2. First order thermal performance models 

2.1 Physical model description and modelling assumptions 

As mentioned, Fig. 1(a) shows a representation of a parabolic trough solar collector lay-out 

with a reflector field which concentrates the solar radiation onto the bottom portion of the 

tube.  The absorber tube has an outer diameter of Do, an inner diameter of Di and a length of 

L. For comparison purposes, Fig. 1(b) shows a traditional flat-plate collector lay-out type 

which consists of a number of parallel tubes bonded onto a metal plate, each with an outer 

diameter of Do, an inner diameter of Di, and a length of L, spaced at a centre-to-centre 

distance of p. Thermal insulation is present at the bottom of the metal plate.  Solar radiation 

hits the upper part of the tubes with additional heat being conducted via the collector plate to 

bonded joints. Both collectors are exposed to the same amount of incident heat flux intensity,

''
sq  from the sun as could be the case when the sun is at its zenith position.  Both collectors 

can be additionally insulated by the inclusion of a glass cover at a distance of e from the 

metal plate for the flat plate collector and a glass cover at a distance e from the outer diameter 

of the collector tube for the parabolic trough collector.  

 

Our intent is to perform a first order comparison of the efficiency of the two collectors under 

laminar flow conditions in order to determine the proportion of the intercepted solar radiation 

absorbed into the heat transfer fluid. In order to simplify the calculations, the following 
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assumptions were made: (i) Thermal properties of the heat transfer fluid (liquid water) and 

the collector materials are assumed constant and independent of temperature except for the 

fluid density and viscosity of the fluid varied for the inlet temperature range of 290 K to    

340 K considered in the present study (as is discussed in Section 3 and beyond of this paper). 

(ii) The energy absorbed and the reflection loss for the glass cover were neglected and the 

incident angle of 0
o
 was considered. The anti-reflectance of the glass was assumed of having 

no effects on the relative comparison of the thermal efficiency. (iii) The thermal resistance in 

the metal components are neglected compared to the thermal resistance of the other 

components. (iv) Heat losses through insulation of the collectors and from the edges and 

supports of the collector were neglected. (v) The heat flux losses via convection and radiation 

were modelled based on the first-order approximations. (vi) The fluid flow through systems is 

assumed incompressible and the systems operate under steady state conditions.  

 

As shown in Figs 1 (a) and (b), the effective collector area for both the parabolic trough and 

traditional flat-plate collector lay-outs intercepting the incident solar radiation is: 

 

LWAcol   (1) 

 

The heat received by the parabolic trough collector tube surface is presented in Eq. (2).  

 

LWqAqq sgwcolsgwPTcol  ,  (2) 

 

Here the reflector efficiency is  , the absorptivity of the tube surface is αw and the 

transmittance of the glass cover is τg. 
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For the heat received by the absorber plate for the flat-plate collector lay-out is given (without 

reflector efficiency) as:  

 

LWqAqq sgwcolsgwFPcol  ,  (3) 

 

In order to determine the heat transfer rate absorbed into the heat transfer fluid, the energy 

balance principle is utilized. Refer to Fig. 2 showing a first order thermal resistance network 

linking the metal collector tube surface at temperature Tw, with the fluid within at temperature 

Tb, and the ambient at a temperature T∞. The heat received, qcol, is incident only on the outer 

surface of the metal collector since heat absorption in the glass and air layers are ignored, 

since it would have the same impact on both the collector types. For the flat-plate collector 

the entire absorption plate is approximated to be at a temperature of Tw. In reality a 

temperature difference will be present which reduces the efficiency of such a collector 

system. This conservative approach does not alter the outcome of this comparison as will be 

shown later.  

Tw Tb
T∞ 

col
q

R∞ Ri 

collector 

surface

fluid
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glass


q i

q

 
Fig. 2 First order thermal resistance network. 
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For steady state conditions the heat flow to the fluid, iq , and to the ambient, q , can be 

expressed as:  

 

   













R

TT

R

TT
qqq w

i

bw

icol  
(4) 

 

Here Ri and Ro are the effective overall average thermal resistance to the heat transfer fluid 

and the thermal resistance to the ambient via the glass layer (if present).  

 

The thermal resistance to the fluid for the flat-plate collector is given by employing the 

average inner tube heat transfer coefficient, ih , the total inner heat transfer surface, 

pLWDi , the thermal conductance over the metal bond between the collector plate the tube 

wall, Cbond, and the total length of the bonds for all the tubes, pLW : 

                           

 

LWC

p

hLWD

p
R

bondii

FPi



,

 
(5) 

 

The thermal conduction in the tube wall is ignored for now due to the low significance that it 

has on the performance of the collector system in this comparison. It is, however, included in 

later sections of this paper when more detailed analyses are conducted.  The value of Cbond 

based on experiments of commercial solar collectors has been reported to range from 2 

W/mK to 6 W/mK [20]. A value of 4 W/mK is adopted here.  

 

For the parabolic trough solar collector, which only has one collector absorber tube, the 

thermal resistance to the fluid is given as:  
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ii

PTi
hLD

R


1
,   

(6) 

 

For the thermal resistance to the ambient, the following are taken into consideration: the air 

gap thermal conduction resistance acting as an insulation layer, first order radiation heat 

transfer between the glass and the collector surface over the air gap, external convection heat 

transfer from the glass surfaces, and radiation heat emitted from the glass surface.  

 

For the flat-plate collector the thermal resistance to the ambient is given as, based on the full 

collector surface area, LW:  
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(7) 

 

Here ka is the thermal conductivity of the air-gap having a width of eFP and was evaluated at 

the average steady state temperature between Tw and Tg.  The radiative heat balance between 

the collector plate and the glass was evaluated as that of two infinite parallel plates given by 

   1//144 
gtugw

TTLWq  . Here tu  and εg are the emissivities from the collector 

and glass surfaces with 3171.00003.0 
wtu

T  [21] and εg = 0.91 is the emissivity of the 

glass cover of the collector considered, which represents that of Pyrex glass [22] also used in 

the Schott’s heat collector element (HCE) [23]. The external convection heat transfer 

coefficient, 0h , is based on the following Nusselt number relationship for flow over a flat 

plate in terms of the Reynolds number and Prandtl number: 3

1

2

1

PrRe664.0Nu WW   with an 

air-speed of 15 km/hr (arbitrary value) and all air properties evaluated at 300 K. The radiation 

heat loss is expressed as  44


 TTLWq

gg
 . For simplicity, convection and radiation 
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temperature sink values are taken to be the same at T∞.  In reality different heat sink 

temperatures should be used, but this will only complicate the comparison and will not alter 

the key outcomes.  

 

Similarly, for the parabolic trough collector, the thermal resistance to the ambient is given as: 
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(8) 

 

Here, for simplicity the thermal resistance relationship over the cylindrical gap is 

approximated as linear (valid if the air gap is relatively small), and applied over the outer 

surface of the glass tube,  LeD
PTo

2 , by ignoring the thickness of the glass itself. The 

convection heat transfer coefficient on the outer surface, oh
, is expressed as vho 8.37.5   

[5] and is related to the same air speed, v, used for the flat plate collector. The radiation heat 

loss is dealt with in the same manner as in the flat plat collector, but only applied to the outer 

surface of the single glass tube and the radiation exchange with the solar concentrator was 

omitted. If these were to be included, the calculated performance of the collector will 

increase.  As will be shown, this conservative approach does not alter the key outcomes of 

this comparison.     

 

The thermal performance (or efficiency) of each collector type is expressed as the proportion 

of the intercepted solar radiation over the entire collector surface, that is taken up by the heat 

transfer fluid, i
q : 
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(9) 

 

2.2 Indicative thermal performance comparison 

Besides the input values already mentioned earlier, the following values were used as inputs 

for the initial comparison: Do = 40 mm, Di = 35 mm, p = 80 mm, W = 1 m, L = 2 m, 

eFP = ePT = 25 mm, η = 0.9, Tatm = T∞ = 27°C and αw = 0.85 is the absorptivity of the absorber 

tube, which represents an absorber tube with iron oxide coating [24]. These inputs were used 

for demonstration purposes. The resulting overall collector efficiencies are determined in 

terms of the difference between the local bulk fluid temperature and the ambient temperature 

for sq   = 1000 W/m
2
. This heat flux value was chosen to represent a clear sunny day.  It 

should be noted that the radiation heat flux used for the traditional flat-plate collector is 

global radiation and the same radiation heat flux value is used for the parabolic trough solar 

collector and was considered as beam radiation. Also, different inner tube wall heat transfer 

coefficients, based on the Nusselt number are considered. As reference datum, a Nusselt 

number of 4.36 for both the flat plate and parabolic trough collectors are used, as this is 

generally associated with fully developed flow under uniform wall heat flux conditions 

(without secondary flow effects). For developing flow, close to the inlet to the collector tube, 

higher Nusselt number can be expected.  However, for demonstration purposes the more 

conservative fully developed flow Nusselt number is used in the datum case.  In the parabolic 

trough collector, however, since concentrated heating occurs from below and there is a 

circumferential non-uniform heat flux distribution, a significant amount of buoyancy driven 

secondary flow is present within the tube which results in a higher enhancement of the 

internal convective heat transfer. For that reason Nusselt numbers of 10 and 15 for the 

parabolic trough collector are also considered. The extent of the increased internal heat 

transfer coefficients are dealt with in Section 4 of this paper. The higher Nusselt numbers are 
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not considered for the flat plate collector because of the uniform heating which occurs from 

the top surface of the absorber tubes and thus, little to no heat transfer enhancement will be 

present, as mentioned earlier.  

 
Fig. 3 Overall efficiency of both collector lay-outs for Nu = 4.36, as well as for Nu = 10 and Nu = 15 for the 

parabolic trough collector for sq   = 1000 W/m
2
. 

 

Fig 3 indicates the steady state overall efficiency for two collector types in terms of the 

difference in temperature between the average internal bulk water temperature and the 

surrounding temperature for sq   = 1000 W/m
2
. As expected, as the fluid temperatures 

increase (resulting in higher temperature differences), the thermal efficiencies of the 

collectors decrease.   From the figure, it can be seen that for the parabolic trough collector, an 

indicative maximum efficiency of up to 74% is obtained when an inner Nusselt number of 15 

is considered. As the Nusselt number decreases, so does the collector efficiency decrease.  

For the flat-plate collector a highest efficiency of approximately 74% is also achieved at low 

fluid temperature differences.  The rate of decrease in the efficiency in terms of the 

temperature difference is, however, the highest with the flat plate collector.  For the current 

set of inputs, the parabolic trough collector case has a higher efficiency than the flat-plate 
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collector for temperature differences above approximately 35°C. Also, at high temperature 

differences the parabolic trough collector type significantly outperform the flat-plate collector 

in both efficiency and heat input rate (not shown).   

It should be noted that the conservative assumptions made earlier, will either reduce the flat 

plate collector efficiency compared to the parabolic trough collector type, or influence both of 

the collectors efficiencies in a similar manner.  Based on this first order comparison it is seen 

that even though the heat transfer fluid flow is laminar, a relatively small increase in the 

convection heat transfer coefficient can result in a significant thermal advantage when a solar 

concentrating system, such as a parabolic trough collector set-up is employed.  Based on the 

indicative trend in Figs 3, it appears as though the parabolic trough collector system might be 

a viable option for flat plate collector system for water heating, if adapted and if a Nusselt 

number of 10 and more are achieved.  The increased thermal performance could therefore be 

an acceptable trade-off for the increased complexity of this solar collector system (in terms of 

possible sun-follower systems) when compared to a flat-plate collector. This could be 

applicable to high volume hot water users. 

 

In the sections that follow a detailed numerical investigation is conducted to better estimate 

the internal convective heat transfer enhancement due to the buoyancy-induced secondary 

flow phenomenon for different circumferential spans of a non-uniform concentrated heat flux 

distributions.   For the remainder of the paper, no outer glass covering is considered except 

for the model validation purposes, in order to place focus mainly on the influence of the 

circumferential angle span of the impinging heat flux. The inclusion of glass cover might 

impact the heat flux distribution on the collector tube wall due to optical refraction, reflection 

and absorption. In addition, if the void between the glass cover and the tube is not evacuated, 
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the thermal mass of air in the annular space could result in heat fluxes on the tube surface that 

are more uniform. These influences fall beyond the scope of this paper. 

 

Fig.4 (a) Absorber tube model divided into NM   control surfaces and (b) circumferential non-uniform heat flux 

distribution over the tube model. 

 

 3. Numerical investigation 

3.1 Tube model  

Fig. 4 gives a more detailed representation of the geometry of an absorber tube in a horizontal 

orientation. For methodology description purposes the tube wall is divided into NM   

number of sections (in the axial and circumferential directions respectively). The tube has a 

wall thickness of t, inner diameter Di, outer diameter of Do, and a total length of LTOT = 10 m, 

suitable for the water heating. Unless indicated otherwise, an inner diameter of 62.7 mm, a 

wall thickness of 5.16 mm, and ambient and surrounding temperature of Tatm = T∞ = 303 K 

are considered for the remainder of this paper. This diameter and the other diameters used 

later in this paper were selected according to available commercial sizes.  The absorber tube 

length was based on the LS-2 collector module which normally has absorber tube lengths of 

4 m or more [23]. A 10 m length was considered for the present study, which represents the 

absorber tube length for two LS-2 collector modules, which could be suitable for direct water 
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heating. This inner diameter results in a length-to-diameter ratio (LTOT /Di) of 160 at the exit, 

but based on the numerical results, heat transfer coefficients at smaller length-to-diameter 

ratios can also be deduced. The tube wall has a thermal conductivity of kw = 16.27 W/m K, 

which represents stainless steel which is a suitable material for water heating applications.  In 

this detailed analysis the conduction within the tube wall is included since radial, axial and 

tangential heat conduction influences the temperature and heat flux distributions on the inner 

surface of the tube.  

 

Figs 5 Cross-section of the absorber tube model with non-uniform heat flux distributions boundary. 

 

Fig. 5 shows a circumferential non-uniform heat flux distributions over the outer-wall surface 

of the tube model for an effective incident heat flux angle span of α = 140°. This angle span 

is a function of the reflector system width (W), rim angle and the focal position of the 

parabolic trough. The gravitational field direction (g) and the numbering system employed in 

simulating different circumferential heat flux distributions on the tube model are also shown. 
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In this study, N = 36 is used to piecewise uniformly describe the circumferential heat flux 

distributions. Each segment subtended an angle span of   defined as: 

 

N




2
  

 

(10) 

The angle span of the heated (incident) and unirradiated portions of the absorber tube model 

are α and 2π – α respectively. Also 1in  is the segment (in a clockwise fashion) where the 

heat flux distribution starts and can be expressed in terms of α in Eq. (11). 

 

 
1

2
1 




IN
ni  

(11) 

 

where n = 1, 2, 3… N = 36, and i = 1, 2, 3… I.  I is the number of segments of the tube model 

that are directly heated with the external heat flux (with α being multiples of 20° for this 

study), expressed in Eq. (12).
  

NI




2
  

 

(12) 

 

The non-uniform heat flux distribution boundary on the tube model is such that the lower 

central portion of the tube receives the maximum heat flux, which decreases upward on both 

sides of the tube to the top portion. For demonstration purposes, a sinusoidal function is used 

to model the circumferential non-uniform heat flux distribution around the absorber tube. The 

choice of using a sinusoidal distribution is loosely based on the ray-tracing results by Wirz et 

al. [25]  which indicated higher heat flux intensity distributions on the lower portion and very 

low in the upper portion of the collector absorber tube. In a ray-tracing investigation 



22 
 

conducted by He et al. [6] it was shown that the heat flux distribution is dependent on a 

number of parameters including the reflector rim angle and that in some cases there is a 

shadow effect due to the presence of the collector tube itself while in other cases there is no 

shadow effect.  Those cases without the shadow effect are represented here by a sinusoidal 

distribution.  Specific heat flux distributions can be obtained from direct ray-tracing of heat 

flux distribution, but are not incorporated into this study and could be investigated separately. 

 

A discussion of the generic control volume is needed to assist with the interpretation of the 

inner and outer wall thermal conditions as well as the results that are given later in this paper. 

Fig. 6 shows a generic control volume of an element at location (m, n) on the absorber tube 

model in Fig. 5 indicating the heat transfer components and dimensions: L, t and ϕ, in the 

(x, r, ) co-ordinate system. oA
 
and

 iA  are the external wall surface and the wetted internal 

wall surface areas of the element.  

 

Fig. 6 Control volume of the element. 
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By applying the energy balance principle to the element in Fig.7, the following can be 

obtained for steady-state conditions: 

 

),(,,),(,,)1,(,),(,),1(,),(,),(,),(,  nmradonmconvonmnmnmxnmxnminmo qqqqqqqq     (13) 

 

A brief description of each term (measured in Watts) from left to right are given in the 

paragraphs that follow.  

 

qo,(m,n) is the incident heat transfer rate on the outer wall surface at location (m, n) expressed 

in Eq. (14) as follows:  

 

),(,),(,),(, nmonmonmo
Aqq   (14) 

  

 

While qi,(m,n) is the heat transfer rate to the working fluid at location (m, n) which can be 

expressed as follows: 

 

    ),(, nmiq    )(.
,),(,,),(,),(, mbnmiwnminmi

TTAh   (15) 

 

where hi(m,n) is the hypothetical local internal heat transfer coefficient, Ai,(m,n) is the inner wall 

surface area, Twi,(m,n) is the inner wall temperature and mbT ,  
is the fluid bulk temperature at the 

axial position m defined as:    
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where m is the mass flow rate of the heat transfer fluid, cP is the specific heat of the heat 

transfer fluid and Tb,m-1 is the upstream local bulk fluid temperature. The average internal heat 

transfer coefficient 
mih ,

 is related to the average Nusselt number as follows: 

 

f

imi
mi

k

Dh
Nu

,
,     

 

(17) 

 

where 
mih ,

 is the circumferential average internal heat transfer coefficient at location m: 
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(18) 

 

and where 
miwT ,,

is the circumferential average local inner-wall temperature at location m: 
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(19) 

 

The average internal heat transfer coefficient, ih  over the full length of the tube model in 

terms of the overall inner-wall surface temperature, iwT ,  can be expressed as follows: 
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(20) 

 

Returning to Eq. (13), ),(, nmxq  and ),1(, nmxq   are the conductive heat transfers in the axial 

direction, modelled from Fourier’s law of heat conduction [26]. Also, in Eq. (13) the 

conductive heat transfers in the tangential direction, ),(, nmq  and )1,(, nmq  
are also modelled 

with the Fourier law. ),(,, nmconvoq  is the forced-convective heat transfer loss from the outer-
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wall surface at (m, n) to the surrounding of the tube modeled from Newton’s law of cooling  

[26] as:   

 

)(
),(,,),(,),(,, atmnmowonmonmconvo

TTAhq      (21) 

 

where ),(,, nmowT  is the outer-wall temperature at ),( nm , Tatm  is the ambient free-stream air 

temperature and ),( nmoh  is the external convective heat transfer coefficient.  

 

The last term in Eq. (13), ),(,, nmradoq , represents the first order radiative heat transfer loss to 

the surrounding modelled from the Stefan-Boltzmann law of the emissive power of a surface 

at a thermodynamic temperature as follows:  

 

  )( 44

),(,,),(,, 
 TTAq

nmowotunmrado
  (22) 

 

where tu is emissivity of the tube model expressed in using the relation mentioned earlier in 

terms of the tube outer-wall temperature [21] and σ is the Stefan-Boltzmann constant being 

5.67x10
-8

 W/m
2
K

4
 [19]. The average overall heat transfer coefficient, U from the surrounding 

of the tube model to the heat transfer fluid in the tube can be expressed as [4]: 
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(23) 

 

where Uo  is the heat loss coefficient due to convective and radiative heat flux losses of the 

tube. When Tatm = T∞ (as assumed in this paper for simplicity reasons), this can be written as:  
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  orado hhU   (24) 

 

where oh
 
is the forced-convective heat transfer coefficient and radh  is the average equivalent 

radiation heat transfer coefficient from the outer-wall surface of the tube to the surrounding 

expressed as: 

 

  ))(( 22

,, 
 TTTTh

owowturad
  (25) 

 

where owT ,  is the average outer-wall temperature of the tube model. 

 

As mentioned, the fluid flow through the tube is assumed incompressible. The pressure drop 

(Δp) along the tube length due to friction loss at the internal wall boundary can be expressed 

[19] as: 
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(26) 

 

where v  is the mean fluid velocity and f  is the friction factor.  

 

The values for
 mih , , ih  and woT in eqns. (18), (20) and (25) along with the friction factor in 

Eq. (27) were determined from the results of numerical simulations implemented in ANSYS 

Fluent version 14.0 [27] for different circumferential spans of uniform and sinusoidal non-

uniform heat flux distribution boundary conditions. 
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3.2. Governing equations  

The governing equations of the fluid flow and heat transfer in the tube model are the 

continuity, momentum and energy equations and are presented in vector form [28] as follows: 

 

             Continuity:        0).(  v


  (27) 

 

             Momentum:       Tgvpvv  
 2)(  (28) 

 

             Energy:                     )())(( TkTcvv p  


 (29) 

 

              where                  
xrrr 
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and

 
xr vvvv  


  

 

β is the thermal expansion coefficient of the heat transfer fluid while vvr ,   and xv are the 

radial, polar and axial velocity components respectively. The density term in the 

computational domain was assumed constant except in the body force term of the momentum 

equation in Eq. (28). The Boussinesq approximation [27] was employed to account for the 

density variation as a function of temperature (presented in section 3.4) and the effect of 

viscous dissipation was neglected.  

 

3.3. Boundary conditions 

The following boundary conditions were applied:  

(i) Inlet boundary conditions (x = 0): 

Uniform inlet velocity was used (uniform mass flux because the fluid is incompressible), 

since in practice the flows in pipes rarely have fully developed velocity distributions at the 

inlet.  Unless stated otherwise:      
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 ,rmx  uniform    and 
 

 mmr  0 kg/s (30) 

0,),( bf TrT 
 
=

 
300 K (31) 

 

(ii) Outlet boundary condition (x = LTOT): 

 A zero pressure gradient condition was applied across the outlet boundary, and the outlet 

pressure was set as follows:  

  atmPrP ,  (32) 

 (iii) Tube inner-wall surface boundary condition (r =  i): 

 No-slip conditions were applied at the inside absorber tube wall: 

0 xr vvv 
 (33) 

(iv) External-wall surface boundary conditions (r =  o):   

 Eq. (34) gives the external-wall surface boundary condition used for the non-uniform heat 

flux distributions expressed in terms of the concentrated base-level heat flux, 
sq  .   

 











 )
2

1
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(34) 

 

The concentrated base-level heat flux intensities used for indicative purposes in this study are 

7.1 kW/m
2
, 14.2 kW/m

2
 and 21.3 kW/m

2
.  This would depend on the concentration factor of 

the parabolic receiver and the applicable solar radiation level.  Unless stated otherwise, the 

results shown are for sq  = 7.1 kW/m
2
.   
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3.4. Numerical procedure, grid analysis and model validation  

The governing equations in Eqs (27) – (29) were solved numerically, using the finite volume 

method described by Patankar [8], Ferziger and Perifi [29] and Versteeg and Malalasekera 

[30]. The computational domain, which consists of the tube model shown in Fig. 5 and the 

heat transfer fluid flowing inside the tube, was meshed with Hex8 cells (hexahedron element 

with 8 vertices, 12 edges and bounded by 6 quadrilateral faces) and Wed6 cells (triangular 

prism element with 6 vertices, 9 edges, bounded by 2 triangular and 3 quadrilateral faces) 

structures by using the grid generation tool of the ANSYS Workbench. Hexahedral mesh 

structures give the highest solution accuracy, while triangular prism mesh structures resolve 

the boundary layers very efficiently [27]. The convective terms in the momentum and energy 

equations were discretised and solved using a second-order upwind scheme, and the standard 

SIMPLEC algorithm was used for the pressure-velocity coupling. The boundary conditions 

and material properties in ANSYS Fluent were modified to suit the case for the present study. 

The heat flux boundary conditions were applied according to the angular position of the 

boundary cell via user defined functions. The convergence criteria for the continuity and 

momentum equations and the energy equation were set so that the maximum residuals would 

be less than 10
-7

 and 10
-9

 respectively.  

 

The thermal properties of the tube material and heat transfer fluid presented in Table 1 were 

assumed constant and independent of temperature except for the density (ρ) of the fluid 

which was temperature–dependent expressed in Eq. (35) and the viscosity of the fluid also 

varied for the temperature range considered.   

 

)1( T
o

   (35) 
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Table 1   Properties of the heat transfer fluid and tube model material. 

 

Property 

Fluid 

(water) 

Solid 

(steel) 

Density, ρo (kg/m
3
) 998.2 8030 

Specific heat, cp (J/kgK) 4182 502.48 

Thermal conductivity, k (W/mK) 0.61 16.27 

Inlet fluid temperature (K) 300 - 

 

Here, ρo is the base density at the reference temperature of 300 K, ΔT is the temperature 

change from the reference temperature and β = 0.000195 K
-1

 [19]. 

 

A series of grid independence studies were conducted in terms of the outlet temperature rise 

of the heat transfer fluid for an inlet Reynolds number range of 130 to 2200. It was ensured 

that the grid was sufficiently fine in order not to have a significant effect on the numerical 

simulation results. For demonstration purposes, the grid refinement test results conducted at 

an inlet Reynolds number of 202 for a α = 360° fully uniform heat flux distribution is 

presented in Table 2. Also, energy balance checks of the heat transfer model were performed, 

which gave an average percentage error of < 1% of the resultant heat flux distributions on the 

tube model. 

 

Table 2  Grid refinement test results.  

Number of 

numerical 

cells 

Bulk fluid 

outlet 

temperature  

 

(K) 

Change in  

temperature 

due to 

refinement (K) 

145 688 397.4844 - 

465 854 397.3815 0.102 

481 327 397.3763 0.005 

508 028 397.3747 0.002 

525 147 397.3648 0.009 

540 108 397.3563 0.008 

 

A number of validations were done to check the correctness of the simulation results of the 

absorber tube model. The first check was performed by comparing the heat loss (Fig.7) as a 
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function of the absorber tube temperature from the simulation results and that of the 

experimental results for the heat loss tests of the Schott's 2008 PTR70 parabolic trough 

receiver performed by Burkholder and Kutscher [31] at the NREL HCE Heat Loss Test 

Stand. In this test, electric resistance heaters on the inside of the heat collector element (HCE) 

were used to bring the absorber tube surface up to desired test temperatures. The thermal 

emittance of the absorber was determined from the measured heat losses and temperatures. 

The heat loss results were validated from the HCE in a solar field estimated from the 

Forristall’s parabolic trough collector model [17]. Therminol VP-1 was used as the heat 

transfer fluid. The tested Schott's receiver had a length of 4.06 m, with inner and outer 

diameters of 0.066 m and 0.07 m, and a glass envelope of inner and outer diameters of    

0.115 m and 0.12 m. The data used for the model validation of this study are also given in 

Table 3. Figs 7 and 8 show that the numerical model results and that of the experimental tests 

results are in good agreements and almost all the values are within the experimental error 

bars of 7%.  In Fig. 8, the model results indicated better prediction of the glass temperature at 

lower absorber temperature. However, at higher absorber temperature, it over- predicted the 

glass temperature and this could be attributed to the inaccurate emittance values of the glass 

determined form the experimental heat loss measurements under steady-state condition. The 

emittance determined through the heat loss measurements cannot guarantee accurate glass 

temperature due to the variation of the optical properties of the HCE with temperature and the 

effects of anti-reflection coating on the glass which were not considered in the present model.  
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Table 3 Parameters for the Schott PTR70 Lab test [23] used for the model validation. 

Parameter Value 

Heat collector Element length   4.06 m 

Absorber inner diameter (Di) 0.066 m 

Absorber outer diameter (Do) 0.070 m 

Glass inner diameter (Di,g) 0.115 m 

Glass cover external diameter (Do,g)  0.120 m 

Glass transmittance (τg) 0.00 

Glass reflectance (ρg) 0.11 

Incident angle (ϕin)
 

0
o
 

Ambient temperature  

Selective coating emissivity 

23 
o
C 

ε = 0.062+2x10
-7

T 

 

 

Fig. 7 Variation of the collector heat loss with the absorber tube temperature.    

 

Fig. 8 Variation of the average glass cover temperature with the absorber tube temperature.  
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The second check was performed by comparing the model results for the collector efficiency 

and heat loss as functions of the collector operating temperature respectively and that of the 

SANDIA final test results for the Schott’s HCE on a LS-2 collector module [23]. The Schott 

HCE consists of an absorber tube with outer diameter of 0.07 m coated with a high 

absorptance cermet selective coating and a Pyrex glass tube with outer diameter of 0.125 m 

and vacuum in the annulus to minimize convection heat loss. The data used for the model 

validation are given in Table 4. Syltherm 800 liquid oil was used as the heat transfer fluid and 

the thermal properties were obtained from [32]. As it could be expected, the collector 

efficiency decreased and the heat losses increased with an increase in the fluid temperature 

due to increase in convection, conduction and radiation heat losses.  Figs 9 and 10 showed 

that the model results of the current study, the experimental tests results and that of the curve 

fit for LS-2/ UVAC2 HCE respectively are in good agreements and most of the values for the 

case of the collector efficiency are within the experimental error bars of 3%. However, the 

model results over-predicted the collector efficiency.  In Fig. 10, the model results for the 

heat loss and that of the curve fit for LS-2/UVAC2 HCE indicated some discrepancies with 

the experimental results (shown with error bars of 10%), especially at higher operating 

temperatures. The discrepancies could be due to variation of the optical properties of the 

HCE with temperature, the uncertainty in measuring small temperature change across the 

HCE, the assumptions of negligible heat conduction at the ends of HCE, possible 

misalignment between HCE and the collector [17] and the uncertainties due to the thermal 

properties of the heat transfer fluid and the empirical correlations used in determining the 

heat transfer coefficients.  
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Table 4 Parameters for the Schott HCE on the LS-2 Collector [31] used for the model validation. 

Parameter Value 

Ave. Normal incidence pyrheliometer reading  

Ave. Wind speed  

Concentrator length (L)  

934.30 – 1051.08 W/m
2
 

3.1 – 13.8 MPH 

7.8 m 

Collector aperture (W) 5 m 

HCE length 

Ave. ambient temperature  

Average flow rate 

4 m 

3.52 – 14.67 
o
C 

9.95 -14.68 gal/min 

Absorber inner diameter (Di) 0.066 m 

Absorber outer diameter (Do) 0.070 m 

Glass inner diameter (Di,g) 0.109 m 

Glass outer diameter (Do,g)  0.12 m 

Receiver absorptance (α)  0.96 

Glass transmittance (τg) 0.935 

Selective coating emissivity 

Incident angle (ϕin)
 

ε = 0.000327 T - 0.065971 

0
o
 

 

 

Fig. 9 Variations of the collector efficiency with the average fluid temperature above ambient air temperature. 
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Fig. 10 Variations of the collector heat loss with the average fluid temperature above ambient air temperature.  

 

The model was also validated by comparing the simulation results with the NREL model 

developed by Forristall [17] and the experimental tests results for a LS-2 solar collector 

module placed on the AZTRAK rotating platform at the Sandia National Laboratory (SNL). 

Detailed information on the AZTRAK testing and the tests results can be found in Dudley et 

al. [33]. The Sandia test and NREL model considered both on-sun and off-sun conditions and 

the heat collection element (HCE) with vacuum intact (pressure in the annulus: ≃ 0.013Pa) 

and vacuum lost (annulus filled with ambient air) and the absorber tube with no glass cover. 

The absorber tubes were coated with black chrome and cermet selective coatings and 

buoyancy effects were not considered in these tests. The present model was validated for the 

case of on-sun, vacuum and no vacuum conditions and the cermet selective coatings on the 

absorber tube. The experimental data for the LS-2 solar collector module used for the model 

validation are shown in Table 5. Syltherm 800 liquid oil was used as the heat transfer fluid 

and the thermal properties for the fluid were obtained from [32]. The cermet coating had 

better thermal performance than the black chrome at high temperatures and does not oxidize 

in the event of vacuum lost [33]. Figs 11 and 12 indicate an increase in heat losses and a 
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decrease in the collector efficiency respectively, with an increase in the fluid temperature due 

to the increase in convection, conduction and radiation heat losses for both cases of vacuum 

and air in the annulus. Also, the increase in heat losses and decrease in efficiency were more 

pronounced for the case with ambient air in the annulus. Figs 11 and 12 show that the model 

results are in good agreements with the experimental tests results and that of the NREL 

model and most of the values for the collector efficiency are within the experimental error 

bars of 3%. In Fig. 12, the model results and that of the NREL model indicated some 

discrepancies with the experimental results (shown with error bars of 10%), especially for the 

case with air in the annulus. The discrepancy could be due to the uncertainties from empirical 

correlations used for the heat transfer coefficients and the assumption that the glass cover is 

opaque to infrared radiation with gray and diffuse surfaces [34]. The errors could also be due 

to the thermal loss through the steel support bracket and optical effects such as the mirror 

alignment, aberration in mirrors and tracking system errors [17], which were not considered 

in the present model. 

Table 5 Parameters for the SEGS LS-2 Solar Collector tests by Dudley et al. [33] and Forristall [17] used for 

the model validations. 

Parameter Value 

Direct solar irradiation  

Wind speed  

Concentrator length (L)  

880.6 – 982.3 W/m
2
 

0.1 – 4.2 m/s 

7.8m 

Collector aperture (W) 5m 

Concentrator rim angle 

HCE length 

Ambient temperature  

HTF volumetric flow rate 

70 
o
 

4 m 

21.2  – 31.1 
o
C 

47.7 -56.3 l/min 

Absorber inner diameter (Di) 0.066 m 

Absorber outer diameter (Do) 0.070 m 

Glass inner diameter (Di,g) 0.109 m 

Glass outer diameter (Do,g)  0.115 m 

Receiver absorptance (α)  0.96 

Glass transmittance (τg) 0.935 

Glass envelope reflectance (ρ) 0.045 

Selective coating emissivity 

Selective coating solar absorptivity 

Concentrator emissivity 

Incident angle (ϕin)
 

ε = 0.000327 T - 0.065971 

0.92 

0.97 

0
o
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Fig. 11 Variations of the collector efficiency with the average fluid temperature above ambient air temperature. 

 

Fig. 12 Variation of the collector heat loss with the average fluid temperature above ambient air temperature. 
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(36) and an experimental correlation [36] in Eq. (37) for the laminar flow mixed convection 

under uniform heat flux boundary conditions. 
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(37) 

 

Here ReDi is based on the inner diameter of the tube:  /Re
iD

Dv
i
 .  Fig. 13 shows the 

calculated axial local Nusselt numbers with buoyancy driven secondary flow compared with 

the Nusselt number correlations in Eqs (36) and (37) for an inlet Reynolds number of 800. It 

shows that the axial local Nusselt number results obtained from the numerical are in good 

agreement with the correlations and that the same trends were obtained. For the mass flow 

rate shown at x/Di ≈ 30 for instance, the numerical results have a deviation of 15% in terms of 

Eq. (36) and 18% in terms of Eq. (37), while at x/Di ≈160 these deviations are 3% and 10% 

respectively. The deviation could be due to the difference in the thermal boundary conditions 

employed for the correlations and that buoyancy effects are dependent on the wall thermal 

boundary conditions [13]. Also, a perfect reproduction of the actual experimental boundary 

conditions is difficult since the detailed experimental set-up information is not readily 

available.  
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Fig. 13  Axial local Nusselt numbers for an inlet Reynolds number 800 with buoyancy driven flow for uniform 

heat flux.  

 

4. Numerical simulation results and discussion  

4.1 Temperature contours for the non-uniform heat flux distributions boundaries 

Fig 14 shows the temperature contours for α = 140°, 180°, 220° and 260° respectively. The 

flow direction is indicated by the arrow. As expected, it can be observed that the outer-wall 

surface temperatures increase in the flow direction. The lower region at the outlet is the 

warmest, as shown by the red shade. As the heat flux distributions span increase, a larger 

portion of the tube’s outer surface is at temperatures close to the peak temperature. The 

temperatures in the upper regions are lower because there is little (or no significant) incident 

heat flux in those locations. These temperature variations result in density differentials within 

the heat transfer fluid and these results in buoyancy-driven secondary flow, which enhances 

the internal mixing of the heat transfer fluid in laminar or weak turbulent flow regime. 

The non-uniform tube-wall temperature variation over the circumferential surface of the 

absorber tubes in Fig.14 is plotted in Fig.15 for an inlet Reynolds number of 1100. It 

indicates the length-wise averaged outer surface temperature profiles according to section 

numbers n = 1 to 36, for α = 140°, 180°, 220° and 260° respectively. It shows that the outer-
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wall temperature increases with an increase in the heat flux span due to an increase in the 

circumferential surface of the absorber tube exposed to the incident heat flux. The maximum 

outer-wall temperature occurs at the lower region of the tube which corresponds to the 

position where the heat flux distribution reach its peak and decreases towards the upper 

region the tube with a little incident heat flux. 

 

 

 

 

 

 

 

 

 

 

 

 

 

Fig.14 Temperature contours for the circumferential sinusoidal non-uniform heat flux distributions. 
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Fig. 15 Non-uniform tube-wall temperature profiles for a sinusoidal non-uniform heat flux distributions for Re = 

1100 and sq   = 7.1 kW/m
2
. 

 

4.2 Fluid flow velocity and temperature distributions 

Fig 16 shows the in-plane fluid velocity vectors (Fig.16a) as well as the fluid and wall 

temperature distributions (Fig.16b) at the outlet of the absorber tube for inlet Reynolds 

numbers of 130, 200 and 500.  It can be seen that the velocity distributions are different for 

each Reynolds number case, indicating different mixing intensities within the heat transfer 

fluid. The denser colder fluid descends to the lower region of the tube along the vertical 

centre of the tube and less dense warmer fluid ascends along the tube wall. Due to this, 

counter-rotating transverse vortices are produced that are superimposed on the forced-

convection flow, as also noted by Ghajar and Tam [13] and by Sadik et al.  [37].  The overall 

effect of this phenomenon is improved mixing of the heat transfer fluid, thereby increasing 

the heat transfer coefficients compared to cases without buoyancy effects in the laminar or 

weak turbulent flow regime [38].  It can also be seen that as the Reynolds number increases 

the temperature gradients decrease.  
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                            (a)                                           (b) 

 

 

Fig. 16 (a) Fluid flow velocity and (b) temperature distribution in the fluid for a sinusoidal non – uniform heat 

flux distribution at sq   = 7.1 kW/m
2
 at different Reynolds numbers. 

 

4.3 Heat transfer coefficients for different base-levels heat flux intensities 

In order to demonstrate the heat transfer enhancement due to buoyancy effects, two scenarios 

will now be considered at different inlet Reynolds numbers (ReDi) for three different base-

level heat flux intensities for α = 260
o
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also independent of the heat flux distribution profiles (for instance uniform versus non-

uniform).  

 

Fig. 17 Average internal heat transfer coefficients for a sinusoidal non-uniform heat flux distributions for 

different base-level intensities with no secondary flow. 

 

 

Fig. 18 Average internal heat transfer coefficients for a sinusoidal non-uniform heat flux   distributions for 

different base-level intensities with secondary flow present. 

 

In Fig. 18, it can be seen that there is a significant enhancement in the average internal heat 
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secondary flow resulting from an increase in the fluid density gradient arising from the 

temperature gradient between the fluid and the heated tube-wall surface. This agrees with the 

experimental report by Mohammed and Salman [14].  

The results in Figs 17 and 18 underscore the internal heat transfer enhancement due to 

buoyancy-induced secondary flow effects on the internal heat transfer coefficients of a 

horizontal circular absorber tube, due to variations of the heat flux intensity and the 

circumferential non-uniform heat flux distributions profiles. For α = 260
o
 the average internal 

heat transfer coefficient for the base-level non-uniform heat flux intensities of 21.2 kW/m
2
, 

14.2 kW/m
2
 and  7.1 kW/m

2
 is found to be 163%, 154% and 135%  respectively higher than 

when the buoyancy-induced secondary flow is neglected in Fig. 17. This trend is in line with 

the experimental results by Mori et al. [39], who investigated buoyancy effect in a horizontal 

tube under uniform heat flux condition.  

 

4.4 Heat transfer coefficients for different circumferential spans of non-uniform heat 

flux boundaries 

The impact of different heat flux spans of α = 140°, 180°, 220° and 260° for different inlet 

Reynolds numbers are shown in Figs 19 and 20 for a scenario without and with buoyancy 

effects respectively. As expected the average internal heat transfer coefficients increases with 

the Reynolds number, irrespective of whether buoyancy is considered. Without buoyancy 

effects there is no significant difference in the internal heat transfer coefficients for different 

angle spans (Fig 19). As before when, however, buoyancy effects are present (Fig 20), there 

is a significant increase in the average internal heat transfer coefficient as the heat flux 

circumferential span is increased.  This mirrors the findings from Fig 18, and is mainly due to 

an increase in the effective heat input rate (W) into the tube as a result of an increase in the 

circumferential surface of the tube exposed to the incident heat flux. It is found that between 
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ReDi  = 300 and 1300, the average internal heat transfer coefficients increases by 20% and 

15% respectively, between α = 140
o
 and 260

o
. 

 

Fig. 19 Average internal heat transfer coefficient for different circumferential spans of sinusoidal non-uniform 

heat flux boundaries no with secondary flow. 

 

Fig. 20 Average internal heat transfer coefficient for different circumferential spans of sinusoidal non-uniform 

heat flux boundaries with secondary flow. 
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flux intensities of 7.1 kW/m
2
 and 14.3 kW/m

2
 for an inlet Reynolds number of 1100.  In this 

figure a comparison is made between the axial local heat transfer coefficients where 

buoyancy effects are considered (shown with the broken lines) and where it was neglected 

(solid lines). With buoyancy effects, the axial local heat transfer coefficients were greater by 

up to 128% and 144% (for the two base-level heat flux intensities respectively) between    

x/Di ≈1.0 and 98, compared to the scenario without buoyancy effects.  For both scenarios the 

highest heat transfer coefficients are present at the tube inlet where the thermal boundary 

layer was at its thinnest. As the flow becomes more developed and the thermal boundary 

layer becomes thicker, the heat transfer coefficient decreases. At x/Di = 7, the change in the 

heat transfer coefficients gradient could be due to the slight increase in the heat transfer 

coefficient at the point where the flow tends to depart from the region, where the influence of 

the hydrodynamic and thermal boundary layer effect could be insignificant.  

 

 

Fig. 21 Average axial local internal heat transfer coefficients for a sinusoidal non-uniform heat flux distributions 

at an inlet Reynolds number of 1100.  
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Fig.22 Variation of average internal heat transfer coefficient for an absorber tube at different heat transfer fluid 

inlet temperature. 

 

Fig.22 indicates the impact of the inlet fluid temperature on the average internal heat transfer 

coefficient with the absorber tube for the heat flux spans of α = 140
o
, 180

o
 and 260

o
. For 

these heat flux span cases considered, where buoyancy effect is present, the average internal 

heat transfer coefficients are up to 132%, 144% and 158% higher respectively than when it 

was neglected (pure forced convection). This indicates a very high significant internal heat 

transfer enhancement due to buoyancy-driven secondary flow effect for the non-uniform heat 

flux distributions boundary. Also, for the case of α = 260
o
, the average internal heat transfer 

coefficient increases up to 21% and 12% respectively, where the buoyancy effect is present 

compared to when  it is neglected, when the inlet fluid temperature is increased from 293 K 

to 340 K, at the same ambient temperature. This indicates the influence of pre-heating the 

inlet heat transfer fluid on the internal heat transfer coefficient of the absorber tube.   
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4.5 Nusselt numbers for absorber tubes with different diameters and wall thicknesses 

for non-uniform heat flux distributions  

Fig. 23 shows the variation of the average Nusselt number trends for absorber tubes with 

different inner diameters and wall thicknesses for α = 140
o
, 180

o
, 220

o
 and 260

o
 with an inlet 

Reynolds number of 800. The three inner diameters of 62.7 mm, 52.5 mm, and 40.9 mm, 

result in length-to-diameter ratios of 160, 191 and 245 respectively. It is found that the 

average Nusselt number of the tubes increases with an increase in the tube inner diameter and 

wall thickness for the conditions considered in this paper. These variations could be due to 

several factors, such as the length-to-diameter ratio, the internal fluid volume available for 

secondary flow development, and the tube-wall conduction around the circumference which 

can alter the conjugate heat transfer arrangement.  It could be noted that the average Nusselt 

numbers are well above a value of 10. Based on this and the analysis comparison conducted 

in Section 2, the parabolic trough collector adaption will have favorable thermal efficiencies 

compared to the flat-plate collector type considered here.   

 

Fig. 23 Average Nusselt number of absorber tubes with different inner diameters and wall thicknesses. 
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4.6 Friction factors for non-uniform heat flux boundaries   

The impact of buoyancy-driven secondary flow and the non-uniform heat flux intensity on 

the friction factors characteristics of the absorber tube model are shown in Fig. 24 for            

α = 260
o
 with base-level heat flux intensities of 21.3 kW/m

2
 and 7.1 kW/m

2
. The pressure 

drops for the absorber tube were obtained from the numerical results and subsequently the 

friction factors were determined from Eq. (26).  As expected, the friction factors decrease 

with an increase in Reynolds number due to the increase in the velocity of the fluid. It is 

found that where buoyancy effect is present (indicated with the broken lines), the friction 

factor values for the two heat flux intensities are up to 77% and 46% respectively higher than 

when it is neglected, for the inlet Reynolds number range of 130 to 2200.  

 

 

Fig. 24 Variation of the friction factors with Reynolds numbers for a sinusoidal non-uniform heat flux 

distributions base-level intensities of 21.3 kW/m
2
 and 7.1 kW/m

2
. 
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Fig. 25 Variation of the friction factors for an absorber tube at different heat transfer fluid inlet temperature. 

 

Fig.25 indicates the variations of friction factor values in terms of the inlet fluid temperature 

for α = 140
o
, 180

o
 and 260

o
. For the circumferential heat flux spans considered, the friction 

factor values are up to 88%, 93% and 98% respectively higher when buoyancy effects are 

present compared to when they are neglected. Fig. 25 also indicates that the friction factor 

decreases with an increase in the inlet temperature of the heat transfer fluid.  

 

5. Conclusion  
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40.9 mm, and different inlet fluid temperatures.  It is found that with buoyancy-driven 

secondary flow present, the internal heat transfer coefficients of the absorber tube increases 

with the heat flux intensity and spans of the non-uniform heat flux distributions boundary. 

Also, with the secondary flow effect present, the average internal heat transfer coefficient is 

up to three times higher than the case of pure forced-convection (no secondary flow effect), 

indicating higher internal heat transfer enhancement and thus, improved thermal performance. 

It is also found that with the buoyancy effect present, the friction factor value is 

approximately twice higher than where it was neglected and that it increases with the heat 

flux intensity. However, at the same ambient temperature condition, the friction factor value 

decreases with an increase in the absorber tube inlet fluid temperature, while the internal heat 

transfer coefficient increased with an increase in the absorber tube inlet fluid temperature.  

 

Further work 

The impact of a glass cover around the absorber tube could be investigated to determine what 

impact the glass reflection, refraction and absorption might have on the circumferential heat 

flux distribution.  
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